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Preface

Since the Walsh-Healy Act of 1969 was amended to include restrictions on
the noise exposure of workers, there has been much interest and motivation
in industry to reduce noise emitted by machinery. In addition to concerns
about air and water pollution by contaminants, efforts have also been direc-
ted toward control of environmental noise pollution.

In response to these stimuli, faculty at many engineering schools have
developed and introduced courses in noise control, usually at the senior
design level. It is generally much more effective to design ““quietness’ into
a product than to try to “fix” the noise problem in the field after the product
has been put on the market. Because of this, many engineering designs in
industry take into account the noise levels generated by a system.

Industrial Noise Control and Acoustics was developed as a result of
my 30 years of experience teaching senior-level undergraduate mechanical
engineering courses in noise control, directing graduate student research
projects, teaching continuing education courses on industrial noise control
to practicing engineers, and consulting on various industrial projects in
noise assessment and abatement. The book reflects this background,
including problems for engineering students to gain experience in applying
the principles presented in the text, and examples for practicing engineers
to illustrate the material. Several engineering case studies are included to
illustrate practical solutions of noise problems in industry. This book is
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designed to integrate the theory of acoustics with the practice of noise
control engineering.

I would like to express my most sincere appreciation to those students
in my classes who asked questions and made suggestions that helped make
the text more clear and understandable. My most heartfelt thanks are
reserved for my wife, Shirley, for her support and encouragement during
the months of book preparation, and especially during the years before I
even considered writing this book.

Randall F. Barron
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1

Introduction

1.1 NOISE CONTROL

Concern about problems of noise in the workplace and in the living space
has escalated since the amendment of the Walsh—Healy Act of 1969. This act
created the first set of nationwide occupational noise regulations
(Occupational Safety and Health Administration, 1983). There is a real
danger of permanent hearing loss when a person is exposed to noise
above a certain level. Most industries are strongly motivated to find an
effective, economical solution to this problem.

The noise level near airports has become serious enough for some
people to move out of residential areas near airports. These areas were
considered pleasant living areas before the airport was constructed, but
environmental noise has changed this perception. The airport noise in the
areas surrounding the airport is generally not dangerous to a person’s
health, but the noise may be unpleasant and annoying.

In the design of many appliances, such as dishwashers, the designer
must be concerned about the noise generated by the appliance in operation;
otherwise, prospective customers may decide to purchase other quieter mod-
els. It is important that noise control be addressed in the design stage for
many mechanical devices.
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Lack of proper acoustic treatment in offices, apartments, and class-
rooms may interfere with the effective functioning of the people in the
rooms. Even though the noise is not dangerous and not particularly annoy-
ing, if the person cannot communicate effectively, then the noise is undesir-
able.

Much can be done to reduce the seriousness of noise problems. It is
often not as simple as turning down the volume on the teenager’s stereo set,
however. Effective silencers (mufflers) are available for trucks and automo-
biles, but there are other significant sources of noise, such as tire noise and
wind noise, that are not affected by the installation of a silencer. Household
appliances and other machines may be made quieter by proper treatment of
vibrating surfaces, use of adequately sized piping and smoother channels for
water flow, and including vibration isolation mounts. Obviously, the noise
treatment must not interfere with the operation of the applicance or
machine. This stipulation places limitations on the noise control procedure
that can be used.

In many instances, the quieter product can function as well as the
noisier product, and the cost of reducing the potential noise during the
design stage may be minor. Even if the reduction of noise is somewhat
expensive, it is important to reduce the level of noise to an acceptable
value. There are more than 1000 local ordinances that limit the community
noise from industrial installations, and there are legal liabilities associated
with hearing loss of workers in industry.

The designer can no longer ignore noise when designing an industrial
plant, an electrical generating system, or a commercial complex. In this
book, we will consider some of the techniques that may be used by the
engineer in reduction of noise from existing equipment and in design of a
quieter product, in the case of new equipment.

We will begin with an introduction to the basic concepts of acoustics
and acoustic measurement. It is important for the engineer to understand
the nomenclature and physical principles involved in sound transmission in
order to suggest a rational procedure for noise reduction.

We will examine methods for predicting the noise generated by several
common engineering systems, such as fans, motors, compressors, and cool-
ing towers. This information is required in the design stage of any noise
control project. Information about the characteristics of the noise source
can allow the design of equipment that is quieter in operation through
adjustment of the machine speed or some other parameter.

How quiet should the machine be? This question may be answered by
consideration of some of the design criteria for noise, including the OSHA,
EPA, and HUD regulations, for example. We will also consider some of the
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criteria for noise transmitted outdoors and indoors, so that the anticipated
community response to the noise may be evaluated.

A study of the noise control techniques applicable to rooms will be
made. These procedures include the use of acoustic treatment of the walls of
the room and the use of barriers and enclosures. It is important to determine
if acoustic treatment of the walls will be effective or if the offending noise
source must be enclosed to reduce the noise to an acceptable level.

The acoustic design principles for silencers or mufflers will be outlined.
Specific design techniques for several muffler types will be presented.

Some noise problems are associated with excessive vibration of por-
tions of the machine or transmission of machine vibration to the supporting
structure. We will consider some of the techniques for vibration isolation to
reduce noise radiated from machinery. The application of commercially
available vibration isolators will be discussed.

Finally, several case studies will be presented in which the noise con-
trol principles are applied to specific pieces of equipment. The noise reduc-
tion achieved by the treatment will be presented, along with any pitfalls or
caveats associated with the noise control procedure.

1.2 HISTORICAL BACKGROUND

Because of its connection with music, acoustics has been a field of interest
for many centuries (Hunt, 1978). The Greek philosopher Pythagoras (who
also stated the Pythagorean theorem of triangles) is credited with conduct-
ing the first studies on the physical origin of musical sounds around 550 Bc
(Rayleigh, 1945). He discovered that when two strings on a musical instru-
ment are struck, the shorter one will emit a higher pitched sound than the
longer one. He found that if the shorter string were half the length of the
longer one, the shorter string would produce a musical note that was 1
octave higher in pitch than the note produced by the longer string: an octave
difference in frequency (or pitch) means that the upper or higher frequency
is two times that of the lower frequency. For example, the frequency of the
note “middle C” is 262.6 Hz (cycles/sec), and the frequency of the “C” 1
octave higher is 523.2 Hz. Today, we may make measurements of the sound
generated over standard octave bands or frequency ranges encompassing
one octave. The knowledge of the frequency distribution of the noise gen-
erated by machinery is important in deciding which noise control procedure
will be most effective.

The Greek philosopher Crysippus (240 BC) suggested that sound was
generated by vibration of parts of the musical instrument (the strings, for
example). He was aware that sound was transmitted by means of vibration
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of the air or other fluid, and that this motion caused the sensation of
“hearing” when the waves strike a person’s ear.

Credit is usually given to the Franciscan friar, Marin Mersenne (1588—
1648) for the first published analysis of the vibration of strings (Mersenne,
1636). He measured the vibrational frequency of an audible tone (84 Hz)
from a long string; he was also aware that the frequency ratio for two
musical notes an octave apart was 2:1.

In 1638 Galileo Galilei (1939) published a discussion on the vibration
of strings in which he developed quantitative relationships between the
frequency of vibration of the string, the length of the string, its tension,
and the density of the string. Galileo observed that when a set of pendulums
of different lengths were set in motion, the oscillation produced a pattern
which was pleasant to watch if the frequencies of the different pendulums
were related by certain ratios, such as 2:1, 3:2, and 5:4 or octave, perfect
fifth, and major third on the musical scale. On the other hand, if the fre-
quencies were not related by simple integer ratios, the resulting pattern
appeared chaotic and jumbled. He made the analogy between vibrations
of strings in a musical instrument and the oscillating pendulums by obser-
vint that, if the frequencies of vibration of the strings were related by certain
ratios, the sound would be pleasant or “musical.” If the frequencies were
not related by simple integer ratios, the resulting sound would be discordant
and considered to be “noise.”

In 1713 the English mathematician Brook Taylor (who also invented
the Taylor series) first worked out the mathematical solution of the shape of
a vibrating string. His equation could be used to derive a formula for the
frequency of vibration of the string that was in perfect agreement with the
experimental work of Galileo and Mersenne. The general problem of the
shape of the wave in a string was fully solved using partial derivatives by the
young French mathematician Joseph Louis Lagrange (1759).

There are some great blunders along the scientific route to the devel-
opment of modern acoustic science. The French philosopher Gassendi
(1592-1655) insisted that sound was propagated by the emission of small
invisible particles from the vibrating surface. He claimed that these particles
moved through the air and struck the ear to produce the sensation of sound.

Otto von Guericke (1602—-1686) said that he doubted sound was trans-
mitted by the vibratory motion of air, because sound was transmitted better
when the air was still than when there was a breeze. Around the mid-1600s,
he placed a bell in a vacuum jar and rang the bell. He claimed that he could
hear the bell ringing inside the container when the air had been evacuated
from the container. From this observation, von Guericke concluded that the
air was not necessary for the transmission of sound. He did not recognize
that the sound was being transmitted through the solid support structure of
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the bell. This story emphasized that we must be careful to consider al/ paths
that noise may take, if we are to reduce noise effectively.

In 1660 Robert Boyle (who discovered Boyle’s law for gases) repeated
the experiment of von Guericke with a more efficient vacuum pump and
more careful attention to the support. He observed a pronounced decrease
in the intensity of the sound emitted from a ticking watch in the vacuum
chamber as the air was pumped out. He correctly concluded that the air was
definitely involved as a medium for sound transmission, although the air
was not the only path that sound could take.

Sir Isaac Newton (1687) compared the transmission of sound and the
motion of waves on the surface of water. By analogy with the vibration of a
pendulum, Newton developed an expression for the speed of sound based on
the assumption that the sound wave was transmitted isothermally, when in
fact sound is transmitted adiabatically for small-amplitude sound waves. His
incorrect expression for the speed of sound in a gas was:

¢ = (RT)"? (incorrect!) (1-1)

R is the gas constant for the gas and T is the absolute temperature of the
gas. For air (gas constant R = 287J/kg-K) at 15°C (288.2K or 59°F),
Newton’s equation would predict the speed of sound to be 288 m/s (944ft/
sec), whereas the experimental value for the speed of sound at this tempera-
ture is 340 m/s (1116 ft/sec). Newton’s expression was about 16% in error,
compared with the experimental data. This was not a bad order of magni-
tude difference at the time; however, later more accurate measurements of
the speed of sound consistently produced values larger than that predicted
by Newton’s relationship.

It wasn’t until 1816 that the French astronomer and mathematician
Pierre Simon Laplace suggested that sound was actually transmitted adia-
batically because of the high frequency of the sound waves. Laplace pro-
posed the correct expression for the speed of sound in a gas:

¢ = (yRT)"? (1-2)

where y is the specific heat ratio for the gas. For air, y = 1.40.

In 1877 John William Strutt Rayleigh published a two-volume work,
The Theory of Sound, which placed the field of acoustics on a firm scientific
foundation. Rayleigh also published 128 papers on acoustics between 1870
and 1919.

Between 1898 and 1900 Wallace Clement Sabine (1922) published a
series of papers on reverberation of sound in rooms in which he laid the
foundations of architectural acoustics. He also served as acoustic consultant
for several projects, including the Boston Symphony Hall and the chamber
of the House of Representatives in the Rhode Island State Capitol Building.
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Sabine initially tried several optical devices, such as photographing a sensi-
tive manometric gas flame, for measuring the sound intensity, but these
measurements were not consistent. He found that the human ear, along
with a suitable electrical timepiece, gave sensitive and accurate measure-
ments of the duration of audible sound in the room.

One of the early acoustic “‘instruments’” was a stethoscope developed
by the French physician Rene Laennee. He used the stethoscope for clinical
purposes in 1819. In 1827 Sir Charles Wheatstone, a British physicist who
invented the famous Wheatstone bridge, developed an instrument similar to
the stethoscope, which he called a “microphone.” Following the invention
of the triode vacuum tube in 1907 and the initial development of radio
broadcasting in the 1920s, electric microphones and loudspeakers were pro-
duced. These developments were followed by the production of sensitive
instruments designed to measure sound pressure levels and other acoustic
quantities with a greater accuracy than could be achieved by the human ear.

Research was conducted during the 1920s on the concepts of subjec-
tive loudness and the response of the human ear to sound. Between 1930 and
1940, noise control principles began to be applied to buildings, automobiles,
aircraft and ships. Also, during this time, researchers began to investigate
the physical processes involved in sound absorption by porous acoustic
materials.

With the advent of World War 11, there was a renewed emphasis on
solving problems in speech communication in noisy environments, such as
in tanks and aircraft (Beranek, 1960). The concern for this problem area was
so critical that the National Defense Research Committee (which later
became the Office of Scientific Research and Development) established
two laboratories at Harvard University. The Psycho-Acoustic Laboratory
was involved in studies on sound control techniques in combat vehicles, and
the Electro-Acoustic Laboratory conducted research on communication
equipment for operation in a noisy environment and acoustic materials
for noise control. After World War II ended, research in noise control
and acoustics was continued at several other universities.

Noise problems in architecture and in industry were addressed in the
post-war period. Research was directed toward solution of residential,
workplace, and transportation noise problems. The amendment of the
Walsh—Healy Act in 1969 gave rise to even more intense noise control
activity in industry. This law required that the noise exposure of workers
in the industrial environment be limited to a specific value (90 dBA for an 8-
hour period). If this level of noise exposure could not be prevented, the law
required that the workers be provided with and trained in the use of perso-
nal hearing protection devices.
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Ficure 1-1 Three components of a general noise system: source of noise, path of
the noise, and the receiver. The path may be direct from the source to the receiver, or
the path may be indirect.

1.3 PRINCIPLES OF NOISE CONTROL

There are three basic elements in any noise control system, as illustrated in
Fig. 1-1:

1. The source of the sound
2. The path through which the sound travels
3. The receiver of the sound (Faulkner, 1976).

In many situations, of course, there are several sources of sound, various
paths for the sound, and more than one receiver, but the basic principles of
noise control would be the same as for the more simple case. The objective
of most noise control programs is to reduce the noise at the receiver. This
may be accomplished by making modifications to the source, the path, or
the receiver, or to any combination of these elements.

The source of noise or undesirable sound is a vibrating surface, such as
a panel in an item of machinery, or small eddies with fluctuating velocities in
a fluid stream, such as the eddies in a jet stream leaving an air vent pipe.

The path for the sound may be the air between the source and receiver,
as is the case for machinery noise transmitted directly to the operator’s ears.
The path may also be indirect, such as sound being reflected by a wall to a
person in the room. Solid surfaces, such as piping between a vibrating pump
and another machine element, may also serve as the path for the noise
propagation. It is important that the acoustic engineer identify all possible
acoustic paths when considering a solution for a noise problem.
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The receiver in the noise control system is usually the human ear,
although the receiver could be sensitive equipment that would suffer
impaired operation if exposed to excessively intense sound. It is important
that the acoustic designer specify the “‘failure mode” for the receiver in any
noise control project. The purpose of the noise control procedure may be to
prevent hearing loss for personnel, to allow effective face-to-face commu-
nication or telephone conversation, or to reduce noise so that neighbors of
the facility will not become intensely annoyed with the sound emitted by the
plant. The engineering approach is often different in each of these cases.

1.3.1. Noise Control at the Source

Modifications at the source of sound are usually considered to be the best
solution for a noise control problem. Components of a machine may be
modified to effect a significant change in noise emission. For example, in a
machine used to manufacture paper bags, by replacing the impact blade
mechanism used to cut off the individual bags from the paper roll with a
rolling cutter blade, a severe noise problem was alleviated.

Noise at the source may indicate other problems, such as a need for
maintenance. For example, excessive noise from a roller bearing in a
machine may indicate wear failure in one of the rollers in the bearing.
Replacement of the defective bearing may solve the noise problem, in addi-
tion to preventing further mechanical damage to the machine.

There may be areas, such as panel coverings, that vibrate excessively
on a machine. These panels are efficient sound radiators at wavelengths on
the order of the dimensions of the panel. The noise generated by large
vibrating panels can be reduced by applying damping material to the
panel surface or by uncoupling the panel from the vibrating force, if possi-
ble. Making the panel stiffer by increasing the panel thickness or reducing
the panel dimensions or using stiffening ribs may also reduce the amplitude
of vibration. In most cases, reducing the amplitude of vibratory motion of
elements in a machine will reduce the noise generated by the machine ele-
ment.

In some cases, using two units with the same combined capacity as one
larger unit may reduce the overall source noise. To determine whether this
approach is feasible, the engineer would need information about the rela-
tionship of the machine capacity (power rating, flow rate capacity, etc.) and
the sound power level for the generated noise from the machine. This infor-
mation is presented in Chapter 5 for several noise sources.

A change in the process may also be used to reduce noise. Instead of
using an air jet to remove debris from a manufactured part, rotating clean-

Copyright © 2003 Marcel Dekker, Inc.



ing brushes may be used. A centrifugal fan may replace a propellor-type fan
to reduce the fan noise.

1.3.2 Noise Control in the Transmission Path

Modifying the path through which the noise is propagated is often used
when modification of the noise source is not possible, not practical, or
not economically feasible. For noise sources located outdoors, one simple
approach for noise control would be to move the sound source farther away
from the receiver, i.e. make the noise path longer.

For noise sources located outdoors or indoors, the transmission path
may be modified by placing a wall or barrier between the source and recei-
ver. Reduction of traffic noise from vehicles on freeways passing near resi-
dential areas and hospitals has been achieved by installation of acoustic
barriers along the roadway.

The use of a barrier will not be effective in noise reduction indoors
when the sound transmitted directly from the source to receiver is much less
significant than the sound transmitted indirectly to the receiver through
reflections on the room surfaces. For this case, the noise may be reduced
by applying acoustic absorbing materials on the walls of the room or by
placing additional acoustic absorbing surfaces in the room.

A very effective, although sometimes expensive, noise control proce-
dure is to enclose the sound source in an acoustic enclosure or enclose the
receiver in a personnel booth. The noise from metal cut-off saws has been
reduced to acceptable levels by enclosing the saw in an acoustically treated
box. Provision was made to introduce stock material to the saw through
openings in the enclosure without allowing a significant amount of noise to
be transmitted through the openings. If the equipment or process can be
remotely operated, a personnel booth is usually an effective solution in
reducing the workers’ noise exposure. An air-conditioned control booth is
also more comfortable for the operator of a paper machine than working in
the hot, humid area surrounding the wet end of the paper machine, for
example.

The exhaust noise from engines, fans, and turbines is often controlled
by using mufflers or silencers in the exhaust line for the device. The muffler
acts to reflect acoustic energy back to the noise source (the engine, for
example) or to dissipate the acoustic energy as it is transmitted through
the muffler.

1.3.3 Noise Control at the Receiver

The human ear is the usual “receiver” for noise, and there is a limited
amount of modification that can be done for the person’s ear. One possible
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approach to limit the noise exposure of a worker to industrial noise is to
limit the time during which the person is exposed to high noise levels. As
discussed in Chapter 6, a person can be exposed to a sound level of 95 dBA
for 4 hours during each working day, and encounter a risk of “only” 10% of
suffering significant permanent hearing loss, if the person remains in a much
more quiet area during the remainder of the day. The 95 dBA sound level is
typical of the noise from printing and cutting presses for folding cartons, for
example (Salmon et al., 1975).

Hearing protectors (earplugs or acoustic muffs) can be effective in
preventing noise-induced hearing loss in an industrial environment. In
some cases, the use of hearing protectors may be the only practical means
of limiting the workers’ noise exposure, as is the case for workers who
“park’ airplanes at large air terminals. Because of inherent problems with
hearing protectors, however, it is recommended that they should be used
only as a last resort after other techniques have been reviewed. For example,
the worker may not be able to hear warning horns or shouts of co-workers
when wearing earplugs. One can get accustomed to wearing hearing protec-
tors, but the earplugs are often less comfortable than wearing nothing at all.
This characteristic of earplugs and people introduces some difficulty in
enforcement of the use of hearing protection devices. In cases where ear-
plugs are the only feasible solution to a noise exposure problem, an educa-
tion, training, and monitoring program should be in place to encourage
strongly the proper and effective use of the protective devices.
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2

Basics of Acoustics

2.1 SPEED OF SOUND

Sound is defined as a pressure disturbance that moves through a material at
a speed which is dependent on the material (Beranek and Vér, 1992). Sound
waves in fluids are often produced by vibrating solid surfaces in the fluid, as
shown in Fig. 2-1. As the vibrating surface moves to the right, the fluid
adjacent to the surface is compressed. This compression effect moves out-
ward from the vibrating surface as a sound wave. Similarly, as the surface
moves toward the left, the fluid next to the surface is rarefied. The vibratory
motion of the solid surface causes pressure variations above and below the
fluid bulk pressure (atmospheric pressure, in many cases) to be transmitted
into the surrounding fluid.

Noise is usually defined as any perceived sound that is objectionable or
damaging for a human. Noise is somewhat subjective, because one person’s
“music” may be another person’s “noise.” Some sounds that could be clas-
sified as noise, such as the warning whistle on a train, are actually beneficial
by warning people of potential dangerous situations.

The speed of sound in various materials is given in Appendix B. For an
ideal gas, the speed of sound is a function of the absolute temperature of the
gas:

¢ = (g.yRT)'"? (2-1)
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FiGure 2-1 Sound waves in materials.

where g, is the units conversion factor, g, = 1kg-m/N-s*> = 32.174 1b,,-ft/
Ibs-sec’; y is the specific heat ratio, y = ¢p/cy; R is the specific gas constant
for the gas, R = 287 J/kg-K = 53.35 ft-lb;/lb,,-°R for air; and T is the abso-
lute temperature, K or °R.

The speed of sound (or ¢%) in a fluid (liquid or gas), in general, is given
by:
»_vB

0
where B is the isothermal bulk modulus and p is the fluid density. For
transverse (bulk) sound waves in a solid, the speed of sound is given by
(Timoshenko, 1970):

cz _ (1 — V)E

(I+v)(1=2v)p

where F is Young’s modulus and v is Poisson’s ratio for the material. For

sound transmitted through a thin bar, the speed of sound expression reduces
to:

¢ (2-2)

(2-3)

c=(E/p)'? (2-4)

2.2 WAVELENGTH, FREQUENCY, AND WAVE
NUMBER

There is a single frequency (f) associated with a simple harmonic wave or
sinusoidal wave. This frequency depends on the frequency of vibration of
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the source of sound and is independent of the material through which the
sound is transmitted for non-dissipative sound transmission. The period (t)
for a wave is defined as the time elapsed during one complete cycle for the
wave, or the time elapsed between the passage of the successive peaks for a
simple harmonic wave, as shown in Fig. 2-2. The frequency is the reciprocal
of the period, f = 1/7. The unit for the frequency is hertz (Hz), named in
honor of the German physicist Heinrich Rudolph Hertz, who conducted
pioneering studies in electromagnetism and in elasticity (Timoshenko, 1983).
The unit hertz is the same as the unit cycle/sec.

To get a physical understanding of the magnitude of the frequency of
sound waves usually considered in noise control, we may note that the range
of audibility for the undamaged human ear is from about 16 Hz to about
16 kHz. Frequencies below about 16 Hz are considered infrasound, and fre-
quencies above 16kHz are wultrasound. The standard musical pitch (fre-
quency) is A-440, or the note “A” above middle “C” has an assigned
frequency of 440 Hz. The soprano voice usually ranges from about middle
“C” (f = 261.6 Hz) to approximately “C” above the staff (f = 1046.5 Hz).
Thus, the female voice has a frequency on the order of 500 Hz. The baritone
voice usually ranges from about 90 Hz to 370 Hz, so the male voice has a
frequency on the order of 200 Hz.

The wavelength (1) of the sound wave is an important parameter in
determining the behavior of sound waves. If we take a “picture’ of the wave
at a particular instant in time, as shown in Fig. 2-2, the wavelength is the
distance between successive peaks of the wave. The wavelength and speed of
sound for a simple harmonic wave are related by:

r=c/f (2-5)

Another parameter that is encountered in analysis of sound waves is
the wave number (k), which is defined by:
_2x  2mf
A ¢

k (2-6)

Example 2-1. A sound wave having a frequency of 250 Hz is transmitted
through air at 25°C (298.2Kor 77°F). The gas constant for air is 287 J/kg-K,
and the specific heat ratio is y = 1.40. Determine the speed of sound, wave-
length, and wave number for this condition.

The speed of sound is found from Eq. (2-1):

¢ = (g.yRT)Y? = [(1)(1.40)(287)(298.2)]'/?
¢ =346.1m/s = 1136 ft/sec = 774 mph
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FiGURE 2-2 Wavelength and period for a simple harmonic wave: (A) pressure vs.
time and (B) pressure vs. position.
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The wavelength for a frequency of 250 Hz is:

¢ 346.1

777250 m
The wave number is:

2 2 1

2.3 ACOUSTIC PRESSURE AND PARTICLE
VELOCITY

The acoustic pressure (p) is defined as the instantaneous difference between
the local pressure (P) and the ambient pressure (P,) for a sound wave in the
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material. The acoustic pressure for a plane simple harmonic sound wave
moving in the positive x-direction may be represented by the following.

P(X, 1) = Prax SINQ27ft — k) 27

The quantity p.. 18 the amplitude of the acoustic pressure wave.

Acoustic instruments, such as a sound level meter, generally do not
measure the amplitude of the acoustic pressure wave; instead, these instru-
ments measure the root-mean-square (rms) pressure, which is proportional
to the amplitude. The relation between the pressure wave amplitude and the
rms pressure is demonstrated in the following.

Suppose we define the variable 6 = 2xt/7, so d6 = 2w d¢/t. The rms
pressure is defined as the square root of the average of the square of the
instantaneous acoustic pressure over one period of vibration t:

T 2 2

(Prms)’ = ! J PH(x, 0 dt = (Pmax)” J sin?(6 — kx) do

T Jo 2 Jo
Carrying out the integration, we find:

(pmax)2
2

(prms)2 = %(pmax)2

(Prms)” = [1(0 — kx) — }sin(260 — 2kx)]”

The rms pressure is related to the pressure amplitude for a simple harmonic
wave by:

pmax
Pons =172 (2-8)
To avoid excessive numbers of subscripts, we will use the symbol p (without
the subscript rms) to denote the rms acoustic pressure in the following
material, except where stated otherwise.

The instantaneous acoustic particle velocity (1) is defined as the local
motion of particles of fluid as a sound wave passes through the material.
The rms acoustic particle velocity is the quantity used in engineering ana-
lysis, because it is the quantity pertinent to energy and intensity measure-
ments.

The rms acoustic pressure and the rms acoustic particle velocity are
related by the specific acoustic impedance (Z,):

p=Zsu (2-9)

The specific acoustic impedance is often expressed in complex notation to
display both the magnitude of the pressure—velocity ratio and the phase
angle between the pressure and velocity waves. The SI units for specific
acoustic impedance are Pa-s/m. This combination of units has been given
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the special name rayl, in honor of Lord Rayleigh, who wrote the famous
book on acoustics: i.e., 1 rayl = 1 Pa-s/m. In conventional units, the specific
acoustic impedance would be expressed in Ibg-sec/ft .

For plane acoustic waves, the specific acoustic impedance is a function
of the fluid properties only. The specific acoustic impedance for plane waves
is called the characteristic impedance (Z,) and is given by:

Zy = pc/g. (2'10)

(Note that, since the quantity g, is a units conversion factor, it is often
omitted from equations, and it is assumed that consistent units will be
maintained when substituting values in the equations.) Values for the char-
acteristic impedance for several materials are given in Appendix B.

Example 2-2. A plane sound is transmitted through air (R = 287 J/kg-K)
at 25°C (298.2K or 77°F) and 101.3 kPa (14.7 psia). The speed of sound in
the air is 346.1 m/s. The sound wave has an acoustic pressure (rms) of 0.20
Pa. Determine the rms acoustic particle velocity.
The density of the air may be determined from the ideal gas equation
of state:
Py, (101.3)(10%)

=227 _1184kg/m’
P=RT = (2872982 |184ke/m

The characteristic impedance for the air is:
Z, = pc/g. = (1.184)(346.1)/(1) = 409.8 Pa-s/m = 409.8 rayl = p/u
The acoustic particle velocity may be evaluated:

2
u= % =0.488 x 107> m/s = 0.488 mm/s (0.0192 in/sec)

We observe that the acoustic particle velocity (0.000448 m/s) is a rather
small quantity and is generally much smaller than the acoustic velocity
(346.1 m/s).

2.4 ACOUSTICINTENSITY AND ACOUSTIC
ENERGY DENSITY

The acoustic intensity (I) is defined as the average energy transmitted
through a unit area per unit time, or the acoustic power (W) transmitted
per unit area. The SI units for acoustic intensity are W/m?>. The conven-
tional units ft-1b;/sec-ft> are not used in acoustic work at the present time.

For plane sound waves, as shown in Fig. 2-3, the acoustic intensity is
related to the acoustic power and the area (S) by:
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I=W/S

cu)

FIGURE 2-3 Intensity for (A) plane waves and (B) spherical waves.

I =— 2-11

S @-11)
For a spherical sound wave (a sound wave that moves out uniformly in all
directions from the source), the area through which the acoustic energy is
transmitted is 47/°, where r is the distance from the sound source, so the
intensity is given by:

2-12)

For the general case in which the sound is not radiated uniformly from
the source, but the acoustic intensity may vary with direction, the intensity is
given by:

w
I :% (2-13)
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The quantity Q is called the directivity factor, which is a dimensionless
quantity that generally depends on the direction and the frequency of the
sound wave.

The acoustic intensity may be related to the rms acoustic pressure. The
average acoustic power per unit area, averaged over one period for the
acoustic wave, is given by:

1 Jr 1 21
I=—1 p(x, Hu(x, )dt = — J plx, Hu(x, r)do (2-14)
T Jo 2 0

where 6 = 2nft = (27r/7)t. Let us use the following expressions for the acous-
tic pressure and acoustic particle velocity for a plane wave:

p(x, 1) = V2 prns sin(2nt — kx)

(2-15)
u(x, 1) = (V2 prys/ p0) sin(2mt — kx)
Making these substitutions into Eq. (2-14), we find:
1 21 2 2
- J 2Pms)” G020 — k) de
27 0 >
2(Prms) . 2
I= ﬁ [3(6 — kx) — §sin(26 — 2kx)];
The final expression for the acoustic intensity becomes:
2
1= (2-16)
pc

where p = p.ns. We will show that this same expression also applies for a
spherical sound wave and for a non-spherical sound wave.

When making sound measurements in a room or other enclosure, one
parameter of interest is the acoustic energy density (D), which is the total
acoustic energy per unit volume. The SI unit for the acoustic energy density
is J/m>. The total acoustic energy is composed of two parts: the kinetic
energy, associated with the motion of the vibrating fluid; and the potential
energy, associated with energy stored through compression of the fluid.

The kinetic energy per unit volume, averaged over one wavelength,
may be expressed in terms of the acoustic particle velocity:

KE—lrl (e, fydy = rnl *(¢.0)d
_)x 02pu x7 x_zﬂ(] 2,01/[ ;v é‘

where ¢ = kx. If we use the acoustic particle velocity expression from Eq.
(2-15) for a plane wave, we find:
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2
p
KE =" 2-17
208 (2-17)
For a spherical sound wave, the acoustic pressure and acoustic particle
velocity are not in-phase. We will show that the kinetic energy per unit
volume for a spherical wave is dependent on the frequency (or the wave
number, k) for the sound wave, and the distance from the sound source, r, as
follows.

2

p 1
KE = —2,0(,’2 (l + W) (2-18)

The potential energy may also be related to the acoustic pressure. For
a plane sound wave, the potential energy per unit volume, averaged over one
wavelength, is given by:

A2 27 2
m:ljp“?“:ii re.o
Ao 2pc 2 Jo  2pc

Using the expression for the acoustic pressure from Eq. (2-15), we obtain the
following equation for the potential energy per unit volume:

2
PE="2 (2-19)

- 2,oc2
By comparison of Eqs (2-17) and (2-19), we see that, for a plane sound wave,
the kinetic and potential contributions to the total energy are equal. The
total acoustic energy is half kinetic and half potential, for a plane sound
wave: this is not the case for a spherical wave.
For a plane sound wave, the acoustic energy density is found by add-
ing the kinetic energy, Eq. (2-17), and the potential energy, Eq. (2-19):
2
pc?

p="_ (2-20)

If we compare Eq. (2-20) with Eq. (2-16), we see that (for a plane sound
wave) the acoustic intensity and acoustic energy density are related:

D==- (2-21)
C

For a spherical sound wave, the acoustic energy density is given by:

2
p 1
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Example 2-3. A plane sound wave is transmitted through air (speed of
sound, 346.1 m/s; characteristic impedance, 409.8 rayl) at 25°C (298.2K or
77°F) and 101.3kPa (14.7 psia). The sound wave has an acoustic pressure
(rms) of 0.20 Pa. Determine the acoustic intensity and acoustic energy den-
sity for the sound wave.

The acoustic intensity is given by Eq. (2-16):

_p7(0.20

_r _ — 97 106 2_g7 2
o= 0oy = 276X 1070 W/m? =97.64W/m

The SI prefixes are listed in Appendix A.
The acoustic energy density is given by Eq. (2-20):
r_r (0.20°

p=2__ = =7 0282 x 107%)/m? = 0.282 uJ/m’
o Zoc  (409.8)(346.1) X /m wl/m

This is actually an extremely small quantity of energy. The specific heat of
air at 25°C is ¢, = 1005.7 J/kg-°C. The thermal capacity per unit volume is:

pe, = (1.184)(1005.7) = 1190.7J/m>-°C

If all of the acoustic energy in this problem were dissipated into the air, the
temperature of the air would rise by:

-6
Ar— D _(0:282)(107)

=R T 0.24 x 107°°C (0.43 x 107°°F
o (1190.7) 0.24 x 107°°C (0.43 x 10 )

2.5 SPHERICAL WAVES

In many situations, the size of the source of sound is relatively small, and the
sound is radiated from the source uniformly in all directions. In this case,
the sound waves would not be planar; instead, the sound waves are called
spherical waves. By combining Eq. (2-12) and Eq. (2-16) for spherical waves,
we see that the acoustic pressure varies inversely with the distance from the
sound sosurce, r, because the acoustic power W is constant for the case of
zero energy dissipation:

P_w

]:—:—
oc  Amr?

(2-23)

The acoustic power is spread over a larger area as the sound wave moves
away from the source, so the acoustic intensity decreases inversely propor-
tional to 2.
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From the solution of the acoustic wave equation in Chapter 4, we find
that the magnitude of the specific acoustic impedance for a spherical sound
wave is given by:

_ pckr B Zkr
RN N (R o e

s (2-24)
where k = 2n/)) = (2nf /c) = wave number. The phase angle (¢) between
the acoustic pressure and the acoustic particle velocity is found from:

tan¢ = 1 (2-25)

kr

We may note two limiting cases for the acoustic impedance of sphe-
rical waves. For long wavelengths or low frequencies (kr << 1), the acoustic
impedance approaches (Z,kr) = 2mpfr, and the phase angle approaches
%nrad =90°. This regime, kr < 0.1 approximately, is called the near-field
regime. The acoustic pressure and acoustic particle velocity are almost 90°
out of phase, and the acoustic pressure produced by a spherical source is
very small near the source, for a given acoustic particle velocity.

For short wavelengths (high frequencies) or for distances far from the
source (kr > 1), the specific acoustic impedance approaches the character-
istic impedance (Z; ~ Z,), and the phase angle is approximately zero. This
region, kr > 5 approximately, is called the far-field regime. In this regime,
the spherical wave appears to behave almost as a plane sound wave.

Because the acoustic pressure and acoustic particle velocity are not in-
phase for a spherical wave, the potential energy and kinetic energy of the
acoustic wave are not equal, as is the case for a plane wave. The acoustic
energy density for a spherical wave is given by:

2
p 1
b= oc? <l * 2k2r2) (220)

The kinetic energy contribution is given by Eq. (2-18), and the potential
energy contribution is given by Eq. (2-19). For the near-field regime
(1 /2k2r2 > 1), the kinetic energy contribution predominates; whereas, in
the far-field regime (1/2k** < 1), the kinetic energy and potential energy
contributions are equal.

Example 2-4. A spherical source of sound produces an acoustic pressure of
2 Pa at a distance of 1.20m (3.937 ft or 47.2 in) from the source in air at 25°C
(77°F) and 101.3 kPa (14.7 psia). The frequency of the sound wave is 125 Hz.
Determine the rms acoustic particle velocity, the acoustic energy density,
and acoustic intensity for the sound wave at 1.20 m from the source and at a
distance of 2.50 m (8.202 ft) from the source.
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The characteristic acoustic impedance is Z, =409.8 rayl from
Appendix B. The wave number is:

_27f _ (2m(129)

- =2.269m™"
c T (346.1) m

k

The parameter kr = (2.269)(1.20) = 2.723. This value is neither in the near-
field nor the far-field regime. The specific acoustic impedance may be eval-
uated from Eq. (2-24):

_ Zokr  (409.8)(2.723)
A+ (1 +2.7232)12

= (409.8)(0.9387) = 384.7 rayl

S

The acoustic particle velocity at a distance of 1.20m from the source is:

_p _ (2.00)

T Z. T (384.7)

=0.00520m/s = 5.20mm/s (0.205in/sec)

The phase angle between the acoustic pressure and acoustic particle
velocity is given by Eq. (2-25):

¢ = tan"'(1/kr) = tan™'(1/2.723) = 20.2°

The acoustic intensity is found from Eq. (2-23):
P (2.00)

= 7, (409.8)

=0.00976 W/m? = 9.76 mW/m’

The acoustic power radiated from the source is:
W = 4T = (47)(1.20)%(9.76)(107%) = 0.1766 W

For a distance of 1.20 m from the source, the acoustic energy density is given
by Eq. (2.-26):

(200 [ . 1

(1.184)(346.1) (2)(2.723)

D =30.1 x 107°J/m?® = 30.1 uJ/m?

i| = (28.2)(107%)(1.0674)

The acoustic energy dissipation is negligible for sound transmitted
through a few meters in air; therefore, the acoustic power at a distance of
2.50 m from the source is also 0.1766 W. The acoustic intensity at a distance
of 2.50 m from the source is:

W (0.1766)
CAn? (4m)(2.50)°

= 0.00225 W/m? = 2.25 mW/m>
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The acoustic pressure at a distance of 2.50m from the source is:
p = (Z,D)"* = [(409.8)(0.00225)]"/* = 0.960 Pa

We note that both the intensity and acoustic pressure decrease for a sphe-
rical wave as we move away from the source of sound, because the area
through which the energy is distributed is increased.

The wave number is not affected by the position, so:

kr = (2.269)(2.50) = 5.673
The specific acoustic impedance becomes:

_(409.8)(5.673)

= 556757 = (0°-)(0.9848) = 403.6ray]

S

The acoustic particle velocity at 2.50 m from the source is:
p _ (0.960)

Z.  (403.6)

=0.00238m/s = 2.38 mm/s (0.937in/sec)

The acoustic energy density is:
(0.960)°

T (1.184)(346.1)° [ (2)(5.673)?
D =6.60 x 107 J/m* = 6.60 pJ/m*

] = (6.50)(107°)(1.0155)

2.6 DIRECTIVITY FACTOR AND DIRECTIVITY
INDEX

The acoustic energy is radiated uniformly in all directions for a spherical
wave; however, other sources of sound may be highly directional. These
directional sources radiate sound with different intensities in different direc-
tions. The intensity of noise radiated from a vent pipe along the axis of the
vent pipe, for example, is different from the intensity perpendicular to the
vent pipe axis. In fact, if a spherical source is placed near the floor or a wall,
some sound will be reflected from the surface and will not be radiated in all
directions.

The directivity factor (Q) is defined as the ratio of the intensity on a
designated axis of a sound radiator at a specific distance from the source to
the intensity that would be produced at the same location by a spherical
source radiating the same total acoustic energy:

Ty

Q==

(2-27)
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The directivity index (DI) is related to the directivity factor by:
DI = 10log;((Q) (2-28)

For a spherical source, the directivity factor Q = 1 and the directivity index
DI = 0.

The directivity factor may be determined from analytical or experi-
mental values of the acoustic pressure. The directional pressure distribution
function H(6, @) is defined by:

_ 10,9
p(0)

The quantity 6 is the azimuth angle, and ¢ is the polar angle, as shown in
Fig. 2-4: p(0) is the acoustic pressure on the axis, § = 0. The directivity
factor may be evaluated from the directional pressure distribution function:

4

H(O, ¢) (2-29)

Q==

2
J J H?(6, ¢)sinfdedo
0Jo

(2-30)

If the pressure distribution is symmetrical, or H(6, ¢) = H(0), the integra-
tion with respect to ¢ may be carried out directly. The directivity factor for a
symmetrical source of sound is given by:

2

Q:

(2-31)

J H?(6)sin 6 d6
0

pl0)

FiGURE 2-4 Spherical coordinates for directivity factor.
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The directivity factor for locations off the axis (Qy) may be expressed, as
follows:

046, ¢) = OH* (8, ¢) (2-32)

If a spherical source of sound is placed near the floor or a wall, as
shown in Fig. 2-5, sound is radiated through a hemispherical area, S = 27r°.
In this case, the intensity is:

W 2W oW

I = 2 2= 2

27r drr Ay

For this case, we see that the directivity factor is Q = 2, and the directivity
index is:

DI = 101log,(2) = 3.0

/’ FLOOR

SOURCE
Q=4
I
-
; S=xr
\ FLOOR
SOURCE

FIGURE 2-5 Sound sources near a surface for (A) directivity factor Q =2 and
directivity index DI = 3 and (B) for Q = 4 and DI = 6.
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Similarly, if the spherical source were placed on the floor near a wall, the
energy is radiated through an area S = °. For this case,

W AW oW

2 2 2

[=—=—+—
r drr

4y
The directivity factor, in this case, is Q = 4 and the directivity index is 6.0.
By going through the same reasoning, we may show that if the spherical
source were placed in a corner near the floor and two walls, 0 =8 and
DI =9.0.

From a practical standpoint, these results show the importance of
location of a noisy piece of machinery. If the machine is located on the
floor, it will produce an intensity that is about twice that produced by the
same machine away from the floor. The intensity for the machine located on
the floor near a wall will be about four times that measured with the
machine away from reflective surfaces.

Example 2-5. A source of sound radiates symmetrically with the following
directional pressure distribution function:

H(0) =cos0

Determine the directivity factor and directivity index in the direction 6 = 0.
The integral in the denominator of Eq. (2-31) may be evaluated first:

J: H*(0)sin6do = J: cos*fsin0dd = [—Lcos’ 6], = 2/3

The directivity factor is evaluated from Eq. (2-31).

2 _

2/3

The directivity index is found from Eq. (2-28)
DI = 10log;,(3) = 4.8

0= 3

The directivity factor at an angle of & = 45° from the axis is:

Qy = QH*(6) = (3.00) cos*(45°) = 1.500

2.7 LEVELS AND THE DECIBEL

The range of the quantities used in acoustics, such as acoustic pressure,
intensity, power, and energy density, is quite large. For example, the unda-
maged human ear can detect sounds having an acoustic pressure as small as
20 uPa, and the ear can withstand sounds for a few minutes having a sound
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pressure as large as 20 Pa. As a consequence of this wide range of magni-
tudes, there was an interest in developing a scale that could represent these
quantities in a more convenient manner. In addition, it was found that the
response of the human ear to sound was more dependent on the ratio of
intensity of two different sounds, instead of the difference in intensity. For
these reasons, a logarithmic scale called the level scale was defined.

The level of any quantity is defined as the logarithm to the base 10 of
the ratio of an energy-like quantity to a standard reference value of the
quantity. The common logarithms (base 10) are used, instead of the natural
or napierian logarithms (base e), because the scale was developed years prior
to the advent of hand-held calculators. Common logarithm tables were
much more convenient to use for widely different quantities than natural
logarithm tables. An energy-like quantity (for example, p?) is used, because
energy is a scalar quantity and an additive quantity. This means that all
levels may be combined in the same manner, if an energy-like quantity is
used.

Although the level is actually a dimensionless quantity, it is given the
unit of bel, in honor of Alexander Graham Bell. It is general practice to use
the decibel (dB), where 1 decibel is equal to 0.1 bel. The history of the
development of the bel unit is described by Huntley (1970). The level is
usually designated by the symbol L, with a subscript to denote the quantity
described by the level. For example, the acoustic power level is designated
by Lyw. The acoustic power level is defined by:

Ly = 10log)o(W/ W) (2-33)

The factor 10 converts from bels to decibels. The reference acoustic power
(Weer) 18 107" watts or 1 pW.

The sound intensity level and sound energy density level are defined in
a similar manner, since both of these quantities (/ and D) are proportional

to energy:
Ly = 101logo({/1rer) (2-34)
Lp = 1010go(D/Drer) (2-35)

where the reference quantities are:
Lee = 1072 W/m? = 1 pW/m?
Dy = 1072 J/m® = 1 pJ/m?

The reference quantities were not completely arbitarily selected. At a
frequency of 1000 Hz, a person with normal hearing can barely hear a sound
having an acoustic pressure of 20 uPa. For this reason, the reference acoustic
pressure was selected as:
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Pret = 20 puPa = 20 x 107 Pa

The characteristic impedance for air at ambient temperature and pressure
is approximately Z, ~ 400 rayl. The acoustic intensity corresponding to a
sound pressure of 20 uPa moving through ambient air is approximately
Lo = (20 x 107%)?/(400) = 107> W/m?> or 1pW. The acoustic power
corresponding to the reference intensity and a “‘unit” area of 1m? is
Wer =(107%)(1) =107>W or 1pW. The reference acoustic energy
(Dyr = 1pJ/m?) was somewhat arbitarily selected, because the acoustic
energy density for a plane sound wave in ambient air with the reference
sound pressure level is approximately 0.003 pJ/m?.

We note that the acoustic pressure is not proportional to the energy,
but instead, p? is proportional to the energy (intensity or energy density).
For this reason, the sound pressure level is defined by:

L, = 1010g,0(0/Pres) = 2010g10( p/Prer) (2-36)

The expressions for the various “levels” and the reference quantities,
according to ISO and ANSI, are given in Table 2-1.

One feature of the use of the decibel notation is that many expressions
involve addition or subtraction, instead of multiplication or division. This
feature was advantageous before the advent of hand-held digital calculators
and digital computers. If we combine Eqs (2-13) and (2-16) for the acoustic
intensity, we obtain:

2

;oW _p

= 2-37
4’ pc ( )

TaBLE 2-1 Reference Quantities for Acoustic Levels

Quantity Definition, dB Reference
Sound pressure level L, = 201logo(p/prer) Pret = 20 pPa
Intensity level Ly =101log;o(1/ 1) Ly = lpW/m2
Power level Ly = 10logo(W /W) Wiee = 1pW
Energy level Ly = 10logo(E/Ey) E=1pl
Energy density level Lp = 10log,(D/Dyer) Dyos = lpJ/m3
Vibratory acceleration level L, =201log;(a/d.t) drer = 10 um /s
Vibratory velocity level L, =201log;(v/ver) Vrer = 10nM/s
Vibratory displacement level Ly = 201log,((d/dr) der = 10 pm
Vibratory force level Lg = 201ogo(F/Frr) Fof = 1uN
Frequency level L. = 101ogo(f/frer) Jret = 1Hz

Note: The SI prefixes are listed in Appendix A.
Source: From ISO Recommendation No. 1683 and American National Standard
ANSI S1.8 (1989).
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The acoustic pressure is related to the acoustic power:

WQpc
2
= 2-38
4mr? (2-38)
We may introduce the reference pressure and reference power:
2
WQpcW,
12 QIOC ref (2_39)

> = 3 5
Dref 4 Wretprefr

If we take the common logarithm of both sides of Eq. (2-39) and multiply
both sides by 10, we obtain:

2
ref

W,
Ly, = Ly + DI — 20log,o(r) + 10 1og10[’; ‘ﬂ fef] (2-40)
The quantity DI is the directivity index, defined by:
DI = 101og;((Q) (2-41)

where Q is the directivity factor. If we express the radial distance r in meters
and take the properties of air at 25°C (77°F), we may determine the numer-
ical value for the last term in Eq. (2-40):

—61\2
1010 1O[(4n)(zo x 1076)

= 1010g,(12.266) = 10.9dB
(409.8)(10-12) ] o1l )

For sound transmitted from a directional source (or spherical source,
with DI = 0 or Q = 1) outdoors in air at 25°C, the sound pressure level and
the sound power level are related by:

L, = Ly + DI — 201log,(r) — 10.9dB (2-42)

Example 2-6. The quantities in Examples 2-2 and 2-3 are as follows:

acoustic pressure, p = 0.20 Pa

acoustic particle velocity, u = 0.488 mm/s
acoustic intensity, 7 = 97.6 uW /m>
acoustic energy density, D = 0.282 uJ/m’

Determine the corresponding levels for these quantities.
The sound pressure level is:

L, =201log;((0.20/20 x 107%) = 80.0dB
The velocity level is:

L, =2010g,;,(0.488 x 107°/10 x 107°) = 93.8dB
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The intensity level is:
L; = 10log((97.6 x 107°/107'%) = 79.9dB

We note that, for sound transmitted in air at ambient conditions, the inten-

sity level and the sound pressure level have approximately equal values. This

is a consequence of the definition of the reference quantities for acoustic

pressure and intensity. For sound transmitted in water, on the other hand,

the sound pressure level and intensity level have quite different values.
The energy density level is:

Lp = 1010g,,(0.282 x 107°/107'%) = 54.5dB

2.8 COMBINATION OF SOUND SOURCES

There are many situations in which we need to determine the sound level
produced by several sources of sound acting at the same time. For example,
we may need to determine the sound level produced by two machines in a
room, but we may have only information about the sound level produced by
each machine separately.

Because all levels are defined in terms of energy-like quantities, all
“levels” (sound pressure level, intensity level, power level, etc.) will combine
in the same manner. The total intensity, for example, is the sum of the
intensities for the individual sources, if the sources produce sound waves
that are not exactly in-phase or out-of-phase. It is quite likely that the noise
generated by machinery is not correlated, because the noise involves a wide
range of frequencies and not a single frequency only.

Suppose we have two sources of sound that produce the following
intensity levels when operating alone:

Ly =80dB = 101log (/) /Lrer)
Ly, =85dB = 101og, (12 /1ef)
We may solve for the individual intensities to obtain these values:
I, = (10721019 = 107* W/m? = 0.100 mW/m’
L =(107)10%19 = 316 x 107* W/m? = 0.316 mW/m>

The total intensity when the two sources are operating at the same time is
the sum of the intensities:

I=1+1L=0.100+0.316 = 0.416 mW/m>
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The combined intensity level is:
L, = 10log,,(0.416 x 107°/107'%) = 86.2dB

The general expression for determining the combination of any set of
“level”” quantities is:

L = 10log,, <Z 105/ 10) (2-43)

This expression is valid for all types of levels—including sound pressure
levels—because the total pressure is not the sum of the individual pressures
if the waves are not correlated. The square of the pressure is proportional to
energy (the intensity, for example), so the individual sound pressures must
be combined in an “‘energy-like’” manner.

(Prow)” =PL+p3+p3+---

The reference quantity is the same for each intensity level, so the
previous calculation could be carried out using the intensity ratio. For the
values used in the previous example, we have:

I/ Ig = 10%719 = 10°
The total intensity ratio is the sum of the individual ratios:
I/Les = (I /Iet) + (I Ier) = 10° +3.16 x 10° = 4.16 x 10*
The total intensity level is:
L; = 101og,(4.16 x 10*) = 86.2dB

The previous calculation provides the basis for a simple routine for
combining levels on the hand-held calculator. The routine is outlined in
Table 2-2. Different calculators have slightly different designations on the
keys; however, the routine may be adapted to any calculator. The initial
level value divided by 10 is first entered. (One may easily divide a number by
10 without the use of a calculator.) The 10* key (or the corresponding key to
raise 10 to the power of the entry) is pressed. The result is then stored in
memory. Each of the next levels divded by 10 is entered, the 10° key is
pressed, and the results are added to memory. To finally determine the
total level, the quantity is recalled from memory, and the log key (or log-
base-10 key) is pressed. The display may be multiplied by 10 to obtain the
total level.
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TaBLE 2-2 Handheld Calculator Routine for Combining Levels®

Keystroke entry Key pressed Display results
Initial level value divided by 10 [107] I, /L, for example
(none) [STO] (value stored in memory)
Next level value divided by 10 [107] I,/ L, for example
(none) [SUM] (value added to memory)
(Repeat for the remaining levels
(none) [RCL] Liowal/ Let» fOr example
(none) [log] Level/10
(none) [x]
10 [=] Total level
Example
8.0 [107]; [STO] 100000000
8.5 [107]; [SUM] 316227766

[RCL] 416227766

[log]; [x] 8.619331048
10 [=] 86.19331048

@ The notation is that used for most “‘scientific’” handheld calculators; however, there
may be some variation for different calculator models.

2.9 OCTAVE BANDS

The human ear is sensitive to sounds having frequencies in the range from
about 16 Hz to 16 kHz. Because it is not practical to measure the sound level
at each of the 15,984 frequencies in this range, acoustic measuring instru-
ments generally measure the acoustic energy included in a range of frequen-
cies. The human ear also responds more to frequency ratios than to
frequency differences, so the frequency ranges generally have terminal fre-
quencies (upper and lower frequencies of the range) that are related by the
same ratio.

The frequency interval over which measurements are made is called
the bandwidth. The bandwidth may be described by the lower frequency of
the interval (f) and the upper frequency of the interval (f5). In acoustics,
the bandwidths are often specified in terms of octaves, where an octave is a
frequency interval such that the upper frequency is twice the lower fre-
quency (Table 2-3). For an octave,

=2 or  fH/fi=2

In some cases, a more refined division of the frequency range is used in
measurement, such as 1/3-octave bands, in which (f,/f;) = 2% = 1.260.
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TaBLE 2-3 Standard Octave Bands

Frequency, Hz

Band No. Lower, f; Center, f, Upper, />

12 11 16 22
15 22 315 44
18 44 63 88
21 88 125 177
24 177 250 355
27 355 500 710
30 710 1,000 1,420
33 1,420 2,000 2,840
36 2,840 4,000 5,680
39 5,680 8,000 11,360
42 11,360 16,000 22,720

Source: ANSI S1.6 (1967).

The center frequency of the band (/) is defined as the geometric mean
of the upper and lower frequencies for the interval:

fo=HM"? (2-44)

For an octave band, the upper and lower frequencies are related to the
center frequency by:

fi=f/2"  and  f=2"74,

For 1/3-octave bands,

fi=f2%  and £, =204

2.10 WEIGHTED SOUND LEVELS

Most sound level meters have three “weighting” networks, called the A-, B-,
and C-scales (ANSI S1.4, 1971). Originally, the A-scale was designed to
correspond to the response of the human ear for a sound pressure level of
40dB at all frequencies. The B-scale was designed to correspond to the
response of the human ear for a sound pressure level of 70dB at all fre-
quencies. The C-scale was approximately flat (constant) for frequencies
between 63 Hz and 4000 Hz.

The B-scale is rarely used at present. The A-scale is widely used as a
single measure of possible hearing damage, annoyance caused by noise, and
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compliance with various noise regulations. The sound levels indicated by the
A-scale network are denoted by L,, and the units are designated dBA.

The weighting for the A- and C-scale is shown in Table 2-4. These
values are also plotted in Fig. 2-6. The large negative weighting factor for
low-frequency sounds corresponds to the fact that the human ear is not as
sensitive to low-frequency sound as it is for sound at frequencies in the
1kHz to 4kHz range. For example, a sound having a sound pressure
level of 40dB at 63 Hz would be perceived by the human ear as having a
sound pressure level of approximately (40 — 26) = 14dB. Alternatively,
a sound that was perceived to have a sound pressure level of 40dB for
a frequency of 63Hz would actually have a sound pressure level of
(40 + 26) = 66 dB. Because the human ear does not respond as significantly
to low-frequency sounds, noise at low frequencies (63 Hz, for example) is
generally not as damaging or annoying as sound at high frequencies (2 kHz,
for example).

If the sound pressure level spectrum is measured or calculated for each
octave band, the A-weighted sound level may be calculated, using the A-
weighting factors (CFA) from Table 2-4:

La = 101og,[E 105+ CFD/10] (2-45)

where the summation is carried out for all octave bands. The A-scale con-
version process is illustrated in the following example.

Example 2-7. The measured octave band sound pressure levels around a
punch press are given in Table 2-5. Determine the A-weighted sound level
and the overall sound pressure level.

TaBLE 2-4 Weighting Factors for the A- and C-Scales

Octave band center frequency, Hz  A-scale CFA  C-scale CFC

315 -394 -3.0

63 —26.2 —0.8
125 —16.1 —-0.2
250 —8.9 0.0
500 —3.2 0.0
1,000 0.0 0.0
2,000 +1.2 —0.2
4,000 +1.0 —0.8
8,000 -1.1 -3.0
16,000 —6.6 —8.5

Source: ANSI S1.4 (1971).
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FIGURE2-6 Weighting factors for the A- and C-scales. CFA = conversion factor to
A-scale; CFC = conversion factor to C-scale.

The sound levels with the weighting factor applied are given in Table
2-5. The A-weighted sound level is calculated from Eq. (2-45).

Ly = 1010g10[1030.6/10 L 10548/10 4 0729710

Lx = 10log;((1.3532 x 10'%) = 101.3dBA

The overall sound pressure level is obtained by adding the individual
unweighted octave band sound pressure levels given in Table 2-5, using
“decibel addition™, Eq. (2-43):

TaBLE 2-5 Data for Example 2-7

Octave band center frequency, Hz

315 63 125 250 500 1,000 2,000 4,000 8,000

L,(OB), dB 70 81 89 101 103 93 8 77 74
CFA, dB -394 -262 —16.1 -89 =32 0.0 +12 +1.0 -—1.1
L,+ CFA,dB 306 548 729 9.1 99.8 93.0 84.2 78.0 729
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L, = 10log,[£10%/1]
L, = 101ogo[1071% + 10371 4 10871 4 .. .] = 1010g,((3.5742 x 10'°)

L, =105.5dB

We note that the A-weighted sound level is lower than the overall
sound pressure level in this problem. The reason for this difference is that
the sound energy is more predominant in the lower octave bands, such as
the 250 Hz band. The readings are diminished in the lower frequencies
(compare L, and L, + CFA) when the A-weighting is applied. The A-
weighted sound level can be larger than the overall sound pressure level if
the sound energy is more concentrated in the octave bands between 1 and
4kHz.

PROBLEMS

2-1. In the 200-meter track event, the starter is located a distance of
150m (492.1ft) from the timers. If the air temperature is 22°C
(295.2K or 71.6°F), how long does it take the sound of the starter’s
gun to reach the timers? The gas constant for air is 287 J/kg-K and
the specific heat ratio y = 1.400.

2-2. One proposed type of thermometer is one that measures the speed of
sound in an ideal gas. If this thermometer indicates a speed of sound
in methane gas (R = 518.4J/kg-K; y = 1.299) of 425m/s (1394 ft/
sec), determine the temperature of the methane gas.

2-3. Sonic liquid level gauges are used to measure the liquid level of
liquids in closed containers. Such a gauge is installed in a water
container, and the transducer is placed at the bottom of the con-
tainer. The sound pulse emitted from the transducer moves through
the liquid, is reflected at the liquid surface, and travels back to the
transducer. If the water temperature is 20°C (68°F) and the total
transit time of the sound pulse is 10 ms, determine the level of liquid
water in the container.

2-4. For gold, Young’s modulus is 75GPa (10.88 x 10° psi), Poisson’s
ratio is 0.42, and the density is 19,320kg/m® (12061b,,/ft}).
Determine the bulk speed of sound in gold.

2-5. The wavelength of a sound wave is 305 mm (12.01in). Determine the
frequency and wave number for a plane sound wave propagated in
(a) air at 20°C (293.2K or 68°F), R = 287 J/kg-K, y = 1.400 and (b)
helium at 20°C, R = 2078 J/kg-K, y = 1.667.
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2-6.

2-7.

2-8.

2-10.

2-11.

2-12.

2-13.

A famous basketball player has a height of 2.110m (6ft 11in). At
what frequency would a sound wave in air at 25°C (298.2K or 77°F)
have a wavelength equal to the player’s height?

A trombone produces a plane sound wave having a frequency of
170Hz and a rms acoustic pressure of 13.1Pa in air at 25°C
(298.2K or 77°F) and 101.3kPa (14.7 psia). Determine the rms
acoustic particle velocity for the sound wave.

A plane sound wave is propagated in air at 15°C (288.2K or 59°F)
and 101.3kPa (14.7 psia). The intensity of the wave is 10 mW/mz.
Determine the rms acoustic pressure, the rms acoustic particle velo-
city, and the acoustic energy density for the sound wave.

. A spherical source of sound radiates uniformly into a large volume

of air at 22°C (295.2K or 72°F) and 101.3kPa (14.7 psia). The fre-
quency of the sound wave is 274 Hz, and the acoustic power radiated
from the source is 30 mW. At a radial distance of 500 mm (41.71in)
from the source, determine the intensity, the rms acoustic pressure,
the rms acoustic particle velocity, and the acoustic energy density.
When Bix Beiderbecke, the talented jazz performer of the 1920s,
played a high G on his cornet (concert F pitch), he produced a
note having a frequency of 690.5Hz, and the resulting sound
waves could be treated as spherical waves (for this problem). At a
distance of 60.5mm (2.381in) from his cornet, the rms acoustic par-
ticle velocity was 2.60 mm/s (0.102in/sec). The warm air in his club
was at 32°C (305.2K or 90°F). Determine the rms acoustic pressure
and acoustic intensity at a distance of 60.5 mm from Bix’s cornet
when he played the high G.

An acoustic quadrupole source radiates sound with an acoustic pres-
sure distribution function given by:

H(0) =1(3cos’6— 1)

Determine the expression for the directivity factor and directivity
index for this symmetrical directional source along the axis, 6 = 0.

An acoustic triplet source radiates sound with an acoustic pressure
distribution function given by:

H(0) = (1 + cos )

Determine the expression for the directivity factor and directivity
index for this symmetrical directional source along the axis 6 = 0,
and for 6 = 60°.

A boiler feedwater pump radiates sound as a spherical source. The
acoustic power level for the pump is 103 dB, and the frequency of the
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2-14.

2-15.

2-16.

2-17.

2-18.

sound wave is 63 Hz. The sound travels through air at 36.8°C (310K
or 98.2°F) and 101.3 kPa (14.7 psia). At a distance of 1.50 m (4.92 ft)
from the pump, determine (a) the intensity and intensity level and (b)
the energy density and energy density level for the sound.

A plane sound wave is propagated in the water in a pipe having an
internal diameter of 100 mm (3.937in) and a length of 30 m (9.144 ft).
The properties of the water are density 1000 kg/m® and sonic velocity
1400 m/s. The intensity level for the sound wave is 121 dB. Determine
(a) the sound pressure level, (b) the acoustic particle velocity, and (c)
the total acoustic energy (mJ) contained in the water in the pipe.

A chain saw produces a spherical sound wave having a frequency of
214 Hz in air at 35°C (308.2K or 95°F). At a distance of 600 mm
(23.621in), the sound pressure level is 100dB. Determine (a) the
acoustic power level and (b) the rms acoustic particle velocity and
velocity level at a distance of 600 mm from the saw.

When two pumps are both operating, the sound pressure level at a
distance of 10m from the pumps is 101.8dB. When pump A is
turned off (only pump B operating), the measured sound pressure
level at 10 m from the pumps is 97.0 dB. Determine the sound pres-
sure level when pump B is turned off and only pump A is operating.
The sound waves are radiated through air at 22°C (205.2K or 72°F)
and 101.3kPA (14.7 psia).

The sound pressure level spectrum around a wood chipper unit is
given in Table 2-6. Determine (a) the overall sound pressure level
and (b) the A-weighted sound level for the chipper noise.

A machine produces the sound pressure level spectrum in octave
bands at a distance of 3m (9.84ft), as given in Table 2-7.
Determine the overall sound pressure level and the A-weighted
sound level at 3m from the machine.

TaBLE 2-6 Data for Problem 2-17

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

L,(OB),dB 91 88 99 102 99 98 98 88
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TaBLE 2-7 Data for Problem 2-18

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

L,(OB),dB 102 96 89 83 80 79 79 77
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3

Acoustic Measurements

Noise control programs often require measurements of various acoustic
quantities to determine the effectiveness of the noise control procedure.
There may be other reasons for the need of experimental data. Noise mea-
surements must be made to determine compliance with noise regulations.
Noise measurements may be needed for diagnostic purposes or to locate the
source (or sources) of noise in a piece of machinery. The transmission path
(or paths) for noise in a system may be identified through acoustic measure-
ments.

It is important that the measuring equipment be properly selected to
monitor and measure sound properties. When we have a basic situation in
which we need to assess the severity of environmental noise, we may need to
measure only the overall sound pressure level or the A-weighted level, using
a simple sound level meter. For example, if we wish to determine if the
sound level in a room exceeds 90 dBA, then a portable or hand-held
sound level meter is the appropriate instrument to use.

There are cases where we require a more detailed analysis of the
noise. In these cases, octave band or 1/3 octave band sound level measure-
ments may be made. A sound level meter with octave band or 1/3 octave
band filters is required. An acoustic spectrum analyzer, in which micro-
processors are used to manipulate the input data, may be the instrument
of choice.
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For verification of compliance with noise exposure regulations, dosi-
meters may be used to measure and record cumulative noise exposure.

Data on the sound power generated by machines and equipment may
be needed in the development of quieter mechanical systems, in making
acoustic comparisons of several different machines, and in the generation
of data on production machines and equipment. There is no ‘‘acoustic
wattmeter” available for direct measurement of acoustic power; however,
the techniques for sound power determination from sound pressure mea-
surements will be discussed in this chapter.

3.1 SOUND LEVEL METERS

The basic parts of most sound level meters include a microphone, amplifiers,
weighting networks, and a display indicating decibels. Typical sound level
meters are shown in Figs 3-1 and 3-2. The microphone acts to convert the
input acoustic signal (acoustic pressure) into an electrical signal (usually
voltage). This signal is magnified as it passes through the electronic pream-

Ficure 3-1 Sound level meter. This sound level meter provides manual operation
and storage of results at the end of each run. The output is displayed on a screen on
the meter, or the data can be downloaded to a PC. (By permission of Casella CEL
Instruments Ltd.)
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FiGURE 3-2 Sound level meter. This meter is a handheld modular precision sound
analyzer system. (By permission of Briiel and Kjaer.)

plifier. The amplified signal may then be modified by the weighting network
to obtain the A-, B-, or C-weighted signal. This signal is digitized to drive
the display meter, where the output is indicated in decibels. The display
setting may be ‘“‘fast” response, “‘slow’ response, “‘impact” response, or
“peak” response. Unless one is interested in measuring rapid noise fluctua-
tions, the “slow” response setting is usually used. An output jack may be
provided to record or analyze the signal in an external instrument system.

Sound level meters are rated in the following categories, based on the
accuracy of the meter: (a) type 1, precision; (b) type 2, general-purpose; (c)
type 3, survey; and (d) special-purpose sound level meters. The type 1 or
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type 2 sound level meter is required for OSHA noise surveys, and is specified
in most community noise ordinances.

There are several items of auxiliary equipment that are used with
sound level meters, including a calibrator and a windscreen. Many sound
level meters have output ports for connection to a PC for post-processing of
data.

The calibrator, shown in Fig. 3-3, is a portable, battery-operated
instrument that is used to calibrate the sound level meter. The microphone
on the sound level meter is inserted into one end of the calibrator, and the
calibrator generates a pure tone at a frequency of 1kHz and a known level
(such as 114 dB). The reading of the sound level meter is compared with the
known output of the calibrator, and the sound level meter is adjusted to
match the calibrator.

There are two general types of calibrators for sound level meters: the
loudspeaker type and the pistonphone type. The loudspeaker type contains
a small loudspeaker that produces known sound pressure levels at several
frequencies, such as 125Hz, 250 Hz, 500 Hz, 1000 Hz, and 2000 Hz. The
pistonphone calibrator consists of an air cavity, in which the microphone
is placed at one end and cam-driven pistons are located at the other end. The
oscillation of the pistons changes the volume of the cavity and produces a
known variation of the instantaneous acoustic pressure in the air cavity at
the microphone diaphragm. The pistonphone usually provides calibration at
one frequency, such as 250 Hz, for example.

FiGure 3-3 Acoustic calibrator. (By permission of Casella CEL Instruments Ltd.)
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A windscreen should always be used when making sound level mea-
surements outdoors. The windscreen consists of a spherical piece of open-
cell foam material that can be fitted over the microphone of the sound level
meter, as shown in Fig. 3-4. The windscreen minimizes the effect of wind
turbulence over the microphone. Generally, sound level measurements are
not effective when the wind speed exceeds approximately 12 mph or 19 m/s
(Skode, 1966). For acoustic measurements in ventilation ducts where the
direction of the flow of air is constant, nose cones are usually attached to the
microphone to alleviate the wind noise effect.

A precision sound level meter may include an impulse network or
software package to measure impulsive sounds, or sounds in which the
pressure level rises rapidly for short periods of time. The impulse feature
has an output of maximum rms sound level or the maximum peak level (or
both) for the impulsive sound. The readings may be denoted by dBA(I) or
dBC(I), depending upon the weighting network used with the impulse
feature.

FiGuRE 3-4 Sound level meter with windscreen in place on the microphone. (By
permission of Briiel and Kjaer.)
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3.2 INTENSITY LEVEL METERS

There are some situations where we would like to measure the intensity
directly, instead of measuring the sound pressure level and attempting to
calculate the intensity from this measurement. In addition, the location of a
specific noise source may be determined from the directivity pattern asso-
ciated with intensity level measurements. The intensity level meter is a help-
ful tool for location of sources of noise problems in a machine, such as noise
produced by bearing failure, internal impact problems, etc. A typical sound
intensity meter is shown in Fig. 3-5.

The acoustic intensity is the time-averaged value of the product of the
acoustic pressure and acoustic particle velocity.

I =pu

In the intensity probe, two microphones are placed face-to-face at a known
spacing Ax, as shown in Fig. 3-6. Typically, the spacing is 6 mm for fre-
quencies between 250 Hz and 12 kHz, 12 mm for the 125 Hz to 5kHz range,
and 59 mm for frequencies between 31.5 Hz and 1.25 kHz (Beranek and Vér,

Ficure 3-5 Sound intensity meter. The two opposed microphones may be
observed in the upper part of the figure. (By permission of Briiel and Kjaer.)
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Ficure 3-6 Sound intensity probe schematic.

1992). As we will show in Chapter 4, the particle velocity and the acoustic
pressure are related by:

L—,:_lja_l’dm_ljwdl (3-1)
p ) ox P AXx

where p, and py are the sound pressures indicated by microphone A and B,
respectively. The integration of the acoustic pressure is carried out in an
analyzer in the intensity measuring instrument. The average acoustic pres-
sure is:

P =3(pa +pp)

The time-averaging of the acoustic particle velocity and average acoustic
pressure may be done directly by using integrators and filters.

The accuracy of the intensity level meter in direct measurement of the
intensity is a function of the wavelength of the sound and the spacing of the
two microphones. Suppose the instantaneous acoustic pressure at a specific
time is given by:

p(x) = py, sin(kx) (3-2)

where p,, is the peak amplitude, k is the wave number, and the coordinate x
is measured from the center of the spacer. The exact expression for the
derivative in Eq. (3-1) is:

0
£ — pokcos(kx) = pok  (at x =0) (3-3)
The approximation in Eq. (3-1) is:

P —Pa _ PmlSinGkAX) —sin(=JkAX)]  2py, sin(3kAx)
Ax AXx o AXx

(3-4)

The pressure pg is measured at the position x = —i—%Ax, and the pressure py
is measured at x = —1 Ax.
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The error in the intensity measurement is proportional to the error in
the derivative approximation:

Pk — [2pm sinGkAX)/Ax] 2sin(3kAX)
error = -1

Pmk kAXx (3-5)

As the dimensionless parameter kAx approaches zero, the second term in
Eq. (3-5) approaches 1, and the error approaches zero.

The intensity probe is highly directional, so care must be taken to
orient the probe such that the sound waves are incident along the probe
axis. If the incident sound wave makes an angle 6 with the probe axis, the
indicated intensity I will deviate from the intensity along the axis 7, accord-
ing to the following expression (Beranek and Vér, 1992):

I =1,cos6

One of the advantages of the use of the intensity meter is that steady
background noise does not affect the meter indication. The integration
procedure eliminates steady background noise components, so accuracy
on the order of 1dB may be achieved when the background noise level is
as much as 10 dB higher than the noise to be measured. Another advantage
of the intensity meter is that its directional characteristics may be used to
identify the direction of significant noise sources relative to the instrument.
For example, the intensity level meter is well suited for acoustic trouble-
shooting tasks to locate the specific problem causing excessive noise in a
machine. A disadvantage of the intensity meter is that it is usually more
expensive than a basic sound level meter.

Example 3-1. Determine the error in the intensity meter reading if the
microphone spacing is 6 mm (0.236 in). The frequency of the sound wave
is 12 kHz, and the speed of sound in the air around the microphone is 346 m/
s (1135 fps).

The wave number is:

2nf (2m)(12, 000) _

k=—=—>—"——2=2179

c (346) m
Then,

TkAx = (3)(217.9)(0.006) = 0.6537
The percentage error is found from Eq. (3-5).

sin(0.6537)

06337y = | — 09303 =0.070 or 7% error

error =1 —
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If we wish to limit the error to 5% or less for the conditions in this example,
the microphone spacing would need to be reduced to about 5.1 mm (0.20 in).

3.3 OCTAVE BAND FILTERS

An octave band is defined as a frequency range in which the ratio of the
upper and lower frequency limits for the range is equal to 2. Octave band
filter sets are often included as a feature of sound level meters. If the filters
were ‘“‘perfect,” all energy outside the octave band frequency range would be
attenuated or canceled out. For a “real” filter, the attenuation is not perfect
outside the octave band range, as shown in Fig. 3-7. Typically, the attenua-
tion of the octave band filter is on the order of —25dB at a frequency one
octave below or one octave above the center frequency of the octave band.

For a more detailed analysis of the frequency distribution of the
acoustic energy, 1/3 octave band filters may be used. The center frequencies
of the standad 1/3 octave bands are shown in Table 3-1. The ratio of the
upper and lower frequency for a 1/3 octave band is 2'/° = 1.260. The lower
frequency f; in the 1/3 octave band is related to the center frequency f, by
£y =276 £ =0.8909f,. the upper frequency f, in the 1/3 octave band is
related to the center frequency by f> = 2"/6 £, = 1.1225f,.

Octave band (1/1) or 1/3 octave band filters are often used in basic
acoustic engineering design and analysis work. By observing the frequency
band in which the maximum sound pressure level occurs, the system char-
acteristics that relate to the noise generation may be identified.

-io b - OC TAVE -+

-20

-25 '

1
zfo f, 1o f, 2f,

Ficure 3-7 Typical frequency characteristics of an acoustic octave band filter.
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TaBLE 3-1 Standard 1/3 Octave Band Center Frequencies

Band Center Band Center Band Center
No. frequency, Hz No. frequency, Hz No. frequency, Hz

12 16 23 200 34 2,500
13 20 24 250 35 3,150
14 25 25 315 36 4,000
15 31.5 26 400 37 5,000
16 40 27 500 38 6,300
17 50 28 630 39 8,000
18 63 29 800 40 10,000
19 80 30 1,000 41 12,500
20 100 31 1,250 42 16,000
21 125 32 1,600 43 20,000
22 160 33 2,000

3.4 ACOUSTIC ANALYZERS

For general acoustic measurements, the measurement of the sound levels on
the A- and C-scales, along with octave band or 1/3 octave band data, is
usually sufficient. For detailed analysis and diagnosis, however, more infor-
mation may be required. In addition, other acoustic parameters or data
averaging may be needed. In these cases, acoustic analyzers are often used.

Most of the commercial sound level meters are digital, microproces-
sor-controlled units. Various levels of acoustic analysis may be provided as
features of the sound level meter. In addition, many sound level meters have
the capability of transferring the data to a personal computer (PC) for post-
processing using special-purpose software.

3.5 DOSIMETER

The dosimeter or noise-exposure meter is an instrument developed for mea-
surement of the accumulated noise exposure of workers in an industrial
environment. The dosimeter, shown in Fig. 3-8, is an integrating sound
level meter system that can be carried by workers during their normal course
of work. Some units have separate storage registers to allow the unit to be
used to monitor several workers before downloading the data.

The output of a typical dosimeter includes the total noise exposure, in
units of dBA, the percent of allowable noise dosage, and the peak (max-
imum) noise exposure level. In addition, such information as date, time, and
duration of the data acquisition period may be included in the output. At
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FiGURE 3-8 Personal noise dosimeter. Data can be stored in several locations to
allow the monitoring of multiple inputs. (By permission of Casella CEL Instruments
Ltd.)

the end of the day, the data may be downloaded for permanent storage on a
disk and for export to spreadsheet software for graphing and reporting
purposes.

3.6 MEASUREMENT OF SOUND POWER

The sound pressure in the vicinity of a noise source is generally dependent
on the surroundings. The sound pressure level will be different for the same
noise source, for example, if the source is located indoors or if it is located
outdoors. The sound pressure will be different if the source is placed in a
room with acoustically reflective surfaces or if the room surfaces are highly
absorbent for sound. In contrast, the sound power is generally independent
of the surroundings. For this reason, information about the sound power
spectrum for a noise source is important to the designer interested in noise
control.

There is no ‘“‘acoustic wattmeter’ available for direct measurement of
sound power, however. The sound power must be inferred (or calculated)
from measurements of sound pressure or sound intensity and other appro-
priate quantities, such as surface area, reverberation time, etc.
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There are three broad classes of environment used in connection with
sound power determination: (a) reverberant field, (b) direct or anechoic
field, or (c) the actual environment to which the noise source is exposed
(in-situ survey). The national and international standards for sound power
measurement in a reverberant room include ANSI S1.31, ANSI S1.32, and
ANSI S1.33 (Acoustical Society of America, 1986a,b,c) and ISO 3741, ISO
3742, ISO 3743 (International Organization for Standardization, 1986a,b,c).
The corresponding standards for an anechoic room include ANSI S1.35
(Acoustical Society of America, 1979a) and ISO 3745 (International
Organization for Standardization, 1986d). The survey method is covered
by ANSI S1.36 (Acoustical Society of America, 1976b) and ISO 3746
(International Organization for Standardization, 1986¢).

A reverberant room is a room in which the acoustic energy from sound
reflected from the room surfaces (reverberant field) is much larger than the
energy transmitted directly from the noise source to a receiver (direct field),
as discussed in Sec. 7.2. All surfaces in a reverberant room are highly reflec-
tive or have a very low surface absorption coefficient. A reverberant room
may be used to determine sound power by either comparison with a cali-
brated noise source or by direct measurement of sound pressure.

An anechoic room is a room in which practically all of the acoustic
energy striking the surfaces of the room is absorbed. Because the energy
reflected from the room surfaces is negligible in an anechoic room, the
energy transmitted directly from the source to the receiver is predominant.
Measurements in an anechoic room may be used to determine the direc-
tional characteristics (directivity factor or directivity index) of the noise
source. One modification of the anechoic room is the semi-anechoic room,
in which the floor surface is highly reflective, but the other surfaces in the
room are highly absorptive. An alternative arrangement is to make measure-
ments outdoors on a reflective surface, such as a parking lot.

In situations where the noise source cannot be moved into a reverber-
ant or anechoic room, the sound power may be determined from measure-
ments taken in situ, with appropriate adjustments made for surrounding
surfaces and environment background noise.

3.6.1 Sound Power Measurement in a
Reverberant Room

The determination of the sound power in a reverberant room requires that
the diffuse or reverberant sound field in the room is much larger than the
direct sound field. This requirement results in a practically uniform value of
the acoustic energy density and the acoustic pressure in the room.
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The volume of the reverberant room should be such that the wave-
length of the sound waves is much smaller than the dimensions of the room.
The minimum volume for the room should meet the following condition:

V> (30 = 9(c/f)’ (3-6)

The quantity ¢ is the speed of sound in the air in the room, and f is the
octave band (or 1/3-octave band) center frequency for the lowest-frequency
band considered in the measurements. For air at 300K
(¢c=347.2m/s = 11391fps) and a frequency of 125Hz, the corresponding
wavelength is as follows:

A =(347.2/125=2.78m (9.11f1)

The minimum reverberant room volume for this condition may be found
from Eq. (3-6).

V> (9)2.78)° = 193m’® (6810 ft°)

If the room dimensions (height, width, and length) are in the commonly
used ratio 1 : 1.5 : 2.5, the room dimensions must be at least 3.72m (12.2 ft)
high, 5.58 m (18.3 ft) wide, and 9.30 m (30.5 ft) long. Room dimension ratios
of 1:2'3:43 or 1:1.260 : 1.587 have also been used (Broch, 1971). The
volume of the equipment being tested should not exceed 0.01 V, where V is
the volume of the room.

The room surfaces in a reverberant room should have surface absorp-
tion coefficients (Sabine absorption coefficient) that are less than about 0.06.
The surface absorption coefficient is discussed in Sec. 7.1.

The sound field in the region near the walls of the room will not be
quite uniform or diffuse, so it is good practice to locate the microphones
such that none are nearer than the smaller value of %)L or 1 m (391in) from the
walls. For case of a wavelength of 2.78 m given in the previous example
(%)» = 1.36 m), the microphone should be located at least 1 m from the walls.
If an array of microphones is used, at least three microphones should be
included in the array. If a single microphone is used, measurements should
be taken at three or more positions around the noise source. The positions
should be spaced at a distance that is the larger of 3(% A) or 3m, where A is
the wavelength of the lowest-frequency sound to be measured.

The noise source should not be placed at the center of the room,
because many of the resonant modes of the room would not be excited by
the noise source in this position. The noise source is usually placed near the
room wall at a distance not less than the major dimension of the source.
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3.6.1.1 Comparison Method

The sound power may be measured by comparison of the measured sound
pressure level in a reverberant room with the sound pressure level of a
reference (calibrated) sound source at the same location. A reference
sound power source was originally designed by a committee of the
American Society of Heating, Refrigeration, and Air Conditioning
Engineers (ASHRAE) in the 1960s (Baade, 1969). Reference sound power
sources are commercially available with calibration accuracies of +0.5dB
for frequencies between 200 and 4000 Hz and +1.0dB between 100 and
160 Hz and between 5 and 10 kHz.

Several microphones arranged in an array in the room or a single
movable microphone may be used to measure the sound pressure level in
the reverberant field. To ensure that the microphones are in the diffuse field,
the distance between the microphones and the surface of the noise source d,,
should meet the following condition (Beranek and Vér, 1992, p. 92):

20 10g10(1'25dm) =z LW,cal - Lp,cal (3'7)

The quantity Ly ., is the sound power level of the reference source, and
L, ca1 is the measured sound pressure level produced by the calibrated sound
power source.

The experimental procedure for determining the sound power level for
a noise source, using the comparison method in a reverberant room, is as
follows. First, the energy-averaged sound pressure level in each frequency
band L, is measured with the test source in operation. Secondly, the test
source is removed and the reference sound source is placed in the same
location, and energy-averaged sound pressure level in each frequency
band L, is measured with the calibrated reference source in operation.
Thirdly and finally, the sound power level of the test source Ly is calculated
from the measured data:

Ly = Lp + (LW,cal - Lp,cal) (3'8)

The values of the sound power level for the calibrated reference source
Ly ca1 are supplied by the manufacturer of the calibrated source.

If the reverberant field is much larger than the direct sould field, Eq.
(7-17), which relates the sound power level and sound pressure level, may be
written in the following form:

L, = Ly + 10log,o(4/R) + 0.1 (3-9)

The quantity R is the room constant, defined by Eq. (7-13). The value of the
room constant remains constant when the test source is replaced by the
calibrated source:
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Ly cat = Ly ca1 + 1010g;o(4/R) + 0.1 (3-10)

If we subtract Eq. (3-10) from Eq. (3-9), we obtain the expression given by
Eq. (3-8).

3.6.1.2 Direct Method

If the room constant were known, Eq. (3-9) could be used to determine the
sound power level directly from sound pressure level measurements. If the
acoustic energy density associated with the reverberant sound field is much
larger than that associated with the direct sound field, Eq. (7-14) may be
written as follows:

aw_p

-7 -11
4 poc (-11)

If the room is highly reverberant, or if the average surface absorption coef-
ficient a is small, the room constant from Eq. (7-13) may be written as
follows:

%S,
R= 1“_"07 ~ &S, (3-12)

The quantity S, is the total surface area of the room.

The reverberation time 7, may be used to determine the average sur-
face absorption coefficient for the room surfaces. The reverberation time,
adjusted for standing wave effects, is given by Eq. (7-34):

55.26V Y
T, = (1 +2—d) (3-13)

ca

The quantity V' is the volume of the room, ¢ is the speed of sound in the air
in the room, and « is the number of absorption units, given by Eq. (7-30).
The quantity A = ¢/f is the wavelength of the sound at the band center
frequency, and d =4V'/S, is the mean free path for the sound waves in
the room. For small values of the surface absorption coefficient, the number
of absorption units may be approximated by the following, according to Eq.
(7-30),

1
a=S, m( ) ~ s, (3-14)
1l—a

By comparing Eqs (3-12) and (3-14), we observe that the room constant and
the number of absorption units are approximately equal.

R~a=aS, (3-15)
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If we make the substitutions from Eq. (3-15) into Eq. (3-13) for the
reverberation time, the following result is obtained:

55.26V S,c
R=""_11 o 3-16
T, <+8Vf> (3-10)

If we make the substitution for the room constant from Eq. (3-16) into Eq.
(3-11), the following result is obtained for the acoustic power:

55.26V <1 N Soc) P?

W=7
4T, 8Vf) poc?

(3-17)

We may convert Eq. (3-17) to “level” form as follows. First, introdu-
cing the reference quantities, we have the following:

W _ 0PtV Vie) (1, So€) 13816(peer) Vet
Wref (T r/ Tref ) 8 Vf Tref Wref Po c?

(3-17a)

where Vs = 1m® and T, = 1 sec. If we take log base 10 of both sides of
Eq. (3-17a) and multiply both sides by 10, we obtain the final result needed
to determine the sound power level of a noise source from sound pressure
level measurements in a reverberant room:

Soc
Ly = LP + 1010go(V/Vier) — 1010g,o(T/ Trer) + 1010g10(1 + 8;f>

13.816( prer)V,
+ 1010g10 (Pref) 2ref
refWref:OcC

(3-18)

For an ideal gas, the last term in Eq. (3-18) may be written in the
following form:

P
poc® = 2 (YRT) = yPo = Y Poret(Po/ Po ) (3-19)

The quantity P, is atmospheric pressure, y is the specific heat ratio
(y = 1.40for air), and P, . = 101.325kPa (14.696 psia). If we substitute
the numerical values for the reference quantities, we obtain:

13.816( prer) Vier (13.816)(20 x 107)*(1) 0.03896

Tref VVrefpoC2 B (1)(10_12)(140)(101325 X 103)(P0/P0,ref) B (Po/Po,ref)

13.816 2y, 0.03896
1010g10 (pref) 2ref — 10]0g10|: ]
Tref Wrefpoc (Po/Po,ref)

= _IOIOgIO(PO/Po,ref) —14.1
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With these substitutions, Eq. (3-18) may be written in the following form:

AW
Ly = L, +101log o(V/Vrer) — 1010g,o(T;/ Trer) + 1010g10<1 + ﬁ)
- 1OIOgIO(Po/Po.ref) —14.1
(3-20)

To ensure that the diffuse or reverberant sound field predominates at
the microphone location, the distance between the microphones and the
surface of the noise source d, should meet the following condition
(Beranek and Vér, 1992, p. 93):

L2
221
() o

Example 3-2. A reverberant room has dimensions of 6 m (19.69 ft) by 10 m
(32.81ft) by 4m (13.12 ft) high. The measured reverberation time for the
room is 3.50 seconds. The air in the room is at 300K (27°C or 80°F) and
101.3 kPa (14.7 psia), at which condition the speed of sound is 347.2m/s
(1139 fps). The measured sound pressure level in the 500 Hz octave band due
to the noise from pump in the room is 65dB. Determine the sound power
level for the pump in the 500 Hz octave band.
The surface area of the room is as follows:

Sy = (2)(10 + 6)(4) 4+ (2)(10)(6) = 128 + 120 = 248 m*> (2669 ft)
The volume of the room is:
v = (10)(6)(4) = 240m> (8476 ft%)

The value of the following quantity for a frequency of 500 Hz may be
calculated:

Sec  (248)(347.2)

8Vf W =0.0897

The sound power level may now be found from Eq. (3-20):

Ly = 65+ 101og,(240) — 101og,,(3.50) + 10log,,(1 + 0.0897)
—0—14.1
Ly = 65+23.80 — 5.44 +0.37 — 14.1 = 69.6dB

The minimum distance of the microphone from the surface of the
pump is given by Eq. (3-21):
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(240)

1/2
(3472)(350)} =1333m (4.37ft)

A = (3)[

3.6.2 Sound Power Measurement in an Anechoic
or Semi-Anechoic Room

The acoustic power generated by a noise source may also be measured in an
environment such that the direct acoustic field is much larger than the
reverberant field. This situation may be achieved in an anechoic or semi-
anechoic room or outdoors away from any reflecting surfaces, such as build-
ings, walls, etc. The directivity characteristics of the noise source may be
measured in an anechoic room, as discussed in Sec. 3.6.4.

In an anechoic chamber, the room surfaces are treated with acoustic
material such that the surface absorption is practically 100%. The floor of a
semi-anechoic room is highly reflective, but the walls are highly absorptive,
as in the case of an anechoic chamber.

An array of microphones or a single microphone moved to various
positions may be used for making the measurements. The microphone mea-
surement positions may be located at the same distance ¢ from the center of
the noise source on a spherical or hemispherical surface. The radius a of the
sphere or hemisphere should be at least twice the largest dimension of the
source or four times the height of the source, whichever is larger. The
microphone measurement position should be farther than a distance d,,, =
%)L from any room surfaces, where X is the wavelength corresponding to the
lowest octave band center frequency considered in the measurements.

If the direct acoustic field is the only contributor to the acoustic pres-
sure, the sound power W, radiated from the noise source through an area S;
is related to the acoustic intensity /; and measured acoustic pressure p; as
follows:

S.p?
W, =15, = [f—pé (3-22)
(¢}

The total sound power radiated from the noise source is the sum of the
power radiated through the entire surface around the source:

W = Z W, (3-23)
J

The determination of the sound power may be made somewhat more
convenient by dividing the total surface area of the sphere or hemisphere
into N equal surface areas.
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S; = 2ra* /N (for a hemisphere) (3-24)
S = 4ra® /Ny (for a sphere) (3-25)

The surface area of the surface bounded by angles 6, and 6,, for
example, is illustrated in Fig. 3-9. The area is given by:

0,
S, = J (2rrasin O)(a dd) = 2wa*(cos6; — cos b;) (3-26)
0,

Let us consider the case for a hemispherical area or radius a, and use N, =
10 equal areas. The top “cap” will be one area (S;), and each of the next
“rings” will each be divided into three areas. The surface area of the “cap”,
with 6, = 0°, is as follows:

Sy = 27a*(1 — cos6,) = (1/10)(2na?) (3-27)
If we solve for the angle 6;, we obtain the following:

cosf; =1—10.100 = 0.900 and 0; = 25.84° = 0.4510rad
Using Eq. (3-26), we may obtain the following values for the other angles:

cosf, = cosH; — 0.300 = 0.600 and 6, = 53.13° = 0.9273 rad

cosf; = cosf, — 0.300 = 0.300 and 6; = 72.54° = 1.2661 rad

cosfy =cosf; —0.300 =0.000  and 6, =90.00° =1mrad

The microphone should be placed at the geometrical centroid of the
surface area segment, as shown in Fig. 3-9. The centroid for the “cap” is
directly at the top of the hemisphere (9, = 0°). The angle locating the cen-
troid of the ““band” areas may be found from the following expression:

¥4 l
z LY

FiGURE 3-9 Coordinates for determining the microphone locations on a measuring
surface of radius a. The small circles denote the points at the centroid of the area
segments.
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_ 0>
(cosB; —cosb,) 0, = J fsinHdo (3-28)
0
- (sin#, —sinf;) — (6, cos b, — 6, cos b))

6, = 3-29
2 cosf; —cosb, ( )

If we substitute the numerical values for a 10-microphone system, the fol-
lowing value is obtained for the centroid of the first ““band’ area:
sin(53.13°) — sin(25.84°) — [(0.9273) cos(53.13°)
G — —(0.4510) cos(25.84°)]
2 (0.900 — 0.600)
6, = 0.7121 rad = 40.80°

We may repeat the calculations for the other ““band’ areas to obtain
the following result:

6, = 1.1016 rad = 63.12°
0, = 1.4196 rad = 81.34°

The vertical distance from the equator (floor for a hemisphere) y; and
the horizontal distance from the vertical axis x; for the microphone loca-
tions may be found, as follows:

yy/a = cosf =0.757 and X,/a = sin6, = 0.653
yy/a=cosf; =0.452 and  x3/a =sinf; = 0.892
ya/a=cosfy =0.151 and  x4/a =sinf, = 0.989

The specific locations for 10 microphones, according to ISO 3744, are shown
in Fig. 3-10.

For the case in which the measuring surface subdivisions are equal in
area, the total sound power may be found from Eqs (3-22) and (3-23), using
the sound pressure measurements:

S, Ep;

3-3
PoCNs (3-30)

W = XIS, =

The quantity S, is the total surface area (S, = 27a* for a hemisphere; S, =
47a® for a sphere). For a spherical surface, 20 measurements could be used,
for example. The 10 microphone locations below the equator would be at
the same distance below the equator as those above the equator for the
hemispherical surface with 10 microphone locations.

Example 3-3. The sound pressure level measurements given in Table 3-2
were obtained in a semi-anechoic room around a motor. The overall dimen-
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Ficure 3-10 Microphone locations for a hemispherical measurement surface,
using 10 measurement points (open circles). The closed circles denote locations for
an additional 10 microphones for improved accuracy, particularly for sources having
nonsymmetrical sound radiation characteristics.

TaBLE 3-2 Data for Example 3-3

Point  Elevation, y, m  Angle, 6 Ly, dB

1 1.250 0.0° 86.0
2 0.9375 41.4° 81.5
3 0.9375 41.4° 82.4
4 0.9375 41.4° 81.3
5 0.5625 63.3° 70.9
6 0.5625 63.3° 72.9
7 0.5625 63.3° 68.0
8 0.1875 81.4° 79.3
9 0.1875 81.4° 78.5
10 0.1875 81.4° 80.1
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sions of the motor are 500 mm (19.69 in) long by 300 mm (11.81 in) wide and
300mm (11.811in) high. The microphones were located at a distance of
1.250m (49.211in) from the center of the motor. The air in the room was
at 24°C (297.2K or 75.2°F) and 101.6 kPa (14.74 psia), for which the proper-
ties are sonic velocity ¢ = 345.6m/s (1134fps); density p, = 1.191 kg/m’
(0.07441b,,/ft*), and p,c = 411.6rayl. Determine the overall sound power
level for the motor.

The surface area for the measurement hemisphere may be calculated:

S, = (27)(1.250)> = 9.817m?* (105.7ft?)

The sum of the squares of the acoustic pressure may be calculated in several
different ways. Let us use the following technique:

=p;

(pref)
p; = (20 x 107°)%(1.14439 x 10°) = 0.45776 Pa’

= ¥105/1% = 1.14439 x 10°

2

The acoustic power for the motor may be calculated from Eq. (3-30):

_ (9.817)(0.45776)
T (411.6)(10)

The sound power level for the motor is as follows:

Ly = 101og,,(1.092 x 1073/107'%) = 90.4 dB

=1.092 x 107° W = 1.092mW

3.6.3 Sound Power Survey Measurement

There are some situations in which the noise source cannot be moved into a
reverberant room or into an anechoic room. If the noise source is not
located outdoors away from reflective surfaces, both the direct and diffuse
or reverberant acoustic fields will influence the relationship between sound
power and sound pressure. In this case, the microphone array location on a
rectangular parallelepiped shown in Fig. 3-11 may be used to estimate the
sound power from sound pressure measurements. The measured sound
pressure levels must be “corrected” for the presence of any background
noise, as discussed in Sec. 3.7.

The sound power level may be determined by the comparison method
using a calibrated sound power source, as discussed in Sec. 3.6.1.1. Equation
(3-8) may be used to calculate the sound power level Ly for the source from
measurements of the sound pressure level L, with the sound source in
operation, the sound pressure level L, ., with the calibrated sound power
source in operation alone, and the sound power level Ly ., given by the
manufacturer of the calibrated source.
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Ficure 3-11 Microphone locations for rectangular measuring surfaces, using 9
microphone locations. Point 1 is at the center of the top surface, points 2 through
5 are at the corners of the top surface, and points 6 through 9 are at the centers of the
vertical surfaces.

The sound power may also be calculated from measurements of the
reverberation time for the space in which the noise source is located. If we
include the acoustic energy directly transmitted through the measurement
area S, Eq. (7-14) may be written in the following form:

4 1 W (4Sy Doy
Wl—+—)=— (=24 1) = 3-31
(R " Sm) A ( R - ) PoC ( )
The quantity p,, is the energy-averaged sound pressure from the measure-
ments:
sz
2 )i
= 3-32
Pav = (3-32)

The room constant R may be taken from Eq. (3-16), with the second term in
parenthesis neglected, since the magnitude of this term is usually smaller
than the uncertainty in the sound power determination:

(3-33)

2 —1
: T,
W = Smpdv 1 T Sm
0oC 13.816V
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We may convert Eq. (3-33) to “level” form by introducing the reference
quantities, then taking log base 10 of both sides and multiplying through by
10:

PoC Wit
Ly = Lp,av + 1010g¢(Sim/Srer) — K; — 1010g]0|: 02 = :| (3-34)
ref O ref
The reference area is S, = 1m?, and the quantity K, is defined by the
following expression:

(3-35)

7.5,

13.816V

For air at 25°C (298.2K or 77°F) and 101.325kPa (14.696 psia), the char-
acteristic impedance p,c = 409.8 rayl. Using this value, we may determine
the numerical value of the last term in Eq. (3-34):

- 409.8)(10™ "
101og10["(;‘—wref] — 10log,, % —0.1dB (3-36)
PrefSref (20 x 107%)*(1)

The sound power level expression may be written as follows, using the value
of 0.1dB for the last term in Eq. (3-34):

LW = Lp,av + IOIOgIO(Sm/Sref) - Kr —0.1 (3'37)

There may be some situations in which the noise source cannot be
stopped or “‘turned off” in order that reverberation time measurements
can be made. In these cases, the sound power may be determined, with
some loss in accuracy, by first estimating the room constant. Using informa-
tion about the room surfaces and the techniques discussed in Chapter 7, the
room constant may be estimated from Eq. (7-13):

R= 350
1l—a

(3-38)

The quantity « is the average surface absorption coefficient for the room
surfaces, and S, is the total surface area of the room in which the noise
source is located. The factor K, in Eq. (3-34) is given by the following
expression, using the estimate for the average surface absorption coefficient:

41 — o) S,
K. =10 1og10[1 + (7“)‘“] (3-39)
(XSO
The rectangular parallelepiped measuring surface and the key measur-
ing points for the survey method of determining the sound power are illu-
strated in Fig. 3-11 (ISO, 1986¢). The reference surface, with dimensions

£y, £5, and height ¢5, is the smallest parallelepiped that can enclose the noise
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source. The measuring surface, on which the microphone measurement
points are located, has dimensions of (¢; 4+ 2d), (¢, +2d), and height
(€3 + d). The dimension d is somewhat flexible; however, a distance of
d =1m (39.4in) is often used for cases in which the largest dimension
Loax Of the reference surface is 250 mm (9.81in) or larger. For cases in
which the largest dimension of the reference surface is less than 250 mm,
the dimension d may be taken as any distance from (4€,,,,) to 1 m, but not
smaller than 250 mm. For example, if the largest dimension of the reference
surface is 150 mm (5.911n), the dimension d could be chosen as any value
from 0.60 m (23.61n) to 1.00 m (39.41in). However, if the largest dimension of
the reference surface is 50 mm (1.97in), the dimension d would be chosen as
250 mm (9.8 in) and not (4)(50) = 200 mm, for example.

There are nine key microphone locations, including locations at the
height 7 = %(63 + d) in the middle of the four vertical faces, at the center of
the top surface, and at each of the four corners of the top surface. Eight
additional microphone locations, including locations at the center of each of
the four edges of the top surface, and locations at the center of each of the
four vertical edges, may be used for additional accuracy.

Example 3-4. A small air compressor has envelope dimensions of 600 mm
(23.61n) wide by 800 mm (31.51in) long by 600 mm (23.6in) high. The com-
pressor is located in a room having dimensions of 15m (49.21 ft) by 18 m
(59.06 ft) by 3.75m (12.30 ft) high. The estimated average surface absorption
coefficient for the room is & = 0.15. The measurement surface is selected
with a spacing d of 1.00m (3.28 ft or 39.41in) from the compressor envelope
surfaces, such that the dimensions of the measurement surface are 2.60 m
(8.53ft) by 2.80m (9.19ft) by 1.60m (5.25ft) high. The measured sound
pressure level values are given in Table 3-3 for the 500 Hz octave band.
Determine the sound power level of the compressor for the 500 Hz octave
band.

The energy-averaged sound pressure level may be determined from the
nine data points and Eq. (3-32):

(Pav/Pret)” = (1042 4 10412 .. 410781 /(9) = 1.0972 x 10*
Pay = (20 x 107°)(1.0972 x 10%)"/? = 0.2095 Pa
Ly = 1010g,o(1.0972 x 10%) = 80.4dB

The measurement surface area is as follows:

S = (2)(2.60 4 2.80)(1.60) + (2.60)(2.80)
S, = 17284728 =24.56m> (264.4ft%)
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TaBLE 3-3 Data for Example 3-4.
The measurement locations are
illustrated in Fig. 3-11

Point Location L,, dB
1 Top, center 82.0
2 Top corner, front 81.2
3 Top corner, front 82.6
4 Top corner, back 79.6
5 Top corner, back 80.1
6 Vertical side, center 76.7
7 Vertical side, center 79.8
8 Vertical side, center 80.6
9 Vertical side, center 78.1

The surface area of the room may be determined. We may either neglect the
effect of the area covered by the compressor (less than 1% of the room
surface area) or we may include the surface acoustic absorption of the
compressor and exclude the floor area covered by the compressor. Let us
use the first approach, since the floor area covered by the compressor is
small:

Sy = (2)(15 + 18)(3.75) + (2)(15)(18)
S, = 247.5+ 540.0 = 787.5m> (8477 ft?)
The factor K, may be calculated from Eq. (3-39) for this problem:

(@)(1 — 0.15)(24.56)
(0.15)(787.5)

K, = 1010g10[1 + } = 101og,o(1 + 0.7069)

=2.32dB

The sound power level for the 500 Hz octave band may be determined
from Eq. (3.37):

Ly = 80.4 + 101og,,(24.56) — 2.32 — 0.1
Ly = 80.4 + 13.90 — 2.33 = 92.0dB

3.6.4 Measurement of the Directivity Factor

The directivity factor Q or the directivity index DI, defined by Eqs (2-27)
and (2-28), may be determined from measurements of the sound power in an
anechoic or semi-anechoic room. The directivity may also be measured out-
doors far away from reflecting surfaces. If the measurement is made out-
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doors, the microphone should be located at a distance such that the sound
pressure level decreases by 6dB for each doubling of the distance from
source. Generally, the number of measurement points required for effective
determination of the directivity is larger than that needed for sound power
determination. The measurement “mesh” should be made finer in the
regions where the sound pressure varies rapidly with position.

The directivity factor Q is defined mathematically by Eq. (2-27). The
directivity factor is the ratio of the sound intensity in a specified direction to
the sound intensity for a spherical source having the same overall sound
power:

1 4’ I

- (3-40)

C= Wi~ W

The quantity r is the radial distance from the center of the source to the
point at which the intensity / is determined. The directivity index is the
directional characteristics expressed in “level” form, and is defined by Eq.
(2-28):

DI = 101log,,(Q) (3-41)

The acoustic power for the source must be measured first before the
directivity factor can be determined. Using measurements of the acoustic
pressure in an anechoic or semi-anechoic room on a spherical or hemisphe-
rical surface of radius a, the directivity factor may be calculated from Eq. (3-
40), using Eqs (3-22) and (3-23) for the sound power:

47razp/2 . dnd’ pf

_ _ (3-42)
PoCTS;l;  TS;p}

If the total surface area is divided into N, equal areas, Eq. (3-42) may be
simplified by making the substitutions from Eq. (3-24) or (3-25):

ONp?  2p?
0= 7512)] = ]27] (sound source on a reflective surface) (3-43)
Ep Dav
N.p? 2
0= S—pé = p—; (sound source suspended freely) (3-44)
Xp;  Pav

The quantity p,, is the energy-averaged sound pressure obtained from the
sound power measurements:

Ep2
Pav =7 (3-45)

N
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The directivity index may be found from Eq. (3-43) or (3-44) by intro-
ducing the reference sound pressure (p..; = 20 uPa), taking log base 10 of
both sides of the equations, and multiplying through by 10:

DI=L, —L;,, +3dB (sound source on a reflective surface)
(3-46)
DI = Ly — Ly ay (sound source suspended freely) (3-47)

Example 3-5. Determine the directivity factor and directivity index for the
sound source given in Example 3-3 for an angle of & = 0° with the vertical
and for 6 = 41.4°.

The square of the energy-averaged sound pressure is:

Payv = (Ep})/N, = (0.45776)/(10) = 0.045776 Pa’

The measured acoustic pressure at § = 0° may be found from the data in
Table 3-2.

p1 = (20 x 107)(10%/2%) = 0.3991 Pa

The measurements were taken in a semi-anechoic room, so Eq. (3-43)
may be used to evaluate the directivity factor:

_(2)(0.3991)°

= =6.96 for 6 = 0°
(0.045776) o
The directivity index is found from Eq. (3-41):

DI = 101log;((6.96) = 8.43dB for 6 =0°

We may use an alternative method to determine the directivity index. The
average sound pressure level is as follows:

Ly.av = 1010g,0[(0.045776)/(20 x 107°)*] = 80.6 dB

The directivity index may be calculated from Eq. (3-46) for measurements
taken in a semi-anechoic room:

DI =86.0 —80.6 +3 =8.4dB

From the data given in Table 3-2, we observe that the sound pressure
level at 41.4° does not vary more than about 1 dB with the angle ¢. Let us
treat the source as an approximately symmetrical source. The average
acoustic pressure level is found by averaging the data from points 2, 3,
and 4:
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Lyp.av = 1010g;o[(1/3)(10%" 4+ 10 + 10%)] = 81.8 dB
Pray = (20 x 107)(10%%/2°) = 0.2461 Pa
We may use Eq. (3-43) to evaluate the directivity factor for 6 = 41.4°;

_(2)(0.2461)°

_ —265 for6=414°
(0.045776) o

o

The directivity index for 6 = 41.4° is as follows:
DIy = 101log;((2.65) = 4.23dB for 6 = 41.4°

The directivity index could also be determined from Eq. (3-46):
Ly 0y = 2010g(0.2461/20 x 107%) = 81.8dB
DI, =81.8 —80.6+3 =4.2dB

3.7 NOISE MEASUREMENT PROCEDURES

As in any data-taking situation, the engineer should carefully define the
purpose of the experimental study before taking data (Figliola and
Beasley, 1991). The reason for making the measurements (hearing damage
considerations, community reaction to noise, reduction of machinery noise,
etc.) will determine, to a large extent, the type of instrumentation required.

It is good practice to make in initial visual and aural survey of the
environment to be studied. This preliminary survey should answer such
questions as (Beranek, 1971):

(a) What are the suspected or obvious sources of noise?

(b) What are the operating characteristics of the noise source?
(c) What is the physical size of the noise source?

(d) Does the source operate continuously or intermittently?

() What are the directional characteristics of the noise source?
(f) Are there any special environmental considerations?

The more familiar the engineer becomes with the problem prior to making
measurements, the more likely he will arrive at an optimum choice of mea-
suring instruments and obtain worthwhile data to help solve the noise pro-
blem.

After the preliminary survey has been completed, a specific strategy or
plan for the experimental program should be developed. This plan should
ensure that the acquired data meets the objectives for the test: a well-devel-
oped plan for the experimental program eliminates many “‘surprises” and
errors of omission.
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During the planning stage, consideration of the accuracy level required
by the instrumentation and data acquisition procedure to meet the experi-
mental objective should be made. An uncertainty analysis should be used to
select an effective measurement method and instrumentation.

Portable battery-operated instruments are generally used for field mea-
surements: Before commencing, it is important to check the batteries in all
instruments. Sound level meters usually have a “battery check™ function
key. Spare batteries should be included with the instruments, and the bat-
teries should be checked again when the instrumentation is set up in the
field.

The sound level meter should be calibrated prior to taking measure-
ments and the calibration checked again after taking all measurements. The
“electrical noise floor” of the instrumentation should be checked to deter-
mine the lower limit on the levels of signals that can be measured accurately.
This check may be accomplished by replacing the microphone with an
equivalent electrical impedance or by reference to the specifications pro-
vided by the instrument manufacturer.

When the initial equipment check has been completed, several envir-
onmental factors should be considered. Barometric pressure and ambient
temperature should be recorded, because some instruments are sensitive to
ambient pressure and/or ambient temperature. Some calculations require
knowledge of ambient air density, which can be determined from pressure
and temperature readings. It is good practice to measure the ambient air
humidity, because some microphones, such as condenser microphones, are
sensitive to moisture in the ambient air. If the measurements are to be taken
outdoors, a windscreen should be used on the microphone.

All microphones exhibit directivity effects at high frequencies, and the
microphone should be positioned with these effects in mind. For example, if
the response of the microphone is “flat” (very little change in gain as fre-
quency of the noise input is changed) at 0° sound incidence, then the micro-
phone should be positioned such that the microphone diaphragm faces the
sound source. On the other hand, if the unit has “flat” response at 90° sound
incidence, the microphone should be oriented with the microphone axis
perpendicular to the source direction.

The sound level meter should be positioned such that the meter and
the operator have a negligible effect on the sound field being measured.
Obviously, the operator should not stand between the noise source and
the microphone. As a rule of thumb, the meter should be placed at least
500 mm (20 in) from the operator’s body or a tripod support should be used
to minimize reflections from the operator.

When making measurements outdoors, the microphone should be
located 1.20—1.50m (48-60in) above the ground and at least 3.50m
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(12 ft) from any reflecting surfaces, if possible. Indoor sound measurements
should be taken with the microphone located 1.20—1.50 m above the floor, at
least 1.00m (401in) from walls, and 1.50 m (60in) from any windows. To
overcome the effect of standing waves in indoor measurements, one should
average at least three readings made at positions about 500 mm (20 in) apart.

If at all possible, the background noise level in octave bands should be
measured with the source of noise turned off. If the background noise level
is 10dB or more below the noise level produced by the source, the error due
to neglecting background noise is less than 0.5dB. If the background noise
level is 20dB or more below the source noise level, the error is less than
0.1dB and background noise will have negligible effect on the noise mea-
surement of the source. If the difference between the measured and back-
ground levels is less than about 3 dB, the noise level from the source alone
becomes quite difficult to measure accurately.

The noise level measurements may be “corrected” for background
noise by subtracting (in decibel fashion) the background from the total
noise measurement:

L(COI‘I’CCth) — 1010g10[10L(measured)/10 _ IOL(baCkground)/IO] (3-48)
The readings may also be corrected using:
L(corrected) = L(measured) — A, (3-49)

The factor A, is a function of the difference between the measured and
background noise levels. Values for this factor are given in Table 3-4.

If the background noise level is excessive, there are several approaches
that can be used to obtain better measurements of the noise generated by the
source. The measurements may be taken at a time when the background
noise is lower (at night, for example). Moving the microphone closer to the
noise source may increase the difference between the source and background
noise levels, and thereby allow more accurate measurements of the source
noise.

The following list includes the more important items of data that
should be recorded when making most acoustic measurements. Many of
the items of data are automatically recorded by some acoustic analyzers
and programmable sound level meters:

(a) Date and time of measurement.

(b) Types, models, serial numbers, and other identification for all
instruments and equipment used. This data allows one to repli-
cate the data with the same instrument, if needed.
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TaBLE 3-4 Background noise
correction factors:

L(corrected) = L(measured) — A,
AL = [(measured) — L(background)

AL, dB  Ax,dB AL, dB A,,dB

1.0
1.5
2.0
2.5
3.0
3.5
4.0
4.5
5.0
5.5
6.0

6.9 6.5 1.1
5.3 7.0 1.0
43 7.5 0.9
3.6 8.0 0.7
3.0 9.0 0.6
2.6 10 0.5
2.2 12 0.3
1.9 14 0.2
1.7 16 0.1
1.4 18 0.1
1.3 20 0.0

©

(d)

(d)

(H
(2)

(h)

(M)
0)

Description of the area where measurements were made. This
data is important when writing the report on the experimental
study.

Description of the noise source, including dimensions, type of
mounting, location within the room or relative to other objects,
nameplate data, speed and power ratings, etc. Auxiliary informa-
tion, such as surface area of the noise source, etc., may be deter-
mined from this data.

Description of secondary noise sources, including location, type,
dimensions, etc. This information is helpful when assessing the
accuracy of the data, effect of background noise, etc.

Location of observers during the time of the measurements.
Orientation of the microphone axis relative to the direction of the
source from the microphone.

Barometric pressure, ambient temperature, wind speed and direc-
tion, and relative humidity. It is much more accurate to measure
this data at the time of the experiment than to try to reconstruct
the data from weather records several days after the measure-
ments were taken.

Measured frequency-band (1/1 or 1/3 octave data) levels at each
microphone position.

Measured frequency-band (1/1 or 1.3 octave data) levels for the
background noise.
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(k) Results of calibration tests, and the fact that the calibration tests
were made prior to making noise measurements. This step is
important in establishing credibility of the experimental data.

With previously mentioned data at hand, one can usually make an
effective analysis of the noise problem and suggest one or more approaches
that can result in a solution of the problem.

Example 3-6. The measured overall sound pressure level around a fan is
83 dB. The measured overall sound pressure level for the background (ambi-
ent) noise in the room where the fan is located is 77 dB. Determine the
overall sound pressure level produced by the fan alone.

First, let us determine the fan sound pressure level from Eq. (3-48):

Ly(corrected) = 1010g10[108'3 —10"7
L (corrected) = 101og;((1.4941 x 10%) = 81.7dB

Next, let us determine the fan sound pressure level from Eq. (3-49) and
Table 3-4. The difference between the measured and background levels is:

AL = Ly(measured) — Ly(background) = 83 — 77 = 6.0dB

From Table 3-4, we find that: 4, = 1.3dB. The corrected fan sound pres-
sure level is:

L(corrected) = Ly(measured) — A, =83 — 1.3 =81.7dB

We do obtain the same answer by using either method.

PROBLEMS

3-1. Determine the intensity meter error when measuring the intensity of
a sound wave having a frequency of 2 kHz in air with a sonic velocity
of 344 m/s (1129 fps). The spacer thickness is 12 mm (0.472in).

3-2. The measured overall sound pressure level around an electric motor
(including background noise) is 73.6 dB. The measured background
sound pressure level is 71.1 dB. Determine the sound pressure level
for the electric motor alone (background noise removed).

3-3. The experimental data shown in Table 3-5 were measured around a
steam valve. The readings are the octave band sound pressure levels
with the steam flow stopped (background noise) and with the steam
flowing (data). Determine the overall sound pressure level associated
with the steam valve noise alone (with the background noise
removed).
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TaBLE 3-5 Data for Problem 3-3

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Background L,, dB 74 71 67 63 60 57 54 54
Data L,, dB 75 77 78 81 85 90 95 92

3-4. The experimental data shown in Table 3-6 were measured around an
air vent. The readings are the octave band sound pressure levels with
the air flow stopped (background noise) and with the air flowing
(data). Determine the octave band sound pressure levels and overall
sound pressure level for the vent noise alone (with the background
noise removed).

3-5. A reverberant room having dimensions of 8.00 m (26.25 ft) by 9.00 m
(29.53ft) by 4.50m (14.76 ft) high has a reverberation time of 3.80
seconds in the 1kHz octave band. A food blender produces an
octave band sound pressure level of 85dB in the 1kHz octave
band during a test in the reverberant room. The air in the room is
at 24°C (297 K or 75°F) and 104 kPa (15.08 psia), at which condition
the speed of sound is 345.6m/s (1134 fps). Determine the octave
band sound power level for the 1kHz octave band for the food
blender.

3-6. A commercial leaf blower is suspended in an anechoic chamber to
determine the sound power generated by the piece of equipment.
Sound pressure measurements for the 500 Hz octave band are
taken at 10 locations above the equator of a sphere having a radius
of 800 mm (31.5in) and 10 measurements are taken at corresponding
points below the equator. The data points are given in Table 3-7. The
location of the measurement points is the same as that for the points
designated in Fig. 3-10. The point 11 corresponds to the point 1

TaBLE 3-6 Data for Problem 3-4

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Background L,, dB 79.0 76.1 73.6 70.7 68.1 66.0 643 63.0
Data L,, dB 79.1 76.6 76.3 78.7 81.2 83.1 812 78.1
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TaBLE 3-7 Data for Problem 3-6

Point  Elevation, y, m  Angle, ¢ L,, dB Point Elevation, y, m Angle, ¢ L,, dB

1 0.800 0.0° 81.6 11 —0.800 180° 78.3
2 0.600 41.4° 80.0 12 —0.600 138.6° 717.1
3 0.600 41.4° 79.7 13 —0.600 138.6° 77.6
4 0.600 41.4° 80.9 14 —0.600 138.6° 76.5
5 0.360 63.3° 71.3 15 —0.360 116.7° 76.0
6 0.360 63.3° 76.2 16 —0.360 116.7° 75.3
7 0.360 63.3° 76.8 17 —0.360 116.7° 75.1
8 0.120 81.4° 74.6 18 —0.120 98.6° 73.2
9 0.120 81.4° 75.0 19 —0.120 98.6° 74.1
10 0.120 81.4° 75.5 20 —0.120 98.6° 74.7
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location, but below the equator; point 12 corresponds to the point 2
location, etc. The air in the anechoic chamber is at 300K (80°F) and
101.3kPa (14.7 psia), for which the density p, = 1.177kg/m’
(0.0735 lbm/ft3), sonic velocity ¢ = 347.2m/s (1139 fps), and the
characteristic impedance Z, = 408.6 rayl. Determine the sound
power level for the 500 Hz octave band for the leaf blower.

3-7. Determine the directivity factor and directivity index for the leaf
blower in Problem 3-6 for an angle of 0° and for an angle of 81.4°.
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4

Transmission of Sound

Noise may be controlled by modification of the source of sound, the trans-
mission path of the sound, or the receiver of the sound. In this chapter, the
transmission of sound is considered, along with some techniques for con-
trolling the level of sound transmitted. Sound transmission without attenua-
tion or dissipation will be presented first. Then, the effect of attenuation of
the acoustic energy during transmission will be examined.

4.1 THE WAVE EQUATION

To understand fully the principles governing various noise control pro-
cedures, one should be familiar with the governing equation for acoustic
wave transmission, or the wave equation, which may be written in cartesian
coordinates as follows:

sz 821) 82p 1 82p

it 2T 2 (4-1)

where p is the instantaneous acoustic pressure, ¢ is the speed of sound, and ¢
is the time coordinate (Norton, 1989).

The wave equation has two important restrictions: (a) energy dissipa-
tion effects are neglected, and (b) the pressure wave amplitude must be

Copyright © 2003 Marcel Dekker, Inc.



relatively small in comparison with atmospheric pressure. One may employ
elaborate solution techniques to the wave equation, but if these two condi-
tions are not met in the physical situation analyzed, the results of the ana-
lysis will be worthless.

As we will show in this chapter, energy dissipation effects are most
pronounced for high-frequency sound and for sound transmission through
large distances. For example, if the frequency of the sound being transmitted
through atmospheric air is 500 Hz or less, the attenuation of acoustic energy
is less than 0.1 dB for transmission distances smaller than about 25m (82 ft).
We see that there are many practical situations in which the effect of
attenuation is negligible. On the other hand, if the frequency of the sound
being transmitted through atmospheric air is 8 kHz and the distance trans-
mitted is 125 m, the attenuation of acoustic energy can be as large as 40 dB.

For most noise control work, the amplitude of the sound wave is
small. For example, for a sound pressure level of 150dB, the rms acoustic
pressure is 632 Pa (0.092 psi) or the peak pressure amplitude is 894 Pa (0.13
psi). These values are less than 1% of atmospheric pressure (101.3 kPa or
14.7 psia). Unless one is dealing with low-level sonic booms or sound from
nearby blasts, for example, the sound pressure levels encountered in indus-
trial or environmental conditions are usually less than 150dB, and the
restriction of “‘small” pressure amplitude is met.

Let us develop the one-dimensional wave equation for plane sound
waves transmitted in the x-direction. An elemental layer of fluid initially
having thickness dx and surface area S is shown in Fig. 4-1. After a small
increment of time dz, one face moves from position x to a new position
(x + &), where & is the instantaneous particle displacement. The other face
moves from (x 4+ dx) to a new position:

<x+dx+€+§dx>
ox

The fluid moves from one position to another as a result of forces
applied to the element. Now, we introduce the first restriction:

Restriction I: frictional forces are negligible, so that the only forces
acting on the element of fluid are the pressure forces. The net force acting on
the element becomes:

9 )
Free =pS — p+—pdx s=-Zdxs (4-2)
0x ax

The particle velocity for the layer of material is the change in displacement
per unit time:
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FiGURE 4-1 Initial and displaced positions of a fluid element as a sound wave
passes through the element.

L
T ot

The acceleration of the layer of material is the change in velocity per unit
time:

T o

The mass of the small layer is its mass per unit volume (or density, p) times
the element volume (S dx), or dm = pSdx.

If we make these substitutions into Newton’s second law of motion,
F,et = ma, we obtain the following:

ap e
= P (4-3)

The final form of the wave equation may be written in terms of several
different variables. In the following, let us develop the wave equation in
terms of the acoustic pressure.
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The speed of sound in any fluid may be determined from the following
derivative, taken at constant entropy (van Wylen et al., 1994):

2 _9p dp/ot or I _ L 0p

=P - 4-4
T oot a (4-4)

Let us define the property condensation € as the fractional change in
the fluid density:

g=P"P_P (4-5)

Po Po
The quantity p, is the density of the undisturbed fluid (usually at atmo-
spheric pressure). For a fixed mass of the fluid element, we may write the
condensation in the following form, in terms of the particle displacement:

de—S(dx+§—édx> %
_ X
=Top = == (4-6)
(dx—}-agdx)S 1+%
ox ox

The quantity V, is the initial volume of the element.
Now, we will introduce the second important restriction:
Restriction 2: the displacement of the fluid particles is very small, such

that:
9
2«1
i <
With this condition, the condensation may be written in the following form:
9
=—-= 4-7
ox “-7)
The fluid density may be written in terms of the condensation, using Eq.
(4-5):
p = po(l + %)
And,
a0 0%
— = p, — 4-8
o =P, (4-8)
If we use this result in Eq. (4-4), we obtain the following:
0 0 0%
P2l pr 4-9)

o ¢ P T
Taking the second partial derivative both sides of Eq. (4-9),
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Fp 2 ¥y

o7~ ¢
Similarly, taking the second partial derivative of Eq. (4-3), the force balance
equation, assuming that the displacement is very small, such that the density
is practically constant,

(4-10)

0= p,(1 +%)~ p, = constant

we obtain:
*p Fe & (o€
L ey = —py — [ 4-11
o2 oo T TPoan <3x> @11
Using Eq. (4-7),
*p P%
£ = R 4-12
ol = TPo 53 (4-12)

By comparing Eqs (4-10) and (4-12), we obtain the wave equation in
terms of the instantaneous acoustic pressure p:

82p 1 sz

oz 2 a2
This equation, when solved subject to the pertinent initial and boundary
conditions, yields expressions for all of the acoustic quantities in a particular
situation. The wave equation may also be written in terms of the instanta-
neous particle displacement (Randall, 1951):

2 2

% 17 u

ax c” ot
The displacement formulation may be more convenient to use in the solu-
tion of problems in which displacements are known at the boundaries.

After the wave equation has been solved for either the acoustic pres-
sure or the particle displacement, the other quantities may be found by
operating mathematically on the solution of the wave equation. For
example, suppose we have solved the wave equation for the instantancous
acoustic pressure, p(x, ). By integrating both sides of Eq. (4-9), we obtain
the condensation expression:

P =poC’€ (4-15)
By integrating Eq. (4-7) and using Eq. (4-15), we obtain the expression for

the instantaneous particle displacement:

1
E:—J‘édx:—pcsz(x,t)dx (4-16)

o

(4-13)
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Finally, if we integrate the force balance, Eq. (4-3), with respect to time and
use the velocity-displacement relation, we may evaluate the instantaneous
particle velocity:

! J LS (4-17)

u(x, ) = ——
o ax
On the other hand, if we have obtained the solution in terms of the
instantaneous particle displacement, &(x,f), we may evaluate the other

acoustic quantities from the following expressions:

u(x, t) = % (4-18)
E(x,t) = —% (4-19)
PO 1) = poc = —poc® 2 (4-20)

ox

4.2 COMPLEX NUMBER NOTATION

In working with the wave equation and its solution, it is convenient to use
the complex number notation, because we are often interested in simple
harmonic waves (sinusoidal waves). Even if the wave is not simple harmo-
nic, the waveform may be expanded in a Fourier series, which involves a
series of sinusoidal terms. In addition, the complex notation provides infor-
mation about both the magnitude of a quantity and its phase angle in
compact form.
A complex number may be written in cartesian form:

z=x+jy=Re+jlm (4-21)

where x = Re = “real” and y = Im = “imaginary” part of the complex
quantity. We have used the symbol, j = +/—1, because the symbol i is
often used to represent electric current. The complex quantity may also be
written in polar form:

z=|z|e' (4-22)

where |z| is the magnitude of the quantity and ¢ is the phase angle. We may
convert from one form to the other by using the following relations:

|z| = (Re? + Im?)!/? (4-23)
tan¢ = Im/Re (4-24)
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Re = |z| cos ¢ (4-25)
Im = |z|sin¢ (4-26)

Mathematical manipulations (derivatives, integrations, etc.) are some-
what simpler to handle in terms of exponentials, because we do not need to
utilize the trigonometric identities. If we have a sinusoidal expression,

y(t) = Y coswt = Y cos(2rnfi) (4-27)
then, we may also write:
y(t) = Y &' = Y(coswt + jsin wf) = Re(y) +jIm(y) (4-28)

Equations (4-27) and (4-28) are identical if we adopt the convention that
only the “real” part of the complex expression is representative of the “real”
physical quantity. This procedure is illustrated by an example in the follow-
ing section.

4.3 WAVE EQUATION SOLUTION

Let us consider the solution of the wave equation for the case of sound
waves being generated by motion of a plane wall, as shown in Fig. 4-2.
The motion of the wall (at x = 0) may be represented by:

X(t) = X, cos wt (4-29)

where X, is the peak amplitude of motion, and w = 2nf is the circular
frequency for the motion. Using the complex notation, remembering that

SOUND
WAVE

|

l

L L L

s

PN 1 |

FiGURE 4-2 Sound wave generated by a vibrating wall. X(¢) is the instantaneous
velocity of the wall.
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we are actually using only the real part, Eq. (4-29) may be written in an
alternative form:

X(0) = X, & (4-30)

The resulting sound wave generated by the simple harmonic motion of
the plane wall should also have a simple harmonic form. Let us consider the
following solution form for the displacement:

E(x, 1) = Y(x) e (4-31)

The quantity y(x) is the amplitude function, which is dependent on the
x-coordinate only, for one-dimensional waves.
The spatial and time derivatives from Eq. (4-31) are found, as follows:

82 . jot jwt

an = P Y(x) & = —w?P(x) e (4-32)
ye dy .,

a_x‘i = dx‘f & (4-33)

If we make these substitutions into the wave equation, Eq. (4-14), we obtain
the following ordinary differential equation:

d2 2
=% (434

If we introduce the wave number, k = w/c = 2nf/c = 2m/A, we obtain the
final form of the equation to be solved:

&y,

—— 4+ k=0 4-35
Ky (4+35)
The general solution of Eq. (4-35) is:

Y(x) = Ae ' + Bel! (4-36)

where 4 and B are constants of integration to be determined from the
boundary conditions. The general solution for plane waves is found by
making the substitution from Eq. (4-36) into Eq. (4-31):

E(x, f) = A @k 4 peilrthn (4-37)
The general solution involves two terms:

(a) One term containing (wf — kx), which represents a sound wave
moving in the +x-direction (positive x-direction), and
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(b) Another term containing (wf + kx), which represents a sound
wave moving in the —x-direction (negative x-direction).

This behavior may be easily recognized if we consider the motion of
the peaks in the sound waves. Consider the term containing (w? — kx), for
which the real part is cos(wt — kx). One peak of the wave at an arbitrary
time ¢, occurs at position x,, where:

wty —kx, =0

A short time later (at r = ¢, + Af), the position x; of the peak is described
by:

oty + Al) — kx, =0

If we subtract these two relations, we find the location to which the peak of
the sound wave has moved during the small time At

X1 = Xy + (w/k) At = x, + ¢ At

We note that x; > x,, so the peak of the sound wave has moved in the
+x-direction. By going through a similar procedure, we may show that the
other part of the particle displacement expression, involving (wt + kx),
corresponds to a sound wave moving in the —x-direction.

For this example, suppose that the sound wave is transmitted into a
very large (infinite) space so that there is no sound reflected back to the
vibrating plate. In this case, we will have no sound wave moving in the
—x-direction back toward the plate. To achieve this condition, we must have
B=0.

At the surface of the vibrating plate, the fluid must follow the motion
of the plate:

£0,7) = X(1) = Xy &' = 4@ _ = 4 (4-38)

Thus, the other constant of integration is 4 = X,,. The final expression for
the instantaneous particle displacement caused by the vibrating plate is:

E(x, f) = X, @Y (4-39)

According to the complex notation convention, only the real part actually
represents the particle displacement:

&(x, 1) = Xy cos(wt — kx) = Xy, cos[2mft — 2m(x/A)] (4-40)

We note that the peak amplitude of the particle displacement is |&] = X},
and the rms particle displacement is &€ = X,,,/~/2.
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Let us evaluate the other quantities for a plane sound wave. The
instantaneous particle velocity may be found from the velocity—displace-
ment relation, Eq. (4-18):

0 . - ; Col—fex
u(x’ l) — 5 — Jme e](wt—kx) — mee](wt—kx+n/2) (4_41)

Note that we have written j = ¢/™2. If we take the real part of Eq. (4-41), we
obtain the actual variation of the instantaneous particle velocity:

u(x, t) = wXy, cos(wt — kx + 7/2) (4-42)

The magnitude of the particle velocity is related to the magnitude of the
particle displacement:

lu| = wXy = wl§] = 27f|§] (4-43)

By comparing Eq. (4-42) and Eq. (4-40), we observe that the particle velocity
leads the particle displacement by ¢ = %nradians =90°.

Next, let us find the expression for the instantaneous acoustic pressure
by applying Eq. (4-20):

0 : (wt—kx
px, 1) = —poc® % = +jkpo” Xy (4-44)

We note that w = k¢ and j = "/

Px. 1) = pocewXy, &) (4-45)
Taking the real part of Eq. (4-45), we obtain:

p(x, 1) = pocwXy, cos(wt — kx + 7/2) (4-46)

If we compare Eq. (4-46) and Eq. (4-42), we observe that the acoustic
pressure and particle velocity are related:

p(x, 1) = pocu(x, t) (4-47)
The characteristic acoustic impedance is defined by:
Zy = poc (4-48)

The magnitudes of the acoustic pressure and particle velocity for a plane
wave are related by the following:

|pl = Zoul (4-49)

We also note that the phase angle between the acoustic pressure and particle
velocity for a plane wave is ¢ = 0°, or these quantities are in-phase.
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4.4 SOLUTION FOR SPHERICAL WAVES

If we develop the wave equation for spherical coordinates, in which the
quanitities are functions of the radial coordinate r and time ¢ only, the
following expression is obtained:

19 (,0\ 13
25?2 -z2% (430

The wave equation for one-dimensional spherical waves may be written in
the following alternative form:

F(rp) 1 8(rp)

= 4-51
o’ 2 o ( )
Let us try a solution for Eq. (4-51) in the form:
p(r, 1) = y(r) e (4-52)

where (r) is the amplitude function. If we substitute the expression from
Eq. (4-52) into the wave equation, Eq. (4-51), we obtain the following
ordinary differential equation:

—I2(ry) (4-53)

&) Fo(ry)
a2 2 -

The general solution for the amplitude function is:
rp(r) = Ae " 4 Bk (4-54)

The general solution for the instantaneous acoustic pressure may be found
by substituting the amplitude function expression from Eq. (4-54) into Eq.
(4-52).

p(r, 1) = % (Ae " 4 Belfryel (4-55)

We observe that the amplitude of the acoustic pressure is not constant for a
spherical wave; instead, the amplitude varies inversely with distance from
the source, r.

If we consider only waves moving radially outward from the source or
the case for no waves reflected back toward the origin, we must have B = 0.

pr, t) = (A/r) @) (4-56)
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The real component from Eq. (4-56) is:
p(r, t) = (A/r)cos(wt — kr) (4-57)
The rms acoustic pressure for a spherical wave is given by:

Prms = A/\/Er or A= \/Eprms r (4'58)

Next, let us determine the expression for the instantaneous particle
velocity for a spherical wave. Integrating the Newton’s law expression, as
given by Eq. (4-17), we may evaluate the particle velocity:

u(r, 1) = — J ) g 1 4 <1 + kj) ) (4-59)

o or _jpoa) r\r

If we introduce w = k¢, and the acoustic pressure expression, Eq. (4-56), we
may write Eq. (4-59) as follows:

ip(r, 1)

wrt) ==

(1 + jkr) (4-60)

The specific acoustic impedance, which is a complex quantity for a
spherical wave, may be found from Eq. (4-60):
p_ ipockr _ pockr(kr +j) _

Z =L = = |Z| e 4-61
u 1+ jkr 1 + (kr)? = (4-61)

According to Eq. (4-23), the magnitude of the specific acoustic imped-
ance is the square root of the sum of the squares of the real and imaginary
parts of the complex expression in Eq. (4-61):

_lpl pockr(k*r? + 1)1/? Zkr

Z| = = =
2= 1+ k%2 (1 + k32)'?

(4-62)

The tangent of the phase angle between the acoustic pressure and particle
velocity is the ratio of the imaginary to the real parts of the complex quan-
tity, as given by Eq. (4-24):

tan¢ = 1/kr (4-63)

We note that the magnitude of the specific acoustic impedance
approaches (Z,kr) and the phase angle approaches 90° for kr very small
(less than about 0.15). This condition occurs for positions very near the
spherical source or for very low frequencies. On the other hand, we note
that the specific acoustic impedance approaches the characteristic imped-
ance and the phase angle approaches 0° for kr large (greater than about 7).
This condition occurs for positions far away from the spherical source or for
high frequencies.
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The expressions for the acoustic intensity and energy density may be
found for a spherical wave. Using the complex notation, the intensity may
be evaluated from the following:

I = Re@rms“fms) (4'64)

The quantity u;, is the complex conjugate of the rms particle velocity. The
complex conjugate of a complex quantity z = x +jy = re" is:

F=x—jy=re (4-65)

Let us write the rms quantities (with time integrated out) as follows:

Prms = |P| e—jkr (4'66)
12l —ikr+o)
Ums = = € 4-67
A (4-67)
" 1Pl i+
Uips = —— € 4-68
A (4-68)

Making these substitutions into Eq. (4-64), we obtain the expressions for the
intensity of a spherical wave:

7= 1PL Reeity (4-69)
A
| pl* cos ¢
[ = plcose 4-70
Z (4-70)

The tangent of the phase angle ¢ is given by Eq. (4-63). The cosine of the
phase angle is given by the following:

kr

= 4-71
1+ k2r2)1/2 ( )

0s @

Using the expression for the magnitude of the specific acoustic impedance
from Eq. (4-62), we obtain the final expression for the intensity of a
spherical wave:

2 2

o L (4-72)
Zy  poc

The kinetic energy per unit volume for a sound wave is given by:

KE = Re(% pourmsu:ms) (4'73)

Copyright © 2003 Marcel Dekker, Inc.



We may evaluate this expression, using Eqs (4-67) and (4-68):
KE = Ref[} o (| pI*/|1Z,[?) e 9 & 104)) (4-74)

KE ZPPA+R) pl (1
- 2122 2 22
2p,¢7k"r 20,C k=r

(4-75)

The potential energy per unit volume for a sound wave is given by:
PE = RC(% poprmspfms/Ks) (4'76)

The quantity K is the adiabatic compressibility given by the following
expression for an ideal gas:

Ks=yP, = yp,RT = pOCZ (4-77)

The quantity y = ¢,/c, is the specific heat ratio. The potential energy may
be evaluated as follows:

| pl?

PE = Re[(| pI*/20,¢%) e 7 ] = 2
2p,C

(4-78)
The acoustic energy density or the total energy per unit volume is the
sum of the kinetic and potential energies:

2
p 1
D =KE+PE = 7,0062 (1 + 2k2r2> (4-79)

4.5 CHANGES IN MEDIA WITH NORMAL
INCIDENCE

We will analyze the transmission of sound from one material to another
material in this section. As shown in Fig. 4-3, when a sound wave moving in
one fluid strikes the surface or interface of a different material, a portion of
the acoustic energy is reflected, and a portion is transmitted into the second
medium. Let us consider the case of transmission from one material into
another one in which the sound wave strikes the interface at normal inci-
dence or with zero angle between the direction of the sound wave and the
normal drawn to the interface.

From the previous discussion of plane sound waves, we know that the
acoustic pressure may be written in the following form for a wave moving in
material 1:

pi(x, 1) = A, @Y 4 gy erth (4-80)
(Incident wave) + (Reflected wave)

Copyright © 2003 Marcel Dekker, Inc.



MATERIAL (1} MATERIAL (2)

P] c] PE C‘E
— AN
INCIDENT A A A
WAVE

TRANSMITTED

—AAN— wAvE
REFLECTED
WAVE X

FiGURE 4-3 Transmission of sound from one material into another for normal
incidence of the sound wave.

Similarly, assuming no reflections in material 2 or that material 2 is very
large in extent, the instantaneous acoustic pressure for the transmitted wave
in material 2 may be written as follows:

Dr(x, 1) = Ay &RV (4-81)

The instantaneous particle velocities in the two materials may be written
from Eq. (4-47), noting that the reflected wave is traveling in the —x-direc-
tion:

w(x, 1) = (1/Z)[4; &) — By @] (4-82)

ur(x, 1) = (1/Z,) Ay @10 (4-83)

The quantities Z; = p;c¢; and Z, = p,c¢, are the characteristic impedances
for materials 1 and 2, respectively.

At the interface between the two materials, the instantaneous acoustic
pressure in material 1 must be equal to the instantaneous acoustic pressure
in material 2. Using this fact, at x =0, we find the following relation
between the coefficients:

A+ B, = 4, (4-84)

Similarly, the instantaneous particle velocities must be the same in each
media at the interface (x = 0):
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4-85

Z Z (4-85)

We may use Eqs (4-84) and (4-85) to solve for the ratio of the two constants:
A, 27,

2__ 7 4-86

A Z\+ 27, (4-86)

We note that the magnitudes of the rms acoustic pressure for the
transmitted wave and for the incident wave are given by:

P = Ay/V2 and  py,=A4,/V2 (4-87)

Therefore, A,/ A = pi/Pin-

The sound power transmission coefficient a, is defined as the ratio of the
transmitted acoustic power to the incident acoustic power. This is a signifi-
cant parameter in selecting the materials for controlling sound transmission:

W W _She _ ()12, _ 432,
W S (pa)/Zy AiZ

(4-88)

Making the substitution for the coefficient ratio from Eq. (4-86), we obtain
the following expression for the sound power transmission coefficient for a
sound wave in material 1 striking material 2:

_ 47,7,
(Z, + Z,)

An alternative way of expressing the transmission of acoustic energy
from one material to another is in terms of the transmission loss TL. The
transmission loss expresses the sound power transmission coefficient in
decibel units:

TL = 101og;(Win/ W) = 1010g,o(1/ay) (4-90)

We note from Eq. (4-89) that the sound power transmission coefficient
is unity if the characteristic impedances of the two materials are the same,
i.e., the impedances are matched. This result means that all of the acoustic
energy is transmitted through the interface and none is reflected. On the
other hand, if the acoustic impedances are quite different from each other,
then the sound power transmission coefficient will be small. This result
means that little acoustic energy is transmitted through the interface and
most of the energy is reflected.

Another term that is not as widely used in noise control work as is the
sound power transmission coefficient is the sound power reflection coefficient
a:

(4-89)

a

a. = Wr/I/Vin (4'91)
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For this case, the acoustic energy is either reflected or transmitted, so
W = Wy + W,, and the sound power reflection coefficient is related to
the sound power transmission coefficient by the following relation:

a,=1-aq (4-92)

Making the substitution from Eq. (4-89), we obtain the following:
Z, -2\’
= 4-93
“ (Zl + Zz) 99

Example 4-1. A sound wave in air at 25°C (77°F) strikes a concrete wall at
normal incidence, as shown in Fig. 4-4. The intensity level of the incident
sound wave is 90 dB. Determine the transmission loss, and the sound pres-
sure level for the transmitted wave.

We find the following values for the characteristic impedance for air
and concrete in Appendix B:

air Z, = 409.8 rayl

concrete Z, = 7.44 x 10° rayl
The sound power transmission coefficient is found from Eq. (4-89):

L _ (4)(409.8)(7.44)(10%)

= > =2203x 107"
(409.8 + 7.44 x 10°)
AIR AT 25°C R0
CONCRETE
INCIDENT
— AN
L, = 90 dB e VAVAVAY SN

TRANSMITTED

—/\N\NN—

(/L

1

FiGURE 4-4 Physical system for Example 4-1.
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The transmission loss is found from Eq. (4-90):
TL = 10log,((1/2.203 x 107*) = 36.6dB
The intensity of the incident wave is found from the following:
Lyin = 1010go(£in/Lrer)
I, = (107%)10°1° = 0.00100 W/m?* = 1.00 mW /m?
The intensity of the transmitted wave is given by Eq. (4-88):
I, = aJy, = (2.203)(107%)(0.00100) = 0.2203 x 10~° W/m?
= 0.2203 uW/m’

The intensity level of the transmitted wave is given by:
Ly = 101og;4(0.2203 x 107°/107'%) = 53.4dB

We note that, in this case, we could also have calculated the intensity level
for the transmitted wave from:

Lyy=Lij; —TL=90—-36.6=53.4dB

The intensity and rms acoustic pressure magnitude are related by the
following:

2 2

=L _Z

T pe Z,
The acoustic pressure for the incident and transmitted waves is found, as
follows:

Pin = (Z11,)"? = [(409.8)(0.00100)]'/* = 0.640 Pa
P = (Zo0)"* = [(7.44)(10%)(0.2203)(107)]'/? = 1.280 Pa

The sound pressure levels are found from the definition of sound pressure
level:

L, = 201ogo(p/Prer)

For the incident sound wave,

Ly, in = 201log;((0.640/20 x 107°) = 90.1dB
For the transmitted wave,

Ly = 201log(1.280/20 x 107%) = 96.1dB

Although the acoustic pressure of the transmitted wave is greater than
the acoustic pressure of the incident wave, in this example, there is no
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violation of any physical principle. The acoustic energy is conserved (the
conservation of energy principle is valid), because we find that I, = I, + I..
The acoustic pressures are different because the media in which the two
waves (incident and transmitted waves) are transmitted are different. The
intensity of the reflected wave is:

I, = 1.00 x 107> —0.2203 x 107% = 0.999780 x 10~> W/m?

In this example, most of the energy is reflected and only about 0.02% is
transmitted, because of the large difference in the characteristic impedances
of the two materials.

4.6 CHANGES IN MEDIA WITH OBLIQUE
INCIDENCE

In the previous section, we examined the case in which the sound wave
strikes the interface at normal incidence. In most cases in noise control,
we find that sound waves may strike a surface at various angles of incidence.
Let us now consider the case of a plane sound wave which strikes the inter-
face between two materials at an angle of incidence 6; with the normal to the
interface, as shown in Fig. 4-5.

TRANSMITTED

WAVE
REFLECTED

WAVE

INCIDENT
WAVE

MATERIAL (2}
MATERIAL (1)

FIGURE 4-5 Transmission of sound from one material into another for oblique
incidence of the sound wave.
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The expression for a wave moving at an angle 6 with the normal to the
interface may be written in the following form:

plx.y, 1) = A (4-94)

The quantity L is related to the coordinates by the following expression, as
illustrated in Fig. 4-6:

L =xcosf+ ysinf (4-95)

The corresponding expression for the acoustic wave in medium 1 may be
written as follows:

pl(x y l) = A, ej[a)r—/cl(xcos@i+ysin0i)] + B, ej[wt+k1(xcos@;—ysinei)] (4-96)

We have used the fact that the angle of reflection is equal to the angle of
incidence, or 6, = 6;. The expression for the wave moving in medium 2 is:

pz(x’ ¥, [) — A2 ej[wtsz(xcos9‘+ysin0‘)] (4_97)

The angle of transmission 6, is related to the angle of incidence 6,
through Snell’s law. For the sound wave to remain a plane sound wave,
the wave must travel the distance L, in the same time as it travels the
distance L,, as illustrated in Fig. 4-7:

dSin@i :Ll =y At
dSin@t = Lz =) At

By dividing the first expression by the second, we obtain Snell’s law:

2’

8

b O

/ $ 277

\ |

8 vogod

Y
i N x

FIGURE4-6 Relationship between the x- and y-coordinates and the coordinate L in
the direction of propagation of an oblique sound wave.
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FIGURE 4-7 Wave front striking an interface at oblique incidence.

sin 6; _ﬁ_@

== 4-98
sinf;, ¢, kK ( )

The expressions for the particle velocity may be written as follows:
w1 (x, 7, 1) = (A, ) Z;) lerkiteeosbiysingd] _ (g 7y oilorthi(xeosi—ysinéy)]
(4-99)
Us(x, y, 1) = (Ay) Z,) el Falxcosbitysinf] (4-100)
The acoustic pressure at the interface (x = 0) is the same in each medium:

P10, y,0) = p2(0, , 1)

The normal component (x-component) of the particle velocities is also the
same in each medium at the interface:

(0, y, t)cos 6; = u,(0, y, t) cos b,

If we use the previous expressions for the sound pressure and particle velo-
city in these two conditions, we obtain the following expression for the
pressure magnitude ratio:

é _Pu _ 27, cos b,

T 4-101
Ay pin Zicost + Zpcosb ( )

The sound power transmission coefficient for oblique incidence may
be found from its definition and Eq. (4-101):
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As shown in Fig. 4-7, the area through which the incidence and transmitted
waves travel is related to the surface area of the interface S by the expres-
sions:

Sy = Scos b,
Sy = Scosb,

Using the expression for the intensity of the plane wave, I = p*/Z,, Eq.
(4-102) may be written in the form:

_ PuZicos, 103)

P it ket
PAZ, cos b,

If we make the substitution for the pressure ratio from Eq. (4-101) into Eq.
(4-103), we obtain the final expression for the sound power transmission
coefficient for oblique incidence:

o= 47,7, cos 6; cos 6,
e (Z, cos 0, + Z, cos 6;)*

(4-104)

From the Snell law expression, Eq. (4-98), we note that there can be a
critical angle of incidence 0., for which the transmitted wave will make an
angle of 90° with the normal to the interface. For this condition,
sinf; = sin90° = 1. The expression for the critical angle of incidence may
be found by making this substitution into the Snell law expression:

sin ch = () /(,'2 (4-105)

A critical angle of incidence exists only if (¢; < ¢,). If the actual angle of
incidence is equal to or greater than the critical angle of incidence, then no
acoustic energy will be transmitted into the second material.

=0  for 6 >0, (4-106)

Example 4-2. A sound wave having a sound pressure level of 70dB is
incident at an angle of 45° with the normal to the interface between oil
and water. The properties of the oil and water are as follows:

oil (material 1) p1 = 850kg/m>; c; = 1350m/s;
Z, = 1.148 x 10° rayl
water (material 2) 0> =998 kg/m3; c, = 1481 m/s;
Z, = 1.478 x 10° rayl
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Determine the sound pressure level for the transmitted wave in the water.
The angle of transmission may be found from Snells’ law, Eq. (4-98):

sinf, = (¢y/cy)sin; = (1.481/1.350) sin(45°) = 0.7757
6, = 50.87°
We note that there is a critical angle of incidence. In this case:
sinf,, = ¢;/c; = (1.350)/(1.481) = 0.9115
O = 65.72°

If the angle of incidence were greater than 65.72°, there would be total
reflection and no acoustic energy transmission.
The sound power transmission coefficient is found from Eq. (4-104):

_(9)(1.478)(10°)(1.148)(10°) cos(45°) cos(50.87°)
" (1.478)(106) cos(45%) + (1.148)(10°) cos(50.87°))2
a, = 0.9649

The transmission loss is fairly small in this example:
TL = 10log,(,(1/0.9649) = 0.2dB

The magnitude of the incident pressure wave is found from the sound
pressure level:

Pin = (20)(107%)107%° = 0.0632 Pa = 63.2mPa
The intensity of the incident wave is:

2 2
: 0.0632
. —Pin _ (7)6 =3.484 x 107" W/m? = 3.484 nW/m>
Z, (1.148)(10%)

The intensity of the transmitted wave is found from Eq. (4-102):

_ cos6; cos(45°)

I = in = 9649)(3.484) = 3. >
7 cos 0, @tfin c0s(50.87°) (0.9649)(3.484) = 3.767nW/m

Although the intensity of the transmitted wave is somewhat greater than the
intensity of the incident wave, there is no violation of any physical principle.
The energy of the transmitted wave is “squeezed” into a smaller area than
that of the incident wave, so the intensity of the transmitted wave is
increased. This phenomenon is analogous to the fact that flowing water
will experience an increase in velocity (volume flow per unit area) when
the flow enters a smaller size pipe.

The sound pressure for the transmitted wave may be found from the
intensity of the wave:
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P = (Zo1)'"? = [(1.478)(10%)(3.767)(10~°)]'/?

Pie = 0.0746 Pa = 74.6 mPa
The sound pressure level for the transmitted wave is:

Ly = 2010g,0(0.0746/20 x 10°%) = 71.4dB

4.7 SOUND TRANSMISSION THROUGH A WALL

One of the more important problems in noise control is the determination of
the energy transmitted through a wall, as shown in Fig. 4-8. The following
analysis is valid if the wall is not too thin, in which case, vibrations of the
wall as a whole can occur. Also, the analysis is valid if the frequency is not
high enough that energy dissipation can occur. These effects will be exam-
ined later in this chapter. The sound wave is considered to strike the wall at
normal incidence.

The expressions for the acoustic pressure in each of the three media
may be written as follows:

MATERIAL (1) S"’"“‘-—"‘""’Q MATERIAL {3}
z, N z,
\
\ 3
— N\ —= | "N
INCIDENT § Q
WAVE \ N B AWAVASESS
)
\J TRANSMITTED
Rt VAYAS ST I S AVAVAS WAVE
REFLECTED § N
N
WAVE A y
N N
w

-

FiGURE 4-8 Sound transmission from one material through a second material into
a third material for normal incidence.
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pi(x, 1) = A, @70 4 gy etk (4-107)
(Incident wave) + (Reflected wave)

pa(x, 1) = A, @79 4 g, etk (4-108)

pi(x, 1) = A kb1l (4-109)
(Transmitted wave)

The constants 4, By, etc., are complex quantities in this case.
For a plane wave at normal incidence, the instantaneous particle velo-
city in each material may be written as follows:

uy(x, ) = (1/Z))[4, @51 — B elerthin] (4-110)
ur(x, 1) = (1/2Z,)[ A, @72 — B, ellrthav)] (4-111)
uz(x, 1) = (1/Z3) A5 =1l (4-112)

At the first interface (x = 0), the pressure in medium 1 and the pres-
sure in medium 2 are equal, and the particle velocities in mediums 1 and 2
are also the same at the interface. Using these conditions in Eqgs (4-107),
(4-108), (4-110), and (4-111), we find the following relations:

A1+BIZA2+BZ (4-113)
A —B, A, — B
zZ, 7

(4-114)

At the second interface (x = L), the pressures and particle velocities are also
equal. Using this condition in Eqs (4-108), (4-109), (4-111), and (4-112), we
obtain a second set of relationships between the coefficients:

Aye el 4 g Rl — 4, (4-115)
Aze_jkzL—BzejkzL_A3 4-116
7 =7 (4-116)

We may combine Eqs (4-113) through (4-116) to obtain the expression for
the following complex number ratio:

R T
(4-117)

The exponential terms may be written as follows:
&2 = cos(k, L) + jsin(k, L) (4-118)
e " = cos(k, L) — jsin(k, L) (4-119)
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Substituting the results from Eqs (4-118) and (4-119) into Eq. (4-117), the
following expression is obtained:

A 1 zZ 172, Z
ot (1 + —1> cos(k,L) +j§ (—1 + —2> sin(k, L) (4-120)

Ay 2 Z; Z, Zj
For any complex quantity, the magnitude is given by Eq. (4-23). The
magnitude of the ratio 4,/4; may be written from Eq. (4-120):

172

1 AR Z Z\ .,
=5 |:<l +Z) cos”(ky L) + (Z_2+Z sin“(k, L) (4-121)

4,
A3

The sound power transmission coefficient for transmission of acoustic
energy from medium 1 through medium 2 into medium 3 is given by:

I, pslZy

=

A
Iin |pin|2/zl

A,

221

4-122
7 (+122)

Eliminating the ratio |43/A4,| by using Eq. (4-121), we obtain the final
expression for the sound power transmission coefficient:

a = - 42,/Z;) - (4-123)
Z 2(kyL) + é+é sin®(k,L)
14+ 2 cos”(ky z 7 2

Note that when the trigonometric terms are evaluated numerically, the term
k, L must be expressed in radians.

The tangent of the phase angle between the transmitted wave and the
incident wave is found from Eq. (4-120), using Eq. (4-24):

(Z,/Z5) + (Z,/ Z5)] tan(k, L)
1+(Z,/Z5)

tan¢g = (4-124)

There are several special cases of practical importance for Eq. (4-123).
First, suppose the materials are the same on both sides of the wall, i.e.,
materials 1 and 3 are the same. This corresponds to the transmission of
sound from air (1) through a solid wall (2) into air (3) on the other side
of the wall. For this special case, Z; = Z3, and Eq. (4-123) reduces to:

4
a = 2 )
dcos*(ky L)+ [(Z1/Z,y) + (Z,/ Z))] sin”(k, L)

(4-125)

Next, we observe that the characteristic impedance of most solids is
much larger than that of air. For example,
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concrete: Z, = 7,440,000 rayl
air (25°C): Z; = 409.8 rayl
Z,/Z, =0.0000551 and Z,/7Z, = 18,200

For this special case, we may neglect the term (Z,/Z,) in Eq. (4-125).

For the frequency range of interest in analysis of transmission of
sound through walls, the term k,L is often small. For example, for a
100 mm (3.941in) thick wall of concrete (¢, = 3100 m/s) at a frequency of
1000 Hz, we find the following numerical value:
2L (27)(1000)(0.100)

o (3100)
Using this value, we find:
sin(k, L) = 0.201 ~ k,L = 0.203 (within 1%)
cos(k,L) = 0.980 ~ 1 (within 2%)

koL = =0.203rad

Based on this observation, we see that for (k,L) < 0.25rad, we may approx-
imate:

sin(k,L) ~ k, L and cos(k,L) ~ 1
within about 3% error. With these approximations and for Z; = Z3, Eq.
(4-125) reduces to the following:
_ 1
1+ (Z2Z) (kL)

If we make the substitution for the wave number, k, = 27f/c,, we obtain
the following important relationship:

2
Loy (M> (4-127)
ay P1€1

If we introduce the quantity, M, = p,L, called the specific mass, Eq. (4-127)
may be written in a form often called the mass law:

2
1o (”Msf> (4-128)

ay P1€]

(4-126)

a

Another special case of interest is when k,L = nm, where n = an
integer (1, 2, 3, ... ). For this case, cosz(kzL) =1 and sin(k,L) = 0. If we
make these substitutions into Eq. (4-123), we find the following expression
for the sound power transmission coefficient:

LYAVA

__ s 4-129
(Z, + Z3)° (+129)

a
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If we have the same material on both sides of the wall (Z; = Z3), then the
sound power transmission from Eq. (4-129) becomes unity, i.e., ¢, = 1. The
sound is transmitted through the wall with no attenuation!

The wall is also transparent to sound waves having a frequency given
by the following relationship, obtained from sin(k,L) = 0:
2nfL ne,

o nw or f= 37

feyL = (4-130)

This condition from Eq. (4-130) may also be written in the following form:
2nL/)\ = nw or L:%nk (4-131)

When the thickness of the wall is a half-integer multiple of the wavelength,
the sound wave is transmitted directly through the wall. This principle has
been used in the design of free-flooding streamlined domes for housing
sonar transducers (Kinsler et al., 1982). For other applications, the condi-
tion described by Eq. (4-130) may not be practical to achieve. For example,
for a 100 mm (3.94in) thick concrete wall and with n = 1, the corresponding
frequency is as follows:

(1)(3100)

A S et Hz = 15.5kH
f DO100 5,500 Hz = 15.5kHz

At this high frequency, dissipation effects within the material and bending
wave effects tend to become significant, and Eq. (4-123) is no longer valid.

Example 4-3. A sound wave having a frequency of 250 Hz and an intensity
level of 90 dB strikes a wooden (oak) door (material 2) at normal incidence,
as shown in Fig. 4-9. The air in which the incident wave moves (material 1)
is at 0°C (32°F), and the air on the other side of the door (material 3) is at
25°C (77°F). The thickness of the door is 40 mm (1.5751in). Determine the
sound pressure level of the transmitted wave.

The properties of the materials are found in Appendix B:

air at 0°C~ p; = 1.292kg/m’; ¢, =331.3m/s; Z, = 428.1rayl

oakwood 0, =770 kg/m3; ¢, =4300m/s; Z, = 3.30 x 10° rayl

air at 25°C py = 1.184kg/m?; c3 =346.1m/s; Z; =409.8rayl
The wave number for the wood is:

L2 (@m)@s0)
27 ¢, (4300

kL = (0.3653)(0.040) = 0.01461 rad

=0.3653m™!
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FiGURE 4-9 Physical system for Example 4-3.

Let us evaluate the sound power transmission coefficient from the
general expression, Eq. (4-123):
(4)(428.1/409.8)

a, = B
428.1\* 428.1 3.30 x 10%) " . ,
(1 +—409.8) cos“(0.01461) + <3.30 < 10° + 2003 sin®(0.01461)
4)(1.044
a, ()(1.0447) =3.017x 107"

418+ (0.000130 + 8052.7)*(0.01461)*
The transmission loss is:
TL = 10log,o(1/a) = 101og,o(1/3.017 x 107*) = 35.2dB
The intensity for the incident wave is given by:
I, = (107'%10°'° = 0.0010 W/m? = 1.00 mW /m>

The intensity of the transmitted wave is found from the definition of the
sound power transmission coefficient:

I, = al,, = (3.017)(107)(0.0010) = 0.3017 x 10~® W/m?>
=0.3017 pyW/m>
The intensity level of the transmitted wave is:

Ly = 1010g;4(0.3017 x 107°/107") = 54.8dB
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We could also have calculated the transmitted wave intensity level from:
Li=L;; —TL=90—-352=548dB
The acoustic pressure for a plane wave may be evaluated from:
P = (Z31,)"* = [(409.8)(0.3017)(107%)]"/? = 0.01112Pa = 11.12mPa
The sound pressure level for the transmitted wave is:
Ly = 2010g;,(0.01112/20 x 107%) = 54.9dB

The phase angle between the transmitted wave and the incident wave
may be found from Eq. (4-124):

[(428.1/3.30 x 10%) + (3.30 x 10°/409.8)] tan(0.01461)
1 + (428.1/409.8)

tan ¢ = (3938.4)(0.01461) = 57.54

tan¢ =

¢ = 1.553rad = 89.0°

The transmitted wave is almost 90° out of phase with the incident wave.

Let us check the accuracy of the approximate equation, Eq. (4-127),
for this problem. We note that this expression is strictly valid only if
Z, = Z3; however, in this example, Z;/Z; = (428.1/409.8) = 1.045. Using
Eq. (4-127), we find:

L |:(71)(770)(0.040)(250)

2
=1+ 3192.9 = 3193.9
(428.1) } +

ay
a,=3.131 x 107*

The error in using Eq. (4-127) instead of the general expression for the
sound transmission loss is approximately the same as the error in assuming
the characteristic impedances are the same on both sides of the door:

(3.131 — 3.017)/(3.017) = 0.038 = 3.8%

4.8 TRANSMISSION LOSS FOR WALLS

One procedure for noise control is to provide an acoustic barrier or wall to
reduce the transmission of sound. For design purposes, one must be able to
predict the transmission loss for the wall over a wide range of frequencies. In
this section, we will examine the more general case of transmission of sound
through a panel or partition.

Copyright © 2003 Marcel Dekker, Inc.



The general variation of the transmission loss with frequency for a
homogeneous wall is shown in Fig. 4-10. We note that there are three
general regions of behavior for the wall or panel:

(a) Region I: stiffness-controlled region
(b) Region II: mass-controlled region
(¢) Region III: wave-coincidence region (damping-controlled region)

Techniques for prediction of the transmission loss for each of these regions
are given in the following material.

4.8.1 Region I: Stiffness-Controlled Region

At low frequencies, the wall or panel vibrates as a whole, and sound trans-
mission through the panel is determined primarily by the stiffness of the
panel. Let us consider a panel, as shown in Fig. 4-11, in which the medium is
the same on both sides of the panel, and the panel is very thin. The expres-
sions for the acoustic pressure and particle velocity on each side of the panel
may be written as follows:

pi(x, 1) = A, @ 4 gy elerth) (4-132)
(Incident wave) 4 (Reflected wave)
pox, £) = Ay @R (4-133)

(Transmitted wave)

REGION 1 l REGION [I |REGION 11l

STIFFNESS MASS DAMPING
CONTROLLED CONTROLLED L

TRANSMISSION LOSS, dB

i I f.

FREQUENCY, Hz

FIGURE 4-10 General variation of the transmission loss with frequency for a
homogeneous wall or panel.
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Ficure4-11 Vibration of a panel in the stiffness-controlled region, Region 1. V(7)
is the vibrational velocity of the panel.

uy (x, 1) = (1/poe)[ Ay &) — By 9] (4-134)

uy(x, 1) = (1/poc) Ay (4-135)

At the surface of the panel (for a very thin panel), the particle velo-
cities are both equal to the instantaneous velocity of the panel, V'(¢). We may
write the following expressions from Eqs (4-134) and (4-135) for x = 0:

Al _Bl :A2 (4_136)
A jot
V(i) = A2 6" (4-137)
PoC

If the panel has a finite stiffness, the net force acting on the panel is
equal to the “spring-force” of the panel. The specific mechanical compliance
or mechanical compliance per unit area will be denoted by the symbol Cg.
The compliance is the reciprocal of the spring constant. If we make a force
balance at the surface of the thin panel, we obtain the following expression:

eiwr

10, 1) = pa(0. 1) = —Cis J Viydi = — 2

2 (4-138)
Jwcp, CS
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Making the substitutions from Eqs (4-132) and (4-133) for the acoustic
pressure force, we obtain the following expression for the coefficients:

4,
wPOCCS

Combining Eqs (4-136), (4-137), and (4-139), we obtain the following
expression for the ratio of coefficients:

A+ B, — Ay =+ (4-139)

j
|
A_ 20pocCs (4-140)
A1 1+ (1/2wpycCs)?

The sound power transmission coefficient for normal incidence may be
determined from Eq. (4-140):

I 24, 1
o=t 1Pl (o ! (4-141)
L pwl® 1Al 14 (1/20pcCs)
Substituting for the frequency, w = 2xf, we obtain an alternative form of
Eq. (4-141):
ay =1+ (47f pocCs) > = 1+ (Ks) (4-142)
where:
Kg = 4nf p,cCs (4-143)

If we repeat the development for the case of oblique incidence of the
sound wave, we obtain the following expression for the sound power trans-
mission for an angle of incidence 6:

1

WO = coso/Ke)?

(4-144)
In many situations in noise control work, the sound waves strike the surface
at all angles of incidence (random incidence). The average sound power
transmission coefficient for random incidence of the sound waves is given

by:
/2
a =2 J a;(0) cosBsinHdo (4-145)
0

If we use the expression for ¢,(0) from Eq. (4-144) in Eq. (4-145), we obtain
the following expression for the sound power transmission coefficient in the
stiffness-controlled region, Region I:

a, = K3 In(1 + Kg%) = K2 In(1/ay,) (4-146)
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The transmission loss for the stiffness-controlled region is given by the
following:

TL = 10log,o(1/a,) = 101og,o(1/K3) — 10logo[In(1 + Ks*)]  (4-147)

The transmission loss for normal incidence may be written as follows:

TL, = 10logo(1/ay) = 101og,o(1 + K52) (4-148)

TL, = (10)(log,, e)In(1 + K5?) = 4.3429 In(1 + K5?) (4-149)
or

In(1 + K3?) = 0.23026 TL,, (4-150)

If we substitute the expression from Eq. (4-150) into Eq. (4-147), we obtain
the final expression for the transmission loss for Region I, the stiffness-
controlled region:

TL = 201log,,(1/Ks) — 1010g,(0.23026 TL,) 4-151)

For a rectangular panel, the expression for the specific mechanical
compliance is given by the following:
_768(1 —a?)

- BERB(1/a* + 1/b%)?

S (4-152)
The quantities ¢ and b are the width and height of the panel; / is the
thickness of the panel; and E and o are the Young’s modulus and
Poisson’s ratio for the panel material, respectively. For a circular panel
with a diameter D and thickness 4, the specific mechanical compliance is
given by:

Coe 3D*(1 — %)
ST 256ER

Some properties of various panel materials are given in Appendix C.

(4-153)

4.8.2 Resonant Frequency

As the frequency of the incident wave is increased, the plate will resonate at
a series of frequencies, called the resonant frequencies. The lowest resonant
frequency marks the transition between Region I and Region II behavior.
The resonant frequencies are a function of the plate dimensions. For a
rectangular plate having dimensions a x b x h thick, the resonant frequen-
cies are given by the following expression (Roark and Young, 1975):

Jom = (/433 hl(m/a)* + (n/b)’] (4-155)
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The factors m and n are integers, 1, 2, 3, ... . The quantity ¢y is the speed of
longitudinal sound waves in the solid panel material:

E 12
=[] o

The quantity p,, is the density of the panel material. Usually, the lowest
resonant frequency (the fundamental frequency) is the most predominant
frequency. This frequency corresponds to m =n = 1 in Eq. (4-155):

fir = (@/AV3)eLhl(1/a)* + (1/b)] (4-157)

The magnitude of the transmission loss at the first few resonant frequencies
is strongly dependent on the damping at the edges of the panel.

The fundamental resonant frequency for a circular plate is given by the
following expressions. For a circular plate of diameter D and thickness /
clamped at the edge (Roark and Young, 1975):

. 102(,Lh
- n/3D?

For a circular plate with a simple supported edge, the fundamental resonant
frequency is given by a similar equation:
_ 5.25¢.h
N n\/g D?

S (4-158)

Ju (4-159)

4.8.3 Region II: Mass-Controlled Region

For frequencies higher than the first resonant frequency, the transmission
loss of the panel is controlled by the mass of the panel and is independent of
the stiffness of the panel. In this region, some acoustic energy is transmitted
through the panel and the remainder is reflected at the panel surfaces. This is
the physical situation analysed in Sec. 4.7.

The sound power transmission coefficient for normal incidence is
given by Eq. (4-128):

2 2
L 1+ <77{/{:0wh> — 14+ (77st> (4-160)
A P1€] P1€]

The quantity Mg is called the surface mass, or the panel mass per unit
surface area:

Mg = pyh (4-161)

The quantity p,, is the density of the wall or panel, and p; and ¢, are the
density and speed of sound in the air around the panel, respectively.
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The transmission loss for normal incidence is related to the sound
power transmission coefficient for normal incidence:

TL, = 10log,y(1/a¢,) (4-162)

For random incidence (field incidence), it has been found experimentally
that the transmission loss for the mass-controlled region is related to TL,, by
the following expression (Beranek, 1971):

TL=TL, -5 (4-163)

In many cases, the second term is Eq. (4-160) is much larger than 1. In
these cases, the reciprocal of the sound power transmission coefficient for
normal incident is proportional to f2. The transmission loss is proportional
to 201og,o(f), so that if the frequency is doubled the transmission loss will
be increased by 201og;,(2) or 6 dB/octave for the mass-controlled region.

4.8.4 Critical Frequency

As the frequency of the impinging sound wave increases in the mass-
controlled region, the wavelength of bending waves in the material, which are
frequency-dependent, approaches the wavelength of the sound waves in the
air. Coincidence (equality of the wavelengths) first occurs at grazing inci-
dence, or for an angle of incidence of 90°. When this condition happens,
the incident sound waves and the bending waves in the panel reinforce
each other. The resulting panel vibration causes a sharp decrease in the
panel transmission loss. This point corresponds to the transition from
Region II behavior to Region III behavior.

The critical frequency (or wave coincidence frequency) is given by the
following expression (Reynolds, 1981):

V3

fo = (4-164)
meLh

If we combine Eqs (4-161) and (4-164), we find that the product (Msf,) is a
function of the physical properties of the panel and the sonic velocity (¢) in
the air around the panel:

V3,

Msf. = — (4-165)

4.8.5 Region III: Damping-Controlled Region

For frequencies above the critical frequency, the transmission loss is
strongly dependent on the frequency of the incident sound waves and the
internal damping of the panel material.
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For sound waves striking the panel at all angles (random incidence) at
frequencies greater than the critical frequency, the following empirical field-
incidence expression applies for the transmission loss in the damping-
controlled region (Beranek, 1971):

TL = TL,(f.) + 101og,o(n) + 33.221og,,(f/f.) — 5.7 (4-166)

The quantity TL,(f.) is the transmission loss for normal incidence at the
critical frequency:

2
TL,(f) = 1010g10[1 + (”MSﬂ) } (4-167)

P1€1

The quantity 5 is the damping coefficient for the panel material. Some
numerical values for the damping coefficient for various materials are
given in Appendix C.

For the damping-controlled region, the transmission loss is propor-
tional to 33.221og,o(f). If the frequency is doubled, the transmission loss is
increased by 33.221og;,(2) = 10dB/octave.

Example 4-4. An oak door has dimensions of 0.900m (35.4in) wide by
1.800 m (70.91n) high by 35 mm (1.381n) thick. The air on both sides of the
door has a temperature of 20°C (68°F), for which ¢ = 343.2m/s (1126 ft/
sec), p = 1.204kg/m> (0.07521b,,/ft’), and z, = 413.3 rayl. Determine the
transmission loss for the following frequencies: (a) 63 Hz, (b) 250 Hz, and (c¢)
2000 Hz.

We find the following properties for the oak door from Appendix C:

Longitudinal sound wave wave speed L = 3860 m/s (12,700 ft/sec)
Density  p,, = 770kg/m> (48.11b,, /ft?)
Critical frequency product

M f. = (11,900 Hz-kg/m?) (343.2/346.1)*

= 11,700 Hz-kg/m? (2397 Hz-lb,, /ft?)

Damping factor n = 0.008
Young’s modulus E =11.2GPa (1.62 x 10° psi)
Poisson’s ratio o=0.15

The first resonant frequency is found from Eq. (4-157):

fi1 = 0.4534c h(1/d® + 1/b%)

fi1 = (0.4534)(3860)(0.035)[(1/0.90%) + (1/1.80%)] = 94.5 Hz
The specific mass is:

Mg = pyh = (770)(0.035) = 26.95kg/m? (5.52 b, /ft)
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The critical or wave coincidence frequency is found from the ratio Mg f.:

_ Msf. (11,700)
fe =35 = (26.95)

(a) For f = 63 Hz.

=434.1Hz

The frequency, f = 63 Hz < 94.5 Hz = f|;; therefore, this case lies in Region
I, the stiffness-controlled region. The specific mechanical compliance may be
evaluated from Eq. (4-152):

3 (768)(1 — 0.15%)
(@®)(11.2)(10°)(0.035)°[(1/0.90)* + (1/1.80)*F

=70.81 x 107 m*/N

Cs = 70.81 nm/Pa

Cs

The value of the parameter defined by Eq. (4-143) is as follows:
Ks = 47 fZ,Cs = (47)(63)(413.3)(70.81)(1077) = 0.02317

The sound power transmission coefficient may be calculated from Eq.
(4-146):

a, = K2 In(1 + Kg%) = (0.02317)? In[1 4 (0.02317) 2] = 0.004042
The transmission loss for a frequency of 64 Hz is as follows:

TL = 101log;(,(1/0.004042) = 23.9dB
(b) For f =250 Hz.

For this case, fi; = 94.5Hz < 250 Hz < 434.1 Hz = f_; therefore, the oper-
ating region is Region II, the mass-controlled region. The sound power
transmission coefficient for normal incidence is found from Eq. (4-160):

1 (nfMS)ZZ - [(n)(zso)(za%)

— =1 7S
w7z (413.3)

1/ay, = 2623.8

2
} =14 (51.21)°

The transmission loss for normal incidence is found from Eq. (4-162):
TL, = 10log;y(1/ay,) = 1010g;,(2623.8) = 34.2dB

The transmission loss with random incidence for a frequency of 250 Hz is
found from Eq. (4-163):

TL =342 -5=29.2dB
(c) For f = 2000 Hz.
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The frequency, f = 2000Hz > 434.1 Hz = f;; therefore, this case lies in
Region III, the damping-controlled region. The transmission loss for normal
incidence at the critical frequency is found from Eq. (4-167):

(7)(11,700)

TLy(f) = 1010%10{1 + [ (413.3)

2
j| } = 10log;,(1 + 7909)

=39.0dB

The transmission loss for a frequency of 2000 Hz is found from Eq. (4-166):
TL = 39.0 + 1010g;,(0.008) + 33.2210g;,(2000/434.1) — 5.7
TL =39.0 +(-21.0) +22.0 — 5.7 = 34.3dB

Example 4-5. A steel plate (density 7700 kg/m®) has dimensions of 0.900 m
(35.41in) by 1.800m (70.91in). The air on both sides of the plate has a char-
acteristic impedance of 413.3 rayl (at 20°C) and sonic velocity of 343.3m/s.
At a frequency of 500 Hz, it is desired to have a transmission loss of 30 dB.
Determine the required thickness of the plate.

This problem involves iteration, because we do not know the region
for the transmission loss. Let us begin by trying Region II, the mass-
controlled region. The required transmission loss for normal incidence is
given by Eq. (4-163):

TL,=TL+5=30+5=35dB

We may use Eqs (4-160) and (4-162) to determine the surface mass:
TL, = 10log,,[1 + (xMsf/Z,)*] = 35dB
(Mg f/Z,))* =101 — 1 =3161.3

The surface mass is:

(3161.3)1/%(413.3) 5
Mg = =14.79k =
S (7’[)(500) g/m pwh

The required thickness (if the TL region is Region II) is as follows:

1479
~ 7700
Now, let us check the assumption of Region II behavior. The critical

frequency is found from the Mg f, product, obtained from Appendix C for
steel:

h =0.00192m = 1.92mm (0.0761n)

Mg f. = (99,700)(343.2/346.1)> = 98,040 Hz-kg/m>
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The critical or wave-coincidence frequency is:

_ Msf.  (98,040)
fe= Ms — (1479)

6630Hz > 500Hz = f

The first resonant frequency for the panel is found from Eq. (4-157):
fi1 = (0.4534)(5100)(0.00192)[(1/0.900)* + (1/1.800)°]
fi1 =6.85Hz < S00Hz = f

The frequency /' = 500 Hz lies in Region II, because f}; < f < f., and
the required panel thickness is:

h = 1.92mm (0.076in)

4.9 APPROXIMATE METHOD FOR ESTIMATING
THETL

In preliminary design, it is often required to estimate the transmission loss
spectrum for a panel. This section presents an outline of an approximate
method for calculating the transmission loss curve for Regions II and III
(Watters, 1959). If the panel dimensions a and b are at least 20 times the
panel thickness 4, the first resonant frequency for the panel is usually less
than 125 Hz, so the major portion of the transmission loss curve will involve
Regions II and III. In addition, the application of the Region II equations
for Region I results in a conservative estimate for the transmission loss.
When using the approximate method, one should check the importance of
the Region I behavior, however.

In Region II, the mass-controlled region, the random-incidence trans-
mission loss is given by:

2
TL=TL,—5= 1010g10|:1 + (”Ms‘f) } _5 (4-168)

P1€]1

For frequencies above about 60 Hz, the term (wMgf/p;c;) is usually much
larger than 1; therefore, Eq. (4-168) may be approximated by the following

expression:
M7
TL = 101og10[” Sf] -5 (4-169)
P1€1
Equation (4-169) may be written in the following alternative form:
TL = 20log(Ms) + 201og(f) — 20logo(pic1/m) = 5 (4-170)
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For the case of air at 101.3 kPa (14.7 psia) and 22°C (72°F), the density and
sonic velocity are:

o1 = 1.196kg/m’ and ¢ =344m/s
Using these values, we find the following value for the third term in Eq.
(4-170):

201og;,[(1.196)(344) /7] = 42.3dB

For frequencies below the plateau (Region II), the transmission loss
may be approximated by the following:

TL = 20log,o(Ms) + 20 log,o(f) — 47.3 (4-171)

The specific mass Mg is in kg/m? and the frequency f is in Hz. We note from
Eq. (4-171) that a doubling of the frequency (a frequency change of one
octave) results in a change of the transmission loss of:

ATL = 201log,(,(2) = 6.02dB/octave ~ 6 dB/octave

The approximate method replaces the transition ‘“peaks-and-valleys”
between Region II and Region III by a horizontal line or plateau, as shown
in Fig. 4-12. The height of the plateau (TLp) and the width of the plateau
(A fp) depend on the material. Some typical values of these quantities are
given in Table 4-1.

For the damping-controlled region, the only term in Eq. (4-166) that
contains the frequency is the following:

33.221ogo(f/1f2)

]

PLATE AU

10

TL.dB dB/oct.

G dB/octave P

OCTAVE BAND CENTER FREQUENCY, Hz

FiGURE 4-12 Schematic of the approximate curve for the transmission loss of a
panel.
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TaBLE 4-1 Values of the Plateau Height (TLp) and
Plateau Width (Afp) for the Approximate Method of
Calculation of the Transmission Loss for Panels.

Material TLp, dB Afp =f, — fi, octaves f,/f;
Aluminum 29 3.5 11
Brick 37 2.2 4.5
Concrete 38 2.2 4.5
Glass 27 33 10
Lead 56 2.0 4
Masonry block

Cinder 30 2.7 6.5

Dense 32 3.0 8
Plywood 19 2.7 6.5
Sand plaster 30 3.0 8
Steel 40 3.5 11

Source: Watters (1959).

For a frequency ratio of 2 (1 octave), we find the following value for this
term:

33.22log;((2) = 10.0dB/octave

In Region III, the slope of the transmission loss curve is 10 dB/octave. To be
on the “safe” side or for a conservative estimate of the transmission loss, it is
recommended that the TL curve in Region III be drawn with a slope of the
10 dB/octave for the first 2 octaves above the plateau. The remainder of the
curve should be drawn with a slope of 6 dB/octave (Beranek, 1960).

The application of the approximate method for estimating the trans-
mission loss curve is illustrated in the following example.

Example 4-6. Estimate the transmission loss curve for a steel plate having
a thickness of 3 mm (0.118in), using the approximate method.
The specific mass for the plate is found as follows:

Mg = py,h = (7700)(0.003) = 23.1 kg/m?

Let us start by calculating the transmission loss at 125 Hz, using Eq. (4-171):
TL = 20log;((23.1) + 201log,,(125) — 47.3
TL =27.27+41.94 —47.3 =21.9dB (at 125 Hz)

The plateau transmission loss for steel is TLp = 40dB, from Table 4-1.
Using Eq. (4-171), we find the frequency at which the plateau begins:
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201ogo(f1) = 40 — 27.27 4+ 47.3 = 60.03
£ = 10%093/20 — 1003Hz (beginning of plateau)

Using the frequency ratio from Table 4-1, we may find the frequency at the
end of the plateau:

o= (A = (A1D(1003) = 11,040 Hz

The region for the transmission loss from 63 Hz to 1003 Hz is Region
I1, the mass-controlled region. In this range, the approximate transmission
loss values may be found by adding (or subtracting) 6 dB for each octave
above (or below) 125Hz. For frequencies above 11.04kHz, the region is
Region III, the damping-controlled region. The transmission loss at
16 kHz, may be found from the following:

TL = TLp + 33.22log,o(f/f2) = 40 + 33.2210g,,(16,000/11,040)
—45.4dB

The values for the complete TL curve are shown in Table 4-2, and a plot of
the TL curve is given in Fig. 4-13.

4.10 TRANSMISSION LOSS FOR COMPOSITE
WALLS

The material presented in the previous sections applies for transmission of
sound through homogeneous, single-component panels, such as a plate of

TABLE 4-2 Transmission Loss Values for
Example 4-6.

f, Hz TL, dB Explanation

63 159 Down by 6dB from 125 Hz value
125 21.9 Value calculated
250 279 Up by 6dB from 125 Hz value
500 339 Upby6dB
1,000 399 Upby6dB
1,003 40.0 Plateau begins
2,000 40.0 Plateau
4,000 40.0 Plateau
8,000 40.0 Plateau
11,040 40.0 Plateau ends
16,000 45.4  Value calculated
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FiGure 4-13 Solution for Example 4-6.

glass. In this section, we will consider some more complex constructions that
can be analyzed analytically.

4.10.1 Elements in Parallel

One common form of construction consists of elements in parallel in a
composite wall, such as a window or door in the wall. The total power
transmitted through the wall is the sum of the power transmitted through
each element, because the incident acoustic intensity is the same for all
elements:

Wy = 2”/Vtr,j =aWin = aSh, = Iinzat,j S}' (4-172)

The quantity § = XS; is the total surface area, and a,; is the sound power
transmission coefficient for each individual element. The overall sound
power transmission coefficient for elements in parallel in a composite wall
is given by the following:
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(4-173)

ay

The effect of openings in a panel is generally significant, because the
sound power transmission coefficient for an opening is unity (all energy is
transmitted through the opening). This effect is illustrated in the following
example.

Example 4-7. A wall has a transmission loss of 20 dB with no opening in
the wall. If an opening having an area equal to 10% of the total wall area is
added in the wall, determine the overall transmission loss for the wall with
the opening included.

The sound power transmission coefficient for the wall material is:
1/a., = 10*' = 100
a,; =0.010

The sound power transmission coefficient for the opening is a,, = 1. Using
Eq. (4-173), we may evaluate the overall sound power transmission coeffi-
cient:

o (0.9005)(0.010) + (0.10S)(1.00)
t S
The transmission loss for the wall with the opening included is:

TL = 10log;(,(1/0.1090) = 9.6 dB

=0.1090

We observe that an opening of only 10% of the total wall area reduces
the transmission loss from 20dB to a value slightly less than 10dB. If the
noise reduction for a wall is to be effective, any openings must be as small as
possible or completely eliminated, if practical.

4.10.2 Composite Wall with Air Space

The double-wall construction, consisting of two panels separated by an air
space, is often used as a barrier to reduce noise transmission. For this
construction, shown in Fig. 4-14, the overall transmission loss is influenced
by the air mass in the space, in addition to the effect of the transmission loss
for each separate panel. The behavior of the TL curve for the composite wall
may be divided into three regimes (Beranek, 1971).

Regime A, the low-frequency regime, occurs for closely spaced panels.
When the two panels are placed very close together, the panels act as one
unit, as far as the sound transmission is concerned. The air space between
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FiGure 4-14 Composite wall with an air space between the two panels.

the panels has a negligible effect. This behavior occurs for the frequency
range, as follows:

pc

e+ e r<f (4-174)

The density and speed of sound for Eq. (4-174) are the values for the air
around the panel. The frequency f, is the resonant frequency of the two
panels coupled by the air space. This frequency is given by the following:

clp/ 1 1 12
=— |l — 4+ — 4-1
Jo 27 [d <M51 * Msz)] (+-175)

The quantities Mg, and Mg, are the specific mass for panels 1 and 2, respec-
tively. The quantity d is the spacing between the panels.
The transmission loss for Regime A is given by the following:

TL = 20log,(Ms; + Msy) + 201log,o(f) — 47.3 (4-176)

As the panels are moved farther apart, standing waves are set up in the
air space between the panels, and Regime B behavior is observed. This
regime occurs for the frequency range, as follows:

Jo <f < (¢/2md) (4-177)
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The transmission loss in Regime B is given by the following:
TL =TL, + TL, + 20log,y(4mf d/c) (4-178)

The quantities TL; and TL, are the transmission loss values for each of the
panels acting alone.

When the panels are moved sufficiently far apart, the two panels act
independently, and Regime C behavior is observed. The air space between
the panels acts as a small “room.”” This behavior occurs for the frequency
range, / > (¢/2nd). The transmission loss in Regime C is given by:

TL =TL, + TL, + 1010g10|: (4-179)

o7
1+ Q2/w)

The quantity « is the surface absorption coefficient for the panels.

The transmission loss expressions given in this section apply for the
sound transmitted through the airspace only. There is a second path that the
sound may take, called the structureborne flanking path, which involves
sound transmission through mechanical links between the panels.
Prediction methods for this contribution to the transmission loss are given
by Sharp (1973).

Example 4-8. Two panels of glass, each having a thickness of 6 mm
(0.241n), are to be used to reduce the sound transmission through an open-
ing 1.00m (39.4in) high and 2.00m (78.7in) wide. The panels are spaced
75mm (2.951in) apart, and the air around the panels is at 24°C (75°F), for
which p = 1.188kg/m> (0.07421b,,/ft*) and ¢ = 345.6m/s (1134 ft/sec). The
surface absorption coefficient for the glass is @ = 0.03. Determine the trans-
mission loss at the following frequencies: (a) 250 Hz, (b) 1000 Hz, and (c)
4kHz.
The properties of glass are found in Appendix C:

Longitudinal sound wave speed ¢ = 5450m/s (17,880 ft/sec)
Density  py, = 2500kg/m? (1561b,, /ft°)
Critical frequency product

M f. = (30,300 Hz-kg/m*)(345.6/346.1)*

= 30,210 Hz-kg/m? (6190 Hz-Ib,, /ft?)

Damping factor n = 0.002
Young’s modulus E =71.0GPa (10.3 x 10° psi)
Poisson’s ratio o=0.21

First, let us determine the transmission loss for a single glass panel.
The first resonant frequency is found from Eq. (4-157):
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fi1 = 0.4534¢ h[(1/a)* + (1/b)1]

fi1 = (0.4534)(5450)(0.006)[(1/1.00)> 4 (1/2.00)*] = 18.5 Hz
The surface mass for one panel is:

Mg = pyh = (2500)(0.006) = 15.0kg/m> (3.07 Ib,, /ft?)
The critical frequency is:

f. = (Ms f.)/Ms = (30,210)/(15.00) = 2014 Hz

For the frequencies of 250 Hz and 1000 Hz, the single panel operates in
Region II, the mass-controlled region. The sound power transmission coef-
ficient for normal incidence is found from Eq. (4-160) for a frequency of
250 Hz:

L _ . [@0@s005.0)
ay, +[(1.188)(345.6)

2
} =1+823.3=8243
Ain
The transmission loss for normal incidence is:
TL, = 101log;((824.3) =29.2dB

The transmission loss for a single panel of glass at 250 Hz is found from Eq.
(4-163):

TL =292-5=242dB

Repeating the calculations for a frequency of 1000 Hz, we find the
following values:

1ay, = 1+ 13,174 = 13,175
TL, = 41.2dB
TL =41.2—5=36.2dB

The frequency of 4kHz lies in Region III, the damping-controlled
region. The transmission loss for normal incidence at the critical frequency
is found from Eq. (4-167):

o (0(30,21007*|
TLy(fo) = 1010gm{1 + [W] } =47.3dB

The transmission loss for a single panel at 4000 Hz is found from Eq.
(4-166):

TL = 47.3 4 1010g,((0.002) + 33.2210g,,(4000/2014) — 5.7
TL =47.3 —27.0 +9.9 — 5.7 = 24.5dB
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The complete transmission loss curve for a single panel of glass is given in
Table 4-3.

Next, let us examine the case for two glass panels, each having a sur-
face mass of Mg = Mg, = 15.0 kg/mz. The various frequencies which
divide the different regimes of behavior for the double panel may be eval-
uated:

oc . (410.6)
T[(MSI + Msz) o (7'[)(150 + 150)

=4.4Hz

Using Eq. (4-175), we find the resonant frequency for the panel:

_ (345.6) [(1.188) (1 1 1/2_
Jo= (27m) [(0.075) (ﬁ + m)} =79.9Hz

¢ (3456)
2md ~ @007~ HE

We note that the frequency f = 63 Hz lies in Regime A.

(a) For f = 250 Hz, we find that 79.9Hz < f = 250 Hz < 733 Hz. This case

lies in Regime B. The transmission loss may be calculated from Eq. (4-178):

(47)(250)(0.075)
(345.6)

TL =24.2+242+20 10g10|: } =484+ (—3.3)dB

TL =45.1dB

(b) For f = 1000 Hz, we find that 733 Hz < ' = 1000 Hz. This case lies in
Regime C. The transmission loss may be calculated from Eq. (4-179):
4

TL = 36.2 + 36.2 + 10 log, [m

] =724-123=060.1dB

TaBLE 4-3 Tabular Results for Example 4-8.

Frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Single panel:
Region I m 1o 1 1T 11 Inmr 11
TL, dB 12.3 182 242 30.2 362 422 245 345
Double panel:
Regime A B B B C C C C
TL, dB 18.2 27.1 45.1 63.1 60.1 72.1 36.7 56.7
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(c) For f = 4000 Hz. As far as the behavior of the double panel is concerned,
the regime is Regime C; however, the individual panels are operating in
Region III, the damping-controlled region. The transmission loss may be
determined from Eq. (4-179), using the single panel transmission loss values
calculated for Region III at 4000 Hz:

TL = 24.5424.5 + (—12.3) = 36.7dB

The complete transmission loss curve is tabulated in Table 4-3 and
plotted in Fig. 4-15.

4.10.3 Two-Layer Laminate

Panels composed of two or more solid layers are often used as partitions for
enclosures and other acoustic structures. If the layers are bonded at the
interface with no air space, as shown in Fig. 4-16, then the composite
panel bends about an overall neutral axis. If we let x be the distance from
the interface to the overall neutral axis, positive toward material 1 side, we
may find the quantity in terms of the properties of the individual layers:

20

80

TL, dB

B3 125 250 S00 1000 4000 16,000
2000 agoo

OCTAVE BAND CENTER FREQUENCY, Hz

FiGure 4-15 Solution for Example 4-8.
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FIGURE 4-16 Two-ply laminated panel: x is the distance from the interface of the

two materials to the overall neutral axis of the composite panel in bending, with
positive values measured toward material 1.

E\li — Eyhs
_ 4-180
X 2(E hy + Exhy) ( )

The transmission loss for Region II, the mass-controlled region, may
be determined from Eq. (4-163):

2
TL = 1010g10|:1 + (”ZM5> } -5 (4-181)

Ne
The specific mass for the layered panel is given by the following:
Ms = pihy + pahy (4-182)

The critical or wave coincidence frequency for the layered panel may
be found from the following expression:

2 1/2
. C Ms
== 4-183
fo=n ( ) (4-183)
The quantity c is the speed of sound in the air around the panel, and B is the

fexural rigidity of the panel, given by the following expression:

E,h
12(1 — o2)

Ehi

B=——1"1
12(1 — 6?)

1431 =2x/h)*+ [143(1 +2x/hy)*]

(4-184)

Note that the algebraic sign for x must be maintained in Eq. (4-184). The
quantity y is positive when the overall neutral axis is on the material 1 side
of the interface.

The transmission loss for a layered panel may be determined from Eq.
(4-166) with the overall damping coefficient 7 calculated from the following:

. (mEihy + myEshy)(hy + hy)*
B[+ 3(1 = 25/m )]+ Eh3[1 +3(1+ 2/

n (4-185)
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Example 4-9. An aluminum plate (material 1) having a thickness of 1.6 mm
(0.063 in) is bonded to a rubber sheet (material 2) having a thickness of
4.8 mm (0.1891in). The panel dimensions are 400 mm (15.75in) by 750 mm
(29.53in). The air around the panel is at 21°C (70°F), for which the density
and speed of sound are p, = 1.200 kg/m? (0.0749 Ib,, /ft*) and ¢ = 343.8 m/s
(1128 ft/sec), respectively. Determine the transmission loss for the panel at
(a) 500 Hz and (b) 8 kHz.

The properties of the aluminum (subscript 1) and rubber (subscript 2)
are found from Appendix C:

density  p; = 2800kg/m® (174.51b,, /ft%);
0> = 950kg/m> (59.31b,,/ft%)
Young’s modulus E; =73.1 GPa (10.6x10° psi);
E, = 2.30 GPa (0.334 x 10° psi)
Poisson’s ratio o; = 0.33; o, = 0.400
damping factor n = 0.001; 1, = 0.080

The specific mass for the composite panel is found from Eq. (4-182):
Mg = (2800)(0.0016) + (950)(0.0048)
Mg = 4.48 + 4.56 = 9.04kg/m*> (1.8521b,,/ft?)
The location of the neutral axis for the composite panel is found from Eq.
(4-180):

~(73.1)(0.0016)° — (2.30)(0.0048)”
X = 2)(73.1)(0.0016) + (2.30)(0.0048)]

Let us calculate the following parameters for Eq. (4-184):
1431 =2x/h)* = 1+ 3)[1 — (2)(0.524)/(1.60)]* = 1.357
1+3(1 4+ 2x/hy)* = 14+ 3)[1 + (2)(0.524) /(4.80)]* = 5.453
The flexural rigidity for the composite panel is found from Eq. (4-184):

~ (73.1)(10”)(0.0016)*(1.357) | (2.30)(10%)(0.0048)°(5.453)
N (12)(1 — 0.332) (12)(1 — 0.402)

B =38.0 + 137.6 = 175.6 Pa-m® = 175.6 N-m (129.5 1b;-ft)

=0.000524 m = 0.524 mm

The critical or wave-coincidence frequency for the composite panel is
found from Eq. (4.183):

_(343.8)7 (9.04\*
=2 \i756) = 420812

If the panel were constructed of aluminum only, the critical frequency would
be found from Eq. (4-164):
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V3 (343.8)
(77)(5420)(0.0016)

(a) For a frequency of 500 Hz. This frequency is less than the critical fre-
quency, so the panel behavior falls in Region II, the mass-controlled region.
The transmission loss may be found from Eq. (4-181) for the composite
panel:

1 (1)(500)(9.04)]°
b+ [(1.20)(343.8)} = 1186
TL = 10log,((1186) — 5 =30.7 — 5 = 25.7dB

J() = = 7515Hz

A

For a single aluminum sheet, the transmission loss is as follows:
l/a, =1+291 =292
TL=247-5=19.7dB

The addition of the mass of the rubber sheet increases the transmission loss
by 6.0dB.

(b) For a frequency of 8 kHz. This frequency is greater than the critical
frequency, so the panel behavior falls in Region 111, the damping-controlled
region. The composite panel damping factor is found from Eq. (4-185):
[(0.001)(73.1)(0.0016) 4 (0.008)(2.30)(0.0048)](0.0016 + 0.0048)>
(73.1)(0.0016)*(1.357) + (2.30)(0.0048)*(5.453)

n = 0.00469

Using Eq. (4-167), we find the transmission loss at the critical frequency for
normal incidence:

(7)(9.04)(4268)

TL,(fo) = 1010%10{1 + [ (1.20)(343.8)

=49.4dB

2
} } = 1010g,((86,320)

The transmission loss for the composite panel is found from Eq. (4-166):
TL = 49.4 + 101o0g;,(0.00469) + 33.2210g,,(8000/4268) — 5.7
TL =494 +(—23.3) +9.1 = 5.7=129.5dB

For a single layer of aluminum, we find the following value, using Eq.
(4-167):

2
TL,(f) = 1010g10{1 + [(71)(448)(7515)} } =48.2dB

(1.20)(343.8)
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The transmission loss for the aluminum alone at 8000 Hz is as follows:
TL(1) = 48.2 + 1010g;,(0.001) + 33.22log,,(8000/7515) — 5.7
TL(1) =48.2+(—30.0)+ 0.9 —5.7=13.4dB

The addition of the rubber layer increases the transmission loss at 8 kHz by
about 16dB.

4.10.4 Rib-Stiffened Panels

Panels may have ribs attached to increase the stiffness of the panel and to
reduce stress levels for a given applied load. The rib-stiffened panel shown in
Fig. 4-17 has a stiffness that is different in the direction parallel to the ribs
(the more stiff direction) than in the direction perpendicular to the ribs. This
difference in stiffness has an influence on the transmission loss for the panel
(Maidanik, 1962).

In the mass-controlled region (for /' < f;), the transmission loss may
be calculated from Eq. (4-163), using the following expression for the sur-
face mass or mass per unit surface area:

Ms = pyh[1 + (h/1)(1/d)] (4-186)

There are two different wave coincidence or critical frequencies for an
orthotropic plate, such as a rib-stiffened panel, corresponding to the differ-
ent stiffness of the panel. The two critical frequencies are given by expres-
sions similar to Eq. (4-183):

2 1/2
c MS
— < (s 4-1
=52 (%) (4-187)
2 172
. C MS
fo=5: (%) (4-188)

o —

1T 7

h

r

—{t | d

FiGURE 4-17 Dimensions for a rib-stiffened panel.
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The flexural rigidity in the two perpendicular directions is given by the
following expressions (Ugural, 1999):

B, =EIl/d (4-189)

where 7 is the moment of inertia about the neutral axis of the T-section
shown shaded in Fig. 4-17 and d is the center-to-center spacing of the ribs.
B ER
12{1 = (¢/d) + (t/d)/[1 + (he/ WY}
For the intermediate frequency range, f.; < f < f., the transmission
loss may be calculated from the following expression (Beranek and Vér,
1992):
TL = TL,(fa1) + 101og;o(n) + 3010g,(f/fec1) — 401log,o[In(4 f/f1)]
+ 10log o2 (fo2/fe) '] (4-191)
The quantity TL,(f;;) is the transmission loss from Eq. (4-167) evaluated at
the first critical frequency f;;.

For the high-frequency range, f > f.,, the transmission loss may be
found from the following expression:

TL = TL,(fx2) + 101og;o(n) + 301og,o(f/fe2) — 2 (4-192)

B, (4-190)

Example 4-10. A pine wood sheet, 1.22m (48in) by 2.44m (96in) with a
thickness of 12.7mm (0.5001in), has pine wood ribs attached. The dimen-
sions of the ribs are 25.4mm (1.0001in) high and 19.1 mm (0.7501in) thick.
The ribs are spaced 101.6 mm (4.0001in) apart on centers and are oriented
parallel to the long dimension of the sheet. Air at 25°C (77°F) and 101.3 kPa
(14.7 psia) is on both sides of the panel. Determine the transmission loss for
the panel for a frequency of 500 Hz.

The location of the centroid axis for the T-section shown in Fig. 4-17
may be found, as follows. The cross-sectional areas of the sheet portion (1)
and the rib (2) are first determined, along with the distances from the inter-
face to the individual centers of the areas, with the positive direction toward
the sheet:

A = (101.6)(12.7) = 1290mm>  and  y; = (})(12.7) = 6.35mm
Ay = (19.1)25.4) =485mm®  and  y, = —(})(25.4) = —12.7mm

The distance from the interface between the sheet and the rib to the overall
centroid axis is as follows:
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_ (1290)(6.35) + (485)(—12.7) .
= (1290 1 485) = 1.145mm (0.045in)

The area moments of inertia of the individual areas are as follows:
I, = (101.6)(12.7)*/(12) = 17,343 mm* (0.0417 in*)
L = (19.1)(25.4)*/(12) = 26,083 mm* (0.0627 in*)

The distances from the individual centroids to the overall centroid axis are
as follows:

ry = 6.35—1.145 = 5.205mm and
1y =—12.7—1.145 = —13.845mm

The area moment of inertia of the T-section about the overall centroid
axis may be calculated from the following expression:

1= 50+ A
I = 17,343 + (1290)(5.205)* + 26,083 + (485)(—13.845)*

I =171,380mm* = 17.138 cm* (0.4117 in*)

The flexural rigidity of the stiffened panel in the direction parallel to
the ribs is found from Eq. (4-189). The properties of pine wood are found in
Appendix C.

By = (13.7)(10°)(17.138)(107%)/(0.1016) = 23,109 Pa-m*
By = 23,109 N-m = 23.109 kN-m (17,040 Ib;-ft)

The flexural rigidity in the direction perpendicular to the ribs is found from
Eq. (4-190):

B (13.7)(10%)(0.0127)°
—(12){1 = (19.1/101.6) + (19.1/101.6)/[1 + (25.4/12.7)*}

B,

B, = 2856 Pa-m® = 2856 N-m = 2.856 kN-m (2110 Ib;-ft)

The surface mass or mass per unit surface area for the rib-stiffened
panel may be found using Eq. (4-186):

My = (640)(0.0127)[1 + (25.4/12.7)(19.1/101.6)] = 11.184 kg/m>

The two critical frequencies may be determined from Eqs (4-187) and
(4-188):
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. (346.1)°[11.1847"%

Ja = o0 |23.100 =419.4Hz
(346,17 1118472

fo="m | mse | = 11931Hz

For the panel without the ribs, the surface mass is as follows:

M2 = pyh = (640)(0.0127) = 8.128 kg/m>
The critical frequency for the panel without stiffening ribs is determined as
follows:

12 = (Mg f.)/M$ = (8160)/(8.128) = 1004 Hz

For the rib-stiffened panel, the frequency of 500 Hz falls in the inter-
mediate region, so the transmission loss may be found from Eq. (4-191). The

transmission loss for normal incidence at the lower critical frequency is
calculated from Eq. (4-167):

(409.8)
TL,(f.) = 10log,,(1294) = 31.1dB

2
TL, () = 10logy, {1 . [(ﬂ)(11.184)(419_4)] }

The transmission loss for the rib-stiffened panel at 500 Hz is as follows:
TL = 31.1 + 101og;(0.020) + 301o0g,((500/419.4)
— 4010g,,{In[(4)(500)/419.4]} + 10log,,[(27°)(1193.1/419.4)'/%]
TL=31.14+(-17.0)+23 —-7.74+20.2 =28.9dB

For the pine wood panel without stiffening ribs, the frequency of
500 Hz falls in the transmission loss Region II, the mass-controlled region.
The sound power coefficient for normal incidence may be found from Eq.
(4-160):

1/aw = 1+ [(7)(500)(8.128)/(409.8)]" = 971.7

The transmission loss for the panel without stiffening ribs is calculated from
Eq. (4-163):

TL = 10log,y(971.7) — 5 = 29.9 — 5 = 24.9dB

4.11 SOUND TRANSMISSION CLASS

In the previous sections, we considered some relatively simple panel con-
structions and presented techniques for estimation of the transmission loss
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curve. In practice, partitions separating two spaces are often much more
complicated in construction than those previously discussed. In these cases,
the estimation of the transmission loss curve by analytical or numerical
techniques may not be practical. For this reason, the transmission loss
curve must be measured experimentally. The standard test technique is
described by the American Society of Testing Materials standard (ASTM,
1983).

It is often convenient to have available a single-figure rating that can
be used to compare the performance of partitions in reducing noise trans-
mission. Prior to 1970, the arithmetic average of the transmission loss at
nine test frequencies was used to rate partitions (Faulkner, 1976). This
technique has the weakness inherent in all “averaging” systems, i.e., two
specimens may have the same average transmission loss but quite different
frequency curves. The use of average transmission loss values does not
present an overall picture of the ability of the material to reduce noise
transmission over the entire range of frequencies of interest to the acoustic
designer.

The sound transmission class (STC) rating was developed to provide a
single-number rating of partitions, and yet provide additional information
about the frequency spectrum of the transmission loss (ASTM, 1984). The
STC rating generally correlates the impressions of the sound insulation
characteristics of walls for transmission of such sounds as speech, radio,
television, and other broadband noise sources in buildings. The STC rating
is defined as the value of the transmission loss at 500 Hz which approximates
a standard TL curve, measured in sixteen 1/3 octave band intervals from
125 Hz through 4000 Hz. The standard curve has three portions: (a) from
125Hz to 400 Hz, in which the curve increases 3dB for each 1/3 octave
increase; (b) from 400 Hz to 1250 Hz, in which the curve increases 1dB
for each 1/3 octave increase; and (¢) from 1250 Hz to 4000 Hz, in which
the curve is constant at a value 4 dB higher than the value at 500 Hz.

The STC rating is determined by comparison of the experimental
measurements of the transmission loss with the standard TL curve, subject
to two conditions:

1. No single value of the experimental TL may be more than 8 dB
below (less than) the standard curve.

2. The sum of the deviations below the standard curve cannot
exceed 32dB. The STC rating is generally specified to 1dB sig-
nificant figures.

A graphical technique may be used to determine the STC rating;
however, the following procedure is much more adaptable to computer
utilization.
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Step 1. Measure the TL value for the sixteen 1/3 octave bands having
center frequencies from 125 Hz through 4000 Hz.

Step 2. Calculate the corresponding difference A between the STC-50
standard curve S5, and the TL at each 1/3 octave band center frequency,
where:

A =S5 —TL (4-193)

The standard STC-50 curve is given in Table 4-4.
Step 3. Calculate the first estimate for the STC rating (STC,) from the
following expression:

STCI =50 — (A)max +8=258— (A)max (4-194)

The quantity (A),,,, is the largest (algebraically) value of the differences A.
The calculation in Step 3 meets the first requirement of the STC rating; i.e.,
none of the experimental points will lie more than 8 dB below the standard
curve.

Step 4. Determine the deficiencies at each experimental point, where
the deficiency Def is defined by the following:

Def = S5 — (50 — STC,) — TL = A — (50 — STC)) (4-195)

The deficiency is the difference between the standard STC curve for STC;
and the experimental data points for the transmission loss. A positive value
of the deficiency corresponds to a point below the standard curve.

Step 5. Add all of the positive values of the deficiencies, which are the
values that lie below the first estimate (STC;) curve.

Step 6. (A) if the sum of the positive values of the deficiencies is 32 dB
or less, the STC is equal to the first estimate value, STC;:

If ¥(+Def) < 32dB, then STC = STC,

TABLE 4-4 Values for the Standard STC-50 Curve.

1/3 Octave band 1/3 Octave band

center frequency, Hz Ssy, dB center frequency, Hz S5, dB
125 34 800 52
160 37 1,000 53
200 40 1,250 54
250 43 1,600 54
315 46 2,000 54
400 49 2,500 54
500 50 3,150 54
630 51 4,000 54
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This calculation meets the second criterion for the STC rating; i.e., the sum
of the deficiencies (deviations from the STC curve) must not be greater than
32dB.

(B) On the other hand, if the sum of the positive values of the defi-
ciencies is greater than 32 dB, the first estimate for the STC must be adjusted
to meet the STC criterion.

If >(+Def) > 32dB
then calculate the adjustment:

_ S(+Def) - 32

Adj
Npp

The quantity Npp is the number of positive values of the deficiencies. The
adjustment Adj is rounded up to the next whole integer. The sound trans-
mission class is found by applying the adjustment to the initial estimate for
the STC:

STC = STC, — Adj

The application of this technique is illustrated in the following
example.

Example 4-11. The measured values of the transmission loss for a partition
are given in Table 4-5. Determine the STC rating for the partition.

The calculations are summarized in Table 4-5, where the second col-
umn contains the experimental values for the TL, the third column contains
the standard curve for STC-50, and the fourth column contains the values
for the differences A, calculated from Eq. (4-193). For example, for the
125Hz 1/3 octave band,

A =Ss—TL =34 —22 = 12dB

The largest value of the differences is 31 dB, which occurs for the 500 Hz 1/3
octave band.
The first estimate for the STC rating is found from Eq. (4-194):

STC, = 58 — (A)a = 58 — 31 =27

The values in the fifth column (Def) are calculated from Eq. (4-195). For
example, for the 125Hz 1/3 octave band,

Def = A — (50 — STC;) = A — (50 — 27) = A — 23
Def = 12— 23 = —11

In this example, there are Npp = 10 positive values of the deficiencies.
The sum of these 10 positive values of Def is:
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TaBLE 4-5 Solution for Example 4-11.

1/3 Octave band TL (expt.), Sso, A, Def, Ss,
center frequency, Hz dB dB dB dB dB

125 22 34 12 —~11 9
160 21 37 16 -7 12
200 21 40 19 -4 15
250 22 43 21 -2 18
315 18 46 28 +5 21
400 21 49 28 +5 24
500 19 50 31 =Ap  +8 25
630 22 51 29 +6 26
800 24 52 28 +5 27
1,000 23 53 30 +7 28
1,250 29 54 25 +2 29
1,600 32 54 22 -1 30
2,000 31 54 23 0 30
2,500 28 54 26 +3 30
3,150 28 54 26 +3 30
4,000 30 54 24 +1 30

Y(4Defl) =5+5+8+6+5+7+2+3+3+1=45> 32

An adjustment is required:

45 —32
Adj = =13
=0
The actual value of the adjustment is found by rounding up to the nearest
integer, or
Adj=2dB

The STC rating for the partition is, as follows:
STC =STC, — Adj=27-2=25dB

The sound transmission class rating may be written as STC-25.

If we want to generate the STC-25 standard curve, we may displace the
STC-50 standard curve such that the value at the 500 Hz point is equal to
25dB. In general,

Sgrc = Ssp — STC (4-196)

For the STC-25 standard curve, STC = S5, — 25. These values are shown in
the last column in Table 4-5.
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The sound transmission class rating may be used as a design criterion
for partitions within or between dwellings, between areas in an office build-
ing, or within schools, theaters, etc. Detailed criteria are given by the U.S.
Dept. of Housing and Urban Development (HUD) (Berendt et al., 1967).
The HUD recommendations are classified according to the environment in
which the dwelling is located:

e Grade I: surburban and outer urban residential areas. These are
considered ‘“‘quiet” areas, as far as background noise is concerned.
The A-weighted sound levels during nighttime would be in the
range of 35dBA to 40 dBA or lower.

e Grade II: residential urban and surburban areas. These are con-
sidered “‘average” areas, as far as the background noise level is
concerned. The nighttime levels are generally around 40dBA to
45dBA. This is probably the most commonly used category for
design.

e Grade III: urban areas. These are considered “noisy’ areas, and
this category is considered as the minimum recommended category.
The sound levels during nighttime are generally 55dBA or higher.

Selected values of the STC criteria are given in Table 4-6.

4.12 ABSORPTION OF SOUND

In the previous discussion of sound transmission, we had assumed that the
energy dissipation within the medium was negligible. This assumption is
generally quite valid, except for high-frequency sound waves and for
sound transmitted over large distances. In this section, we will examine
the effect of energy attenuation as the sound wave moves through a
medium.

In the development of the wave equation in Sec. 4.1, we had con-
sidered only pressure forces acting on a fluid element. The attenuation or
dissipation effects may be represented by a dissipation force, defined by:

A% FE

Fy=CpS o = CpS pYew (4-197)
where Cpy is the dissipation coefficient with units, Pa-s, and the quantity € is
the condensation, as defined by Eq. (4-5). With the dissipation effect
included, Eq. (4-2) for the net force becomes, as follows:

3
Foo = —g—i Sdx + Cp %de (4-198)
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TABLE 4-6 Sclected Design Values of the STC for Partitions
According to HUD Ceriteria.

Sound transmission class, STC, dB

Partitions between dwellings Grade I Grade I  Grade III
Bedroom to bedroom 55 52 48
Corridor to bedroom 55 52 48
Kitchen to bedroom 58 55 52
Partitions within dwellings:

Bedroom to bedroom 48 44 40
Kitchen to bedroom 52 48 45
Office areas:

Normal office to adjacent office 37

Normal office to building exterior 37

Conference room to office 42

Schools, etc.:

Classroom to classroom 37
Classroom to corridor 37
Theater to similar area 52

Source: Berendt et al. (1967).

The force—balance equation, Eq. (4-3), has the following form if dissipative
forces are included:

ap FE e
——Cp——=—p— 4-199
ox Poaa e (#199)

The development presented in Sec. 4.1 may be carried out, using Eq.
(4-199), to obtain the one-dimensional wave equation with dissipative effects
included:

¥p Cp p 1 &
£, =D e 4-200
ax2 + pct ax2 ot * ot ( )

hS!

[}

The coefficient on the second term in Eq. (4-200), corresponding to
dissipation effects, has time units, so we may define the relaxation time t as
follows:

_%%

T
pc?

(4-201)
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If we substitute the expression from Eq. (4-201) for the relaxation time into
Eq. (4-200), we find an alternative form for the one-dimensional wave equa-
tion including dissipation effects:

& ap 1 &p
- Z) == £ 4-202
0x? (p tr 81) ¢ o ( )
Let us consider a simple harmonic sound wave, given by:

px. 1) = Y(x) (4-203)

where ¥(x) is the amplitude function, which is a complex quantity, in this
case. Making the substitution from Eq. (4-203) into the wave equation, Eq.
(4-202), we obtain the following differential equation:

. dy o
(I+jor) ~—+—5v¥=0 (4-204)
dx c
Let us define the complex quantity « (complex wave number) as fol-
lows:
2
2 w

= 4-205
“ (1 +jor) ( )

The solution of Eq. (4-204) for waves traveling in the +x-direction is as

follows:

Y(x) = Ae (4-206)
Let us write the complex wave number in terms of its real and imaginary
parts:

k=k—ju (4-207)

The term « is called the attenuation coefficient. The amplitude function may
be written in terms of the attenuation coefficient, by combining Eqs (4-206)
and (4-207):
Y(x) = AeIETI0Y = g emax gmikx (4-208)
If we combine Eqs (4-205) and (4-207) and solve for the real and
imaginary parts, we obtain the following expressions:

2 212 V2
|01 ”2 ! (4-209)
¢ 2(1 + w°1?)
2 2012 1/2
_o|(t+o7 )2 i (4-210)
c 2(1 + w*t?)
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In many fluids, the relaxation time is quite small. For example, for
monatomic gases, T is approximately 0.2ns. In the acoustic range of fre-
quencies (20 Hz to 20 kHz), the term (wt) is much less than unity. In this
case, Eqs (4-209) and (4-210) reduce to the following relationships:

B W't B 277 21

_9r_ 4-211
2c c ( )

=2/ (4-212)
C C

According to Eq. (4-211), if the relaxation time is independent of frequency,
then the attenuation coefficient is directly proportional to the frequency
squared. This behavior is observed for many gases over a wide range of
frequencies.

If we denote the amplitude of the acoustic pressure at x = 0 by p,,, then
the magnitude of the acoustic pressure at any location is given by Eq.
(4-208):

p(xX) =poe ™ (4-213)

For a plane acoustic wave with attenuation, the amplitude of the pressure
wave decays exponentially with distance from the source of the wave. The
intensity of the plane wave at any location may be written as follows:
2 2
O P Y e A (4-214)
pc  pc
The quantity I, is the intensity at x = 0 and m = 2«. The quantity m is called
the energy attenuation coefficient. We note from Eq. (4-214) that, for a plane
wave, the intensity is not constant with position, because energy is being
dissipated in this case. The change in the intensity level with distance due to
energy attenuation is given by the following expression for a plane sound
wave:

AL = Li(x = 0) — Li(x) = —10log,o(e**) (4-215)
AL; = (10)2ax)/ In(10) = 8.6859ax (4-216)

For a spherical sound wave, the acoustic energy varies according to
the following expression, if dissipation effects are considered:

W(r) = Wye ™ (4-217)

The intensity for a spherical sound wave with energy attenuation may be
expressed by the following:
4 Wo —2ar

I = W = 47-[r2 € (4-218)
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The change in the intensity level for a spherical sound wave with dissipation
effects may be written as follows:

AL = Li(r = ry) — Li(r) = 20logo(r/ry) + 8.6859%(r — r,)  (4-219)

We observe from Eq. (4-219) that the change in intensity level for a spherical
wave involves two effects: (a) the spreading of the acoustic power over a
larger area and (b) the dissipation of acoustic energy in the material.

The attenuation term (ax) or (ar) has been given “units” of neper
(named after John Napier, who developed logarithms), with the abbrevia-
tion Np (Pierce, 1981). Note that the quantity («x) is actually dimensionless.
The “unit” radian for angular measure is also dimensionless. The attenua-
tion coefficient « can be written with units neper per meter, Np/m. But the
intensity level change has units of decibel, dB, so the term (8.6859«) should
have units of dB/m in Eq. (4-219). From this observation, we see that the
conversion factor between the two dimensionless “units” is:

8.6859dB/Np = 20log,,(e) = 20/In(10) (4-220)

It is important to note that the attenuation coefficient may be reported in
the literature in either Np/m units or dB/m (or dB/km) units.

4.13 ATTENUATION COEFFICIENT

The attenuation or dissipation of acoustic energy as a sound wave moves
through a medium may be attributed to three basic mechanisms:

(a) Viscous effects (dissipation of acoustic energy due to fluid fric-
tion), which result in thermodynamically irreversible propagation
of sound.

(b) Heat conduction effects (heat transfer between high- and low-
temperature regions in the wave), which result in non-adiabatic
propagation of the sound.

(c) Internal molecular energy interchanges (molecular energy relaxa-
tion effects), which result in a time lag between changes in trans-
lational kinetic energy and the energy associated with rotation
and vibration of the molecules.

The viscous energy dissipation effects result from the relative motion
between different portions of the fluid during compression and expansion
that occurs when a sound wave moves through the fluid. For a newtonian
fluid, the magnitude of this effect is proportional to the viscosity u of the
fluid.

As the fluid is compressed and expanded during the transmission of a
sound wave, changes in temperature occur in different portions of the fluid.
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There is a tendency for energy to be conducted from regions of compression,
where the temperature is elevated, to regions of expansion or rarefaction,
where the temperature is reduced. The heat transfer effect tends to reduce
the amplitude of the pressure wave and dissipate energy as the wave moves
through the medium. The magnitude of this effect is proportional to the
thermal conductivity &, of the fluid and inversely proportional to the specific
heat ¢, or the thermal energy storage capacity of the medium.

For all fluids except monatomic gases, there is a finite time lag for
conversion of energy into rotational and vibrational energy of the molecule.
During this time, the acoustic wave may move past the molecule and leave
behind some of the acoustic energy.

The attenuation due to the sum of the first two mechanisms, viscous
and heat conduction, is called the classical attenuation. The classical
attenuation may be written in the following form (Kinsler et al., 1982):

272 (4 y—1
a(classical) = =T H (4,7 (4-221)
oc3 3 Pr

where u = fluid viscosity, y = specific heat ratio (1.667 for monatomic gases
and 1.400 for diatomic gases), Pr = jc,/k; = Prandtl number, ¢, = specific
heat at constant pressure, and k; = thermal conductivity. The classical
relaxation time may be found from Eqs (4-211) and (4-221):

. w (4 y—1
7(classical) = p < 3 + Pr > (4-222)
The classical attenuation coefficient is proportional to the square of the
frequency, and the classical relaxation time is independent of the frequency.

The expression for the classical attenuation coefficient yields good
agreement with experimental values of the attenuation coefficient for mon-
atomic gases, such as argon and helium, as shown in Table 4-7.

The third contribution to attenuation of sound in a fluid results from
the finite time requried to convert translational kinetic energy into internal
energies associated with rotation and vibration of the molecules. For many
molecules—including CO,, water vapor, nitrogen, and oxygen—yvibrational
energy transfer is predominant in the acoustic frequency range. Theoretical
models, with experimental verification, have shown that the attenuation
coefficient can be written in terms of the sum of the individual contributions
(Pierce, 1988):

o = o(classical) + Za, ; (4-223)

where the a, ; are the contributions of the various vibrational energy relaxa-
tion effects, which may be expressed in the form:
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TABLE 4-7 Values of the Classical Attenuation Coefficient.

Viscosity, Prandtl No.,  Relaxation  «a/f*(calc.),  o/f*(expt.),

Gas u, WPa-s  Pr = pc,/k; time, 7, ns Np/m-Hz> Np/m-Hz>
Argon 22.73 0.668 0.314 19.20 x 10712 19.40 x 10712
Helium 19.94 0.692 0.271 525x 1072 535x 10712
Nitrogen  17.82 0.715 0.238 1329 x 10712 16.14 x 10712
Oxygen  20.65 0.714 0.276 16.47 x 10712 19.64 x 10712
2
o wT,
oy, = L)z (4-224)
1 + (wty)

The quantity w = 27/ is the circular frequency of the sound wave, t, is the
relaxation time for vibrational energy, and ., is the limiting (high-
frequency) value for the vibrational attenuation contribution.

The term «, is related to the specific heat ratio y for a gas and the
vibrational contribution to the specific heat, c¢;,:

_ (an/R(y = 1)

(4-225)
2ct,y

[ee]

The vibrational specific heat term may be calculated from the following
expression (ter Haar, 1954):

cviv/R = y,(0,/T)* exp(—6,/T) (4-226)

The term y; is the mole fraction of the jth component in a gas mixture (y; =
1 for a single component gas), 6, is a constant, dependent on the gas, and 7'
is the absolute temperature of the gas. For nitrogen and oxygen, the con-
stant 6, is as follows (ANSI, 1978):

6,(N,) = 3352K

0,(0,) = 2239K

The relaxation times for atmospheric air are sensitive to the amount of
water vapor present in the air. An O, or N, molecule colliding with an H,O
molecule is more likely to exhibit a change in vibrational energy than when
the molecules collide with other N, or O, molecules. The following expres-
sions may be used to estimate the relaxation times for oxygen and nitrogen
in atmospheric air (Sutherland et al., 1974):
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(Pref/p) _ 6 M

2, (0y) — ot T A0 G Toon (4-227)
(pref/p) _ 4 _F 12 ]
2t (Ny) 9+ @350 e™ (Trer/T) (4-228)
F=6142[(T,/T)"* — 1] (4-229)

The reference pressure and temperature values are p..; = 101.325kPa and
Tt = 293.16 K, respectively. The range of validity of Eqs (4-227) and
(4-228) is between 0°C and 40°C (32°F and 104°F), for an accuracy within
10%. The quantity 4 is the fraction of molecules in the gas that are H,O
molecules. This fraction is related to the relative humidity RH, expressed as a
decimal (0.40 instead of 40%), and the saturation pressure of the water vapor
at the air temperature, pg,:

h = (RH) pga/p (4-230)

The energy attenuation coefficient for atmospheric air at various tem-
peratures and relative humidity values is presented in Table 4-8. The energy
attenuation coefficient m is related to the attenuation coefficient o by
m = 2«. The values given in Table 4-8 are values of the energy attenuation
coefficient averaged over the octave band with the indicated center fre-
quency. The octave band values are about 10% different from the values

TaBLE 4-8 Energy Attenuation Coefficient m (km™") for
Atmospheric Air at 101.325kPa (14.7 psia): Note that m = 2¢,
where « is the Attenuation Coefficient.

Octave band center frequency, Hz
Relative humidity, Temperature,

% °C 500 1,000 2,000 4,000 8,000

10 10 1.28 430 10.6 163 164
15 098 341 109 223 240
20 0.78 2.67 9.02 257 34.1
25 071 214 7.18 242 363
30 0.69 180 584 204 389

20 10 0.63 204 698 21.1 299
15 0.56 1.61 550 18.7 332
20 0.53 140 431 147 294
25 0.52 1.33 358 11.7 243
30 0.52 1.30 323 9.80 20.7
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TaBLE 4-8 (Cont’d)

Octave band center frequency, Hz

Relative humidity, Temperature,

% °C 500 1,000 2,000 4,000 8,000
30 10 050 135 460 151 284
15 048 123 359 12.0 251
20 046 1.17 3.02 9.62 20.3
25 046 1.14 280 7.90 164
30 046 113 276 7.14 134
40 10 045 1.13 337 113 228
15 044 1.07 280 891 187
20 043 1.05 262 722 150
25 042 1.03 257 633 125
30 042 1.02 256 620 11.1
50 10 041 1.01 277 893 178
15 040 099 250 7.16 14.5
20 039 09 234 6.17 119
25 039 095 230 588 104
30 038 094 226 576 9.88
60 10 038 094 251 792 150
15 038 092 231 6.12 122
20 037 090 220 5.66 10.3
25 037 089 216 550 927
30 037 088 2.14 543 9.01
70 10 036 089 230 645 134
15 036 086 216 558 11.0
20 035 085 208 533 957
25 035 084 206 518 885
30 035 084 205 514 871
80 10 035 084 214 580 11.6
15 034 082 202 532 986
20 0.34 0.81 1.97 5.04 9.05
25 033 080 195 493 852
30 033 080 195 488 847
90 10 033 080 1.97 537 10.1
15 033 079 192 509 893
20 032 0.78 187 487 8.56
25 032 077 187 472 836
30 032 077 186 4.68 8.34
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evaluated at the center frequency, because the attenuation coefficient is not a
linear function of frequency.

Example 4-12. Determine the classical attenuation coefficient for argon
gas at 273.2K (0°C or 32°F) and 101.3kPa (14.7 psia) at a frequency of
1000 Hz. The properties of argon gas at this condition are as follows:

viscosity u = 21.03 pPa-s (0.0509 1b,, /ft-hr)
Prandtl number Pr = 0.668

specific heat ratio y = 1.667

sonic velocity ¢ =307.8m/s (1010 ft/sec)
density  p = 1.782kg/m> (0.11131b,,/ft})

The relaxation time may be found from Eq. (4-222):
(21.03)(107%) [4_1 (1.667 — 1)]

(1.782)(307.8)> [ 3 (0.668)

t(classical) = (1.246)(10719)(2.332) = 0.290 x 10~ s = 0.290 ns

Note that ot = (27)(1000)(0.290)(10™%) = 1.825 x 107¢ « 1.
The attenuation coefficient may be calculated from Eq. (4-211),
because the quantity wt is so small:

(27%)(1000)%(0.290)(10~")
(307.8)

The attenuation coefficient may be expressed in decibel units.

8.6859% = (8.6859)(1.863)(107%) = 0.162 x 107> dB/m = 0.162dB/km

t(classical) =

a(classical) = =1.863 x 107> Np/m

Example 4-13. Calculate the energy attenuation coefficient for atmo-
spheric air at 293.2K (20°C or 68°F) and 101.3kPa (14.7 psia) for a fre-
quency of 4 kHz. The relative humidity of the air is 20%. The properties of
air are as follows:

viscosity u = 18.21 pPa-s (0.0441 Ib,, /ft-hr)
Prandtl number Pr=10.717

specific heat ratio y = 1.400

sonic velocity ¢ =343.2m/s (1126 ft/sec)
density  p = 1.204kg/m’ (0.07521b,,/ft)

The saturation pressure for water vapor at 20°C is pg,, = 2.338 kPa.

First, let us calculate the contribution of viscous and thermal conduc-
tion effects (the classical attenuation coefficient). The relaxation time for
viscous and thermal conduction effects is given by Eq. (4-222):
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t(classical) =

(18.21)(107%) F (1.40—1)]
(1.204)(343.2)* |3 (0.717)

t(classical) = 0.243 x 1077 s =0.243ns
The classical attenuation coefficient may be calculated from Eq. (4-211):

(2777)(4000)%(0.243)(10™)

_ -9 2
(343.2) = (13.97)(107°)(4000)

a(classical) =

a(classical) = 0.223 x 10~* Np/m

Next, let us calculate the effect of molecular interactions between the
0O, and H,0 molecules. The fraction of air molecules at 20% relative humid-
ity that are water molecules is found from Eq. (4-230):

h = (0.20)(2.338)/(101.3) = 0.00461
The relaxation time for the O, interactions is found from Eq. (4-227):

_D_ 0.05+0461
(27)7,(0,) 0.391 + 0.461

7,(0,) = 1/(27)(12,235) = 13.01 x 10 s = 13.01 s

= 24 + (4.41)(10°)(0.00461) =12,2355"!

In atmospheric air, the mole fraction of oxygen is about y(O,) = 0.21. The
vibrational specific heat terms may be determined from Eq. (4-226):

cun/ R = (0.21)(2239/293.2)? exp(—2239/293.2) = 0.005904

The limiting attenuation coefficient for oxygen is found from Eq. (4-225),
using the sonic velocity for O, of 326.6 m/s:

_ (0.005904)(1.40 — 1)°
%o = (2)(326.6)(13.01)(10-6)(1.40)

=0.07941 Np/m

For a frequency of 4000 Hz, we find the following:
wt,(0,) = (27)(4000)(13.01)(10~°) = 0.3269

The vibrational contribution associated with O,—H,O interactions may be
calculated from Eq. (4-224):

(0.07941)(0.3269)>
1 + (0.3269)*

o, (0,) = — 7.668 x 107> Np/m

Let us repeat the calculations for the nitrogen and water vapor inter-
actions. The relaxation time is found from Eq. (4-228). The factor F =0
because T = T, in this example:
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(1)
27t,(N>)

7,(N,) = 1/(27)(170.5) = 0.933 x 10~*s = 0.933 ms

= (1)[9 + (3.5)(10%)(0.00461)] = 170.55"

The mole fraction of nitrogen in atmospheric air is y(N;) = 0.79. The vibra-
tional specific heat term for N,—H,O interactions is as follows:

cun/R = (0.79)(3352/293.16)% exp(—3352/293.16) = 0.001118

The limiting attenuation coefficient for nitrogen—with a specific heat ratio
y = 1.40 and a sonic velocity of 349.0 m/s—is as follows:

_(0.001118)(1.40 — 1)°
oo = (2)(349.0)(0.933)(10-3)(1.40) 0.0001961 Np/m

At a frequency of 4000 Hz, we find the following for N»:
wt,(N,) = (27)(4000)(0.933)(107°) = 23.45

The vibrational contribution associated with N,—H,O interactions is as
follows:

(0.0001961)(23.45)°
1 + (23.45)?

The attenuation coefficient is composed of the components that we
have calculated:

a = afclassical) + [, (O,) + ay(N>)]
o =1[0.223 + (7.668 + 0.196)](10~%) = 8.087 x 107> Np/m
2.8% +94.8% + 2.4%

=0.196 x 1073

OCV(NZ) =

The most important contribution to the attenuation coefficient is the inter-
nal vibrational energy interactions for the oxygen molecules (almost 95% of
the total).

The attenuation coefficient may be expressed in decibel “units™:

8.6859« = 0.0702dB/m

The energy attenuation coefficient is as follows:
m =2« = (2)(0.008087) = 0.01617m ™"
4.3429m = 0.0702dB/m

It is noted from Eqgs (4-221) and (4-222) that the viscous and thermal
conduction effects result in a classical attenuation that is proportional to the
frequency squared, or the attenuation coefficient increases at a rate of 6dB/
octave:
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a(classical)/f? = 27 z(classical)/c = constant

For the case, (27 ft,) > 10, the vibration contribution to the attenuation is
approximately constant with frequency (with 1%), as shown by Eq. (4-224):

o, = s = constant (for wt, > 10)

On the other hand, for the case, (27 f1,) < 10, the vibrational contribution
is approximately proportional to the frequency squared.

a,/f? = 4’12 = constant (for wt, < 10)

Example 4-14. A gas turbine has a sound power output spectrum as given
in Table 4-9. The directivity factor may be taken as Q = 2 for all frequen-
cies. The noise is transmitted through atmospheric air at 25°C (77°C or
298.2K) and 101.3 kPa (14.7 psia) with a relative humidity of 50%. A resi-
dence is located 400 m (1312 ft) from the gas turbine unit. Determine the
overall sound pressure level at the residence location due to the turbine
noise.

The acoustic intensity for each octave band is given by Eq. (4-218),
with the directivity factor included:

B QWo e—2ar B QWO e—mr

1 2 2

drr drr

The results of the calculations are summarized in Table 4-9. Let us present
the calculations for the 2000 Hz octave band. The acoustic power at the
source (gas turbine) is as follows:

Wy = W 10010 = (10712)(10"*%) = 2.512 W

The factor involving the energy attenuation coefficient for the 2000 Hz
octave band—note that the energy attenuation coefficient is given in units
of km™'—is as follows:

exp[—mr] = exp[—(2.30)(0.400)] = 0.3985

Attenuation of sound by atmospheric air reduces the acoustic power by a
factor of almost 0.40. The acoustic intensity at the receiver position (at the
residence) for the 2000 Hz octave band is as follows:

;_ (D(2.512)(0.3985)

G 0.996 x 107® W/m? = 0.996 pW /m*
T

The calculations may be repeated for the other octave bands. The
overall intensity is the sum of the intensities in each octave band:
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TaBLE 4-9 Solution for Example 4-14.

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000
Turbine Ly, dB 120 124 128 128 127 124 123 123
W,, watts 1.000 2512 6310 6310 5012 2512 1.995  1.995
m, km™" 0.0093  0.037  0.15 0.39 0.95 2.30 588 104
e 0.9963  0.9853 09418  0.8556  0.6839  0.3985  0.0952  0.0156
I, p¥W/m? 0991 2462 5911 5370 3409 0996  0.189  0.031




I, = %I = (0.991 +2.462 + 5911 + ---)(107%)
I, =19.359 x 10~® W/m? = 19.359 uW/m?
The overall sound pressure level is calculated from the intensity as follows:
p = (pocl,)"* =1[(409.8)(19.359)(10~°)]'/> = 0.0891 Pa
The overall sound pressure level is found as follows:
L, =201og;,(0.0891/20 x 107%) = 73.0dB

We will show how these calculations can be carried out directly in terms of
decibels in Chapter 5.

It may be noted from Table 4-9 that the effect of atmospheric attenua-
tion is practically negligible (™" > 0.90 or I —e™" < 0.10) in the 63 Hz,
125Hz, and 250 Hz octave bands. On the other hand, the attenuation is
significant (™" < 0.10) in the 4kHz and 8 kHz octave bands. From this
result, we may conclude that we are generally justified in neglecting atmo-
spheric air attenuation at low frequencies (below about 500 Hz), unless the
distance from the source is large. For a distance of 400 m (1312 ft or about
% mile), the reduction in the intensity due to atmospheric attenuation is
e "™ =0.0156 ~ 1/64. On the other hand, for a distance of 4m (13.1ft),
the factor e = 0.959 for the 8 kHz octave band. We can conclude that
the effect of attenuation in atmospheric air is also negligible when the sound
is transmitted over relatively small distances. If we set the ““negligible’ limit
at less than 0.5 dB, then atmospheric attenuation may be neglected when the
following condition is valid:

4.3429mr < 0.5dB
mr <0.12

PROBLEMS

4-1. The one-dimensional wave equation in cylindrical coordinates is as
follows:

1a/ o 1 &p

S P P

ror\ or e o
[A] Determine the differential equation for the amplitude function
¥(r), where the acoustic pressure is written in the following form:

pr. 1) = Y(r) e
[B] Obtain the differential equation resulting from the change of

Copyright © 2003 Marcel Dekker, Inc.



variable:

yir) =1~ e(r)
Your result should be the following:

dz(ﬂ 1 2
W‘F(m‘i—k )(p:O

where the wave number k = w/c = 27/A and A is the wavelength.
[C] when the quantity 2rk = 4nr/A > w, or r/A > %, in the differential
equation obtained in Part B, then the first term in parentheses will be
less than about 10% of the second term, and the first term (1/4r%)
may be neglected. This is called the far-field limit for the cylindrical
sound waves. Solve the differential equation for the acoustic pressure
p(r, 1) with the term (1/4/%) omitted for the sound wave moving
outward (in the +r-direction) from a cylindrical source, with the
condition that the peak magnitude of the sound wave at a distance
o 1S Po-

[D] Using the result from Part C, determine the rms acoustic pres-
sure and sound pressure level at a distance 800 mm (31.51in) from a
cylindrical source, if p, = 2 Pa and r, = 400 mm. The sound wave is
propagated in air at 25°C (77°F) with a frequency of 1000 Hz.

4-2. A plane sound wave in water at 20°C (68°F) has a sound pressure
level for the incident wave of 105 dB and a frequency of 1000 Hz. The
wave is normally incident on a very thick concrete wall. Determine
[A] the transmission loss, dB; [B] the intensity of the incident wave
and the intensity of the transmitted wave; and [C] the sound pressure
level of the transmitted wave.

4-3. An acoustic liquid level meter is used to determine the water level in
a container filled with liquid water and steam above the liquid. A
plane sound wave moving in the water (density,
960kg/m® = 59.91b,,/ft>; sonic velocity, 1750m/s = 5740 ft/sec)
strikes the interface between the water and steam (density,
0.600 kg/m> = 0.03751b,,/ft*; sonic velocity, 405m/s = 1329 ft/sec)
at normal incidence. The frequency of the sound wave is 500 Hz. The
sound pressure level of the transmitted wave (in steam) is 46 dB.
Determine [A] the intensity level of the transmitted sound wave in
the steam, [B] the intensity level of the incident sound wave in the
water, and [C] the rms acoustic velocity for the incident sound wave.

4-4. A plane sound wave in air (p=1.19kg/m® = 0.07431b,, /ft>;
¢ =345m/s = 1132 ft/sec) strikes a thick gypsum board panel
(p = 650kg/m® = 40.61b,,/ft*; ¢ = 6750 m/s = 22,100 ft/sec).
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Determine the critical angle of incidence (if it exists) for total reflec-
tion of the sound wave.

4-5. A plane sound wave in water (p= 1000kg/m’ = 62.41b,,/ft>;
¢ = 1440 m/s = 4724 ft/sec) is incident on a thick plate of Plexiglas
(p = 1200 kg/m® = 74.91b,, /ft>; ¢ = 1800m/s = 5910 ft/sec) at an
angle of 43.85°. Determine the angle of transmission in the
Plexiglas and the critical angle of incidence (if it exists).

4-6. There was some concern that over-water flights of the supersonic
transport (SST) would harm marine life. A plane sound wave from
the aircraft in air (p = 1.18 kg/m® = 0.0737 Ib,, /ft’;
¢ =347m/s = 1138 ft/sec) has a sound pressure level of 140dB.
The sound wave strikes the surface of the sea water
(p = 1022kg/m> = 63.81b,,/ft}; ¢ = 1500m/s = 4920 ft/sec) at an
angle of incidence of 12°. Determine the intensity of the transmitted
wave in sea water and the magnitude of the rms acoustic pressure of
the transmitted wave.

4-7. A plane sound wave in water (density, 998 kg/m’ = 62.31b,, /ft>;
sonic velocity, 1481 m/s = 4859 ft/sec) has an rms acoustic pressure
magnitude of 100 Pa and is incident at an angle of 45° on the bottom
of a lake. The density of the lake bottom material is 2000 kg/m?
(124.91bm/ft3), the sonic velocity is 1000m/s (3280 ft/sec).
Determine [A] the angle at which the wave is transmitted into the
lake bottom, [B] the transmission loss, and [C] the sound pressure
level (dB) for the transmitted wave.

4-8. A plane sound wave in water (Z, = 1.48 x 10° rayl) is normally inci-
dent on a steel plate (Z, = 47.0 x 10°rayl; ¢ = 6100 m/s) having a
thickness of 15mm (0.5911in). The frequency of the wave is 500 Hz.
The sound is transmitted through the steel plate into air
(Z, = 407 rayl) on the other side of the plate. The sound pressure
level of the transmitted wave in the air is 60 dB. Determine [A] the
transmission loss, [B] the sound pressure level of the incident wave in
the water, and [C] the phase angle between the transmitted wave and
the incident wave.

4-9. A large glass window, 50 mm (1.97 in) thick, is placed in the dolphin
tank at Sea World. Seawater (Z, = 1.533 x 10° rayl) is on one side
of the window and atmospheric air (Z, = 415rayl) is on the other
side. A plane sound wave in the air strikes the window at normal
incidence. The frequency of the sound wave is 2 kHz. The resulting
sound pressure level transmitted into the seawater is 114.3dB.
Determine [A] the acoustic intensity of the incident wave and [B]
the rms acoustic pressure of the incident wave.
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4-10. A Lucite plate (density, 1200 kg/m’ = 74.91b,, /ft>; sonic velocity,
1800m/s = 5910 ft/sec) has seawater (Z, = 1.539 x 10° rayl) on
both sides of the plate. A sound wave having a frequency of 5kHz
is normally incident on one side of the plate. Determine the thickness
of the plate such that the sound power transmission coefficient
through the plate is unity.

4-11. The hull of an oil tanker is constructed of 9% Ni steel (density,
8000 kg/m’ = 499 1b,, /ft*; sonic velocity, 5000 m/s = 16,400 ft/sec)
having a thickness of 83.3mm (3.281n). Air
(p = 1.270kg/m?® = 0.07931b,, /ft}; ¢ =334m/s = 1096 ft/sec) at
5°C (41°F) is on one side of the hull and oil
(p = 850kg/m® = 53.11b,,/ft>; ¢ = 1353 m/s = 4439 ft/sec) is on
the other side. A plane sound wave having a frequency of SkHz is
normally incident on the air-side of the hull. The sound pressure
level of the transmitted wave in the oil is 81.2dB. Determine [A]
the transmission loss, [B] the sound pressure level of the incident
wave in the air, and [C] the phase angle between the transmitted
wave and the incident wave.

4-12. The rms acoustic pressure for a sound wave in the water (density,
1000 kg/m* = 62.41b,,/ft>; sonic velocity, 1440 m/s = 4724 ft/sec) in
a large swimming pool is 2.233 Pa. The frequency of the sound wave
is SkHz. The sound is normally incident on the 155mm (6.10in)
thick concrete bottom (p = 2600 kg/m> = 162.31b,, /ft;
¢ =3100m/s = 10,170 ft/sec) of the pool. The sound wave is trans-
mitted through the concrete into the soil
(p = 1800 kg/m* = 112.41b,, /ft*; ¢ = 1600m/s = 5250 ft/sec)
beneath the pool. Determine [A] the rms acoustic pressure of the
sound wave transmitted into the soil, [B] the transmission loss, and
[C] the phase angle between the transmitted and incident wave.

4-13. After an oil tanker accident, a layer of oil (density,
865kg/m’ = 54.01b,,/ft’; sonic velocity, 1600m/s = 5249 ft/sec)
16 mm (0.6301n) thick is formed over seawater
(p = 1025kg/m* = 64.01b,,/ft>; ¢ = 1500m/s = 4920 ft/sec). The
air above the oil slick is at 25°C (77°F). A plane sound wave having
a frequency of 12.5kHz and an intensity level of 93.3 dB is generated
in the seawater, and the sound wave strikes the interface at normal
incidence. Determine [A] the intensity of the transmitted wave and
[B] the sound pressure level of the transmitted wave in air.

4-14. Determine the transmission loss, using the “‘exact” method, for a
steel plate, 500mm by 750mm (19.7in by 29.5in) and 1.50 mm
(0.0591n) thick, for the following frequencies: [A] 125Hz,
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[B] 500 Hz, and [C] 16 kHz. Atmospheric air at 25°C (77°F) is on
both sides of the plate.

4-15. A circular glass plate has a diameter of 350mm (13.78in) and a
thickness of 10mm (0.394in). The edge of the plate is clamped,
and air at 25°C (77°F) is on both sides of the plate. Determine the
transmission loss for the plate for a frequency of [A] 250 Hz and [B]
1000 Hz.

4-16. A gypsum panel has dimensions of 1.20 m by 2.4 m (3.94 ft by 7.87 ft)
and a thickness of 20 mm (0.787 in). The air around the panel is at
300K (26.8°C or 80°F). Using the “‘exact” method, determine the
transmission loss for the panel for a frequency of [A] 250 Hz and [B]
4kHz.

4-17. It is desired to construct a concrete barrier 2.00m (6.56 ft) high and
4.00m (13.12ft) wide such that the transmission loss for random
incidence is 37dB for a frequency of 100 Hz. Air at 20°C (68°F)
and 101.3kPa (14.7 psia) is present on both sides of the wall. The
physical properties of the concrete are density, 2300kg/m’
(143.61b,, /ft}); sonic velocity, 3400m/s (11,150 ft/sec); Young’s
modulus, 20.7GPa (3.00 x 10° psi); Poisson’s ratio, 0.130; and
damping coefficient, 0.020. Assuming that the barrier operates in
the mass-controlled regime, determine the required thickness of the
barrier. With the calculated value of barrier thickness, verify that the
frequency of 100 Hz falls in Region II.

4-18. A glass window has a thickness of 8.30 mm (0.3271in). Using the
“approximate’” method, determine the transmission loss as a func-
tion of frequency in octaves over the range from 63 Hz to 8000 Hz.
Present the results in a table and as a graph of TL vs. frequency (log
scale).

4-19. A wall having dimensions of 3.00 m (9.84 ft) by 12m (39.37ft) has a
transmission loss of 25dB. If a glass window, 1.00m (3.28 ft) by
2.00m (6.56ft) with a transmission loss of 5dB, is placed in the
wall, determine the transmission loss for the wall with the window
installed.

4-20. A hollow panel consists of two 6 mm (0.236 in) thick plywood sheets
separated by a 30 mm (1.181 in) thick air space. The properties of the
plywood are density, 600 kg/m3 (37.51bm/ft3); sonic velocity,
3100m/s (10,170 ft/sec); surface absorption coefficient, o = 0.10;
and damping coefficient, n = 0.03. The air in the space between
the two panels is at 25°C (77°F). Determine the transmission loss
for the composite panel for a frequency of [A] 125Hz and [B]
1000 Hz.
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4-21.

4-22.

4-23.

4-24.

The transmission loss curve from 1/3 octave band measurements for
a hollow concrete block wall 200 mm (7.87 in) thick is given in Table
4-10. Determine the sound transmission class (STC) rating for the
wall. Make a plot of the measured transmission loss, dB, vs. fre-
quency (log scale), along with a plot of the STC curve.
An aluminum sheet, 400 mm (15.75in) wide by 600 mm (23.621in)
high, with a thickness of 3.0mm (0.118in), has aluminum ribs
attached to improve heat transfer from the surface. The ribs are
4.5mm (0.177in) high, 3.0mm (0.118in) wide, and are spaced
13.5mm (0.5311in) on centers, as shown in Fig. 4-18. The ribs are
oriented parallel to the short dimension of the plate. Air at 25°C
(77°F) is on both sides of the panel. Determine the transmission loss
of the rib-stiffened panel at [A] 500 Hz, [B] 2000 Hz, and [C] 8000 Hz.
The following properties are found for xenon gas at 300K (26.8°C or
80°F) and 101.3 kPa (14.7 psia):

viscosity, u = 23.3 uPa-s (0.0564 1b,,/ft-hr)

specific heat, ¢, = 158.4J/kg-K (0.0378 Btu/Ib,,-°R)

specific heat ratio, ¢,/c, = 1.667

density, p = 5.334kg/m’ (0.3331b,,/ft’)

sonic velocity, ¢ = 178.0 m/s (584 ft/sec)

Prandtl number, Pr = 0.727
For a sound wave having a frequency of 4 kHz in xenon gas at 300K,
determine [A] the classical relaxation time and [B] the classical
attenuation coefficient in units of Np/m and dB/km.
The properties of neon gas at 300K (26.8°C or 80°F) and 101.3kPa
(14.7 psia) are as follows:

viscosity, u = 31.74 uPa-s (0.0768 1b,, /ft-hr)

TaBLE 4-10 Data for Problem 4-21.

1/3 Octave band Transmission loss, 1/3 Octave band  Transmission loss,
center frequency, Hz TL, dB center frequency, Hz TL, dB

125 24 800 54

160 25 1,000 56

200 28 1,250 57

250 33 1,600 58

315 39 2,000 59

400 41 2,500 58

500 47 3,150 56

630 50 4,000 58
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FiGURE 4-18 Physical system for Problem 4-22.

specific heat, ¢, = 1030 J/kg-k (0.246 Btu/Ib,,-°R)

specific heat ratio, ¢,/c, = 1.667

density, p = 0.817kg/m’ (0.05101b,,/ft>)

sonic velocity, ¢ = 454 m/s (1490 ft/sec)

Prandtl number, Pr = 0.663
For a sound wave having a frequency of 8 kHz in argon gas at 300K,
determine [A] the classical relaxation time and [B] the classical
attenuation coefficient in units of Np/m and dB/km.

4-25. A siren operates in atmospheric air (density, 1.160kg/m?® = 0.0724
Ib,,, /ft*; sonic velocity, 345m/s = 1132 ft/sec). The frequency of the
sound wave emitted from the siren, which may be treated as a sphe-
rical source of sound, is 6 kHz. Determine the required acoustic
power output of the siren (watts) and the acoustic power level of
the siren for each of the following conditions, if the siren produces at
intensity level of 60dB at a distance of 1.00 km (3281 ft) from the
siren: [A] for no attenuation (« &~ 0) of energy in the air; [B] for only
the classical contribution considered, for which
a/f? =20 x 1072 Np/m-Hz?; and [C] for moist air at 60% relative
humidity, for which the attenuation coefficient is « = 0.0056 Np/m.

4-26. A small jet engine emits noise at a frequency of 16.34kHz, and the
engine may be treated as a spherical source of sound. A worker at a
distance of 320m (1050 ft) from the aircraft experiences a sound
pressure level of 80dB. The sound is transmitted through air at
—6°C (21°F) at 101.3kPa (14.7 psia), for which p, = 1.322kg/m’
(0.08251b,,/ft’) and ¢ = 328 m/s (1076 ft/sec). The attenuation coef-
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ficient for the air is given by (a/f?)= 13.50 x 107> Np/m-Hz>.
Determine [A] the sound power level at the source and [B] the
sound pressure level at a distance of 450 m (1476 ft) from the engine,
including the effect of attenuation in the air.

4-27. A natural gas compressor emits noise at a frequency of 8§ kHz. The
sound power level for the compressor is 170 dB, and the directivity
factor for the compressor is Q = 2. The noise is transmitted through
atmospheric air at 20°C (68°F) with relative humidity of 50%.
Determine the sound pressure level at a distance of 535m (1755 ft)
from the compressor, including the effect of air attenuation.

4-28. A novice hunter becomes lost in a large open area, and he begins to
call for help. The acoustic power level of his frantic voice is 98.6 dB
at a frequency of 1000 Hz. The ambient air is at 15°C (59°F) with a
relative humidity of 10%. The desperate hunter has a directivity
factor of Q =2. Determine the sound pressure level associated
with his screams at a distance of 1.60km (0.994 miles) from the
lost hunter, including the effect of air attenuation. If the sound
pressure level at the threshold of hearing is about 0dB, what are
the prospects of the hunter’s shouts being heard by his companions
located at a distance of 1.60 km from him?
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S5

Noise Sources

When one carries out an acoustic design, it is often necessary to estimate the
sound pressure level that may be expected to be produced from a particular
noise source. If experimental data are not available for the noise source,
predictive relationships are needed. This situation arises when a new system
or installation is being developed. In addition, correlations for the noise
generated by a source, such as an item of machinery, provide information
for design which enables the designer to reduce the noise output from the
source by suitable modification of such factors as size, operational speed, etc.

In this chapter, we will examine methods that may be used to predict
the noise emitted from several mechanical systems. In general, it is impor-
tant to predict not only the overall noise level but also the noise spectrum or
the sound pressure level in each octave band. From a knowledge of the
sound pressure level spectrum (sound pressure level vs. octave band center
frequency), one may predict the A-weighted sound level, which is important
in determining compliance with noise regulations.

5.1 SOUND TRANSMISSION INDOORS AND
OUTDOORS

The most useful correlation for noise emitted from a system is the correla-
tion of the sound power level Ly as a function of known or measurable
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characteristics of the system. The corresponding sound pressure level L,
produced by the noise emission depends on distance from the source,
whether the source is located indoors or outdoors, and other factors. Let
us develop two general relationships that are needed for prediction of the
sound pressure level when the sound power level can be determined.

For sound transmission outdoors, the acoustic intensity for a sound
wave, not necessarily a spherical wave, is given by Eq. (4-128) with the
directivity factor Q included:
= 9o e _ r (5-1)

I =
4mr? Lo

If we solve for the rms acoustic pressure (or p°) and include the reference
pressure and power terms, we obtain the following expression, where
m = 2a:
2 I
14 _ Wer " poCWref
2= 2
(pref) Wrefr2(47r)(pref)

Taking log base 10 of both sides of Eq. (5-2) and multiplying by 10, we
obtain the following relationship in terms of levels:

L, = Ly + 101og,o(Q) — 10log,y(r*) + 101log,o(e™")

w, 5-3
+ 1010g10<p407cr 2ref) G-

ref

(5-2)

If we introduce the definition of the directivity index DI from Eq. (2-41), we
obtain the following expression:

PoC Wref
(5-4)

. 47>
L, = Ly + DI — 201ogo(r) + 10logo(e™") — 1010g10< TTDref )

The characteristic impedance for atmospheric air at 300K (27°C or
80°F) and 101.325kPa (14.696 psia) is Z, = p,c = 408.6rayl. This value
may be used to evaluate the last term in Eq. (5-4):

Anprs  (4m)(20 x 107%)°

PocWrer  (408.6)(10712)
101og,,(12.30) = 10.9dB

= 12.30m™>

This constant value may be used for 0.1 dB accuracy if the air temperature
is between about 293K (20°C or 68°F) and 307K (34°C or 93°F). For air
temperatures outside this range or for materials other than air, the value of
the constant must be calculated.
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For sound transmitted outdoors in air around 300K, the following
expression may be used to estimate the sound pressure level L, for a
noise source having a sound power level Ly:

Ly = Ly + DI — 20log,(r) — 4.343mr — 10.9 (5-5)

The distance from the sound source r must be expressed in meters in Eq. (5-5),
and the energy attenuation coefficient must have units of m~!. The term
involving the energy attenuation coefficient is usually negligible for lower
frequencies and smaller distances, as discussed in Sec. 4.13.

For sound transmission indoors, the sound pressure level and sound
power level are related by the following expression (developed in Chapter 7):

4 Q PoCW et
Lp = LW + 1010g10(§ + W) + lOlOglO (OPT:> (5'6)

The quantity R is called the room constant and is given by:
_ Sola+ 4mV/S,)]
T l—a—(4mV/S,)
where S, is the total surface area of the room, m?; @ is the average surface
absorption coefficient; and V' is the volume of the room, m’.
For the special case of air at 101.325 kPa (14.696 psia) and 300K (27°C
or 80°F), the numerical value of the last term in Eq. (5-6) may be evaluated:
pocWrer _ (408.6)(10~"%)
Pret (20 x 107°)*
101log;((1.0215) = 0.1dB

R

(5-7)

= 1.0215

In the following sections, we will consider techniques for estimation of
the sound power level that may be used in Eqs (5-4) and (5-6) to estimate the
sound pressure level generated by various noise sources.

5.2 FANNOISE

There are several types of fans used in industrial and residential applica-
tions. The fans may be classified according to the nature of flow through the
fan and by the blade geometry (Avallone and Baumeister, 1987). Generally,
the noise signature is different for each type of fan. Various fan types and
typical applications are as follows:

(a) Centrifugal fan, airfoil blades. The airfoil blades have backward-
curved chord lines, with the leading edge of the airfoil pointing
forward and the trailing edge pointing backward with respect to
the direction of rotation of the fan. All centrifugal fans have a
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(b)

©

(d)

©

)

(2

()

volute or scroll-type housing. This fan is used in large heating,
ventilating and air conditioning systems in which relatively clean
air is handled.

Centrifugal fan, backward curved blades (BCB). The blades are
flat plates with uniform thickness. The leading edge points in a
direction opposite to the rotation of the fan. BCB fans are used
for general ventilating and air conditioning applications. The fan
efficiency is somewhat higher than that of the other types of
centrifugal fans. The fan speed must be higher for a given flow
rate than that of other centrifugal fans.

Centrifugal fan, radial blades. The blades are flat plates of uni-
form thickness, oriented along the radial direction of the fan
cage. This fan is often used in material handling systems in indus-
trial applications in which sand, wood chips, or other small
particles are present in the air.

Centrifugal fan, forward curved blades (FCB). The blades are
shallow and curved, such that both the leading and trailing
edges point in the direction of rotation. The fan efficiency is
somewhat lower than that of the other centrifugal fans. As a
result, this fan is used for low pressure rise, low speed applica-
tions, including domestic furnaces and packaged home air
conditioning units.

Tubular centrifugal fan. These fans use a tubular casing so that
both the entering and leaving flow is in the axial direction. The
blades may be either backward curved or airfoil type. The fan is
often used for low-pressure return-air systems in heating and
ventilating applications.

Vaneaxial fan. These fans usually have blades of airfoil design,
which allows the fan to be used in the medium to high pressure
rise range at relatively high efficiency. Guide vanes are located in
the annular space between the casing and the inner cylinder.
Noise generation for vancaxial fans is generally higher than
that of the centrifugal fans. Typical applications for the vaneaxial
fan include fume exhaust, paint spray booths, and drying ovens.
Tubeaxial fan. This fan is similar to the vaneaxial fan, except that
straightening vanes are not used. The fan is generally used in low
to medium pressure rise applications.

Propeller fan. The fan blades are usually wider than those of the
vaneaxial fan. The propeller fan is mounted in a ring with no
attached ductwork. The pressure rise is relatively small, but the
fan can handle a large volume flow. Applications for this type of
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fan include roof exhaust systems and induced-draft cooling
towers.

There are several paths through which noise may be radiated from a
fan, including (a) sound power radiated directly from the fan outlet and/or
inlet, if there is no attached ductwork to the inlet and/or outlet; (b) sound
radiated through the fan housing; and (c¢) sound induced by vibrations
transmitted from the fan through the fan supports to the adjoining struc-
ture. These paths are illustrated in Fig. 5-1. With proper vibration isolation
by the support, as discussed in Chapter 9, it is possible to reduce the noise
from vibrations to a negligible level, compared with the first two contribu-
tions given above.

If we denote the sound power level generated internal to the fan by
Ly, then the sound power level for sound radiated out of the inlet and/or
outlet openings or radiated down the attached ductwork may be estimated
from the following expressions (note that if ductwork is attached to an inlet
or outlet, there is no sound radiated into the surroundings from the inlet or
outlet source):

Ly(outlet) = Ly — 3dB (5-8)
Ly(inlet) = Ly — 3dB (5-9)

The sound power level for sound transmitted through the fan housing is
related to the transmission loss TL of the fan housing:

Lyw/(housing) = Ly — TL (5-10)

Ly{housing)

Lylinlet}

7777777 /1777

Ly{supports)

FiGURE 5-1 Fan noise paths.
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The noise generated internally by each of the fans mentioned pre-
viously is composed of two components: broadband noise generated by
vortex shedding from the fan blades and a discrete tone (blade tone) pro-
duced as the blade passes by the inlet or outlet opening of the fan.

The sound power level of noise generated by the fan for any octave
band may be estimated from the following correlation (Graham, 1972):

Ly = Lw(B) + 101log,o(Q/Q,) + 201log,o(P/ P,) + Br (5-11)

The term Lw(B) is the basic sound power level, and is given in Table 5-1
for each of the fan types discussed previously; Q is the volumetric flow
rate through the fan, and Q, is a reference volumetric flow rate,
0.47195 dm3/s = 1ft3/min; P is the pressure rise through the fan, and P,
is a reference pressure rise, 248.8 Pa = 1in H,O; and By is the blade tone
component, which is zero except for the octave band in which the blade pass
frequency lies. For this one octave band, the value of the blade tone com-
ponent is given in Table 5-1. The blade pass frequency fp is the number of
times a blade passes one of the fan openings and is given by the following
expression:

fis = n:Ny (5-12)

The quantity n, is the rotational speed of the fan, rev/sec, and N, is the
number of blades on the fan.

The sound power level calculated from Eq. (5-11) is the sound power
level generated internally in a particular octave band for the fan only. The

TaBLE 5-1 Basic Sound Power Level Spectrum Ly (B) for Fans

Octave band center frequency, Hz

Blade tone,
Fan type Br,dB 63 125 250 500 1,000 2,000 4,000 8,000
Centrifugal fans:
Airfoil blade 3 35 35 34 32 31 26 18 10
BCB 3 35 35 34 32 3] 26 18 10
Radial blade 5-8 48 45 45 43 38 33 30 29
FCB 2 40 38 38 34 28 24 21 15
Tubular 4-6 46 43 43 38 37 32 28 25
Vaneaxial 6-8 42 39 41 42 40 37 35 25
Tubeaxial 6-8 44 42 46 44 42 40 37 30
Propellor 5-7 51 48 49 47 45 45 43 31

Source: Graham (1972). By permission of Sound and Vibration, Acoustical
Publications, Inc.
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additional noise due to the fan motor and drive system is not included in
Eq. (5-11).

Example 5-1. A forward curved blade (FCB) centrifugal fan operates at a
speed of 552rpm against a pressure of 190Pa (0.7626in H,O) to deliver
1.80m’/s (3814 cfm) of air. The fan is located outdoors (air at 300K or
80°F), and the fan has both inlet and outlet ducts, so that noise is radiated
only through the housing of the fan. The transmission loss for the fan is
given in Table 5-2. The directivity index for the fan may be taken as DI =
3dB for all frequencies. Determine the overall sound pressure level pro-
duced by the fan at a distance of 3m (9.8 ft) from the fan.
The blade pass frequency is found from Eq. (5-12):

fi = (552/60)(64 blades) = 589 Hz

This frequency lies in the 500 Hz octave band (354—707 Hz), and the blade
tone component for the 500 Hz octave band is found in Table 5-1 for an
FCB centrifugal fan:

By =2dB in the 500 Hz octave band
Br =0dB for all other octave bands

The internal noise generation sound power level can be calculated
from Eq. (5-11). For the 500 Hz octave band, we obtain the following value:

Ly =34+ 101og;,(1800/0.47195) + 2010g,,(190/248.8) 4 2
Lyw=344358+4+(-23)+2=34+3354+2=69.5dB

For the 250 Hz octave band, the sound power level is as follows:
Ly =38+33.54+0=71.5dB

The corresponding values for the other octave bands are given in Table 5-2.

TaBLE 5-2  Solution for Example 5-1

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Ly, dB 73.5 715 71.5 69.5 61.5 S57.5 54.5 48.5
TL, dB 15 21 27 33 39 40 40 40
Ly(housing), given 58.5 50.5 44.5 36.5 22.5 17.5 145 85
Ly(octave band), dB 41.1 33.1 27.1 19.1 51 0.1 —29 -89
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The sound power radiated from the fan through the housing is found
for each octave band from Eq. (5-10). For the 500 Hz octave band, we find
the following value:

Lw(housing) = Ly — TL = 69.5 — 33 = 36.5dB
The sound pressure level in the 500 Hz octave band is found from Eq. (5-4).

The atmospheric attenuation is negligible, because the distance (r = 3m) is
small:

L, = Lw(housing) + DI — 201og;,(r) — 10.9

Ly = 36.5+ 3 — 2010g;4(3.00) — 10.9 = 36.5+3 — 9.5 — 10.9
=365 174
L,=19.1dB

The other octave band sound pressure levels are shown in Table 5-2.
The overall sound pressure level is found by combining the octave
band values of acoustic energy, as discussed in Sec. 2-8.

L,(overall) = 10log;o[ 104OB/10]

Ly(overall) = 10log,o(10*"" + 10" + 10> +...) =41.9dB

Suppose the inlet duct were removed, so that sound could be radiated
out the inlet opening of the fan. For the 500 Hz octave band, the sound
power radiated out the inlet is given by Eq. (5-9):

Ly(inlet) = 69.5 — 3 = 66.5dB

The total power radiated from the fan in the 500 Hz octave band would have
the following value:

Ly = 101og,,(10*% + 10%%) = 66.5dB
In this case, the effect of sound radiated through the housing is negligible.

5.3 ELECTRIC MOTOR NOISE

The noise generated by a single electric motor is usually not excessive;
however, a large number of electric motors may be present in a particular
location. In this case, the total noise generated by several motors may be
significant.

The noise radiated from an electric motor results from several physical
factors, including the following:

(a) Windage noise generated by the motor cooling fan. As for the case
of all fans, as discussed in Sec. 5.2, the windage noise involves a
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pure tone component caused by the fan blades as they pass by
stationary members, and broadband noise caused by turbulent
eddies from the fan blades.

(b) Rotor-slot noise generated by open slots in the motor rotor. This
noise is tonal in nature with a frequency equal to the product of
the rotational speed and number of slots in the rotor. Rotor-slot
noise may be made negligible by filling the slots with epoxy or
other filler material.

(c) Rotor—stator noise caused by rotor and stator slot magnetomotive
force interactions.

(d) Noise produced by the changing magnetic flux density.
Dimensional changes produced by time-varying magnetic flux
in the motor produce noise from the rotor element. The fre-
quency of this noise component is equal to twice the power line
frequency.

(e) Dynamic unbalance noise. This noise source indicates problems in
the motor and can be corrected by dynamically balancing the
motor.

(f) Bearing noise.

There are two primary types of electric motors, as classified by the type
of motor cooling. The drip-proof (DRPR) motor cools itself by inducing a
flow of air from around the motor and circulating the air over the electric
conductors. The rotally enclosed fan-cooled (TEFC) motor uses an internal
fan to accomplish motor cooling.

Data for the A-weighted sound power level may be correlated by the
following expressions. Note that when the A-weighted sound power level is
used in Eq. (5-5) or Eq. (5-6), the resulting sound pressure level is the A-
weighted sound level.

For drip-proof motors, the A-weighted sound power level can be cor-
related in terms of the rated motor horsepower (hp) and the rotational speed
n, (rpm) of the motor:

Lyw(A) = 65dBA (for hp < 7hp) (5-13)

Lyw(A) =20log,o(hp) + 151logy(n,) — 3 (for hp > 7hp) (5-14)
For TEFC motors, a similar correlation has been found:

Lw(A) = 78dBA (for hp < 5hp) (5-15)

Lyw(A) =20log,o(hp) + 15logy(n,) + 13 (for hp > Shp)  (5-16)

The overall sound power levels may be estimated from the A-weighted
values through the following conversion, which depends on the rated horse-
power of the motor:
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TaBLE 5-3 Conversion Factors CF; (dB) to Convert from the
A-weighted Sound Power Level for an Electric Motor to the
Octave Band Sound Power Levels

Octave band center frequency, Hz

Motor Size 63 125 250 500 1,000 2,000 4,000 8,000

1 to 250 hp 16 12 8 4 4 8 12 16
300 to 400 hp 21 15 9 3 3 8 15 22
450 hp and above 19 13 7 3 3 8 14 22

1 hp to 250 hp, Ly = Lw(A)+ 1.1
251 hp to 300 hp, Ly = Lw(A)+ 1.2
301 hp to 400 hp, Ly = Lw(A)+ 1.3
401 hp to 450 hp, Ly =Lw(A)+1.5

451 hp and larger, Lyw = Lw(A) + 1.7

To convert from the overall A-weighted sound power level to the
octave band sound power levels, the conversion factor given in Table 5-3
may be used:

Ly/(octave band) = Lyw(A) — CF, (5-17)

5.4 PUMP NOISE

Standard-line pumps are generally not severe noise sources when the pumps
are operated at their rated speed and capacity. Noise from pumps involves
both hydraulic and mechanical sources. Some of the sources of noise
in pumps include cavitation, fluid pressure fluctuations, impact of solid
surfaces, and dynamic imbalance of the rotor. The hydraulic sources are
usually the more important noise generators, unless there is a mechanical
problem in the pump, such as imbalance of the rotor (Heitner, 1968).

Noise may be radiated from a pump through the surrounding air or
through the piping and support structure for the pump. As was the case for
fans, the structureborne noise may be reduced to negligible levels by proper
vibration isolation of the pump.

The sound power level for airborne noise from a pump may be esti-
mated from the following correlation within +3 dB:

Ly = K, + 101og;,(hp) (5-18)
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The quantity hp is the rated horsepower for the pump. For pumps having a
rated speed of 1600 rpm or higher, the values of the constant K, are as
follows:

K,= 98dB for a centrifugal pump
K, =103dB for a screw pump
K, =108dB for a reciprocating pump

For pumps operating at speeds below 1600 rpm, subtract 5dB from these
values to obtain the K, for Eq. (5-18).

To convert from the overall sound power level to the octave band
sound power levels, the conversion factor given in Table 5-4 may be used:

Ly/(octave band) = Ly — CF, (5-19)

Example 5-2. An 18kW DRPR electric motor is used to drive a 20 hp
centrifugal pump at 1800 rpm, as shown in Fig. 5-2. The directivity factor
for the system is Q = 4 for all frequencies. The system is located in a room
having a room constant of 50m” (538 ft?). Determine the overall sound
pressure level at a distance of 2.00m (6.56 ft) from the system.

The horsepower rating of the motor is found by conversion of units:

hp = (18 kW)(1.3410 hp/kW) = 24.14 hp

The A-weighted sound power level for the motor is found from Eq. (5-14):
Lw(A) = 201log;((24.14) + 151og;((1800) — 3
Lw(A)=27.7+48.8 -3 ="73.5dBA

The non-weighted sound power level for the electric motor (hp < 250 hp) is
found as follows:

Lywm=Lw(A)+1.1=735+1.1=74.6dB

TaBLE 5-4 Conversion Factors CF, (dB) to
Convert from the Overall Sound Power Level for a
Pump to the Octave Band Sound Power Levels

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

CF,,dB 10 9 9 8 6 9 12 17
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FiGURE 5-2 Schematic for Example 5-2.

The sound power level for the pump is found from Eq. (5-18):
Ly, =98 + 101log;p(20) = 98 +13.0 = 110.0dB

The total sound power level for the combined motor and pump system is
found by combining the power levels:

Ly = 101og,,[10™% +10"%°] = 101og,,(1.0003 x 10'") = 110.0dB

We note that the effect of the electric motor noise is negligible in this case.
The overall sound pressure level due to the pump and motor noise may
be calculated from Eq. (5-6):

4 4.
50 © (47)(2.00)
L, =110.0 + 1010g;,(0.0800 + 0.0796) + 0.1 = 110.0 — 8.0 + 0.1

L, =102.1dB

5.5 GAS COMPRESSOR NOISE

Many gas compressors are not designed with low noise emission as the
primary design criterion. Such factors as high efficiency, durability and
price are usually more important initially than low noise levels. Noise con-
trol procedures are often applied after the compressor has been constructed,
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rather than implemented during the design of the unit. There are some
design factors that are usually not within the control of the designer, how-
ever. These factors include (a) compressor power input (determined by the
required pressure rise and flow rate through the compressor), (b) the fluid
turbulence levels, and (c) the type of gas compressed.

Some design factors that can be adjusted in the design stage for the
compressor include (a) rotor—stator interaction, (b) impeller—diffuser
spacing, (c) compressor rotational speed, and (d) number of compression
stages (Diehl, 1972).

When a rotor blade passes a stator blade in a compressor, the gas is
given an impulse, and noise is generated from this impulsive action. The
peak in the noise generation curve occurs at the blade pass frequency, which
is given by the following expression:

_ N, Nsn,

Jo = K, (5-20)

The quantities N, and N, are the number of rotating and stationary blades,
respectively, and n, is the rotational speed of the compressor. The term K is
the greatest common factor of N, and N;. For example, if the compressor
has 6 rotating blades and 9 stationary blades, the greatest common factor
between 6 and 9 is Ky = 3. If the compressor operates at a rotational speed
of 6000 rpm, the blade pass frequency would have the following value:

(6)(9)(6000 rev/min/60 s/min)
fy= 3

The value of the greatest common factor (K; = 3) means that 3 rotor blades
line up with 3 stator blades during each revolution of the rotor. The blade
passing noise is 3 times more intense than it would be if only one rotor blade
was matched to one stator blade (K; = 1) during each rotation.

Note that if the number of rotating blades were increased to 7 in this
example, the greatest common factor would be Ky = 1. The blade pass
frequency would be 6300 Hz. Noise at this higher frequency could be
more easily controlled (by damping, for example) than noise at the lower
frequency.

Increasing the radial distance between the impeller and diffuser vanes
results in lower noise levels. In particular, the blade pass noise is significantly
reduced by this tactic. Unfortunately, increasing the spacing also decreases
the efficiency of the compressor. The designer must compromise between
high noise levels and high efficiency for very close impeller—stator spacing
and low noise levels and low efficiency for wide spacing.

The rotational speed of the compressor has a strong influence on the
noise generated by the unit, because the sound power radiated from a com-

= 1800 Hz
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pressor is proportional to the rotational speed raised to a power between 2
and 5, depending on the type of compressor. A design compromise must be
made between a low-speed quieter unit, which generally requires a large size
for a given flow rate, and a high-speed more noisy unit, which is smaller in
size.

The following correlations may be used to estimate the overall sound
power level for rotating compressors (Heitner 1968). For centrifugal com-
pressors:

Ly = 201log,o(hp/hp,) + 501og((U;/U,) + 81 (5-21)

The term hp is the compressor power input, and hp, = 1 hp = 745.7W. The
quantity U, is the blade tip velocity, and U, = 800 ft/sec = 243.8m/s.
For axial compressors, the corresponding correlation is as follows:

Lw = 20log;,(hp/hp,) + 76 (5-22)

The noise spectra for centrifugal and axial compressors is broadband,
with the peak (maximum) in the sound power level occurring at a frequency
Jfm given by the following expressions:

Jfm = 1000(U,/U,) (centrifugal compressors) (5-23)
fm = 2Nyn, (axial compressors) (5-24)

The quantity N, is the number of blades in one stage of the axial com-
pressor, and n, is the rotational speed of the compressor.

The sound power level in each octave band for a compressor may be
calculated from the following expression:

Ly/(octave band) = Ly — CF; (5-25)

The values of the conversion factor CF; are given in Table 5-5.

Example 5-3. A centrifugal compressor has an overall blade tip diameter
of 1.20m (47.2in) and operates at a rotational speed of 4800 rpm. The
power input to the compressor is 500 kW. The compressor is located in a
room having a room constant of 1500 m?. The directivity factor for the
compressor is Q = 2.00. Determine the sound pressure level at a distance
of 15m (49.2 ft) from the compressor and the sound level spectrum at the
same point.
The compressor blade tip velocity is calculated as follows:

U, = 7n,D = ()(4800,/60)(1.20) = 301.6 m/s (989 ft/sec)

The overall sound power level is determined from Eq. (5-21) for a centri-
fugal compressor:
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TaBLE 5-5 Conversion Factors CF; (dB) to Convert
from the Overall Sound Power Level for a Compressor
to the Octave Band Sound Power Levels

Frequency, Hz CF;, dB  Frequency, dB CF;, dB

Sm/32 36 S 4
Sm/16 25 2fm 8
Jn/8 18 4fm 14
Im/4 12 8/m 21
Iu/2 7

“The table entry f;,/8, for example, refers to the octave band
that includes the frequency f,,/8, where f,, is given by Eq.
(5-23) or (5-24).

Ly = 201og,((500/0.7457) + 50 log,,(301.6/243.8) + 81

Ly = 56.5+4.6+81 = 142.1dB

The overall sound pressure level may be determined from Eq. (5-6) for
sound propagated indoors:

4 (200
L,=142.1+ 1010g10[1500 +(47r)(15)2i| i

L, = 142.1 + 1010g,(0.002667 + 0.0007074) + 0.1
L, =142.14(=24.7)+0.1 = 117.5dB

The peak in the noise level spectrum occurs at a frequency given by
Eq. (5-23):

fin = 1000(U,/U,) = (1000)(301.6/243.8) = 1237 Hz

This frequency lies in the 1000Hz octave band (between 707 Hz and
1414 Hz); therefore, the octave band sound power level for the 1000 Hz
octave band is given by Eq. (5-25):

Ly (octave band) = 142.1 — 4 = 138.1dB

The octave band sound pressure level for the 1000 Hz octave band may be
calculated from Eq. (5-6):

Ly(octave band) = 138.1 —24.7+ 0.1 = 113.5dB

The results for the other octave bands are given in Table 5-6.
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TABLE 5-6 Solution for Example 5-3

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Ly, dB 142.1 142.1 1421 1421 142.1 1421 1421 1421
CF;, dB 25 18 12 7 4 8 14 21

Ly(octave band), dB  117.1 124.1 130.1 135.1 138.1 134.1 128.1 121.1
Equation (5-6) —24.6 —24.6 —24.6 —24.6 —-24.6 —24.6 —24.6 —24.6

Ly(octave band), dB 92.5  99.5 105.5 110.5 113.5 109.5 103.5 96.5

5.6 TRANSFORMER NOISE

Although transformer noise does not cause hearing damage, in general, the
continuous hum emitted by large transformers can be quite annoying. The
metal cores of transformers are usually laminated to reduce hysteresis losses.
One source of transformer noise depends on the magnetic field variations in
the laminations. As a result of magnetostriction effects, the laminations
change in length as the magnetic field changes. The total change in length
is usually on the order of micrometers, but this small dimensional change is
sufficient to produce the transformer hum at frequencies of 120 Hz, 240 Hz,
and 360 Hz, which are harmonics of the 60 Hz excitation current for the
transformer. The harmonic frequencies fall in the 125 Hz and 250 Hz octave
bands, so the hum noise tends to appear largest in these octave bands.

The level of noise generated by the transformer increases with increase
of the magnetic flux density or with the kVA rating of the transformer. The
flux density is determined by the design of the transformer and does not vary
significantly with the load on the transformer. This means that the noise
generated is practically independent of the transformer load. The hum noise
is present at the no-load condition for the transformer.

One approach to reducing the noise generated by a transformer is to
reduce the transmission of sound between the core, where the noise is gen-
erated, and the transformer housing, from where the sound is radiated into
the surroundings. This may be accomplished by using spray cooling, eva-
porative cooling, or gas cooling, instead of conventional oil cooling. A
resilient acoustic barrier in the oil between the core and housing could
also be used to reduce the transformer hum noise.

There are two general types of transformers, depending on the method
of dissipating energy from the transformer. The self-cooled transformer is
actually cooled by natural convection. The forced air-cooled transformer is
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TaBLE 5-7 Conversion Factor CF, to Convert from
the Overall Sound Power Level to Octave Band
Sound Power Levels for Transformers

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

CF4,dB 7 3 9 13 13 19 24 30

cooled by forced convection heat transfer assisted by a fan. The fan provides
an additional source of noise for this type of transformer.

Based on tests conducted by the National Electric Manufacturers
Association (NEMA), the following correlations may be used to estimate
the overall sound power level for transformers. For a self-cooled trans-
former, the sound power level is related to the kVA rating of the transfor-
mer by the following expression:

Ly =454 12.51og;,(kVA) (5-26)
For a forced air cooled transformer, the following expression applies:
Ly =48+ 12.51og;,(kVA) (5-27)

The octave band sound power level spectrum may be determined for either
type of transformer from the following expression:

Ly /(octave band) = Ly — CF, (5-28)

Values of the conversion factor CF, are given in Table 5-7.

5.7 COOLING TOWER NOISE

There are several different cooling tower designs, and each has a somewhat
different noise spectrum associated with it. The cooling towers may be
classified as either mechanical-draft types or natural-draft types, depending
on the mechanism producing motion of the air through the tower.

The mechanical-draft towers may be classified according to the type of
fan used in moving the air. Induced-draft towers generally use a propeller fan
located on the top of the tower. Air is drawn in through the intake louvers to
cool the water flowing from the top of the tower over the tower packing.
Forced-draft towers utilize a centrifugal fan located near the base of the
tower. Air is exhausted from the fan into the cooling tower near the lower
portion of the tower.

Copyright © 2003 Marcel Dekker, Inc.



The noise from a mechanical-draft cooling tower is produced by two
primary mechanisms: (a) the fan on the tower and (b) the splashing water
within the tower. The fan noise is predominant in the octave bands from
63 Hz to 1000 Hz. The splashing water contributes to noise mainly in the
2000 Hz to 8000 Hz octave bands. The fan noise is usually 15-20 dB higher
than the water noise (Thumann and Miller, 1986).

The following correlations may be used to estimate the overall sound
power level for mechanical-draft cooling towers. For an induced-draft tower
using a propeller fan, the following expression applies:

Ly =96 4+ 101og,(hp/hp,) (5-29)

For a forced-draft tower using a centrifugal fan, the following expression
may be used:

Lyw = 87 + 101og,o(hp/hp,) (5-30)

The quantity hp is the power input to the tower fan, and hp, =
1.00hp = 745.7 W. The overall sound power level for induced-draft or
forced-draft cooling towers may be converted to octave band values by
using the following expression:

Ly /(octave band) = Ly — CF; (5-31)

The values for the conversion factor CF5 are given in Table 5-8.

The only source of noise for natural-draft towers, as shown in Fig. 5-3,
is the water-generated noise. If the cooling tower packing extends below the
air inlet opening of the tower, noise due to water splashing over the packing
material is radiated directly from the tower. In addition, the water falling
from the packing material produces noise as it strikes the surface of the
water in the pond at the bottom of the tower.

TaBLE 5-8 Conversion Factor CF;s to Convert from the Overall
Sound Power Level to Octave Band Sound Power Levels for
Induced-Draft and Forced-Draft Cooling Towers

Octave band center frequency, Hz

Cooling tower type 63 125 250 500 1,000 2,000 4,000 8,000

Propeller fan, induced 6 5 7 9 16 21 29 35
Centrifugal fan, forced 4 5 9 10 14 16 22 31
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FiGURE 5-3 Natural-draft cooling tower.

The overall sound power level for noise from a natural-draft tower
may be determined from the following correlation (Ellis, 1971):

Ly = 101og,,(mgh) + 1010g10[0.95(hp/h)2 + 1.80(hy /h)*] + 60.0
(5-32)
The quantities in Eq. (5-32) and the required units are defined as follows:

m = mass flow rate of cooling water, kg/s

g = local acceleration due to gravity = 9.806 m/s2

h = total distance that the water falls in the tower, m

h, = depth of the packing material below the tower ring beam, m

h, = distance between the bottom of the packing and the pond
surface, m

The A-weighted sound power level may be found from the overall sound
power level:
Lw(A)=Lw+0.1dB (5-33)
The sound pressure level at any distance r from the edge of the pond
may be determined from the following relations, depending on whether the

receiver is near the tower or farther from the tower. The region near the
tower is defined by the following relationship:

r<r* = IDU[l + 20k, + ho)/ D = 1) (5-34)
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The quantity D, is the diameter of the tower. If the tower is rectangular with
plan dimensions a x b, use D, = (4ab/7)"/?. The relationship between the
overall sound pressure level and the overall sound power level for the region
near the tower is as follows:

Ly = Ly — 101logyy{zDi(, + ho)[1 + (2r/ DY} + 1010g16(P6c Wiret /Pier)

(5-35)

For atmospheric air around 300K (80°F), the numerical value of the last
term in Eq. (5-35) is 0.1 dB.

For the region farther from the tower, r > r*, the following expression
may be used to determine the overall sound pressure level:

Ly = Ly + 1010g;4(Q) — 2010g;y(r) — 10108, (4mpie/ 0o Wier)
(5-36)
For atmospheric air around 300K (80°F), the numerical value of the last

term in Eq. (5-36) is 10.9dB. The quantity Q is given by the following
expression:

_4tan”{[1+ (D]
7l + (Dy/r)]
The argument of the inverse tangent function in Eq. (5-37) must be
expressed in radians when making numerical calculations.

The octave band values of the sound power level may be obtained
from the overall sound power level by using the following conversion:

Ly/(octave band) = Ly — CF (5-38)

(5-37)

Values of the conversion factor CFg4 are given in Table 5-9.

Example 5-4. A natural-draft cooling tower has a mass flow rate of water
through the tower of 120 kg/s (196,000 1b,, /hr). The tower diameter is 7.50 m
(24.6 ft). The packing extends 3.00m (9.8 ft) below the tower ring, and the

TaBLE 5-9 Conversion Factor CFg to Convert from the
Overall Sound Power Level to Octave Band Sound
Power Levels for Natural-Draft Cooling Towers

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

CFq, dB 17.7 194 19.8 130 78 63 53 72
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open height of the tower is 6.50 m (21.3 ft). The water falls a total distance of
20m (65.6 ft) in the tower. Determine the overall sound pressure level at a
distance of 25m (82.0 ft) from the edge of the tower pond.

The overall sound power level may be determined from Eq. (5-32):

Ly = 1010g,,[(120)(9.806)(20)] + 10 log,,[(0.95)(3/20)>
+ (1.8)(6.5/20)*] + 60.0

Ly = 1010g,0(23,534) + 1010g,,(0.0214 + 0.1901) + 60.0

Ly = 43.7 4 (—6.7) + 60.0 = 97.0dB

The characteristic distance for the cooling tower may be evaluated
from Eq. (5-34):

= D) THI+2)(3.0 +6.5)/(7.5)]"* — 1} = (£)(7.5)(0.8797)
P =3.30m (10.8 ft)

For this problem, the location r = 25m > r* = 3.30 m; therefore, the sound
field corresponds to far-field conditions. We must use Eq. (5-36) to evaluate
the sound pressure level.

The directivity factor may be calculated from Eq. (5-37):
0 (4)tan™"{[1 + (7.50/25)]'/%}

- (m)[1 + (7.50/25)]

The overall sound pressure level may be evaluated:

L, =97.0+ 10log;(0.8333) — 201og;((25) — 10.9

L, =970+ (-0.8) —28.0 — 10.9 = 57.3dB

— (0.9794) tan ™' (1.1402) = 0.8333

Since all factors are independent of frequency, the A-weighted sound level
may be found from Eq. (5-33) in terms of the sound pressure level.

Lpn=1L,+0.1=573+0.1 =57.4dBA

5.8 NOISE FROM GAS VENTS

One of the more serious noise problems in industrial plants is the noise
produced by the discharge of air, steam, or process gas into the atmosphere.
Blow-off nozzles, steam vents, and pneumatic control discharge vents are
some examples of noisy venting situations. The noise generated by the jet
discharged through these devices is a result of turbulent mixing in a high-
shear region near the exit plane of the vent. In this region, turbulent eddies
are small, and the noise radiated from the eddies is predominantly higher-
frequency noise. Sound is also radiated from the fluid stream further from
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the jet exit plane as a result of larger turbulent eddies in this region of the jet.
Lower-frequency noise is radiated from this region of the fluid.

The overall sound power level for noise radiated from a vent may be
calculated from the following correlation (Burgess Industries, 1966):

P, T\ M,d
LW=114.4+2010g10< L1 )

P, T,Md, (5-39)

The quantities in Eq. (5-39) are defined as follows:

P, = upstream absolute pressure of the gas
P, = reference pressure = 101.3kPa = 14.7 psia
T, = upstream absolute temperature of the gas
T, = reference temperature = 300K = 540°R
M = gas molecular weight
M, = molecular weight of air = 28.95 g/mol
d = inside diameter of the gas vent
d, = reference diameter = 1.000m = 39.37in

The octave band sound power level spectrum may be determined for a
gas vent from the following conversion.

Ly /(octave band) = Ly — CF; (5-40)

Values of the conversion factor CF; are given in Table 5-10. The frequency
at which the maximum sound power level occurs for the gas jet is given by
the following relationship:

~0.20¢

g (5-41)

fo

The quantity c is the sonic velocity of the flowing gas at temperature 77.

TaBLE 5-10 Conversion Factors CF; (dB) to Convert
from the Overall Sound Power Level for a Gas Vent to
the Octave Band Sound Power Levels

Frequency CF; Frequency CF; Frequency CF;

f/32 26 f,/2 7%, 17
£./16 21 f, 5 16f, 25
fo/8° 15 2f, T 32f, 31
Jo/4 10 4, 10 64f, 37

“The table entry f,/8, for example, refers to the octave band that
includes the frequency f, /8, where f; is given by Eq. (5-41).
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The noise from gas vents is highly directional, so the directivity factor
is not unity in general (American Gas Association, 1969). The directivity
factor Q, depends on the angle 6 measured from the vent axis. Values of the
directivity factor and the directivity index, DI = 10log,;, Oy, are given in
Table 5-11.

Example 5-5. A steam vent has an inner diameter of 154 mm (6.065in) and
vents steam (molecular weight, 18.016 g/mol; sonic velocity, 500m/s) at
615K (342°C or 647°F) and 1480 kPa (215 psia). The vent is located out-
doors. Determine the overall sound pressure level and the A-weighted level
at a distance of 150 m (492 ft) and at 90° from the vent axis.

The sound power level is found from Eq. (5-39):

(1480)(615)(28.95)(0.154)
(101.3)(300)(18.016)(1.00)}

Ly =11444+174=131.8dB

Ly =114.4+20 log10|:

The directivity index for a location 90° off the vent axis is found from Table
5-11.

DI =-5.5dB

The overall sound pressure level at a distance of 150 m from the vent is
found from Eq. (5-4) for negligible atmospheric air attenuation:

L, = Ly + DI — 20log,,(r) — 10.9
L, = 131.8 + (=5.5) — 20 log;,(150) — 10.9
L,=131.8—55-43.5-10.9=7.19dB

TaBLE 5-11 Directivity Factor Q, and
Directivity Index DI for a Gas Vent

¢ 0, DLdB ¢ 0, DIdB

0°  1.00 0.0 60°  0.80 -1.0
10° 1.80 2.6 75°  0.447 -3.5
15 2.16 33 80° 0.381 —4.2
200 2.52 4.0 90°  0.282 —5.5
30°  3.00 4.8 105°  0.200 -7.0
40°  2.50 4.0 120°  0.158 -8.0
45°  2.00 3.0 150°  0.118 -9.3
50°  1.53 1.8 180°  0.100 -10

“The angle 0 is measured between the axis of the vent
and the receiver.
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TaBLE 5-12 Solution for Example 5-5%

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

L,, dB 719 719 719 719 719 719 719 719
—CF,, dB -5 -0 -7 -5 -7 =10 =17 =25

L,(octave band), dB 569 619 649 669 649 619 549 469
CFA, dB -262 —-16.1 -89 -32 00 +1.2 +1.0 -1.1

Ly(octave band) + CFA  30.7 458 56.0 63.7 649 631 559 458

“Because the quantities DI and r are frequency-independent, L,(octave band) = L,
= CF, in this example.

The peak frequency in the vent noise spectrum is found from Eq.
(5-41):
~0.20c _ (0.20)(500)

_ _ — 649H
fo=—4 (0.154) z

This frequency lies in the 500 Hz octave band (354—707 Hz). The conversion
to octave band sound pressure level is found using Eq. (5-39). For example,
for the 500 Hz octave band, we find the following value:

L(octave band) = 71.9 — 5 = 66.9dB

For the 250 Hz octave band, which includes the frequency %fo = 325Hz, the
octave band sound pressure level is as follows:

Ly(octave band) = 71.9 — 7 = 64.9dB

The sound pressure levels for the other octave bands are given in Table 5-12.

The A-weighted sound pressure level may be determined from the
octave band sound pressure level values using Eq. (2-46). For the 500 Hz
octave band, CFA = —3.2dBA from Table 2-4. The calculation for the A-
weighted sound level is summarized in Table 5-12. The A-weighted sound
level is determined, as follows:

Ly= 10 10g10 (=1 O[L(octave band)+CFA]/1 0}

La = 1010g,,(10*" + 10** + 10> +...) = 69.3dBA

5.9 APPLIANCE AND EQUIPMENT NOISE

In addition to the noise sources discussed previously there are several other
sources of noise that may be important in the acoustic analysis of residences,
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TaBLE 5-13 Median Sound Power Levels for Various
Types of Equipment and Home Appliances

Appliance Ly, dB Equipment Ly, dB
Air conditioner 70 Backhoe 120
Clothes dryer 70 Concrete mixer 115
Clothes washer 70 Crane (movable) 115
Dishwasher 75 Front loader 115
Food blender 85 Jackhammer 125
Food disposal 90 Pneumatic wrench 120
Hair dryer 70 Rock drill 125
Refrigerator 50 Scraper/grader 120
Vacuum cleaner 80 Tractor 120

Source: Environmental Protection Agency (1971a).

construction sites, and offices. If one cannot obtain sound power level data
from the manufacturer of the appliance or item of equipment, the median
sound power level listed in Table 5-13 may be used for preliminary design
(Environmental Protection Agency, 1971a). It may be noted that the sound
power level from a specific item of equipment may deviate 10 dB from the
median value, so care should be exercised in using the data in Table 5-13.

5.10 VALVE NOISE

5.10.1 Sources of Valve Noise

Valves and regulators used with steam and gas lines can be a significant
source of noise. There are two primary sources of noise generated by valves:
(a) mechanical noise generation and (b) fluid noise generation, either
hydraulic for liquids or aerodynamic for gases (Faulkner, 1976).
Mechanical vibration of the valve components results from flow-
induced random pressure fluctuations in the fluid within the valve and
from impingement of the fluid against flexible parts of the valve. In conven-
tional valves, the main source of noise from mechanical vibrations arises
from the sidewise motion of the valve plug within its guiding surfaces. This
noise source usually produces sound at frequencies below 1500 Hz and is
often classified as a metallic “rattling” sound. The noise emitted from this
source is usually of less concern to the designer than the damage of the valve
plug and guide surfaces resulting from the vibration. In fact, noise from
valve vibration could be considered beneficial, because the noise warns of
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conditions in the valve (wear, excessive clearance, etc.) that could result in
valve failure.

Some control valves used valve plugs that were fitted with skirts that
guided the valve body ports. Flow openings were cast or machined into the
skirts. Mechanical vibration of this type of valve was a serious problem,
because there was a large clearance between the skirt and the body guides.
The vibrations of the valve plug could be reduced by using guide posts on
each end of the valve plug. One commonly used design technique for control
valve noise reduction is to rigidly attach the cage member containing the
flow openings to the valve body. The movable valve plug is closely guided
within the inside diameter of the cage. By proper attention to the valve
internal design, noise generated from mechancial vibrations can be reduced
to negligible levels, compared with other sources.

Another source of mechanical vibration noise arises from valve com-
ponents resonating at their natural frequencies. Resonant vibration of valve
components produces a pure-tone component, usually in the frequency
range between 3 kHz and 7kHz. This vibration can cause high stresses in
the component that may lead to fatigue failure. Flexible members, such as
the metal seal ring of a ball valve, are subject to mechanical vibrations of
this type.

The hydrodynamic flow noise from a valve handling liquids arises
from several sources, including (a) turbulent velocity fluctuations in the
liquid stream, (b) cavitation when bubbles of vapor collapse after being
momentarily formed in the fluid within the valve, and (c) flashing
(vaporization) of the liquid when the pressure within the valve falls below
the vapor pressure of the liquid.

Turbulent velocity fluctuations in a liquid flow generally result in
relatively low noise levels. The high turbulence levels in valves is produced
by the rapid deceleration of the fluid as the velocity profile changes shape
beyond the valve outlet.

Cavitation of the fluid is the major cause of hydrodynamic noise in
valves. As the liquid is accelerated within the valve through valve ports,
static pressure head is converted to kinetic energy, and the pressure of the
liquid decreases. When the static pressure of the liquid falls below the vapor
pressure of the liquid, vapor bubbles are formed within the liquid stream. As
these bubbles move downstream into a region of higher pressure (greater
than the vapor pressure), the bubbles collapse or implode and cavitation
occurs. Noise generated by cavitation has a broad frequency range, and
often has a sound similar to that produced by solid particles within the
liquid stream.

Flashing of the liquid occurs when the pressure of the liquid drops
below the vapor pressure of the liquid at the inlet temperature to the
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valve. The resulting flow from the valve is two-phase flow, a mixture of
liquid and vapor. The deceleration and expansion of the two-phase flow
stream produce the noise generated in a valve handling a flashing liquid.

The aerodynamic flow noise from a valve handling gases arises from
turbulent fluid interactions within the flowing stream due to deceleration,
expansion or impingement of the fluid (Lighthill, 1952).

5.10.2 Noise Prediction for Gas Flows

The Fisher Controls Company has developed one technique for prediction
of valve noise (Stiles, 1974). The correlation was developed from A-weighted
sound level measurements at a location 1.219m (48 in) downstream of the
valve outlet and 0.737 m (29 in) from the surface of the pipe connected to the
valve. This location corresponds to a distance r, = 1.424m (56.11in) from
the surface of the valve. For valves located outdoors, the A-weighted sound
level may be estimated from the following correlation:

La = La(ro) — 20logo(r/r,) (5-42)

The following correlation may be used for valves located indoors, where R is
the room constant for the room in which the valve is located:

4+ (R/4rrr2):|

4+ (R/4m12) (5-43)

Ly = La(ro) + 1010g10|:

For valves handling a gas, the Fisher Controls equation for the A-
weighted noise generated by the flow through the valve may be estimated
from the following:

(5-44)
— 32.4108(py1/psts) + L(C) — 24.4

The quantities in Eq. (5-44) are defined as follows:

AP = pressure drop across the valve
AP, = 6.895kPa = 1.00 psi
C, = valve-sizing coefficient for gas flow
pp = density of the pipe material
ps = density of steel = 7800kg/m* = 0.2821b,, /in’
t = thickness of the pipe wall
t, = thickness of the same nominal diameter SCH 40 pipe

The factor L(C) is a function of the pressure drop across the valve AP
and the inlet pressure to the valve P;. This factor is given in the following
expressions for some commonly used valve types:
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(a) Cage-style globe valve, standard trim

_|o [for (AP/P;) <0.151] i
Lo = 17.41og,,(AP/P)) + 143 [for (AP/P)) > 0.151] (5-45)
(b) Cage-style globe valve, whisper-trim
_[-75 [for (AP/P;) < 0.563] )
KO =187.0log,o(AP/P)) + 142 [for (AP/P)) > 0.563] 740
(¢) Guided-plug globe valve
|0 [for (AP/P;) <0.216]
Lo = 16.11og,o(AP/P;)+ 10.7 [for (AP/P;) > 0.216] (3-47)
(d) Standard ball valve, swaged body
o [for (AP/P;) < 0.093] ]
KO =1 9.410g,i(AP/P)+97  [for (AP/P) > 0.093] O

The valve-sizing coefficient C, for gas or steam flow is a dimensional
parameter. For gases other than steam, C, is defined by the following
dimensional relationship:

O, (scth) = C, Py (psia)[(M,/M)(T,/T;)]"* sin6 (5-49)
where:

scfh = standard cubic feet per hour, or ft*/hr at 7, and P,
T, =519.7°R = 288.7K and P, = 14.696 psia = 101.325kPa
T, = absolute temperature of the gas at the inlet of the valve
P, = absolute pressure of the gas at the inlet of the valve
M, = molecular weight of air = 28.95 g/mol

6(radians) = (59.64/C,)(AP/P,)"?

C=Cy/Cy

Cy = valve-sizing coefficient for liquids (dimensional)

Some representative values for the parameter C; are given in Table 5-14.
The valve manufacturer should be contacted for data for a specific valve.

For mass flow of steam, the valve-sizing coefficient C, is defined by the
following relationship:

0.0022C, P, sin @
[1 + (:Osat/io)]l/2

The quantity pg,, is the density of saturated steam at the upstream pressure
Py, and p is the density of the steam at the upstream pressure P; and
temperature 77.

m(lb,, /hr) = (5-50)
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TaBLE 5-14 Flow Coefficients for Various Valves

Valve type  Description Body design  C; = C,/Cy Cy/[D(in)]*
Globe Single port A 35.0 12.90
Globe Single port BF 32.0 9.67
Globe Single port GS 35.0 14.90
Globe Any valve plug D 30.0 10.32
Globe Single port DBQ 33.0 12.90
Angle Single port DBAQ 34.5 10.32
Angle Single port 461 18.0 12.90
Ball Hi-Ball V25 20.0 11.60
Butterfly Swing-through vane 75° open 30.0 28.3

4D is the inside diameter of the pipe in inches.

5.10.3 Noise Prediction for Liquid Flows

The Fisher Controls correlation for the A-weighted sound level generated by
flow of a liquid through a valve is the following expression:

La(ro) = 10K log,o(AP/P,) + 201og;o(Cy)

(5-51)
—324 loglo(ppt/psts) + L(¢) + 9
The quantities in Eq. (5-51) are defined as follows:
_ ! [for 0 < ¢ < 0.167]
A= {0.50 +3¢  [for ¢ > 0.167] (5-52)
where:
6= AP
S

P, = upstream pressure
P, = vapor pressure of the liquid at the upstream pressure

The factor L(¢) is a function of the valve type and the pressure ratio ¢.
This factor is given by the following expressions for some commonly used
valve types:

(a) Globe valve, standard cage trim

0 [for 0 < ¢ < 0.34]

L) = {48¢(1 _186¢)  [for 0.34 < ¢ < 1.00] (5-33)
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(b) Ball valve

_Jo [for 0 < ¢ < 0.50]
L) = { 1004(0.70 — ¢) [for 0.50 < ¢ < 1.00] (3-34)
(c) Butterfly valve
_J10 [for 0 < ¢ < 0.24]
L) = { 95.6¢(1 —1.25¢)  [for 0.24 < ¢ < 1.00] (5-33)

The valve-sizing coefficient Cy for liquid flow with no flashing is
defined by the following dimensional equation:

01 (gpm) = Cy[AP(psi)py/pL]"? (5-56)
where:

pw = density of water at the fluid temperature
pr = density of the liquid

Some representative values of the sizing coefficient are given in Table 5-14.
The valve manufacturer should be contacted for data for a specific valve.
There are several other correlations that have been developed for pre-
diction of the noise from valves. Nakano (1968) obtained the following
relationship for the sound power level for a valve handling a gas flow:

Ly = A+ Blog,o(mTF) (5-57)
where:

m = mass flow rate of the gas, kg/s
T = absolute temperature of the gas at the inlet of the valve, K

F=1-[1—(AP/P)Y DY
y = specific heat ratio for the gas

The constants 4 and B depend on the valve type. For a globe valve, 4 = 90
and B = 10.0; for a gate valve, A = 83 and B = 15.6; for a ball valve, 4 = 97
and B = 12.8; and for an angle valve, 4 = 82 and B =13.1.

The A-weighted sound level generated by valves manufactured by the
Masoneilan Corporation has been correlated by an expression based on the
internal conversion of fluid kinetic energy into acoustic energy (Baumann,
1970). This method has been extended to other valves also (Baumann, 1987).

Example 5-6. Natural gas (molecular weight, 20.3 g/mol; specific heat
ratio, 1.252) flows through a GS globe valve with standard trim at a flow
rate of 14 x 10° scfh (14 MM scfh or 110.1 std m?/s). The natural gas enters
the valve at 300K (80°F) and 4.250 MPa (616.4 psia). The pressure drop
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across the valve is 2.40 MPa (348 psi). The gas flows through an 8-in SCH 80
steel pipe, for which the outer diameter is 8.625 in (219.1 mm) and the pipe
wall thickness is 0.5001in (12.7 mm). The wall thickness of a standard 8-in
SCH 40 pipe is 0.322in (8.2 mm). Determine the A-weighted sound level at a
distance of 15m (49.2 ft) from the valve, if the valve is located outdoors.

For the GS globe valve, the parameter C; = 35, as given in Table 5-14.
The factor 6 is needed in Eq. (5-49) is as follows:

g _ 3964 (AP)‘”_ (59.64) (2.400

12
_ 2\ = 1.2805 rad
C (35.0) 5.250) 05ra

P

The valve-sizing coefficient for gas flow through the valve may be calculated
from Eq. (5-49):

O (14x 109 (20.3)(300)
¢~ (616.4)sin(1.2805) [(28.95)(288.9)

172
i| = 20,230

The pressure ratio term is as follows:

AP/P; = (2.400)/(4.250) = 0.5647 > 0.154
The factor L(C) is given by Eq. (5-45) for a globe valve with standard trim:

L(C) = 17.410g,,(0.5647) + 14.3 = 10.0dB

The A-weighted sound level at the reference distance r, is found from
Eq. (5-44):

La(ry) =17.410g,,(2400/6.895) + 22.510g,,(20,230)

— 32.410g,(0.500/0.322) 4+ 10.0 — 24.4
La(r,) =442+969—6.24+10.0 — 244 = 120.5dBA

The A-weighted sound level at a distance of 15m from the valve may be
found from Eq. (5-42):

La = 120.5 — 201og,(15/1.424) = 120.5 — 20.5 = 100.0 dBA

5.11 AIRDISTRIBUTION SYSTEM NOISE

Noise generated in air distribution systems is one of the concerns in design
of heating, ventilating, and air conditioning (HVAC) systems. Noise is
transmitted from the air-handling unit (fan) into the duct system. Sound
may also be generated as the air flows through elbows, fittings, and the grill
or diffuser at the duct outlet into the room. The location of these compo-
nents in an air distribution system is illustrated in Fig. 5-4. The sound power
level of the noise introduced into the duct by the fan is given by Eq. (5-8).
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FiGURE 5-4  Air distribution system. A Ly is the attenuation in the element, and Ly
is the noise generation within the element.

Ly/(fan outlet) = Ly — 3dB (5-58)

For industrial air distribution systems that utilize high air velocities, the
noise generated by the air flowing through the distribution system is a
particular concern.

Energy transmitted along the duct may be attenuated or dissipated by
the interaction with the duct wall, or acoustic material may be placed inside
the duct to reduce the noise transmission.

5.11.1 Noise Attenuation in Air Distribution
Systems

There are three primary mechanisms responsible for noise attenuation in air
distribution systems:

(a) Acoustic energy is absorbed by interaction with the duct walls.
(b) Acoustic energy is reflected at the open end of the duct.
(c) Acoustic energy is absorbed by elbows and fittings in the system.
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The attenuation of sound by each of these mechanisms has been correlated
in terms of the change in the sound power level produced by each element in
the HVAC system (ASHRAE, 1991).

At the junction where a duct divides or has side branches or outlets,
the acoustic power moving down the duct is divided at the duct branch. The
acoustic power from the fan into the duct divides in proportion to the ratio
of the total cross-sectional area of all branches leaving the junction to the
specific branch cross-sectional area. The sound power level for the acoustic
energy transmitted to a specific branch is given by the following expression:

Lw(ith branch) = Ly — 1010g10(2SS1) (5-59)

If the duct has no external or internal lining material (a “bare” duct),
the attenuation per unit length for the duct is given in Table 5-15. If the duct
is externally insulated, the attenuation is approximately two times that given
in Table 5-15 for the base duct. If the duct is lined internally with an
absorbent material having an acoustic absorption coefficient «, the attenua-
tion by the lining material may be estimated, as follows:

(a) For 63 Hz < f <2000 Hz:

ALy = 4.200"4(L/D,) (5-60)
The quantity D, is the equivalent or hydraulic diameter of the duct and L is
the length of the duct section:

D, =4S/ Py, (5-61)

The quantity S is the cross-sectional area of the duct and Pyy is the perimeter
of the duct cross section.

TaBLE 5-15 Attenuation per Unit Length in Bare Ducts,
ALyw/L, dB/m

Octave band center frequency, Hz

D, =4S/P,, m* 63 125 250 500 1,000 and greater

0.075 0.59 0.59 0.57 0.53 0.47
0.15 0.59 0.57 0.53 0.47 0.37
0.30 0.57 0.53 0.47 0.37 0.23
0.60 0.53 0.47 0.37 0.23 0.16
1.20 0.47 0.37 0.23 0.085 0.084
2.40 0.42 0.29 0.14 0.033 0.033

4§ is the cross-sectional area of the duct and P,, is the perimeter
of the duct.
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(b) For 2000Hz < f < 8000 Hz:

ALy = 1[10 + ALw(Eq. 5-60)] (5-62)
(c) For f > 8000 Hz:

ALy =10dB (5-63)

The attenuation in the 8§ kHz and higher octave bands is limited to about
10dB because of line-of-sight propagation of sound through the lined
portion of the duct.

The attenuation due to reflection of the acoustic energy at the open
end of the duct is presented in Table 5-16. The data apply for ducts termi-
nating flush with the wall or ceiling.

The attenuation of elbows in the system is given in Table 5.17 (circular
duct) and Table 5-18 (rectangular duct). The data presented in the tables are
for unlined ducts. Using acoustic lining before or after the elbow, or both,
will increase the attenuation by 7dB to 12dB in the 4kHz to 8 kHz octave
bands (Faulkner, 1976, p. 404).

5.11.2 Noise Generation in Air Distribution
System Fittings

In addition to attenuation or dissipation of acoustic energy in fittings, flow
energy may also be converted to acoustic energy in the fittings. Flow-

TaBLE 5-16 Octave Band Attenuation (dB) Due to Reflection at the Open
End of the Duct?

foD, Hz-m  Attenuation, ALy, dB foD, Hz-m Attenuation, ALy, dB

5 20.6 70 3.7
10 15.3 80 3.1
15 12.4 90 2.6
20 10.5 100 2.2
25 9.1 120 1.6
30 8.1 140 1.0
35 7.2 160 0.6
40 6.4 180 0.3
50 53 200 and greater 0.0
60 44

2D is the inner diameter for a circular duct and D = S'/? for a rectangular duct, where S
is the duct cross-sectional area; f, is the octave band center frequency.
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TABLE 5-17 Attenuation of Sound by Circular 90° Elbows®

foD, Hz-m  Attenuation, ALy, dB foD, Hz-m Attenuation, ALy, dB
40 or less 0.0 500 2.2
50 0.2 600 2.4

100 0.7 700 2.5

150 1.1 800 2.6

200 1.3 1,000 2.7

250 1.6 1,500 2.8

300 1.8 2,000 2.9

400 2.0 3,000 and greater 3.0

4The quantity D is the inner diameter of the elbow and f, is the octave band center
frequency.

induced noise generated in elbows may be estimated from the following
expression (Bullock, 1970):

Ly = F, + 10log,,f, + 101og,, S + 44.41og, u — 54 (5-64)

The quantity £, is the octave band center frequency, Hz; S is the duct cross-
sectional area, m”: and u is the velocity of the air upstream of the elbow,
m/s. The spectrum function Fj is given in Table 5-19. The Strouhal number
N is defined by the following expression:

TABLE 5-18 Attenuation of Sound by Rectangular 90° Elbows®

foSl/z, Hz-m  Attenuation, Ly, dB fOSl/z, Hz-m Attenuation, ALy, dB

40 or less 0.0 300 6.8
50 0.4 350 6.5
60 1.0 400 5.9
70 1.6 450 5.4
80 2.4 500 5.0
100 3.6 600 4.5
120 4.8 700 4.1
140 5.6 800 3.8
160 6.2 1,000 3.4
200 6.8 1,200 3.2
250 7.0 1,500 or greater 3.0

4The quantity S is the cross-sectional area of the duct before the elbow and f, is the octave
band center frequency. The data apply to rectangular ducts with aspect ratios between 0.8
and 1.2.
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TABLE 5-19  Spectrum Function F, for Noise Generation in Elbows®

Ng =f,D/u 90° elbow, without turning vanes  90° elbow, with turning vanes

0.6 79 49
0.8 67 48
1.0 65 47

2 56 45
4 46 42
6 42 40

8 40 38
10 38 37
20 34 33
40 31 27
60 29 22
100 27 14
200 23 0

aThe Strouhal number is Ng = f,D/u, where D = (4S/m)"/?; £, is the octave band center
frequency, Hz; and u is the velocity of the air before the elbow, m/s.
Note: Use logarithmic interpolation with this table;

F—F _ log,o(Ns/Ns1)

F, —F; logy(Nsa/Nsi)

_JfD

u

where D = (4S/7)!/2.
The aerodynamic noise generation produced by 90° branch tees has

been correlated in a manner similar to that used for elbows (Bullock, 1970).

The noise generated and transmitted to the side branch, having a cross-

sectional area S5, m”, may be estimated from the following expression:

Lw = Fy + 101log, f, + 101og, S5 + Ly, — 1.5 (5-66)

Ng

(5-65)

For the noise generated and transmitted into the main straight branch, use
the area S, instead of S; in Eq. (5-66). The spectrum function for branch
tees is given in Table 5-20. The quantity L, is calculated from the velocity in
the main straight branch of the tee, u,, and the velocity in the side branch of
the tee, uz, where both velocities are expressed in units of m/s:

Ly = 101og,o(10%/10 4 10%/10) (5-67)
Ly = 461log,o 1, — 70 (5-68)
Ly = 23log,ou3 — 20 (5-69)
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TaBLE 5-20 Spectrum Function Fy, for Noise
Generated in Branch Duct Take-offs®

Ns =foD/u, Fg,dB Ng=fD/u; Fg,dB

1 80 50 42
2 74 100 35
5 64 200 26
10 57 500 11
20 51 1,000 0

#The Strouhal number is defined by Ng = f, D/u,,
where D = (48, /7)/%; f, is the octave band center
frequency, Hz; and u, is the velocity of the air before
the branch, m/s:

Rz}

Uy <L« u

Note: Use logarithmic interpolation with this table:

F—F _ log,o(Ns/Ns1)
F, —F,  logo(Nsy/Nsi)

The attenuation values are subtracted directly from the sound power
level, in decibels, because the attenuation is an exponential function. On the
other hand, the acoustic energy generation in fittings must be combined by
“decibel addition” with the existing sound power. The energy or power is
additive, but the decibel values are not directly additive. This procedure is
illustrated in the example at the end of this section.

5.11.3 Noise Generation in Grilles

Most air distribution systems are terminated by grilles or diffusers. Noise is
generated by the flow of air over the grille or diffuser elements. The follow-
ing correlation (Beranek and Vér, 1992) may be used to estimate the noise
generated in a grille:

Lw(grllle) = 10 =+ lOlOglo S + 30 loglo CD + 60 loglo u (5'70)

where S is the cross-sectional area, m2; u is the velocity of the air before
entering the grille, m/s; and Cp is the dimensionless grille pressure drop
coefficient, defined by the following expression:

AP =1 Cppu? (5-71)
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The quantity AP is the pressure drop across the grille due to the flowing air
and p is the density of the air. Specific values for the grille pressure drop
coefficient may be obtained from the grille manufacturer. Some representa-
tive values for Cp are given in Table 5-21 for various grille configurations.

The sound generated by air flow through a grille is usually broadband
noise; however, some discrete frequency noise, due to vortex shedding from
the solid elements of the grille, is also present. The peak in the grille noise
spectrum for HVAC systems occurs at a frequency f,, given by the following
dimensional relationship:

S = 150u (m/s) (5-72)
The octave band sound power levels may be obtained from the following
expression:

Ly(octave band) = Ly(grille) — CF, (5-73)

Values for the conversion factor CF, are given in Table 5-22.

The directivity factor is not unity for acoustic radiation from a grille,
because the sound is not radiated as spherical waves. The value of the
directivity factor is a function of the dimensionless ratio, 7(S)"/ 2 /c. Values
for the directivity factor Q and the directivity index, DI = 10log;, Q, are
given in Table 5-23.

Example 5-7. In the air distribution system shown in Fig. 5-5, the ducts
have a square cross section and are uninsulated. There is one elbow in the

TaBLE 5-21 Grille Pressure Drop Coefficient,

Cp
Grille type Cp
Rectangular grille with no dampers:
parallel louvers 2.9
inclined louvers 2.7
Rectangular grille with dampers:
parallel louvers, open damper 4.8
parallel louvers, partially closed damper 7.3
Circular ceiling diffuser 1.59
High side-wall diffuser (rectangular):
zero angle of deflection of exit air 0.73
45° angle of deflection of exit air 1.93

Source: Hubert (1970) and McQuiston and Parker
(1994).
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TaBLE 5-22 Conversion Factors CF, to Convert from
the Overall Sound Power Level for Grille Noise to the
Octave Band Sound Power Levels

Octave band center frequency, Hz
Su/16 fua/8" fu/4 fa/2 S 2fm Y 8fm 16fm
CF,,dB 23 17 11 6 5 7 12 18 24

“The table entry f;,/8, for example, refers to the octave band that
includes the frequency f,,/8, where f,, is given by Eq. (5-73).

600 mm (23.6in) branch duct and one elbow in the 900 mm (35.4in) main
duct. The grille at the duct outlet has parallel louvers and no dampers. The
volumetric flow rate out of the grille (and through the 600 mm branch duct)
is 1440 dm?/s (3051 cfm), and the volumetric flow rate in the 900 mm main
duct from the fan is 5050 dm>/s (10,680 cfm). The internal fan sound power
level spectrum is given in Table 5-24. The air in the room is at 25°C (77°F),
at which condition the sonic velocity is 346.1 m/s (1136 ft/sec). Determine
the steady-state sound pressure level in the room at a distance of 5m (16.4 ft)
directly in front of the grille (6 = 0°).

TaBLE 5-23 Directivity Factor Q and Directivity Index DI
(dB) for a Duct Opening Flush with the Wall*

f8'2/c Q(8=0°) DI(0°),dB Q(f=45) DI@45°), dB

0.04 2.0 3.0 2.0 3.0
0.06 2.2 3.4 2.0 3.0
0.08 2.5 4.0 2.0 3.1
0.10 2.7 4.3 2.0 3.1
0.20 3.6 5.6 2.2 3.4
0.40 4.6 6.6 2.7 4.3
0.60 53 7.2 3.0 4.8
0.80 59 7.7 3.2 5.1
1.0 6.3 8.0 33 5.2
2.0 7.2 8.6 3.7 5.7
4.0 7.8 8.9 3.9 59
00 8.0 9.0 4.0 6.0

4The quantity S is the opening cross-sectional area and ¢ is the sonic
velocity in the air. The angle 6 is the angle between the desired
direction and the normal to the grille opening.
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FIGURE 5-5 Diagram for Example 5-7.

A sample calculation for the 125 Hz octave band is given in the follow-
ing material. The calculations for the other octave bands are summarized in
Table 5-24. The calculation procedure involves beginning with the sound
power level at the duct inlet and proceeding along the duct system to the
outlet grille in each branch. The attenuation values are subtracted, and the
noise generation values are combined by energy addition at each point
where the energy is generated.

The sound power level produced internally at the fan in the 125 Hz
octave band is given as 71dB. The acoustic energy transmitted through the
fan outlet into the duct system is given by Eq. (5-8):

Ly(to duct) = 71 — 3 = 68 dB

For a square duct (¢ =b), the quantity D, =4S/Pyw = (4)(ab)/
2(a 4+ b) = a, the side length of the duct cross section. For the 10 m long,
900 mm square duct, the attenuation is found from Table 5-15:

ALy = (0.42dB/m)(10m) = 4.2dB
The sound power level before the elbow in the main duct is:

Ly(a) =68 —4.2 =63.8dB
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TaBLE 5-24 Solution for Example 5-7

Octave band center frequency, Hz

Item 63 125 250 500 1,000 2,000 4,000 8,000
Ly/(fan) 73 71 71 69 61 57 54 48

Lyw/(to duct) 70 68 68 66 58 54 51 45

ALw(10m duct) 50 42 30 36 12 1.2 1.2 1.2
Ly (a) before ell 65.0 638 650 624 568 52.8 49.8 438
Ng 10.2 204 408 81.6 163 326 652 1,304

F 37.8 339 309 278 242 20.2 16.2 12.2
Ly/(elbow) 36.1 352 352 351 345 33.5 32.6 31.6
Lw(b) in ell 65.0 638 650 624 568 52.9 49.9 44.1
foD, Hz-m 56.3 112.5 225 450 900 1,800 3,600 7,200

ALy (elbow) 08 44 69 54 36 3.0 3.0 3.0
Ly to tee 642 594 581 57.0 532 49.9 46.9 41.1
Fy, 569 50.8 44.0 37.1 28.6 18.0 6.8 —42
Ly/(tee) 62.8 59.7 559 52.0 46.5 38.9 30.7 22.7
Ly in tee 66.6 626 60.1 582 54.0 50.2 47.0 41.2
ALy /(branch) 5.1 5.1 5.1 5.1 5.1 5.1 5.1 5.1
Ly (branch) 61.5 57.5 550 531 489 45.1 41.9 36.1
ALw(12m duct) 64 56 44 28 19 1.9 1.9 1.9
Ly, before ell 55.1 519 50.6 503 47.0 432 40.0 34.2
Ng 10.7 212 423 84.6 169 339 677 1,354

F 37.6 337 30.6 27.7 24.0 20.0 16.0 12.0
Ly (elbow) 239 230 229 230 223 21.3 20.3 19.3
Ly in elbow 55.1 519 50.6 503 47.0 43.2 40.0 34.3
foD, Hz-m 37.8 75 150 300 600 1,200 2,400 4,800

ALy,/(elbow) 00 20 59 68 45 32 3.0 3.0
ALy (reflect.) 68 34 08 00 00 0.0 0.0 0.0
AL, (8m duct) 42 38 30 1.8 13 1.3 1.3 1.3
Total attenuation 11.0 92 97 86 58 4.5 4.3 4.3
Ly/(before grille) 44.1 427 419 41.7 412 38.7 35.8 30.0
Ly /(grille) 55.6 55.6 55.6 55.6 55.6 55.6 55.6 55.6
CF, 17 11 6 5 7 12 18 24

Ly (grille, octave band) 38.6 44.6 49.6 50.6 48.6 43.6 37.6 31.6
Ly to room 452 46.8 50.3 S5I.1 493 44.8 39.8 33.9

Copyright © 2003 Marcel Dekker, Inc.



The quantity D for the 900 mm main duct is, as follows:
D = (4S/m)"* = [(4)(0.810)/7]"/* = 1.016 m

The velocity of the air before the elbow in the 900 mm main duct is found as
follows:

u=0,/S = (5.040m’s)/(0.810m*) = 6.22m/s

The Strouhal number for the 125Hz octave band is calculated from its
definition:

Ns = foD/u = (125)(1.016)/(6.22) = 20.4
The corresponding spectrum function is found in Table 5-19:
F, =339

The sound power generated by flow noise through the elbow is found from
Eq. (5-64):

Ly(elbow) =33.9 4+ 10log;,(125) 4+ 1010g,((0.810)
+ 44.410g,((6.22) — 54
Ly(elbow) = 33.9 +21.0 + (—0.9) + 35.2 — 54 = 35.2dB
The total sound power level at the elbow is found as follows:
Ly(b) = 101og,,(10%*® 4+ 10*%) = 63.8 dB

For a square duct (¢ = b), the quantity S'/? = (ab)"? = a, the side
length of the duct cross section. For the 125 Hz octave band, the quantity
o8Y? = f.a = (125)(0.900) = 112.5 Hz-m. The attenuation for the elbow is
found from Table 5-18 to be ALy = 4.4dB. The sound power level from the
elbow to the tee is as follows:

Ly (to tee) = 63.8 — 4.4 = 59.4dB

The spectrum function for the side-branch energy generation is found
from Table 5-20 at a Strouhal number, Ng = f,D/u; = 20.4, or Fy, = 50.8.
The air velocity in the two branches may be determined as follows:

uy = 0y /S, = (5.040 — 1.440)/(0.810) = 4.44m/s
uz = Q,3/83 = (1.440)/(0.360) = 4.00m/s
The branch functions given in Egs. (5-68) and (5-69) may be determined:
L, =46log;,(4.44) — 70 = —40.2dB
L; =2310g;,(4.00) —20 = —6.2dB
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These values may be combined according to Eq. (5-67):
Ly, = 101og;o(107*% +107%%) = —6.2dB

The acoustic energy generated within the tee in the 125 Hz octave band
is determined from Eq. (5-66):

Ly(tee) = 50.8 + 101og;((125) + 1010g;,(0.810) + (—6.2) — 1.5
=59.7dB

The acoustic power in the tee is found by combining the energy before the
tee and the energy generated within the tee:

Ly (in tee) = 101og,o(10%* 4+ 10°?7) = 62.6 dB

The energy delivered to the 600 mm branch duct is found from Eq.
(5-59):

0.810 + 0.360

Lw — Ly/(branch) = IOlogm( 0360

):5.1dB

The sound power level delivered to the 600 mm side branch in the 250 Hz
octave band is:

Ly/(branch) = 62.6 — 5.1 = 57.5dB

The attenuation in the 12 m long run of the side branch may be calcu-
lated as follows. The attenuation per unit length is found from Table 5-15,
with D, = 0.600 m for the square cross section:

ALw(12 m duct) = (0.47dB/m)(12m) = 5.6 dB
The sound power level to the elbow in the 125 Hz octave band is as follows:

Ly (before elbow) = 57.5 - 5.6 =51.9dB

The energy generated in the elbow in the 600 mm duct may be deter-
mined by the same procedure as that for the previous elbow. The quantity D
for the smaller duct is as follows:

D = (4S/7)"* = [(4)(0.360)/x]"* = 0.677m
The Strouhal number is calculated from its definition:
Ng = foD/u;y = (125)(0.667)/(4.00) = 21.2

The spectrum function is found from Table 5-19, F, = 33.7. The noise
generated in the elbow is found from Eq. (5-64):
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Ly/(elbow) = F, 4+ 10log;, f, + 10log,( S + 44.4log,, uz — 54

Ly(elbow) =33.7 + 101og,,(125) + 1010g,,(0.360) + 44.410g,,(4.00)
— 54

Ly(elbow) = 33.7 421 + (—4.4) + 26.7 — 54 = 23.0dB

The sound power level in the elbow in the 600 mm branch run is found
by combining the energy generated and the energy to the elbow:

Ly (in elbow) = 101og,,(10™" 4+ 10**°) = 51.9dB

It is noted that the noise generated in the smaller elbow is negligible in this
example.

The attenuation in the elbow is found as follows. The quantity
fOSl/2 = (125)(0.600) = 75Hz-m. The attenuation of the elbow in the
125 Hz octave band is found from Table 5-18, A Ly(elbow) = 2.0dB.

The attenuation due to reflection at the open end of the 600 mm square
duct is found from Table 5-16 at a value f,D = 75Hz-m for the 125Hz
octave band, A Ly/(reflection) = 3.4dB.

The attenuation in the 8 m long section of the branch is as follows:

ALw(8 m duct) = (0.47dB/m)(8 m) = 3.8dB

The total attenuation from the elbow to the open end of the duct in the
125Hz octave band is found by adding the three contributions (elbow,
straight length, and reflection):

ALy(total) =2.0+3.44+3.8=9.2dB
The sound power level before the grille is as follows:

Ly (before grille) = 51.9 — 9.2 =42.7dB

The grille pressure drop coefficient, from Table 5-21, is Cp = 2.9. The
overall power level generated by the flow through the grille may be found
from Eq. (5-70):

Lw(grllle) = 10 + 10 loglo S + 30 loglo CD + 60 loglo u
Ly(grille) = 10 4+ 1010g,,(0.360) + 3010g,,(2.9) + 60 log,,(4.00)
Lyw(grille) = 10 + (—4.4) + 13.9 4+ 36.1 = 55.6 dB (overall)

The peak frequency of the grille power level spectrum occurs at the follow-
ing frequency, according to Eq. (5-72):

Jm = (150)(4.00) = 600 Hz

This frequency falls in the 500 Hz octave band, so the frequency 125Hz
corresponds to fy,/4, and CF, = 11, from Table 5-22. The sound power
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level generated by the flow through the grille for the 125 Hz octave band is
found from Eq. (5-73):

Ly (grille, octave band) = 55.6 — 11 = 44.6dB (125 Hz octave band)

The sound power level delivered from the grille to the room may be
determined by combining the sound power level before the grille and the
power level generated in the grille:

Ly (to room) = 10log,,(10*?" 4+ 10*%%) = 46.8 dB

This calculation completes the first part of the problem, which is to
determine the sound power level input to the room. Next, let us use this data
to determine the steady-state sound pressure level in the room. We will
continue to present a sample calculation for the 125 Hz octave band and
present the results for the other octave bands in Table 5-25.

Values for the room constant in each octave band are given in Table
5-25. The dimensionless parameter needed to determine the directivity factor
for the grille opening is as follows:

£,8"%  (125)(0.360)"/
¢ (346.0)

=0.217

The directivity factor is found from Table 5-23, Q(6 = 0°) = 3.7.
The second term in Eq. (5-6) may be calculated:

4 0 4 (3.7 :|
101o —+— ) =10log)y| ==+ ——=| = —2.4dB
glo(R 471'r2) glo[7.1 (47)(5.00)2

TaBLE 5-25 Solution for Overall Sound Pressure Level in Example 5-7

Octave band center frequency, Hz

Item 63 125 250 500 1,000 2,000 4,000 8,000
L, to room 452 46.8 50.3 51.1 493 448 398 339
R, m’ (given) 4.2 7.1 8.6 11.8 151 178 19.1 220
£, )c 0.109 0.217 0.433 0.867 1.73 347 693 13.87
00 =0°) 2.8 3.7 4.8 6.0 7.0 7.7 7.9 8.0
101og,, (%+4—Q2) -02 -24 -32 -45 -54 -60 -63 -6.8
o

L,, dB 45.1 44.5 47.2 46.7 440 389 336 272
Background L, 55 50 45 40 35 30 28 28
Total L,, dB 55.4 51.1 49.2 47.5 445 394 347 30.6
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The sound pressure level in the 125 Hz octave band may be found from Eq.
(5-6) for sound propagated indoors:

L, =468+ (~2.4)+0.1 = 44.5dB

The background sound pressure level in the 125 Hz octave band is
given as 50dB in Table 5-25. The total octave band sound pressure level
may be found by combining the noise from the grille and the background
noise.

Total L,(octave band) = 101og,,(10** +10°") = 51.1dB

The overall sound pressure level is found by combining the octave
band sound pressure level values:

Ly(overall) = 10log,o(10°>* + 107" + ... +10*%°) = 58.2dB

5.12 TRAFFIC NOISE

Since the early 1950s, the number of cars and trucks on the highways in the
United States has increased greatly, as shown in Table 5-26. Increased
environmental noise levels have accompanied the growth in the transporta-
tion sector. The U.S. Environmental Protection Agency (EPA) and the U.S.
Department of Transportation (DoT) have recognized that significant noise
problems associated with traffic flow exist. These agencies have proposed
standards for allowable noise emission for interstate traffic and for accep-
table noise levels for highway planning and siting.

Empirical relationships have been developed that can be used to pre-
dict the hourly energy-equivalent A-weighted sound level for freely flowing
traffic (Transportation Research Board, 1976). For purposes of the correla-
tion, the major traffic noise sources were classified as automobiles, medium

TaBLE 5-26 Growth of Highway Vehicle Traffic in the United States

Year

Item 1950 1960 1970 1980 1990 2000

Population (millions) 151 181 204 229 257 289
Automobiles (millions) 40.4 61.7 87.0 1226 1724 2425

Autos per person 0.268  0.341 0.426 0.535 0.671  0.839
Trucks/buses (millions) 8.8 12.2 19.3 28.4 43.9 67.2
Motorcycles (millions) 0.45 0.51 1.2 1.8 2.5 3.1

Source: EPA (1971b).
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trucks (pick-up trucks, for example) and heavy trucks (18-wheelers, for
example). It was found that the noise produced by all types of vehicles
was proportional to the vehicle volume V', vehicles/hour, and inversely pro-
portional to the equivalent distance from the highway D, meters, raised to
the 1.5 power. For automobiles and medium trucks, the noise is directly
proportional to the vehicle speed S, km/hour, raised to the 2.0 power. For
heavy trucks, however, the noise was found to be inversely proportional to
the truck speed.

The equivalent distance from the highway to the observer is the geo-
metric average of the distance from the observer to the centerline of the
nearest traffic lane, Dy, and the distance from the observer to the centerline
of the farthest traffic lane, D, as illustrated in Fig. 5-6:

Dg = (DxDy)'? (5-74)

The average width of a traffic lane is approximately 3.8 m (12.5ft).
The correlations for the A-weighted equivalent sound level for each
type of vehicle are given as follows:

(a) Automobiles:

L(A) = 10log,, ¥ — 151og,o D + 2010g,, S + 16 (5-75)
(b) Medium trucks:
L.(M) = 10log,, V — 15log;, Dg + 201log,, S + 26 (5-76)
FARTHEST T 3
LANE 1 - - 3
NEAREST { )]
LANE 4 {
DF
DN
L g
RECEIVER

FIGURE 5-6 Illustration of the nearest and farthest lane distances for traffic noise.
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(c) Heavy trucks:
L.(H) =10log;y V' — 15logy Dg — 10log;, S + 84 (5-77)

The total A-weighted sound level is found by combining the levels due
to the three types of vehicle:

Ly = 101ogo[10%M/10 4 105M/10 4 1oL(/10] (5-78)

Certain adjustments must be made to the values obtained from the
correlations to account for different highway conditions. If the road seg-
ment near the observer is not straight, then the roadway may be subdivided
into several finite-length segments. The following factor A; must be added
to each equivalent sound level value to correct for the fact that noise is
generated from a finite length of roadway, instead of from a very long
straight road. The geometry is illustrated in Fig. 5-7, where 6 is the angle
(expressed in degrees) subtended by the road segment:

Al = 1010g10(9/1800) (5‘79)

The basic noise level is influenced by the condition of the road. The
normal surface, from which the correlations were developed, consists of
moderately rough asphalt or a concrete surface. For this surface, the adjust-
ment A, = 0. A smooth surface is one corresponding to seal-coated asphalt,
for example. A very smooth surface road is not often encountered, because
it has fairly low friction characteristics. For the smooth surface, the adjust-

S
thﬂg- -

OAD
SEGMENT
DN

RECEIVER

i

FiGure 5-7 Road segment nomenclature.
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ment A, = —5dB. A rough surface is one corresponding to rough asphalt
with large voids or for grooved concrete surfaces. For the rough surface, the
adjustment A, = +5dB. The adjustment should be applied only to auto-
mobile noise L.(A) and not to the truck noise. The noise generated by truck
traffic is much less sensitive to the road condition than that generated by
automobiles.

When trucks move upgrade, there is generally a need to change gears,
with the resulting change in the noise emitted from the truck. For down-
grade travel and for automobiles, no adjustment is needed (A; = 0). The
adjustment for trucks on an uphill grade (does not apply to cars) is given by
the following expression:

() o 0
A= { 0.6(%G)  for %G < 8% grade (5-80)

5dB for %G > 8% grade

Example 5-8. A four-lane highway has the following traffic data:

Automobiles: 1200 autos/hour at 90 km/hr (55.9 mph)
Medium trucks: 240 trucks/hour at 100 km/hr (62.1 mph)
Heavy trucks: 120 trucks/hour at 105 km/hr (65.2 mph)

The observer is located at a distance of 50 m (164 ft) from the centerline of
the nearest lane. The distance from the observer to the centerline of the
farthest lane is 65 m (213 ft). The road is straight and has an average surface.
The grade is 3% uphill for trucks. Determine the equivalent A-weighted
sound level due to traffic noise.

The equivalent distance between the observer and the highway is given
by Eq. (5-74).

Dg = [(50)(65)]'/? = 57.0m (187 ft)

The contribution of the automobiles to the noise is calculated from Eq.
(5-75):

Lo(A) = 101og,((1200) — 1510g,,(57.0) + 20 log,,(90) + 16
Lo(A) =30.8 — 26.3 +39.1 + 16 = 59.6 dBA

The medium truck contribution, without the grade correction, is calculated
from Eq. (5-76).

L.(M) = 1010g,,(240) — 1510g,0(57.0) + 20 log,,(100) + 26

LJ(M) = 23.8 — 26.3 +40.0 + 26 = 63.5dBA
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The heavy truck contribution, without the grade correction, is found from
Eq. (5-77):

Lo(H) = 101og,((120) — 1510g,,(57.0) — 1010g,,(105) + 84
L.(H) = 20.8 — 26.3 — 20.2 + 84 = 58.3dBA

The road segment adjustment (straight road) and the surface adjustment
(average surface) at zero. The grade adjustment for the trucks is found from
Eq. (5-80):

Az =(0.6)(3.0) = 1.8dBA

The corrected values for the truck sound levels are as follows:
L.(M)=163.5+1.8=653dBA
L.(H) =58.341.8 =60.1dBA

The overall sound level for the traffic noise is found by combining the
three contributions according to Eq. (5-78):

Ly = 1010g,0(10°%° 4 10%%* 4+ 10%°") = 1010g,,(5.324 x 10°)
L, = 67.3dBA

5.13 TRAIN NOISE

The reaction of people to noise resulting from a train passing by differs from
that produced by automobile and truck traffic. The noise due to the passage
of a train has a definite beginning and ending and a finite duration. On the
other hand, urban traffic noise is more or less continuous. There are fewer
miles of train tracks than miles of highways, so train noise generally affects
fewer people.

Railway noise in the community is often a short-term annoyance and
not a threat for hearing damage. The ambient noise level is restored after the
train has passed. Railway noise may produce a different psychological
response than other noise sources. In fact, train sounds may be somewhat
pleasant to retired railroad workers. As a result of these factors, train noise
is often treated in terms of the community response to the noise of trains
passing (Dept. of Transportation, 1978).

5.13.1 Railroad Car Noise

The standard railroad bed construction in the United States involves a tie-
and-ballast construction. The ties are generally made of treated wood, and
the ballast is a crushed rock aggregate placed between the ties and on
drained and graded earth. The main function of the tie is to distribute the
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load from the steel rail section. This type of construction offers better sound
attenuation than elevated structures or open concrete support structures.
The sound generation correlations given in this section apply to the tie-and-
ballast construction.

There are several contributions to railroad car noise generation,
including (a) wheel/rail interaction, (b) car coupler interaction, and (c)
vibration of structural components of the railroad car. When the railway
and railroad car are properly maintained, these components are difficult to
distinguish. As a general rule, the wheel/rail component is usually the main
source of noise generated by a passing train (Vér, 1976).

The four main contributions to rail/wheel noise generation for railroad
cars are (a) noise produced by rail roughness, (b) flat spots on the railroad
car wheels, (c) gaps in the rail joints, and (d) rubbing of the wheel flange and
the rail. The rubbing action of the wheel flange and the supporting rail can
be significant for tracks with sharp curves. An increase in the noise level as
much as 15dBA has been reported (Cann et al., 1974). The high-frequency
“squeal” and low-frequency “howling” sound of the railroad car going
around a curve is usually not a major noise problem because the radius of
most tracks is fairly large by design. The correlations in this section do not
consider the effect of track curvature.

Impact noise occurs when a railroad car wheel with a flat spot rolls on
the rail. The flat spots may result from non-uniform service wear or wear
due to hard braking. When there are gaps between the joints of the rails,
impact noise will occur when the railcar wheel moves across the joint. This
noise is particularly noticeable if one rail is slightly higher at the joint than
the adjoining rail.

There are several noise-control procedures that can be used to reduce
the wheel/rail noise. The rails may be ground to provide a smoother and
flatter rail surface, which reduces the noise by 3 to 6 dBA. The wheels may
be turned or ground to eliminate flat spots. The wheel/rail noise may be
reduced by as much as 8-10dBA, depending on the severity of the wheel
wear, by machining or grinding the wheels. Rail joints may be eliminated by
using continuous welding of the rail joints. Noise reductions by as much as
8—10 dBA, depending on the degree of track unevenness, may be achieved by
using continuous rails. Finally, some degree of noise reduction may be
achieved by modifying the railcar support to include vibration damping in
the suspension system (Lipscomb and Taylor, 1978).

The A-weighted sound level due to the passage of one train of cars,
excluding the noise from the locomotive, is proportional to the time required
for the train to pass, 71/ V, and proportional to the train speed, V, raised to
the third power. The quantity 77 is the length of the train cars, not including
the length of the locomotive, as shown in Fig. 5-8. The A-weighted noise
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FIGURE 5-8 Train length for noise correlations.

level due to one train of cars passing at a distance r, = 30m (100 ft) is given
by the following expression:

Le = 101logyo(TL/ V) + 301ogo(V) + 43.5 (5-81)

The total length of the railroad cars 77 is in units of meters, and the train
speed V is in units of m/s. The average length of one railroad car is approxi-
mately 17.85m (58.6ft).

5.13.2 Locomotive Noise

Most of the locomotives in the United States are driven by diesel—electric
systems. The diesel engines drive an onboard electric generator that, in turn,
provides electrical energy to the drive-wheel electric motors.

The sources of noise from the diesel-electric locomotive include
(a) diesel engine exhaust noise, (b) cooling fan noise, (c) engine structural
vibration, and (d) traction motor blower. In addition, there is some noise
generated due to wheel/rail interactions and vibration of the structural
components of the locomotive body. The contribution of each of these
noise sources is illustrated in Table 5-27 for a 3000 hp diesel—electric drive
locomotive at full throttle. It is noted that diesel engine exhaust noise and
cooling fan noise are predominant noise sources for the locomotive.

The exhaust system noise may be attenuated by about 6 dBA by using
exhaust-driven turbochargers on the diesel engine. Exhaust silencers may
also be used to reduce the exhaust noise. The installation of a silencer may
present a difficult design problem, because of the limited space on board the
locomotive. The noise from the locomotive under idle conditions is
produced primarily by vibration of structural elements of the locomotive.
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TaBLE 5-27 Noise Contributions for a 3000 hp Diesel-Electric Driven
Locomotive Under Full Throttle Conditions®

L, at 30m, dBA

Noise source (full throttle conditions)  Energy fraction, %
Engine exhaust 84 52
Cooling fan 83 41
Engine vibration 66.5 1
Traction motor blower 75 6
Overall sound level 87 100

4The noise levels are measured at a distance of 30 m (100 ft) from the
locomotive.

Under idle conditions, the use of an exhaust silencer will not significantly
influence the overall locomotive noise lvel.

The A-weighted sound level for a stationary locomotive at a distance
of 30m (100 ft) from the locomotive may be correlated by the following
expression (Magrab, 1975):

L° = 101logy(hp) + 57.2 — Ay (5-82)

The quantity hp is the rating of the engine in horsepower; A, is 6dB for a
turbocharged engine and zero otherwise.

The A-weighted sound level due to the passage of N locomotives with
a speed V' at a distance r, from the centerline of the tracks is given by the
following expression:

All locomotives are equipped with safety devices, such as horns, bells,
or sirens. The sound from these devices can be 10-20dB higher than the
noise level of the train. The noise from these safety devices is usually con-
sidered as being necessary for the safe operation of the train, and is not
considered when noise reduction procedures are proposed.

5.13.3 Complete Train Noise

The A-weighted sound level for one pass-by of the complete train, railroad
cars plus locomotive, at a distance r, = 30m (100 ft) is found by combining
the railroad car and locomotive noise levels:

Ly = 10log,o(105/1 4 105/10) (5-84)
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One of the purposes of predicting the train noise is to evaluate the
noise impact on the areas surrounding the track. As discussed in Chapter 6,
one parameter used as an indicator of community response to noise is the
day—night level, L. The day—night level is the energy-averaged A-weighted
sound level with an extra (10 dB) emphasis on sound generated at night. The
nighttime noise is usually more annoying than the same noise level occurring
during the daytime. The day—night level due to pass-by of several trains at a
distance r, = 30m is found from the following expression:

Lon(ro) = Ly + 10logy, X — 49.37 (5-85)

The quantity X is the effective number of pass-byes, with the nighttime
traffic weighted 10 times as heavy as the daytime traffic:

X = Ny + 10N, (5-86)

The quantity Ny is the number of pass-byes during the daytime, defined as
the period between 7:00 a.m. and 10:00 p.m., and N, is the number of pass-
byes during the nighttime, defined as the period between 10:00 p.m. and 7:00
a.m.

The day—night sound level at any distance r from the centerline of the
tracks depends on the distance. When the observer is within a distance equal
to one-third of the total length of the train, 73, the train radiates sound
approximately as a line source:

Lon = Lon(re) — 10logyo(r/ro)  (for r < T,/3) (5-87)

The reference distance is r, = 30m.

When the observer is located at a distance beyond one-third of the
train length, the train appears more nearly as a point source, and the radia-
tion approximates a spherical source. The day—night sound level in this case
is given by the following expression:

Lpn = Lpn(r,) — 1010g,o(71/3r,) — 2010g,¢(3r/T)  (for r > T;/3)
(5-88)

The average length of one locomotive is 19.5m (64 ft), and the range of
locomotive lengths is from about 18 m (59 ft) to 21 m (68.9 ft). The average
length of one railroad car is about 17.85m (58.6 ft).

Example 5-9. A train is made up of two 2000 hp locomotives and 70 rail-
road cars. The train engine is not turbocharged. The train passes near the
site of a proposed shopping center at a speed of 25m/s (56 mph). The train
passes four times during the day and two times during the night. The dis-
tance from the centerline of the tracks to the property line of the future
shopping center is 240 m (787 ft). Determine the day—night sound level due
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to the pass-by of the trains. This information could be used in connection
with a noise impact study of the shopping center site.

The total length of 70 railroad cars is found as follows, using the
average car length:

T1, = (70 cars)(17.85 m/car) = 1249.5m (4099 ft or 0.776 miles)

The sound level due to one pass-by of the railroad cars is found from Eq.
(5-81):

Lc = 101og,0(1249.5/25) + 30 log,,(25) + 43.5
Le=17.0+419+43.5=102.4dBA

We note that the time required for the 70 railroad cars to pass by is
(1249.5/25) = 50 sec.

The sound level generated by one stationary locomotive is found from
Eq. (5-82):

L° = 1010g,((2000) + 57.2 — 0 = 90.2dBA

The noise level due to two locomotives moving at 25m/s is given by Eq.
(5-83):

Ly = 90.2 + 101log,,[(7)(30)/(2)(25)] + 10 log,,(2)
Ly =90.2+2.8+3.0 =96.0dBA

The combined sound level for the railroad cars and the locomotives at
a distance of 30 m from the tracks is found from Eq. (5-84):

Ly = 101og;(10"%* +10°%%) = 103.3 dBA
The effective number of train pass-byes is found from Eq. (5-86):
X = Ng+ 10N, =4+ (10)(2) =24

The day—night sound level at a distance of 30m from the tracks is
found from Eq. (5-85):

Lon(re) = 103.3 + 101og,o(24) — 49.37 = 103.3 + 13.8 — 49.37
= 67.7dBA

The total length of the train is as follows:

T = (2 locomotives)(19.5 m/locomotives) 4+ 1249.5
= 1288.5m (4227 ft)

Then,
%Tt = (%)(1288.5) =429.5m > r=240m
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The day—night level for the train noise at a distance of 240 m (787 ft) from
the tracks is calculated from Eq. (5-87) in this case:

Lipn= 67.7 — 101og,(240/30) = 67.7 — 9.0 = 58.7dBA

This value is almost 4 dBA higher than the upper limit of 55dBA recom-
mended by the Environmental Protection Agency (EPA) for environmental
noise.

PROBLEMS

5-1. A backward-curved-blade (BCB) centrifugal fan delivers 5.71 m’/s
(12,100 cfm) of air against a static pressure of 218 Pa (0.8751in H,O).
The speed of the fan is 1468 rpm. The fan has 64 blades, and ducts
are connected to both inlet and outlet of the fan. The fan is located in
a room having a room constant of 4.00 m at all frequencies, and the
directivity factor for the fan is Q = 2. The fan housing transmission
loss is given in Table 5-28. Determine the octave band sound pres-
sure levels at a distance of 1.50m (59.11in) from the fan due to noise
transmitted through the fan housing.

5-2. A propeller fan delivers 297.8 dm?/s (631 cfm) of air against a pres-
sure head of 62.5Pa (0.251in H,0). The fan has 4 blades and operates
at 2400 rpm. The blade tone component of the noise from the fan is
Br = 6dB. Noise is radiated from the fan inlet to the outdoors, and
there is negligible sound transmitted through the housing. The direc-
tivity factor for the fan is Q = 2.455. Determine the octave band
sound pressure levels at a distance of 3.162m (10.37ft) from the
fan inlet (outdoors). Attenuation by atmospheric air is negligible.

5-3. A radial-blade centrifugal fan used to move small pieces of scrap in
air operates with a volumetric flow rate of 11.5m?%/s (24,370 cfm)
against a static pressure head of 375Pa (1.51 in H,O). The fan speed
is 1125 rpm, and the fan has 48 blades. The fan has both inlet and
outlet ducts, so noise is transmitted to the outside through the fan
housing only. The transmission loss for the housing is 12 dB for the

TaBLE 5-28 Fan Housing Transmission Loss

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Housing TL, dB 12 18 24 30 36 37 37 37
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500 Hz octave band and 18dB for the 1000 Hz octave band. The
directivity index for the fan is DI = 3 dB. Determine the sound pres-
sure level for the fan in the 500 Hz and in the 1000 Hz octave bands
at a distance of 1.25m (49.2in) from the fan, if the fan is located
outdoors.

5-4. A forward-curved-blade (FCB) centrifugal fan used in a residential
air conditioning system handles a volumetric flow rate of 725dm?>/s
(1536 cfm) of air against a pressure rise of 375Pa (1.51in H,O). The
fan speed is 1482 rpm, and the fan has 42 blades. The fan has a duct
connected on the outlet, but there is no duct on the fan inlet. Sound
transmission through the fan housing is negligible. The fan is located
outdoors, and the directivity factor for the fan is Q = 4. Determine
the distance from the fan that an octave band sound pressure level of
55dB is achieved in the 500 Hz octave band. Attenuation in the air
around the fan is negligible.

5-5. A 50 hp (37.3kW) drip-proof electric motor, operating at 1800 rpm,
drives a centrifugal pump. The flow rate of water through the pump
is 3.50dm?/s (7.416cfm or 55.5gpm), and the pressure rise through
the pump is 3500 kPa (507.6 psi). The efficiency of the pump is 40%.
The unit is located in a room that has a room constant of 2.50 m* at
all frequencies. The directivity factor for the unit is Q =2.
Determine (a) the octave band sound pressure levels at a distance
of 3.00m (9.84 ft) from the unit and (b) the overall sound pressure
level due to noise from the unit at a distance of 3m from the unit.
Note that the power (in units of hp) required to drive the pump is
found from the following expression:

QAP
P = 5508,

where Qy is the volumetric flow rate (ft*/sec), AP is the pressure rise
(Ibg/ft?), and &p is the pump efficiency. The numerical quantity in the
denominator is a conversion factor for units, 550 ft-1b;/hp-sec. If SI
units are used (m’/s and Pa), the conversion factor is 745.7 W/hp.

5-6. A 30hp totally enclosed fan-cooled electric motor operates at
1800 rpm inside a room having a room cosntant of 20m? (215 ft°).
The directivity factor for the motor is Q = 4.00. Determine (a) the A-
weighted sound level and (b) the overall sound pressure level at a
distance of 1.128 m (44.41in) from the motor.

5-7. A 60 hp screw pump operates at 875 rpm in a room having a room
constant of 200 m? (2153 ft?). The pump is located near a corner of
the room and the directivity factor for the pump is O = 7.30. At a
distance of 5.50 m (18.0ft) from the pump, determine (a) the overall
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5-8.

5-9.

5-10.

5-11.

5-12.

5-13.

sound pressure level and (b) the sound pressure level in the 500 Hz
octave band due to airborne noise from the pump.

A reciprocating pump operates at 1750 rpm and has a rated power
requirement of 90 hp. The pump is located outdoors, and attenua-
tion by the atmospheric air may be neglected. It is desired to locate
the pump at a distance from a certain receiver location such that the
overall sound pressure level caused by the pump does not exceed
95dB. Determine the minimum distance between the pump and
the receiver for Q = 1.

An axial flow gas compressor has a power rating of 2000 hp and
operates at 3750 rpm. The number of blades in a single stage of
the compressor is 32. The compressor is located outdoors, and the
directivity factor for the compressor is O = 2. At a distance of 60 m
(197 ft) from the compressor, determine (a) the overall sound pres-
sure level due to the compressor noise and (b) the octave band sound
pressure level for the 1000 Hz octave band. Attenuation by atmo-
spheric air may be neglected.

A 1000kVA transformer is located in a room having a room con-
stant of 2.20m? (23.7ft%) at all frequencies. The transformer is
forced-air cooled. The directivity factor for the transformer is
Q = 2. Determine (a) the overall sound pressure level at a point
1.50 m (59.11n) from the transformer and (b) the overall sound pres-
sure level at a point 1.5m from the transformer if the transformer is
located outdoors. Attenuation by atmospheric air may be neglected.
An induced-draft cooling tower located outdoors has a propeller fan
driven by a 25 hp motor. The directivity index for the cooling tower
is DI = 3dB. Determine the distance from the cooling tower at
which the overall sound pressure level is 70 dB. Determine the octave
band sound pressure level in the 500 Hz and the 1000 Hz octave
bands at this distance from the tower. Attenuation by atmospheric
air may be neglected.

A natural-draft cooling tower has a water flow rate of 850kg/s
(1874 1b,,/sec) and a tower diameter of 9.50m (31.2ft). The total
distance that the water falls in the tower is 11.4m (37.4ft). The
distance between the bottom of the packing and the pond surface
is 8.0 m (26.2 ft), and the packing material does not extend below the
ring beam of the tower. Determine the A-weighted sound pressure
level at a distance of 45m (147.6 ft) from the tower.

Superheated steam at 1827 kPa (265 psia) and 500K (440°F) is vented
to the atmosphere through a 4-in nominal SCH 40 pipe (inside dia-
meter 102.3 mm = 4.028 in). The molecular weight for the steam is
18.016 g/mol, and the sonic velocity is 553 m/s (1814 fps). Determine
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the octave band sound pressure levels for the steam vent noise at a
distance of 30m (98.4 ft) from the vent and at an angle of 90° from
the vent axis for the following octave bands: 250 Hz, 500 Hz, and
1000 Hz. Attenuation by the atmospheric air is negligible.

5-14. An air vent is located inside a room having a room constant of
125m? (1345 ft%). The air immediately upstream of the vent is at
810kPa (117.5 psia) and 300K (80°F). It is desired to limit the overall
sound pressure level to 85dB at a distance of 3m (9.84 ft) from the
vent and at an angle of 120° from the vent axis. Determine the
required diameter of the vent to achieve this condition.

5-15. The air vent from a compressed air source is a pipe having an inside
diameter of 20.9 mm (0.824 in). The air in the line is at 305K (31.8°C
or 89.3°F), for which the sonic velocity is 350m/s (1148 fps). The
vent line is located outdoors, and attenuation by atmospheric air is
negligible. The measured octave band sound pressure level in the
500 Hz octave band 9m (29.5ft) from the vent at an angle of 30°
from the vent axis is 55dB. Determine (a) the pressure of the air in
the vent line before the outlet of the pipe and (b) the overall sound
pressure level.

5-16. A standard ball valve is located in a room with a room constant of
100m? (1076 ft*). The pressure of the air upstream of the valve is
950kPa (137.8 psia) and the air temperature is 305K (89.3°F or
549°R). The flow-sizing coefficient for the valve is C, = 2100 and
the pressure drop across the valve is 500 kPa (72.5 psi). The valve is
placed in an SCH 40 steel pipe. Determine (a) the A-weighted sound
level at a distance of 800 mm (31.5in) from the valve and (b) the
volumetric flow rate through the valve.

5-17. A globe valve with standard trim (C, = 30; C, = 5850) is located in
a 4-in nominal (100-mm nominal) SCH 10 pipe (thickness,
3.05mm = 0.1201in). The material of the pipe is stainless steel (den-
sity, 7920 kg/m® or 126.91b,,/ft*). The gas flowing in the valve is
oxygen (molecular weight, 32.0 g/mol), which enters the valve at
2500kPa (362.6 psia) and 310K (558°R or 98.3°F). The pressure
drop across the valve is 1500kPa (217.6 psi). Determine the A-
weighted sound level at a distance of 10m (32.8 ft) from the valve,
if the valve is located outdoors.

5-18. A globe valve with standard trim (Cy = 110) handles water at 25°C
(77°F). The inlet pressure of the water is 500 kPa (72.5 psia), and the
volumetric flow rate through the valve is 13.88 dm?®/s (220 gpm). The
valve is located in a steel pipe of standard thickness (SCH 40). The
vapor pressure of the water at 25°C is 3.17kPa (0.460 psia).
Determine the A-weighted sound level due to noise generated by
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flow through the valve at a distance of 3.65m (12.0ft) from the
valve, if the valve is located outdoors.

5-19. Estimate the attenuation ALy, in the 500 Hz octave band and in the
4000 Hz octave band for a rectangular duct having dimensions
406 mm (16in) by 457 mm (18in). The length of the duct is 5.50m
(18.04 ft). The duct is internally lined with an acoustic material hav-
ing an acoustic absorption coefficient o = 0.20. Determine the
attenuation for the same duct, if the duct is unlined.

5-20. A 90° elbow in a 406-mm (16-in) diameter duct has no turning vanes.
The flow rate of air through the elbow is 1510 dm®/s (3200 cfm). For
the 500 Hz octave band, determine the attenuation in the elbow and
the flow-induced noise (dB) in the elbow.

5-21. The main duct before a 90° tee has a diameter of 406 mm (16in) and
an air flow rate of 1510 dm3/s (3200 cfm). The main duct after the tee
has a diameter of 356 mm (14in) and a flow rate of 910 dm?/s (1928
cfm). The branch duct has a diameter of 305mm (12in) and a flow
rate of 600dm?/s (1271 cfm). Determine the noise generated and
transmitted into the side branch for the 500 Hz octave band. If the
sound power level in the 500 Hz octave band before the tee is 65dB,
determine the sound power level after the tee in the branch duct in
the 500 Hz octave band, including the effect of noise generation and
sound transmitted from the main duct into the branch duct.

5-22. A circular ceiling diffuser has a diameter of 254 mm (10in) and
handles a flow rate of 250dm?/s (530 cfm) of air at 280K (44°F).
Determine the overall flow generated noise level for the grille, and
the octave band noise generated (dB) in the 500 Hz octave band for
the grille. If the density of the air is 1.260kg/m> (0.0787Ib,,/ft?),
determine the pressure drop across the grille.

5-23. A commercial building is proposed for a site near an interstate high-
way, and an assessment of the anticipated traffic noise level at the
site is required. From traffic records, the average traffic volume on
the interstate highway near the site is 845 cars/hr; 275 medium
trucks/hr; and 45 heavy trucks/hr. The average speeds of the vehicles
are cars, 100km/hr (62.1 mph); medium trucks, 115km/hr
(71.5mph); and heavy trucks, 110 km/hr (68.4 mph). The distance
from the centerline of the nearest lane to the property line is 120 m
(394 ft), and the distance from the centerline of the farthest lane to
the property line is 150 m (492 ft). At the proposed site, the interstate
is straight and has a “normal” surface. The grade (affecting truck
noise only) is 3% uphill. Determine the overall A-weighted sound
level due to the traffic noise.
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5-24. A company is planning to build an office building near a two-lane
highway on which only automobile traffic is allowed. The average
speed of the automobiles is 73.3 km/hr (45.5mph), and the traffic
volume is 100 cars/hr. The highway has a “normal” surface and is
straight near the office site. The distance between the centerlines of
the two lanes is (Dg — Dy) =4 m (13.1ft). The company requires
that the A-weighted sound level due to the traffic noise be 45dBA
or less. Determine the minimum distance between the office site and
the centerline of the nearest lane of the highway to achieve this
condition.

5-25. The nearest lane of a highway is located 18.3m (60.0ft) from a
hospital, and the farthest lane is 21.9m (71.85 ft) from the hospital.
Traffic is limited to automobiles only, and there are 90 automobiles/
hr passing by the hospital. The road surface is “average,” and the
highway is straight at the hospital location. Determine the maximum
automobile speed required to limit the traffic noise at the hospital
location to 50 dBA.

5-26. Trains passing near a college campus have an average number of 40
railroad cars pulled by 2 locomotives at a speed of 15 m/s (33.6 mph).
The railroad car length is 17.85 m (58.6 ft), and the locomotive length
is 19.5m (64.0 ft). The locomotives each have a rated horsepower of
1800 hp, and they have no turbochargers. There are 4 pass-byes
during the daytime and 1 pass-by during the nighttime. Determine
the day—night level due to the train pass-byes at a distance of (a)
40 m from the track and (b) 400 m from the track.

5-27. At a certain location near a railway line, 5 trains pass during the
daytime and 2 trains pass during the nighttime. The trains have one
3000 hp locomotive 20 m (65.6 ft) long, with no turbocharger, and 40
railroad cars, each 17.85m (58.6 ft) long. The average speed of the
trains is 20 m/s (44.7 mph). At what distance from the tracks will the
day—night level due to the train noise be 50 dBA?
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6

Acoustic Criteria

One of the first steps in the design of a system for noise reduction is to
establish the acoustic criteria for the physical situation. This step is similar
in principle to the determination of the failure mode in mechanical design. If
rupture or breaking of the part constitutes failure, the ultimate strength of
the material is used in the design of the part. The maximum stress to which
the part is subjected is limited to a stress less than the ultimate strength of
the material. There are different failure criteria for different cases. For
example, if the part were subjected to dynamic loading (time-varying stress),
the fatigue strength would be the material property that would be important
in the design of the part. In some cases, excessive deflection may constitute
failure, and stress is not involved in limiting the size of the part.

Similarly, we must determine the ‘“‘failure criteria” for the specific
acoustic design, so that we may design the system to prevent this “failure.”
In acoustic design, as well as in mechanical design, there are several different
criteria for different applications. In some cases, the designer seeks to avoid
permanent hearing loss for workers in an industrial area. In other cases, one
may desire to avoid annoyance and unpleasant reactions from the commu-
nity near a plant or other source of noise. Finally, the acoustic designer may
wish to reduce the noise so that the noise does not interfere with the work-
ers’ communication or performance of their assigned tasks. We will examine
some of these acoustic criteria and their applications in this chapter.
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6.1 THE HUMAN EAR

To gain an appreciation of the damaging effects of sound on the human ear,
one must understand the physical construction of the ear. The human ear is
a remarkable acoustic system. The ear is capable of responding to sounds
over a frequency range from about 16-20 Hz up to frequencies in the 16—
20kHz range. In addition, the ear can detect acoustic pressures as low as
20 uPa at a frequency of 1000 Hz and can withstand acoustic pressures as
large as 2000 Pa for short times.

The acoustic particle velocity for sound in air at 20°C (68°F) for an
acoustic pressure of 20 pPa may be calculated from Eq. (2-9):

—6
u=P —COUOTD) e 4 10 m/s = 1.9 x 10~ in.fsec =
pc (413)

0.1651in/day

The corresponding particle displacement for a frequency of 1000 Hz may be
found from Eq. (4-43):

48.4)(107°
£ = % = —((2871)250(())0)) =770 x 107> =7.70pm =3 x 10" in

The diameter of the nitrogen molecule is about 380 x 107> m or 380 pm
(Reid and Sherwood, 1966). The human ear can detect particle displace-
ments that are almost 1/50 of the diameter of a nitrogen molecule.

The human ear is one of the more intricate and complex mechanical
structures in the body. As shown in Fig. 6-1, the ear consists of three main
parts:

1. The outer ear, consisting of the pinna or visible ear, which acts as
a horn to collect sound, and the meatus or auditory canal, which
is terminated by the tympanic membrane or eardrum.

2. The middle ear, which involves three small bones: the malleus or
“hammer”, the incus or “anvil,” and the stapes or “stirrup”.
These bones of the middle ear serve to transform the pressure
variations in the air in the outer ear into mechanical motion. The
eustachian tube in the middle ear serves to equalize the pressure
between the outer and inner ear volumes.

3. The inner ear, which contains the semicircular canals, the fluid
gyroscope associated with maintaining balance of the body, and
the cochlea, which analyzes, converts, and transmits information
about sound from the outer ear to the brain through the auditory
nerves.
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FiGURE 6-1 Cross-section of the human ear. (From Engineering Principles of
Acoustics, D. D. Reynolds, 1981. By permission of Allyn and Bacon, Inc.)

The auditory canal acts as a resonator tube to increase the sound
pressure level of the sound striking the visible ear by 10dB to 20dB at
the eardrum, depending on the frequency of the sound. The resonant fre-
quency of the auditory canal is on the order of 3kHz, so the acoustic
pressure increase is more pronounced in the 2-4kHz octave bands. The
approximate length of the auditory canal is 25-30 mm (lfliin).

The mechanical motion of the eardrum is transmitted and amplified by
about 25 dB through the three-bone linkage in the middle ear. The hammer,
attached at one end directly to the eardrum, is normally locked to the anvil.
The anvil drives the stirrup, which is mounted into and sealed around the
periphery of the oval window by a network of elastic fibers. When the ear is
subjected to very intense sound, the contact between the hammer and the
anvil is broken, so the three-bone set acts as a safety device to prevent
damage to the oval window.

The main part of the inner ear is the cochlea, which is a bony tube
about 34 mm (1.341in) long, filled with liquid and coiled like a snail’s shell.
The cochlea makes about 2% turns around a central hollow passage that
contains the nerve fibers going to the brain. The cochlea is illustrated in
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FIGURE 6-2 Internal details of the cochlea. (A) Cross-sectional view through one
turn of the cochlea. (B) The cochlea is shown “rolled out” straight, instead of its
actual coiled configuration. (From Engineering Principles of Acoustics, D. D.
Reynolds, 1981. By permission of Allyn and Bacon, Inc.)

Fig. 6-2. There is a bony projection or shelf and a membrane called the
basilar membrane that runs the length of the cochlea. The basilar membrane
divides the cochlea into two chambers, the upper chamber or scala vestibuli,
and the lower chamber or scala tympani. There is a small opening at the end
of the cochlea, called the helicotrema, which provides a connecting passage
between the upper and lower chambers. The basilar membrane varies in
width from 0.2mm (0.008in) at the oval window to about 0.5mm
(0.0201in) at the end of the cochlea chamber.

The organ of corti is mounted about halfway along the spiral of the
cochlea on the basilar membrane. The organ of corti is made up of about
30,000 hair cells, arranged in four rows, which are attached to the tectorial
membrane in contact with the upper surface of the organ of corti. Any
movement of the basilar membrane supporting the hair cells will cause the
hair cells to bend. The bending of the small hairs produces the nerve
impulses in the neurons that are transmitted to the brain. This is the com-
ponent of the ear that can become permanently destroyed through long-
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term exposure to loud noise. The hair cells become fatigued due to exposure
to prolonged bending stress, and the cells die. When the hair cells die, they
cannot be rejuvenated or resurrected. The person suffers permanent hearing
loss when the hair cells die. No amount of ‘“‘pre-conditioning” will
strengthen the hairs to resist exposure to loud noise.

6.2 HEARINGLOSS

Because of the acoustic characteristics of the outer ear and the mechanical
characteristics of the middle ear, the human ear does not act as a linear
transducer for sound pressure levels. The threshold of hearing as a function
of frequency is given in Table 6-1. This table presents values of the sound
pressure level for a pure tone that a person (below age 18 with no hearing
loss) is just able to hear at the given frequency. It may be noted that the ear
is most sensitive in the frequency range around 3000 Hz, which corresponds
to the resonant frequency of the auditory canal. Because of poor acoustic
impedance matching between the air outside the ear and the outer ear at
frequencies below about 500 Hz, the ear can detect only sounds that have a
sound pressure level greater than about 12 dB for frequencies of 250 Hz and
lower.

For a sound pressure level of approximately 120 dB with a frequency
between 500 Hz and 10 kHz, a person will experience a tickling sensation in
the ears. This level represents the threshold of “feeling” or the beginning of
discomfort due to noise. When the sound pressure level is increased above
approximately 140 dB, the threshold of pain is reached. Continuous expo-
sure to noise above 140dB for a few minutes can result in permanent
damage to elements of the ear.

TABLE 6-1 Threshold of Hearing®

Frequency, Hz L (threshold), dB  Frequency, Hz  L,(threshold), dB

31.5 59.2 2,000 2.4
63 36.0 3,000 —4.1
125 21.4 4,000 -3.6
250 12.1 5,000 0.2
500 6.5 6,000 5.2
1,000 3.6 8,000 17.3

#The table lists the sound pressure level of a pure tone that a person under age 18
with no hearing loss is just able to hear at the given frequency.
Source: ANSI (1967).
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Hearing loss is defined as the change (increase) in the threshold of
hearing at a given frequency. There is a naturally occurring loss of hearing
that occurs with age, independent of occupational noise exposure. This
hearing loss is called presbycusis. The shift in the hearing threshold with
age is shown in Table 6-2 for men and women. The hearing loss that occurs
with age is not included in the component of hearing loss associated with
noise exposure.

There is a temporary threshold shift (TTS), in which a person loses
some ability to detect weak sounds, but the ability is regained approximately
16 hours after the noise exposure is removed (Kryter, 1970). Noises having
maximum energies in the low-frequency range (below about 250 Hz) will
produce less TTS than noises having maximum energies in the high-fre-
quency range (above about 2000 Hz). Exposure to a low-pitched “rumble”
noise is less harmful to a person’s hearing than exposure to a high pitched
“screech.” TTS cannot be relieved by medication, not even vitamin A: only
getting away from the source of noise into a quicter region will promote
recovery.

There is also a noise-induced permanent threshold shift (NIPTS), in
which a person permanently loses the ability to detect weak sounds. The
frequency range showing the most NIPTS is around 3 kHz, because the ear
transmits sound at frequencies in the range from 1kHz to 4kHz most
effectively. If a person is removed from the noisy environment, the

TaBLE 6-2 Shift in the Average Threshold of Hearing with Age
(Presbycusis) for Men and Women

Frequency, Hz

500 1,000 2,000 4,000

Age, years Men Women Men Women Men Women Men Women

25 0 0 0 0 1 0 4 0
30 0 1 1 1 2 1 8 2
35 1 3 2 3 3 4 12 4
40 2 4 4 4 6 5 17 7
45 4 6 5 6 8 8 23 10
50 5 8 7 8 12 10 28 13
55 7 10 9 11 16 13 35 18
60 8 12 11 13 20 15 31 22
65 10 14 13 15 24 18 47 26

Source: Beranek (1960).
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NIPTS does not progress further, but the ear does not recover. The ear does
not get “toughened” through exposure to noise. Excessive noise always
causes hearing loss, even in teenagers who may feel they are bulletproof.

From work conducted at the Air Force Aerospace Medical Research
Laboratory (Baughn, 1973), it was found that exposure to noise at levels less
than 90 dBA during the normal 8-hour work day would result in 25dB or
more NIPTS for only 10% or less of the population. The complete results of
the research are shown in Fig. 6-3.

6.3 INDUSTRIAL NOISE CRITERIA

Regulations for control and limitation of noise date back to early Roman
times, when chariot races were prohibited on village streets at night because
of the noise associated with the racing. On the other hand, noise was con-
sidered beneficial during the Middle Ages, when a town filled with noise
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FIGURE 6-3 Percentage of workers developing a 25dB or more hearing loss due to
exposure to continuous A-weighted levels of noise. (From Baughn, 1973.)
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indicated prosperity and health of the population. One of the main reasons
for promotion of industrial noise control programs, however, is to prevent
hearing impairment of workers due to occupational noise exposure.

Noise exposure criteria were developed in 1965 by the National
Academy of Sciences and the National Research Council, Committee on
Hearing, Bioacoustics and Biomechanics or CHABA (Kryter et al., 1965).
The criteria for safe noise exposure levels were described in terms of pure
tones and 1/3 octave and octave band data for noise. An acceptable noise
level would produce NIPTS after 10 or more years of no more than 10dB at
1kHz and below, 15dB at 2kHz, and 20dB at 3kHz or higher. The
CHABA criteria provide a good tool for hearing damage control; however,
the criteria are not simple to use in industrial environments.

A safety regulation on industrial noise exposure was added to the
Walsh—-Healy Act in 1969. The Occupational Safety and Health Act of
1970 extended the scope of noise control legislation to all workers involved
in interstate commerce activities. The Occupational Safety and Health
Administration (OSHA) adopted a noise exposure limit of 90dBA for an
8-hour working period. Higher noise exposures were allowed for shorter
periods of time. For each 5dBA increase of the noise exposure above
90 dBA, the allowed exposure time was halved. The daily noise exposure
of 90 dBA corresponds to a noise level for which 10% or less of the popula-
tion will experience a permanent hearing loss of 25dB or less at 50 years of
age, as indicated by Fig. 6-3.

The OSHA noise exposure criteria were verified in 1983 (OSHA,
1983). According to the OSHA criteria, continuous exposure to noise levels
greater than 115 dBA are not permitted for any duration. The action level or
level of noise exposure at which hearing conservation measures must be
initiated was set at 85 dBA. The upper limit for impulsive noise exposure
was set at 140 dBA. The OSHA regulation made two major provisions: (a)
maximum levels of industrial noise exposure were set and an employee could
not be exposed to noise levels exceeding these limits without hearing protec-
tion, and (b) required action by the employer was indicated if these noise
levels were exceeded.

The permissible noise level for various times of exposure T is deter-
mined from the following expression:

5log(16/T)

L =85+
A log((2)

(for T < 16 hours) (6-1)

The permissible time for exposure to a continuous noise level L, is deter-
mined from the following relationship:
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16

T = (Ln—85)/5

(for 85 dBA < L, < 115dBA) (6-2)

The sound levels are measured on the A-scale of a standard sound level
meter set on the “slow’ response.

When the daily noise exposure is composed of two or more periods of
noise exposure at different levels, the combined effect must be considered
instead of the individual effect of each level. The following expression is
used to determine the noise exposure dosage (NED) for situations in which
the noise level varies during the working period:

C G G C,
NED=ty&2 & & 6-3
VR R (6-3)

The quantities Cy, C,, etc., are the total times of exposure to the noise levels
L1, Las, etc., in hours per day. The quantities 74, 75, etc., are the total
permitted exposure times at the noise levels Lp;, Las, etc. For noise levels
Ly < 85dBA, T = oo; for noise levels Ly > 115dBA, T = 0.

If the noise exposure dosage exceeds 1.00, the employee noise exposure
is in excess of the OSHA limits. Note that this procedure is similar in
concept to the Palmgren—Minor linear damage rule for cumulative fatigue
damage in mechanical parts (Collins, 1981).

If the noise level exceeds the allowable values according to the OSHA
criteria, the employer should first conduct a noise survey to locate the areas
in which the OSHA limits are exceeded and to locate the specific source of
the noise. Next, engineering measures or controls should be implemented to
attempt to reduce the worker nose exposure. Some examples of engineering
controls measures include:

1. Substitution of quieter machinery, such as using larger slower
machines, using belt drives instead of gear drives, or redesigning
the equipment for lower noise emission.

2. Substitution of manufacturing processes, such as using welding

instead of riveting.

Replacement of worn or loose parts.

Installation of vibration dampers and isolators.

Installation of flexible mountings and connectors.

Place the noise source within an enclosure or place acoustic

barriers between the worker and the noise source.

7. Isolate the worker from the noise source by placing the worker
and the machine controls in an acoustically treated room.

oA W
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If engineering measures or controls are not feasible, then administra-
tive controls should be examined. Some examples of administrative control
measures include:

1. Arrange the work schedule such that the employee noise expo-
sure is limited to acceptable values.

2. Increase the number of workers assigned to a specific task such
that work in noisy areas can be completed in shorter times.

3. Perform occasional tasks involving work in high noise areas
when a minimum number of employees will be exposed to the
noise.

If neither engineering nor administrative control measures are practi-
cal, then the employee must be provided with personal hearing protection
equipment and trained in the proper use of the equipment. It is the respon-
sibility of the employer to enforce the proper use of hearing protection
equipment. When noise levels of 85 dBA or higher are present, the employer
must put in place an audiometric testing program. Audiometric testing must
be conducted on each individual working in high-noise areas at regular
intervals of time, often on an annual basis. Records of the audiometric
tests and of daily worker noise exposure must be maintained.

Example 6-1. An employee works 1 hour where the sound level is 90 dBA.
The worker inspects gauges and other items for 2 hours where the sound
level is 92 dBA. A total of 3 hours is spent in an area around a compressor
where the sound level is 94dBA. The remaining 2 hours are spent in a
relatively quiet office area where the sound level is 60 dBA. Is this employ-
ee’s noise exposure in violation of the OSHA regulations?

The allowable time of exposure at each level is calculated from Eq.
(6-2). For example, for a level of Ly, =92dBA, we find the following
allowable exposure time:

16

= F0 5573 = 6.063 hours = 6 hours 3.8 minutes

1,

The other times are as follows:

T, = 8 hours at 90dBA and C; =1 hour
T, = 6.063 hours at 92dBA and C, = 2 hours
T5; = 4.595 hours at 94dBA and C; = 3 hours
T, =00 at 60dBA and C,; = 2 hours
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The noise exposure dosage is found from Eq. (6-3):

1 2 3
NED = 3 + 5063 + 7595 + 0 =10.1250 4+ 0.3299 + 0.6529

NED =1.1078 > 1

The noise exposure does exceed the OSHA limits.

What can we do about this noise exposure problem? First, we may try
engineering measures or controls. The largest exposure (0.6529) occurs in
the compressor room. The compressor could have acoustic treatment
applied to reduce its noise generation. The required sound level in the com-
pressor room may be found from Eq. (6-3):

3
NED =1 =0.1250 4+ 0.3299 + A
3

3 = 5.504 hours

~1-0.4549

The corresponding sound level is found from Eq. (6-1):

Ly, = 85 + D10810(16/5.504)
- log;(2)

We could apply acoustic material over the compressor surface or apply
acoustic treatment to the walls and ceiling of the compressor room to reduce
the sound level from 94 dBA to 92.7dBA, or a reduction of only 1.7dBA,
which is probably feasible.

An alternative solution would be to use administrative measures or
controls. For example, we could use two workers to complete the tasks in
the compressor room in a shorter period of time. The maximum time for the
workers in the compressor room is found from Eq. (6-3):

T3

=85+4+7.7=92.7dBA

G
NED =1 = 0.1250 4 0.3299 + ;=

C; = (4.595)(1 — 0.4549) = 2.50 hours = 2 hours 30 minutes

The workers could spend the time difference (3.00 — 2.50) = 0.50 hour in the
area where the sound level is less than 85dBA, and compliance with OSHA
requirements would be achieved.

6.4 SPEECH INTERFERENCE LEVEL

When exposed to two different sounds at the same time, the ear often
perceives only the louder sound. This phenomenon is called masking.
Masking results when the receptors in the cochlea are not available for
processing the particular sound information because they are being stimu-
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lated by another signal. A noise signal that is spread out over a range of
frequencies results in more masking near the center frequency than a pure
tone at this frequency (Ehmer, 1959).

If the background noise level is excessive, a person may not be able to
carry on a conversation or understand a telephone conversation. Because
noise can interfere with speech intelligibility, this noise may disrupt work
where communication is necessary.

The consonants contain much of the information conveyed in speech.
The consonants are more easily masked by background noise than are the
vowels, because the sounds of the consonants are generally weaker than
those of the vowels. Nearly all of the information in speech is contained
in the frequency range from about 200 Hz to 6000 Hz. The understanding of
communication (speech intelligibility) is influenced by the type of commu-
nication (technical information is less readily transmitted than “small talk”),
whether the two people “know” each other well or are relative strangers,
and the length of the conversation.

One measure of the effect of background noise on speech intelligibility
is the speech interference level (Lgyr). The SIL is defined as the arithmetic
average of the sound pressure levels of the interfering noise in the four
octave bands—500 Hz, 1000 Hz, 2000 Hz, and 4000 Hz—rounded to the
nearest 1 dB value (ANSI, 1986). These octave bands contain the frequencies
most important for communication. If an octave band analyzer is not avail-
able, the SIL can be estimated from the A-weighted sound level reading by
the following expression:

LSIL ~ LA —7dB (6'4)

The SIL values resulting in various levels of vocal effort for face-to-
face communication may be estimated from the following expression
(Lazarus, 1987):

Lgp = K —20logor (r is in meters) (6-5)

The constant K is given in Table 6-3. The data are based on the assumption
that the information communicated is not familiar to the listener. For com-
munication between women and men, the data for women should be used.

Generally, the voice level used by the speaker will change as the back-
ground noise level changes. In addition, the speaker may move closer to the
listener as the background noise level increases. The expected voice levels for
various SIL values of the background noise are given in Table 6-4.

The background noise SIL limits for telephone communication are
given in Table 6-5 (Peterson and Gross, 1972). For speakerphones, SIL
values of approximately 5dB higher than those given in Table 6-5 may be

Copyright © 2003 Marcel Dekker, Inc.



TABLE 6-3 Background Speech Interference Level® Limits for Face-to-Face

Communication
K, dB
Vocal Effort Women Men Comment
Normal voice 50 54 Communication is satisfactory for the
given vocal effort in this range
Raised voice 56 60
Loud voice 62 66
Very loud voice 67 71
Shouting 72 76 Communication is difficult
Maximum shouting 75 79 Communication without amplification

is impossible above this level
Limit for amplified speech 110 114 Vocal communication is impossible
above this level

*Lsi. = K —20log;, r (meters)
Source: Lazarus (1987).

tolerated, if the speakerphone is not located more than 1 m (39in) from the
person.

Example 6-2. In one area of an industrial plant, the octave band sound
pressure level spectrum is given in Table 6-6. Determine the maximum
distance between the speaker and listener (both males) for communication
in a normal voice.

The speech interference level is found by averaging the sound pressure
levels in the four octave bands, 500 Hz, 1000 Hz, 2000 Hz, and 4000 Hz:

Lgi = 1(73 4 69 4 65 + 59) = 66.5dB — Use 67 dB

The distance between the people for conversation in a normal voice is given
by Eq. (6-5):

Lgi. = 67 = 54 —20log,, r
r=10"19CY = 0224 m = 224 mm (8.81in)

Men would not typically carry on a “normal” conversation at a spacing of
only about 225 mm or 83in.

For conversation in a raised voice, the distance between the two people
would be as follows:

r=10767/20 — 0 447m = 447 mm (17.6in)
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TaBLE 6-4 Expected Voice Level for Face-to-Face
Communication Corresponding to Various Background

SIL Values
Background speech interference level, Lgy

Vocal effort Women Men
Normal voice 45-49dB 44-48 dB
Raised voice 53-60dB 53-62dB
Loud voice 61-71dB 63-77dB

Very loud voice 69-81dB 71-91dB
Shouting 77-91dB 80-99 dB

Source: Lazarus (1987).

Even this distance is somewhat close for men to carry on a conversation
comfortably in a raised voice. For conversation in a loud voice, the distance
between the two people would be as follows:

r=1007/20 — 0 891 m (35.1in)

This would represent a more comfortable distance between the people.
From Table 6-5, we observe that a telephone conversation would be
difficult for the SIL of 67 dB.

6.5 NOISE CRITERIA FOR INTERIOR SPACES

We have all experienced the problem of attempting to work in an environ-
ment with a high background noise level. The noise may interfere with
conversation with another worker, or the background noise may simply

TABLE 6-5 Speech Interference Level Limits for Telephone
Communication

Speech interference level,

Lg, dB Telephone conversation category
<63dB Satisfactory

63-78dB Difficult to understand conversation
78-83dB Unsatisfactory

>83dB Impossible to understand conversation

Source: Peterson and Gross (1972).
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TABLE 6-6 Sound Pressure Level Spectrum for
Example 6-2

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

L,(OB),dB 59 65 70 73 69 65 59 50

“get on our nerves” and interfere with effective concentration on the task at
hand. The levels of noise may not be sufficiently high to produce damage to
the person’s hearing; however, work is degraded by the background noise.

Noise criteria (NC) curves were first introduced (Beranek, 1957) to
evaluate existing noise problems in interior spaces such as offices, conference
rooms, and homes. It was found that a background noise that fitted the
original NC curves was not completely neutral. The noise had components
that sounded both “hissy’” and “‘rumbly.” The original NC curves were also
based on the “old” octave bands.

The NC curves were revised (Beranek, 1971) to produce a more nearly
neutral background noise spectrum. These curves, called the preferred noise
criterion (PNC) curves to distinguish them from the older NC curves, were
also based on the present-day octave bands. Finally, the PNC curves were
revised to make equal the perceived loudness for the octave bands that
contain the same number of critical bands (Stevens, 1972). The rating
number on the NCB curves is the average of the NCB values in the
500 Hz, 1000 Hz, 2000 Hz, and 4000 Hz octave bands, corresponding to
the octave bands used in calculating the SIL.

The NCB curves specify the maximum noise levels in each octave band
for a specified noise criterion rating. The NCB rating of a given noise spec-
trum is the highest penetration of the noise spectrum into the NCB curves.
The numerical values for the NCB curves are given in Table 6-7 (Beranek,
1989).

The suggested NCB ratings for various activities and different interior
spaces are shown in Table 6-8. The table values may be used to determine if
an existing acoustic situation is satisfactory for its anticipated usage, and to
determine the acoustic treatment required to make the background noise
acceptable if the noise level is too high. The values given in Table 6-8 apply
for background noise consisting of both equipment noise (air conditioning
systems, machinery, etc.) and activity noise due to the activity of the people
in the room.

The NCB curves may also be used to determine the acceptability of the
space for speech communication and whether annoying ‘“‘rumbles” or

Copyright © 2003 Marcel Dekker, Inc.



TABLE 6-7 Octave Band Sound Pressure Levels Associated
with the 1989 Balanced Noise Criterion (NCB) Curves

Octave band center frequency, Hz

NCB, dB 31.5 63 125 250 500 1,000 2,000 4,000 8,000

10 59 43 30 21 15 12 8 5 2
15 61 46 34 26 20 17 13 10 7
20 63 49 38 30 25 22 18 15 12
25 65 52 42 35 30 27 23 20 17
30 68 55 46 40 35 32 28 25 22
35 71 59 50 44 40 37 33 30 27
40 73 62 54 49 45 42 38 35 32
45 76 65 58 53 50 47 43 40 37
50 79 69 62 58 55 52 48 45 42
55 82 72 67 63 60 56 54 51 48
60 8 75 71 67 64 62 59 56 53
65 88 79 75 71 69 66 64 61 58
70 91 82 79 76 74 71 69 66 63
75 94 85 83 80 78 76 74 71 69

Source: Beranek (1989).

“hisses” are present in the background noise spectrum. These terms are
more subjective than precise technical terms. If the Lg; for the background
noise is equal to or less than the NCB rating, the space generally will be
acceptable for speech communication.

To determine whether there may be an annoying “rumble” sound, a
value of

NCB(rumble) = Lg; +3dB

is calculated. The values for this NCB curve are compared with the octave
band sound pressure levels for the background noise for the octave bands
of 500Hz or lower. If any octave band sound pressure level exceeds the
NCB(rumble) curve, then there is a high probability that a “rumble” will
be perceived in the background noise. Noise control procedures could be
implemented to reduce the sound pressure level in the offending octave
bands to acceptable values. This procedure is illustrated in the following
example. If the octave band sound pressure level in the 63 Hz octave band
exceeds about 75dB, or if the octave band sound pressure level in the
31.5Hz octave band exceeds about 70dB, there will be a good chance
that noticeable vibrations will occur in gypsum board structures, if any
are present in the room. This condition should also be checked.
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TABLE 6-8 Recommended Values of Noise Criteria (NCB) Ratings for Steady
Background Noise in Various Indoor Spaces

Activity and type of space NCB rating
Broadcast and recording studio:

Distant microphone pickup used 10

Close microphone pickup used only Not to exceed 25
Sleeping, resting, relaxing:

Suburban and rural homes, apartments, hospitals 25-35

Urban homes, hotels, hospitals 3040
Excellent listening conditions required:

Concert halls, opera houses, recital halls 10-15
Very good listening conditions required:

Large auditoriums, drama theaters, large churches 15-20

Small auditoriums, music rehearsal rooms, large 25-30

conference rooms
Good listening conditions required:

Private offices, school classrooms, small conference rooms 30-40
libraries
Moderately good listening conditions required:
Large offices, reception areas, retail stores, restaurants 35-45
Fair listening conditions required:
Living rooms in dwellings (conversation and listening to 3040
television)
Lobbies, laboratory work spaces, general secretarial areas 40-50
Moderately fair listening conditions required:
Light maintenance shops, industrial plant control rooms, 45-55

kitchens, and laundries
Acceptable speech and telephone communication areas:

Shops, garages 50-60
Speech communication not required:
Factory and shop areas 55-70

Source: From L. L. Beranek and 1. L. Vér, Noise and Vibration Control Engineering, 1992.
By permission of John Wiley and Sons, Inc.

To determine if there may be an annoying “hiss’” sound, an average of
the NCB values for the 125Hz, 250 Hz, and 500 Hz octave bands is calcu-
lated:

NCB(hiss) = [NCB(125 Hz) + NCB(250 Hz) + NCB(500 Hz)]/3

The values for this NCB curve are compared with the octave band sound
pressure levels for the background noise for the octave bands of 1000 Hz or
higher. If any octave band sound pressure level exceeds the NCB(hiss) curve,
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then there is a high probability that a “‘hiss” will be perceived in the back-
ground noise. Noise control procedures could be implemented to reduce the
sound pressure level in the offending octave bands to acceptable values. This
procedure is also illustrated in the following example.

Example 6-3. The sound pressure level spectrum for the air distribution
system noise from Example 5-7 is given in Table 6-9. Suppose the room to
which the air is distributed is a living room in a residence. Determine the
NCB rating for the room.

The NCB values are found from Table 6-7 at the corresponding values
of the octave band sound pressure level. The largest value of NCB is 43,
which occurs for the 500 Hz and 1000 Hz octave bands. The noise criteria
rating for the room is NCB-43.

It is noted from Table 6-8 for living rooms in dwellings (fair listening
conditions required) that the recommended NCB rating is from NCB-30 to
NCB-40. The calculated NCB rating exceeds this value by 3 dB. From Table
6-9, we see that sound pressure levels in the 500 Hz, 1000 Hz, and 2000 Hz
octave bands produce a NCB rating above 40 dB. To reduce the NCB rating
to NCB-40, we would need to reduce the octave band sound pressure levels
to 45dB (500 Hz), 42dB (1000 Hz), and 38dB (2000 Hz). This could be
achieved by (a) increasing the room constant by adding acoustic treatment
on the walls and ceiling or (b) decreasing the acoustic power input to the
room by adding a plenum chamber after the fan outlet.

Let us check the speech interference level. Taking the average of the
sound pressure levels in the octave bands from 500 Hz to 4000 Hz, we find
the SIL:

Ly = 1(48 4 45 4 39 4 35) = 41.75dB — Use 42 dB

In this case, Lg;;, < NCB-43, so background noise would allow satisfactory
speech communication in the room.

TABLE 6-9 Solution for Example 6-3

Octave band center frequency, Hz

31.5 63 125 250 500 1,000 2,000 4,000 8,000

L,, dB 63 55 51 49 48 45 39 35 31
NCB 20 30 36 40 43" 43" 41 40 39
NCB-45 76 65 58 53 50

NCB-40 45 42 38 35 32

*Largest values.
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Next, let us check for annoyance due to “rumble” noise:
NCB(rumble) = 42 + 3 =45dB

The pertinent portion of the NCB-45 curve is given in Table 6-9. It is
observed that all of the sound pressure level values in the range from 31.5
to 500 Hz are less than the NCB-45 values, so there will be no annoyance
due to low-pitched rumble noise.

Finally, let us check for annoyance due to “hiss” noise. Averaging the
NCB values for the 125 Hz, 250 Hz, and 500 Hz octave bands, we obtain the
following value:

NCB(hiss) = (36 + 40 +43)/3 = 39.7dB — Use 40 dB

The pertinent portion of the NCB-40 curve is given in Table 6-9. It is
observed that the sound pressure levels in the 1000 Hz and 2000 Hz octave
bands exceed the NCB-40 values for those octave bands. The occupants of
the room would probably experience some annoyance due to the perceived
“hissing” noise of the air distribution system. This problem could be alle-
viated by reducing the sound pressure level in the 1000 Hz octave band from
45dB to 42dB, and by reducing the sound pressure level in the 2000 Hz
octave band from 39dB to 38 dB.

6.6 COMMUNITY REACTIONTO
ENVIRONMENTAL NOISE

Before a new plant is constructed or new equipment is installed, the effects
of noise produced by the plant or equipment should be estimated. The
response of the surrounding community to the additional environmental
noise may be a factor in the site selection, the acoustic design of the
plant, and public relations for the company. It would be much better to
anticipate and correct noise problems before the plant is built or equipment
is installed than to endure lawsuits because of noise produced by the plant
or equipment.

There are several factors that influence the community tolerance for
environmental noise. Some of these factors are listed as follows.

1. Discrete frequency sounds. A whistle tone is more annoying than
a broadband hissing noise, even when the broadband noise level
is somewhat higher than that of the pure tone noise.

2. Repetitiveness or fluctuation in sound level. An obvious change
in sound level outdoors generally directs one’s attention to the
noise source. On the other hand, people tend to become accli-
mated to a steady marginal source of sound.
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Sleep-disturbing noises. People usually become somewhat testy
when their sleep is disturbed.

Ambient noise level. When the ambient or background noise
level is very low, even the dripping of water will annoy some
people. For locations in a busy urban area where traffic noise
is present, an additional noise source may not produce a signifi-
cant community reaction; whereas, the same additional noise
source in a quiet rural setting would produce many complaints
from the community.

Impulsive or startling noises. A sudden intrusion of noise may be
unsettling for many people.

Visibility of the noise source. People tend to be more tolerant of
marginal noise sources that are concealed from their view.
Noise that conveys unpleasant information. Most people prefer
to hear pleasant music than the sound of shattering glass, for
example.

Community noise rating curves for outdoor (environmental) noise

have been developed (Stevens et al., 1955) based on principles similar to
those used to establish the NCB curves for noise in interior spaces. These
curves allow the estimation of the community response to the noise level
outdoors. The base rating (N,) curves are given in Table 6-10. The base

TABLE 6-10 Base Noise Rating Curves (N,) for
Environmental Noise Rating

Base noise rating,

No

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

25
30
35
40
45
50
55
60
65
70
75
80

55 43 36 29 25 22 18 16
59 47 40 34 30 27 24 22
63 52 45 39 35 32 30 27
67 56 49 44 40 37 35 33
71 61 54 49 45 42 40 38
74 65 58 53 50 47 45 44
78 70 63 58 55 53 50 48
82 74 68 63 60 58 55 54
86 78 72 68 65 63 60 59
90 83 77 73 70 68 66 65
94 87 82 78 75 73 71 70
97 91 86 83 80 78 76 75

Source: Thumann and Miller (1986).
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noise rating is given by the highest penetration (largest value of N,) of the
measured octave band sound pressure level data into the noise rating curves.

A composite correction factor (CF) must be applied to the base noise
rating value to allow for the various factors influencing a person’s annoy-
ance to the outdoor noise. The corrected composite noise rating (Lcng) 1S
determined from the following expression:

Leng = N, + CF (6-6)

Values for the component correction factors are given in Table 6-11. It is
important to note that only one value of correction factor is used from each
of the six categories of influencing factor. The overall correction factor is the
sum of the values for the six individual effects.

The average community response to a noise with a given composite
noise rating is summarized in Table 6-12. One must exercise some caution in
using the data in Table 6-12, because it is somewhat subjective, and there is a
range of responses in any population to the same environmental noise. Some
people are intolerant of noise (and maybe they are naturally grouchy),
whereas others have a high tolerance level for intrusive noise.

Example 6-4. An air vent located outdoors produces the noise spectrum
shown in Table 6-13. The vent noise is broadband, and the sound is not
impulsive. The vent operates about 30 times each hour, 1 minute duration,
during the daytime and the evening, but not during the nighttime. The vent
operates year-round. The vent is located in an area with light industry.
Determine the environmental noise rating and the anticipated community
reaction to the vent noise.

The base noise rating values from Table 6-10 are shown in Table 6-13.
the largest value is 75 dB, which occurs for the 4000 Hz octave band. Thus,
the base noise rating is N, = 75dB.

The correction factors may be found from Table 6-11:

NoOiSE SPECLIUM v 0
Repetitiveness (1060 times/hour) .................. -5
Time of day (during the evening) ................... -5
Season (year-round) ..........cccccveveiieeeininniennnnnn. 0
Area (light industry) .......cccocevvivieeiniiiiiieeeenn —10
Peak factor (non-impulSive) .......cc.ccceeveveernennee 0
Total .ooeiiiiii CF = -20dB

The composite noise rating for the vent noise is found from Eq. (6-6):

Leng = Ny + CF = 75 +(=20) = 55dB
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TaBLE 6-11 Correction Factors (CF) for Various Influencing
Factors for Community Noise Reaction®

Influencing factor Possible condition CF, dB
Noise spectrum Noise with pure-tone components +5
Broadband noise 0
Repetitiveness Continuous to 1/minute 0
10-60 times/hour -5
1-10 times/hour —10
4-24 times/hour —15
1-4 times/day -20
1 time/day -25
Time of day Daytime only (7:00 a.m. to 6:00 p.m.) -10
Evening (6:00 p.m. to 10:00 p.m.) -5
Nighttime (10:00 p.m. to 7:00 a.m.) 0
Season of the year Winter only -5
Summer (and winter) 0
Type of area Rural +10
Suburban +5
Urban residential 0
Residential with some business -5
Area with light industry -10
Area with heavy industry —15
Peak factor Impulsive sounds +5
Non-impulsive sounds 0

#Only one correction is applied from each of the six categories.
Source: From A. Thumann and R. K. Miller, Fundamentals of Noise Control
Engineering. By permission of the Fairmont Press, Inc.

From Table 6-12, we see that the anticipated community response
would be widespread complaints. If it is desired to reduce the community
reaction to only mild annoyance, the composite noise rating would need to
be reduced to Lcng = 45dB, or the base noise rating would be N, = 65dB.
As noted from Table 6-13, a reduction in the octave sound pressure levels in
the octave band from 1000 Hz to 8000 Hz would be required. The required
reduction in octave band sound pressure level is greatest (11 dB and 10dB,
respectively) in the 4000 Hz and 8000 Hz octave bands.
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TABLE 6-12 Average Community Reaction to Noise Based on the
Composite Noise Rating Lcng

Corrected composite noise Percent of population
rating, Lcngr, dB Community response complaining
39dB or less No reaction

40-45dB Mild annoyance 1

46-50dB Sporadic complaints 2

51-55dB Widespread complaints 7

56-69dB Threats of legal action 12

70dB or greater Vigorous legal action 22

6.7 THE DAY-NIGHT LEVEL

6.7.1 EPA Criteria

The U.S. Environmental Protection Agency (EPA) has investigated the
effect of noise on people and the effect of the noise from the environment
on the health and welfare of the affected people (EPA, 1974). The EPA
concluded that the A-weighted sound level correlated as well with human
response to noise as more complex measures. As a result, the A-weighted
sound level was selected as the basis for environmental noise criteria.

Generally, the A-weighted sound level does not remain constant dur-
ing any extended period at a particular location. It would be incorrect to
average directly the decibel readings during the period. Instead, one should
use the energy-equivalent sound level, Ly, which is the sound level averaged
on an energy basis:

Leq = 101og,o[£1;10%/1] (6-7)

TABLE 6-13 Solution for Example 6-4

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

L,(OB), dB 43 50 55 61 66 69 71 69

N,, dB — 33 46 58 66 71 75° 74
Lcnr-65 8 78 72 68 65 63 60 59
Reduction,dB — — — — 1 6 11 10

*Largest value.
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The quantity 7 is the fraction of the time period that the noise has an
A-weighted sound level of L;, and L; is the A-weighted sound level during the
Jjth time interval. Many sound level meters have the feature that this quantity
may be measured directly with the meter.

The EPA found (not surprisingly) that people were more sensitive to
noise during the nighttime hours than during the daytime period. From our
discussion of the environmental noise rating parameter in Sec. 6.6, we found
that noise that occurred only during the daytime was about 10dB less
annoying than noise that occurred during the nighttime. The correction
factor from Table 6-11 for noise during the daytime only is CF = —10dB,
whereas CF = 0dB for noise during the nighttime.

Based on this observation, the EPA suggested a modification of the
equivalent sound level, called the day—night average sound level, Lpy, to take
into consideration the additional annoyance of noise at nighttime. The day—
night level was developed originally to be used as an aid in land-use
planning. For this parameter, the nighttime equivalent sound levels were
increased by 10dB for the time period from 10:00 p.m. to 7:00 a.m. This
nighttime period involves 9 hours, or a fraction of 0.375 of the 24-hour day,
and the daytime period involves 15 hours, or a fraction of 0.625 of the
24-hour day. The day—night level is, accordingly, defined by the following
expression:

Lpn = 1010g,,[(0.625) 1050/1" 4 (0.375) 10U T10/10] (6-8)

The quantity Lp is the equivalent sound level during the daytime hours, and
Ly is the equivalent sound level during the nighttime.

According to the EPA studies, the effects given in Table 6-14 would be
observed if the day—night level of 55dBA is present. For outdoor activities
that should be free of speech interference and produce no significant annoy-
ance, the EPA recommends the criterion that Lpny < 55dBA. Similarly, for
indoor activities, the EPA recommendation is that Lpy < 45dBA. For
minimum hearing loss (no more than 5dB noise-induced permanent thresh-
old shift for 96% of the population) over a period of 40 years, the EPA
recommends that the noise exposure during the 24-hour day be limited by
Lpn < 70dBA.

Example 6-5. During a 1-hour period, the A-weighted sound level is
70 dBA for 30 minutes, 75 dBA for 20 minutes, and 80 dBA for 10 minutes.
Determine the energy equivalent sound level.

The fractions for each interval are (30/60) = 0.5000 for 70dBA,
0.3333 for 75dBA, and 0.1667 for 80dBA. Using Eq. (6-7), we find the
energy-equivalent sound level:
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TaBLE 6-14 Effects Corresponding to a Day—Night Level of 55dBA

Condition Magnitude of the effect
Speech indoors 100% sentence intelligibility with a 5dB margin of safety
Speech outdoors 99% sentence intelligibility at 1 m (3.3 ft) spacing; 95%

sentence intelligibility at 3.5m (11.5ft) spacing

Average community No evident reaction; 7dB below the beginning of threats
reaction of legal action

Complaints About 1% may complain, depending on the person’s
attitude and other non-noise-related factors

Annoyance About 17% may be somewhat annoyed

Attitude toward area  Noise is essentially one of the least important factors
influencing the person’s attitude toward the area

Source: EPA (1974).

Leq = 1010g,([(0.5000) 107 + (0.3333) 107" + (0.1667) 10°°]
Ly = 1010g((3.2208 x 107) = 75.1 dBA

Example 6-6. The hourly equivalent sound levels measured outdoors at a
particular location are given in Table 6-15. Determine the day—night level
for this data.

During the daytime, the fraction of time for each sound level is calcu-
lated as follows:

50dBA: 3 hours, or t = 3/15=0.2000
60 dBA: 10 hours, or t = 10/15 = 0.6667
70 dBA: 2 hours, or t = 2/15=0.1333
The equivalent sound level during the daytime is found from Eq. (6-7):
Ly = 1010g,,[(0.2000) 10°° + (0.6667) 10%° + (0.13333) 107
Ly =63.1dBA

For the 9 hours during the nighttime, the fraction of time for each
sound level is calculated as follows:

30dBA: 5 hours, or t =5/9 = 0.5556
40 dBA: 4 hours, or t =4/9 = 0.4444
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TaBLE 6-15 Data for Example 6-6

Daytime Nighttime

Time*  L,, dBA Time* L, dBA  Time* Ly, dBA

7:00 a.m. 50 3:00 p.m. 60 10:00 p.m. 40

8:00 a.m. 60 4:00 p.m. 60 11:00 p.m. 40

9:00 a.m. 70 5:00 p.m. 70 12:00 mid 40

10:00 a.m. 60 6:00 p.m. 60 1:00 a.m. 30
11:00 a.m. 60 7:00 p.m. 60 2:00 a.m. 30
12:00 noon 60 8:00 p.m. 50 3:00 a.m. 30
1:00 p.m. 60 9:00 p.m. 50 4:00 a.m. 30

2:00 p.m. 60 5:00 a.m. 30

6:00 a.m. 40

4“Time” refers to the hour beginning with the time given in the table.

The equivalent sound level during the nighttime is found from Eq. (6-7) also:
Ly = 1010g,,[(0.5556) 10°° + (0.4444) 10*°] = 37.0 dBA
The day—night level is found from Eq. (6-8):
Lpn = 1010g,,[(0.625) 10%3! 4 (0.375) 1057:0719/19) — 61 1 dBA(DN)

We note that this value is greater than the EPA recommended value of
55dBA for outdoor activity. To reduce the day—night level to 55dBA, one
could install barriers, for example, to reduce the noise during the daytime
hours only. The required reduction value of the daytime sound level could
be calculated as follows:

10°° = (0.625) 10771 4 (0.375) 10*7°

Lp = 56.8dBA

If the sound level during the daytime could be reduced by
(63.1 — 56.8) = 6.3dBA, the day—night level would be reduced to 55dBA.

6.7.2 Estimation of Community Reaction

If noise spectrum data are not available, the day—night level of the back-
ground noise, with suitable correctors, may be used to estimate the antici-
pated community response to the environmental noise:

Lpn(corrected) = Lpn(measured) + CFpy (6-9)
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The day—night sound level contains explicitly the effect of annoyance due to
noise during the nighttime, so the other effects—such as location, time of the
year, etc.—are accounted for with the correctors given in Table 6-16.

The anticipated community response to environmental noise in terms
of the day—night level of the noise is given in Table 6-17. This data may be
used in a manner similar to that for the environmental noise rating to design
for satisfactory community response to planned introduction of a noise
source outdoors.

Example 6-7. The noise levels in a normal suburban area are given in
Table 6-18. The area has had some prior experience with intrusive noises.
There are no pure tone components of the noise, and it is not impulsive. The

TABLE 6-16 Correctors to be Added to the Measured Day—Night Level for
Various Influencing Factors®

Influencing factor Description of condition CFpn, dBA
Noise spectrum Pure tones or impulsive noise present +5
No pure tone or impulsive sounds 0
Type of location Quiet suburban or rural community +10
Normal suburban community +5
Urban residential community 0
Noisy urban residential community -5
Very noisy urban community —10
Time of year Summer or year-round 0
Winter only or windows always closed -5
Previous noise exposure  No prior experience with the intruding +5
noise
Some prior experience with the noise or 0

where the community is aware that
good-faith efforts are being made to
control noise
Considerable experience with the noise =5
and the group associated with the
source of noise has good community
relations
Aware that the noise source is necessary, -10
of limited duration, and/or an
emergency situation

#Only one correction factor should be used from each category.

Copyright © 2003 Marcel Dekker, Inc.



TABLE 6-17 Average Community Reaction to Noise
Based on the Day—Night Level, Lpy

Corrected day—night level,

Lpn(corrected) Expected community response
<62dBA(DN) No reaction

62-67 dBA(DN) Complaints

67-72 dBA(DN) Threats of community action
>72dBA(DN) Vigorous community action

noise source will be present year-round. Determine the anticipated commu-
nity response to the noise source.

The equivalent sound level for the daytime hours is found from Eq.
(6-7):

Lp = 101og,[(0.2667) 10°° + (0.4000) 10> + (0.3333) 10°]

Lp =56.3dBA

The equivalent sound level during the nighttime is found from Eq. (6-7) also:
Ly = 1010g,,[(0.2222) 10*° + (0.7778) 10*°] = 41.7 dBA

The day—night level is found from Eq. (6-8):

Lpn = 1010g,,[(0.625) 10> 4 (0.375) 1041 7H19/19) — 55 1 {BA(DN)

TABLE 6-18 Data for Example 6-7

Duration A-weighted level Fraction
Daytime:
4 hours 60 dBA t=4/15=10.2667
6 hours 55dBA t=6/15=0.4000
5 hours 50dBA t=15/15=10.3333
Nighttime:
2 hours 45dBA 1=12/9=0.2222
7 hours 40dBA t=1/9=0.7778
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The correction factors for other influences are found in Table 6-16 as

follows:
NOISE SPECIITUIM ..vvvvvrreeeeiiiiieeeeeee e -0
Type of location .........cccceeeveiiiieiiiiieenne, +5
Time of year (year-round) ..............cccuunee. -0
Previous noise eXposure .........cccceeeeeeeeennnnns -0
TOtal oo CFpNy = +5dBA

The corrected day—night level is as follows:
Lpn(corrected) = 55.1 + 5 = 60.1 dBA(DN)

The anticipated community reaction from Table 6-17 is no reaction.

6.8 HUD CRITERIA

The U.S. Department of Housing and Urban Development (HUD) was
charged with developing guides for zoning modifications or for siting of
dwellings where the noise and zoning regulations were already in existence.
There was evidence that annoyance for a specific noise exposure depended
on both the average level of the noise and on the variability of the source of
noise (Griffiths and Langdon, 1968). The noise pollution level, Lyp, Was
developed to recognize this phenomenon (Schultz, 1972).
The noise pollution level is defined by the following expression:

Lyp = Leg +2.560 (6-10)

The quantity L, is the energy-weighted equivalent A-weighted sound level,
and o is the standard deviation of the A-weighted levels. The coefficient 2.56
was selected as the best fit to data from studies of subjective response to
variable noise levels. The standard deviation of the noise levels may be
determined from the following equation:

2 2 2

The quantities #; are the fractions of time that the noise level L; occurs,
usually over a 24-hour period. If the probability distribution of the noise
over time is approximately gaussian, the noise pollution level may be esti-
mated by the following expression:

Lnp = Lsg + 8+ 682/60 (6-12)

The quantity § = (Lo — Loy), and L;y, Lsg, and Loy are the A-weighted
sound levels that are exceeded 10%, 50%, and 90% of the time, respectively.
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The first term (L,y) in Eq. (6-10) represents the equivalent continuous
noise level, and the second term (2.560) represents the effect of fluctuations
in the noise level, or the difference between the steady background noise and
the intruding noise.

The HUD criteria for allowable noise pollution levels for new residen-
tial construction are given in Table 6-19 (Schultz, 1970). A builder may not
be able to obtain federal funding or federally guaranteed loans unless the
noise level at the proposed site is acceptable. The clearly acceptable category
means that no special acoustic treatment is required for the construction
because of environmental noise. The normally acceptable category means
that the housing site may be acceptable (discretionary) if special acoustic
treatment, such as an acoustic barrier, is used to reduce the noise level at the
site. Also, the builder would need to assure the authorities that the indoor
noise level would not exceed 55 dBA for more than 60 minutes or not exceed
45dBA for more than 8 hours per day.

Example 6-8. The noise levels on the A-scale in a normal suburban area
are given in Table 6-18. Determine the noise pollution level for the environ-
mental noise and the HUD category for the noise.

Ordinarily, date would be gathered over shorter time periods than 1
hour for a noise impact study, and the data set would be much more exten-
sive than that given in Table 6-18. This problem, however, is designed to
illustrate the principles involved, without getting mired in mountains of
data.

TaABLE 6-19 Environmental Noise Level Criteria (HUD) for New Residential

Construction

Category Description Lyp, dBA(NP)

Clearly acceptable Noise does not exceed 45dBA for 30 <62
minutes in 24 hours

Normally acceptable Noise does not exceed 65dBA for 8 62-74
hours in 24 hours

Normally unacceptable Noise exceeds 65dBA for 8 hours in 74-88
24 hours, or loud repetitive sounds
are present

Clearly unacceptable Noise exceeds 80 dBA for 6 minutes > 88

in 24 hours or exceeds 75 dBA for
8 hours in 24 hours

Source: Schultz (1970).
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The fractions of the entire day at which each sound level occurs may
be calculated as follows:

At 60 dBA: t=4/24 =0.1667

At 55dBA: t =6/24 = 0.2500

At 50 dBA: t =5/24 =0.2083

At 45dBA: t =2/24 =0.0833

At 40dBA: t=17/24 =0.2917

The equivalent sound level is found from Eq. (6-7):
Leq = 1010g;0[(0.1667) 10°° + (0.2500) 10>~ + (0.2083) 10> + - - ]
Leq = 1010g4(272,109) = 54.3dBA

The quantities needed in calculating the standard deviation are determined
as follows:

Et]—(Lj)2 = (0.1667)(60)* 4 (0.2500)(55)* + (0.2083)(50)2 + - - - = 2512.5
Et;L; = (0.1667)(60) + (0.2500)(55) + (0.2083)(50) + - - - = 49.583

The standard deviation for the data may be determined from Eq. (6-11):
o? =2512.5 — (49.583)? = 53.993
o = (53.993)!/? = 7.348 dBA

The noise pollution level is found from Eq. (6-10):
Lyp = 54.3 4+ (2.56)(7.348) = 54.3 4+ 18.8 = 73.1 dBA(NP)

It is noted from Table 6-19 that this value of noise pollution level falls into
the normally acceptable category. It is also noted from the data in Table 6-18
that the noise does not exceed 65dBA at all during the 24-hour period.

6.9 AIRCRAFT NOISE CRITERIA

The noise of automobile and truck traffic along a freeway is relatively uni-
form, with a few highs and lows in the noise level. On the other hand, the
noise due to the fly-over of aircraft from an airport is neither constant nor
uniform, even near the airport. Some large airports have takeoffs and land-
ings as frequently as one every minute or two, whereas smaller airports may
have only one or two takeoffs and/or landings each hour. The intrusive
noise of the aircraft may be as much as 3040 dBA higher than the ambient
noise, in contrast to ground traffic noise. The intrusive noise for aircraft is
often more annoying than the more steady ground traffic noise, so different
methods have been examined to determine the effect of aircraft noise.
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6.9.1 Perceived Noise Level

The perceived noise level, Lpy, was developed as a single-number rating of
annoyance to noise, or aircraft noise, in particular (Kryter, 1959). The
perceived noise level is developed from contours of equal perceived “‘noisi-
ness”’ (Kryter and Pearsons, 1963). The units for the equal “noisiness”
contours is called noys, in analogy with an older procedure of determining
contours for equal “loudness” in somnes (Fletcher and Munson, 1933;
Stevens, 1972). The numerical values of the noys are selected such that a
noise of 4 noys is perceived as four times as “noisy’’ as a noise of 1 noy. The
conversion data needed for converting from octave band sound pressure
level measurements to an effective noy value are given in Table 6-20
(Pinto, 1962).

The procedure to obtain an effective perceived noise level, Lgpy,
dB(PN), from experimental octave band sound pressure level data is as
follows. First, the octave band data is converted to noys using Table 6-20.
Next, the effective noy value N, is calculated from the following expression:

Ne = 035N, 4 0.7Npa (6-13)

TABLE 6-20 Contours of Equal Noisiness N, in noys

Octave band center frequency, Hz

N,noys 63 125 250 500 1,000 2,000 4,000 8,000

1 60 51 44 40 40 32 29 37
2 67 59 53 50 50 42 39 44
3 72 64 59 56 56 50 44 49
5 77 71 66 63 63 55 52 57
10 85 79 75 73 73 65 62 67
15 90 85 81 79 79 71 68 73
20 94 89 85 83 83 75 72 77

30 100 95 91 89 89 81 78 83
40 104 99 95 93 93 87 82 87
50 108 103 99 96 96 89 86 91
60 110 105 101 99 99 91 88 93
80 114 109 105 103 103 96 93 98
100 117.5 112.5 108.5 106.5 106.5 99 9 101
150 123 118 114 112 112 105 102 107
200 127.4 1224 1194 1164 1164 109 106 111
300 133.3 128.3 124.3 1223 1223 115 112 117

Source: Pinto (1962).

Copyright © 2003 Marcel Dekker, Inc.



The first term is the sum of the noy values for the octave bands, and N,
is the largest noy value in all of the octave bands. Finally, the effective
perceived noise level, Lgpy, is determined from the following relationship:
10log;y Ne

log(2)

It is noted that an increase of 10 dB(PN) is equivalent to a doubling of the
noisiness in noys.

Lppy =40 + (6-14)

Example 6-9. The sound level spectrum for a single fly-over at a particular
location around an airport is given in Table 6-21. Determine the effective
perceived noise level for the noise.

The noisiness values corresponding to each octave band sound pres-
sure level are determined from Table 6-20 and listed in Table 6-21. The
largest noy value or N, value is 74 noy; this occurs in the 250 Hz octave
band.

The effective noisiness is calculated from Eq. (6-13):

N.=(03)24+47+74+ 56+ ---)+ (0.7)(74) = (0.3)(327) + 51.8
N, = 1499 noy

The effective perceived noise level is found from Eq. (6-14):
101og,,(149.9)

L =40
BN = T 00

=40+ 72.2 =112.2dB(PN)

6.9.2 Noise Exposure Forecast

The noise exposure forecast (NEF) was developed to determine the land-use
compatibility around a commercial (not military) airport with the noise
generated by the aircraft using the airport (Galloway and Bishop, 1970).
The aircraft noise is usually much more significant than any other noise
source for those people living in the vicinity of the airport.

TaBLE 6-21 Data for Example 6-9

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

L,(OB), dB 97 102 104 98 90 85 80 76
N;, noy 24 47 74 56 32 40 35 19

# Npax value.
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For a specific class of aircraft (i) on one of the flight paths (/) of the
airport, the noise exposure forecast, NEF(J,j), is related to the effective
perceived noise level, Lgpn(i,j), and the number of daytime and nighttime
flights, Np and Ny. A landing is considered as one “flight,” and a takeoff is
considered as another “flight” in determining the NEF:

NEF(i, /) = Lgpn (i, /) + 101ogo[Np (7, /) + 16.67TNN(Z, )] — 88 (6-15)

The value of Np(i,j) is the number of flights between 7:00 a.m. and 10:00
p-m. (daytime), and Nn(7, ) is the number of flights between 10:00 p.m. and
7:00 a.m. (nighttime), for a particular class of aircraft (/) and a specific flight
path (). The factor 16.67 arises from the fact that the ratio of daytime hours
to nighttime hours is (15/9) = 1.667, and the noise during the nighttime
hours is weighted as 10 times as important as the daytime noise. The con-
stant 88 is arbitrary; however, it was introduced to avoid confusion between
the NEF and the composite noise rating, used previously for rating aircraft
noise effects.

Values for the effective perceived noise level for various types of air-
craft and the detailed method for calculation of this parameter from mea-
surements are outlined in the literature (Pearsons and Bennett, 1974).

The NEF value at a specific location adjacent to the airport is found
by adding (energywise) the NEF(i, j) for each class of aircraft along each
flight path:

NEF = 101log,, |:Z Z IONEF(i,j)/10:| (6-16)

! J

For a rough approximation (within +3 dBA), the NEF can be calculated
from measured values of the day—night level (EPA, 1974):

Noise exposure forecast contours have been used by HUD in evaluat-
ing prospective land use around airports. The report on the determination of
the NEF contours is usually included in environmental impact studies deal-
ing with the noise from the aircraft operations around an airport area.
Representative land-use compatibility recommendations are given in
Table 6-22. The criteria of the U.S. Department of Housing and Urban
Development (HUD) are shown in Table 6-23 (HUD, 1971).

The detailed construction of the NEF contours for a specific airport is
a time-consuming process. An approximate procedure has been developed
to estimate the location of the NEF-30 and NEF-40 contours, based on the
flight schedules for the airport (HUD, 1971). The dimensions of the approx-
imate NEF-30 and NEF-40 contours are illustrated in Fig. 6-4. The numer-
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TABLE 6-22 Land-Use Compatibility as a Function of
the Noise Exposure Forecast (NEF)

NEF
Land use <24 24-30 30-40 >40
Residential S S Q? U
Commercial; industrial S S S U
Hotels, offices, public buildings S S Q° U
Schools, hospitals, churches S Qb U U
Theaters, auditoriums Q U U

S = satisfactory; Q = questionable; U = unsatisfactory.
#Individuals may complain, and some may complain vigorously.
New single-family dwelling construction should be avoided.
Noise control features must be included in the building design
for apartment buildings.

Construction should be avoided unless a detailed analysis of
noise control requirements is made and the building design
contains the required noise control features.

°A detailed noise analysis is required for any auditorium where
music is to be played.

Source: HUD (1971).

TaBLE 6-23 HUD Site Acceptability Categories as Related to Airport Noise

Category Location of the site from the runway center point

Clearly acceptable Outside the NEF-30 controur, at a distance equal to
or greater than the distance between the NEF-30
and NEF-40 contours

Normally acceptable  Outside the NEF-30 contour, at a distance less than
the distance between the NEF-30 and NEF-40
contours

Normally acceptable  Between the NEF-30 and NEF-40 contours
Clearly unacceptable ~ Within the NEF-40 contour

Source: HUD (1971).
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FIGURE 6-4 Description of dimensions used to determine the approximate location
of the NEF-30 and NEF-40 contours. (From HUD, 1971.)

ical values of the dimensions L and W are given in Table 6-24. The number
of “effective” flights considers the weighting of noise due to the nighttime
flights:

Ngr = Np + 16.67Ny (6-18)

The application of this approximate procedure is illustrated in the following
example.

It has been observed (Beranek, 1971, p. 583) that the simplified or
approximate procedure is conservative; i.e., the NEF contours according
to the approximate method are larger than those determined through a
more detailed analysis. For this reason, the simplified approach should be

TABLE 6-24 Dimensions for NEF Contour

Approximation
NEF-30 NEF-40
Effective number
of flights, Ngg® w L w L
0-50 1000 ft 1 mile 0 0
(305m) (1.6km)
50-500 0.5 mile 3 miles 1000ft 1 mile
(0.8km) (4.8km) (305m) (1.6km)
500-1,300 1.5 mile 6 miles 2000ft 2.5 miles
(2.4km) (9.7km) (610m) (4.0km)
>1,300 2 miles 10 miles 3000ft 4 miles

(3.2km) (16.1km) (915m) (6.4km)

“The effective number of flights Ngp = Np + 16.67Ny
Source: HUD (1971).
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used only for preliminary planning, and the detailed analysis should be
utilized for more detailed planning purposes (Schultz, 1970).

Example 6-10. A small airport has two main runways: (a) an east—west
runway, which is 3 miles (4.83km) long, and (b) a north-south runway,
which is 2 miles (3.22km) long. The runways cross at a distance of 0.75
miles (1.21 km) from the west end of the east—west runway and 0.75 miles
(1.21 km) from the south end of the north—south runway, as shown in Fig.
6-5. There are 90 daytime flights (takeoffs plus landings) and 12 nighttime
flights during each 24-hour period. Determine the location of the NEF-30
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FIGURE 6-5 Diagram for Example 6-10.
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and NEF-40 contours, using the approximate method. Also, determine the
limit for the HUD clearly acceptable category for land use.
The equivalent number of flights is found from Eq. (6-18):

Ngp = 90 + (16.67)(12) = 90 + 200 = 290 flights

The dimensions for the NEF contours are found from Table 6-24:
NEF-40: L = 1 mile (1.6 km) and W = 1000 ft (305 m)
NEF-30: L = 3 miles (4.8 km) and W = 0.5mile (0.8 km)

These contours are shown in Fig. 6-5.
The limiting line for the HUD ““clearly acceptable” category is found.
The difference between the NEF-30 and NEF-40 contours is as follows:

AL =3 —1=2miles(3.2km)
AW = 2640 — 1000 = 1640 ft = 0.311 mile (0.500 km)

The dimensions of the limiting line (measured from the runway) are as
follows:

L =342 = S5miles (8.0 km)
W =0.50 +0.311 = 0.811 miles = 4280 ft (1.30 km)

PROBLEMS

6-1. In a certain work area, 25 people of age 30 years have been exposed
to a sound level of 105 dBA during the 8-hour working day over the
previous 12 years. How many of the workers would be expected to
suffer a noise-induced permanent threshold shift of 25dB or more?
For the males in the group, what would the permanent threshold
shift be at 1000 Hz due to aging alone?

6-2. During a typical working day (8 hours), a worker in a shop must
spend 2 hours operating a punch press, where the sound level is
97dBA. The worker spends 4 hours preparing stock for the punch
press in a space where the sound level is 92 dBA. The remainder of
the day is spent in other work activities in an area where the sound
level is 75dBA. (a) Is this noise exposure in compliance with the
OSHA regulations? What is the noise exposure dosage? (b) If the
exposure is not in compliance, the worker may be allowed to spend
more time on other work activities in the 75 dBA area and less time
around the punch press. What is the maximum time that the worker
can be allowed to work around the punch press in order to comply
with OSHA regulations? If the exposure is in compliance, the worker
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may be allowed to spend more time around the press. If this is the
case, how much time can the worker spend around the press and still
be in compliance with the OSHA regulations?

6-3. In a textile mill, workers spend 2 hours preparing stock in an area
where the sound level is 92 dBA, and 2 hours 40 minutes around the
machine area. The remainder of the 8-hour day is spent in an area
where the sound level is 70 dBA. Determine the maximum sound
level around the machine area that is allowable according to the
OSHA criteria.

6-4. A worker is exposed to a sound level of 100 dBA for 30 minutes in a
metal forming area; then the worker spends 3 hours in a stock pre-
paration room. The remainder of the 8-hour day is spent in the
stockroom, where the noise level is 65 dBA. Determine the maximum
allowable sound level in the stock preparation room for the worker
to be in compliance with the OSHA criteria.

6-5. The data given in Table 6-25 were obtained in a shop room around a
Summit punch press. Determine (a) the speech interference level and

TABLE 6-25 Data for Problems

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000 8,000

Data for Problems 6-5 and 6-8—shop room:
L,(OB),dB 46 48 59 63 6l 58 58 56
Data for Problems 6-6 and 6-9—office:

L,(OB),dB 46 43 41 39 36 36 33 32
Data for Problem 6-7—Ilibrary:

L,(OB),dB 60 57 54 47 40 35 26 20
Data for Problem 6-10—transformer:

L,(OB),dB 47 51 45 41 41 35 32 24
Data for Problem 6-11—cooling tower:

L,(OB),dB 70 71 69 67 60 55 47 41
Data for Problem 6-12—incinerator:

L,(OB),dB 71 82 75 73 63 58 50 48
Data for Problem 6-13—aeration system:

L,(OB),dB 70 60 54 51 50 53 49 44

Data for Problem 6-19—machine area:
L,(OB),dB 67 71 75 67 63 58 52 49
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6-6.

6-7.

6-10.

6-11.

6-12.

(b) the distance between speaker and listener at which conversation in
araised voice could easily be carried out. Would the given background
noise be satisfactory for carrying out a telephone conversation?

The measured octave band sound pressure levels in an office are
given in Table 6-25. Determine (a) the speech interference level
and (b) the distance between female workers at which a conversation
in a normal voice could be carried out.

The measured octave band sound pressure levels inside a library
reading room are given in Table 6-25. The noise is due to a centri-
fugal ventilating fan. Determine the speech interference level and
balanced noise criterion rating for the library room. Determine
whether the acoustic environment would be satisfactory for “good
listening” conditions for a library.

. Determine the balanced noise criterion rating for the background

noise in the shop room given in Table 6-25. Is this value for NCB
suitable for a shop area?

. Determine the balanced noise criterion rating for the background

noise in the office given in Table 6-25. Is the background noise
level satisfactory for large offices or reception areas? Would there
be any problem with “hissy”’ sounds or “rumbly” sounds in the
background noise?

An electric utility company is planning to construct a transformer
station in a rural area. The expected noise spectrum due to the
transformer noise at the property line is given in Table 6-25. The
transformer noise involves no pure-tone components, and the trans-
former will be operating day and night year-round. There are no
impulsive noises involved. Determine the composite noise rating
and the probable community reaction to this noise source, based
on the environmental noise rating.

A cooling tower has the sound level spectrum given in Table 6-25 at
the property line of a plant. The cooling tower noise involves no
pure-tone components, and the noise is continuous from the tower
when it is operating. The tower is operated only during the daytime
and the evening, and the tower is turned off at night. The cooling
tower is operated year-round, and the sound is non-impulsive. The
tower is located in a residential area where there are some businesses
present. Determine the composite noise rating for the tower noise
and the anticipated community reaction to the cooling tower noise.
An outdoor incinerator produces the sound pressure level spectrum
given in Table 6-25 at the property line of a nearby residence. The
incinerator noise has no pure-tone components and is non-impulsive.
The unit is in operation all day from 7:00 a.m. to 10:00 p.m. year-
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round, and the noise is emitted five times per hour, on the average.
The incinerator is located in a residential area that does contain
some business in the area. Determine the composite noise rating
and the anticipated community reaction to the incinerator noise.

6-13. Your company has installed an aeration system at a waste treatment
plant outdoors. Some residents in the neighboring suburban area
have initiated a lawsuit, charging that the noise is excessively annoy-
ing. The noise does involve pure-tone noise, but there is no impulsive
noise emitted. The noise is continuous in nature, and is present year-
round, all day and all night. The measured octave band sound
pressure levels at the nearest resident’s property line are given in
Table 6-25. Determine the community composite noise rating.
Based on the anticipated reaction of the “average person’ to the
noise, would the lawsuit be definitely justified?

6-14. At a certain location, the measured A-weighted sound levels are as
follows:

7:00 a.m. to 1:00 p.m., L, =50dBA
1:00 p.m. to 5:00 p.m., L, =55dBA
5:00 p.m. to 7:00 p.m., Ly =60dBA
7:00 p.m. to 10:00 p.m., L, =45dBA
10:00 p.m. to 7:00 a.m., L, =40dBA

Determine the day—night level at the given location.

6-15. At a proposed building site, the measured A-weighted sound levels
are as follows:

7:00 a.m. to 4:00 p.m., L, =60dBA
4:00 p.m. to 10:00 p.m., L, =50dBA
10:00 p.m. to 7:00 a.m., L, =40dBA

Determine the day—night level at the proposed building site.

6-16. A noise impact study was made at the site of a proposed housing
complex. The source of noise is the traffic from a nearby interstate
highway. The noise involves no pure-tone components or impulsive
sounds. The housing complex is located in an urban residential area,
and the people do have some prior experience or exposure to the traffic
noise. The traffic noise will be present year-round. The measured A-
weighted sound levels for the site are given in Table 6-26. Determine
the day—night level at the site location. Based on the day—night level,
determine the anticipated community response to the noise.
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TABLE 6-26 Data® for Problem 6-16

Daytime Nighttime

Time Ly, dBA  Time L, dBA Time Ly, dBA

7:30 a.m. 56 1:30 p.m. 59 10:30 p.m. 53
8:30 a.m. 58 2:30 p.m. 59 11:30 p.m. 52
9:30 a.m. 58 3:30 p.m. 59 12:30 a.m. 50
10:30 a.m. 59 4:30 p.m. 59 1:30 a.m. 48
11:00 a.m. 60 5:30 p.m. 59 2:30 a.m. 48
12:30 p.m. 59 6:30 p.m. 57 3:30 a.m. 48
7:30 p.m. 55 4:30 a.m. 48
8:30 p.m. 53 5:30 a.m. 50
9:30 p.m. 53 6:30 a.m. 54

“The data are the energy-averaged values for the hour, i.e., the value for
7:30 a.m. corresponds to the energy-averaged noise level from 7:00 a.m.
to 8:00 a.m.

6-17. Determine the noise pollution level for the noise given in Problem
6-14. In which HUD land-use category would this environmental
noise fall?

6-18. For the housing noise impact study given in Problem 6-16, determine
the noise pollution level. In which category does the environmental
noise fall, in terms of the HUD criteria?

6-19. The octave band sound pressure levels measured around a machine
area are given in Table 6-25. For this noise spectrum, determine the
effective “‘noisiness” in noys and the effective perceived noise level
dB(PN).

6-20. A small airport has two runways, as shown in Fig. 6-6. The east—west
runway has a length of 11,880 ft (2.25 miles or 3.62 km). The second
runway makes an angle of 60° with the east-west runway, and its
length is 7920 ft (1.50 miles or 2.41 km). There are 40 daytime flights
and 6 nighttime flights during each 24-hour period for the airport.
Plot to scale (1in = 1 mile) the NEF-30 and NEF-40 contours for
the airport. A proposed building site is located 3960 ft (0.75 miles or
1.21km) due north of the east end of the east-west runway.
Determine the HUD site acceptability criterion for the location of
the proposed building site.

Copyright © 2003 Marcel Dekker, Inc.



2.25 miles —————I

FIGURE 6-6 Diagram for Problem 6-2.
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7

Room Acoustics

Room acoustics has been of interest since man first began to gather in
auditoriums and churches. There was little information about the technical
design of interior spaces for effective acoustic behavior until the beginning
of the 20th century when Wallace Clement Sabine (Sabine, 1922) made
extensive experimental studies of the acoustical properties of rooms, such
as the Boston Symphony Hall. He developed empirical relationships to
allow the designer to determine the amount of acoustic treatment required
to achieve the desired acoustic behavior of the room.

In this chapter, we will examine the techniques that may be used to
limit reverberation of sound in a room or to control the steady-state sound
level in a room. The design of acoustic enclosures and acoustic barriers will
also be considered.

7.1 SURFACE ABSORPTION COEFFICIENTS

7.1.1 Values for Surface Absorption Coefficients

Sound-absorbing materials are used to reduce the sound levels in a room or
to reduce the reverberation, if either of these quantities are excessive. As will
be discussed in Sec. 7.3, surface absorption materials do not change the
sound coming directly from the source to the receiver. Instead, the surface
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treatment affects sound that has been reflected at least one time from the
surfaces of the room. This sound is associated with the reverberant sound
field.

The surface absorption coefficient « is defined as the ratio of the acous-
tic energy absorbed by the surface to the acoustic energy striking the surface:

Wabs

o= W (7-1)
The energy absorbed at the surface may be transmitted through the material
or may be dissipated within the material.

The surface absorption coefficient is generally a function of the
frequency of the incident sound wave. Some representative values of the
surface absorption coefficient for various interior surfaces are given in
Appendix D.

The effect of people and furniture in a space is given by the product of
the surface absorption coefficient and the area («.S), because the surface area
of a person or chair is not always easy to determine. Values for this quantity
are also given in Appendix D.

7.1.2 Noise Reduction Coefficient

In some cases, it is desirable to have a single-number rating to use in com-
paring the acoustic absorbing qualities of different materials. It is generally
better to have available the spectrum of values (surface absorption coeffi-
cient as a function of frequency) for design purposes, however. The noise
reduction coefficient (NRC) may be used for rough comparison of acoustic
absorbing characteristics.

The noise reduction coefficient is defined as the average of the surface
absorption coefficients in the 250 Hz, 500 Hz, 1000 Hz, and 2000 Hz octave
bands. By convention, the NRC values are always rounded off to the nearest
0.05. For example, let us determine the NRC value for 1-inch thick fiber-
glass formboard. Using the values from Appendix D, we find the following:

NRC = (1/4)(0.34 + 0.79 + 0.99 + 0.93) = 0.7625

After rounding this value off to the nearest 0.05, we find the noise reduction
coefficient for the formboard:

NRC =0.75

The value of NRC-0.75 gives a rough measure of the effectiveness of
the insulation in abosrbing sound; however, there is no indication that the
material is actually more effective for high-frequency sound than for low-
frequency sound.
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7.1.3 Mechanism of Acoustic Absorption

When selecting acoustic materials for noise reduction, it is important for the
designer to be aware of the mechanisms involved in absorption of the
acoustic energy in the material. In addition, it is important to know the
frequency distribution of the sound in the room, in order that the appro-
priate sound absorbing material may be matched with the acoustic field. A
different material would be selected to absorb low-frequency sound than
would be chosen to absorb high-frequency sound, generally. Let us consider
three cases.

Porous felt-like sound absorbing materials are commercially available
as mats, boards, or preformed components. Materials of manufacture
include glass fibers, mineral or organic fibers, textiles or open cell foams,
usually polyurethane foams. Representative curves for a porous felt-like
material are shown in Fig. 7-1. It is noted that the absorption coefficient
is smaller at low frequencies (250 Hz or lower), but is near unity at high

ol —f

/ / thiciv.
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FiGure 7-1 Surface absorption coefficient o for formboard, a porous felt-like
material.
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frequencies (1000 Hz or higher). The porous felt-like material is more effec-
tive in absorbing sound at higher frequencies than at lower frequencies.

The mechanism for absorption of acoustic energy for the porous mate-
rials is the fluid frictional energy dissipation between the air and the solid
fibers. At high frequencies, the energy dissipation is larger because the par-
ticle velocity is larger than at low frequencies. The expansion and contrac-
tion of the air within the irregular spaces of the material also result in
momentum losses for the air. The data presented in Fig. 7-1 also illustrate
that the absorption coefficients are larger for the thicker material, which has
more surface area for energy dissipation.

Unperforated panel absorbers involve one or more layers of metal or
plywood with an air space behind the panel. Representative curves for a
plywood panel are shown in Fig. 7-2. It is observed that the absorption
coefficient is larger at the lower frequencies (500 Hz and below). The absorp-
tion coefficient is also larger for the thinner panel. The absorption coeffi-
cient may be increased by placing a porous acoustic absorbing material in
the air space behind the panel.

The absorption for the unperforated panel is related to the transmis-
sion loss for the panel. As discussed in Chapter 4, the transmission loss for a

0.4

\ 3416 -inch
0,3
« NN\

1/4—in,

0.1 ——

T~

o
125 250 500 000 2000 4000

FREQUENCY, Hz

FIGURE 7-2 Surface absorption coefficient « for plywood panel with a 2-inch air
space behind the panel.
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panel in the stiffness-controlled region of acoustic behavior, encountered at
low frequencies, decreases as the frequency is increased.

The absorption characteristics of perforated panels backed by an air
space are illustrated in Fig. 7-3. The graph is shown for 1/2-inch (12.7 mm)
thick perforated plywood panels with 3/16-inch (4.8 mm) diameter holes.
The panel is backed with a 2.25inch (57 mm) air space filled with a porous
acoustic material. The absorption coefficient is largest in the mid-range of
frequencies (250-500 Hz).

When the thickness of the panel is small, the absorption is primarily
due to dissipation of the acoustic energy within the acoustic material behind
the panel. For larger panel thickness, the perforated panel acts as a resonant
cavity-type absorber (Helmholtz resonator). In this case, the absorption is
greatest around the resonant frequency for the cavity. For example, the
resonant frequency for the perforations in the panel with 11% open area
is approximately 300 Hz.

In summary, we see that if we wish to absorb noise mainly in the high-
frequency range (above about 1000 Hz), we should use a porous acoustic
material on the surface. If we wish to absorb sound mainly in the low-
frequency range (below about 250 Hz), we could use an unperforated
panel with an air space behind the panel. For absorption of sound mainly

s T NI\

A \\B

) 0.6 \ \
0.4 \

0.2

0

125 250 500 1000 2000 4000
FREQUENCY, Hz

FiGUuRE 7-3 Surface absorption coefficient « for perforated plywood panel backed
by a porous absorbent material. Curve A, 11% open area; curve B, 16.5% open area.
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in the intermediate frequency range (250—1000 Hz), we would select a per-
forated panel with an absorbent material behind the panel. We would need
to use combinations of these materials for effective absorption of sound over
all frequencies.

7.1.4 Average Absorption Coefficient

In general, the various surfaces in a room will not have the same value of
surface absorption coefficient at the same frequency. In this case, we need to
determine an average value for the absorption coefficient for use in acoustic
design. The appropriate average surface absorption coefficient is the
surface-weighted average:

Xy
So

a= (7-2)
The quantity S, is the total surface area of the room. When people or
furniture are present in the room, the absorption will be increased. To
take this effect into account, the total absorption capacity («S) for the
people and furniture is added in the numerator of Eq. (7-2), but the surface
area of the people and furniture is not included in the total surface area of
the room S, in the denominator.

The subjective acoustic characteristics of a room may be estimated
from the value of the average surface absorption coefficient. The subjective
perceptions are listed in Table 7-1 (Beranek, 1954).

7.2 STEADY-STATE SOUND LEVEL IN A ROOM

When a source of sound is turned on in a room, some of the energy emitted
from the source is absorbed at the surfaces of the room and some energy is
reflected back into the room. Steady-state conditions are usually achieved

TaBLE 7-1 Subjective Acoustic Characteristics of
Rooms

Room characteristic =~ Average absorption coefficient

Dead room 0.40
Medium-dead room 0.25
Average room 0.15
Medium-live room 0.10
Live room 0.05
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after at time on the order of 0.25 seconds for most rooms. For a room
having floor dimensions of 8m x 8§m (26.2ft x 26.2ft), a sound wave
will cross the room in (8 m)/(347m/s) = 0.023 seconds. The sound wave
will cross the room (0.25)/(0.023) = 10+ times in 0.25 seconds. When
steady-state conditions have been achieved, the energy supplied by the
sound source is equal to the energy absorbed by the room surfaces.

For steady-state conditions, we may divide the acoustic field in the
room into two parts, as shown in Fig. 7-4:

1. The direct sound field, which consists of the acoustic energy asso-
ciated with sound waves that have not struck surfaces in the

room.
2. The reverberant sound field, which consists of the remainder of

the energy.

The reverberant sound field is associated with all of the sound waves that
have been reflected one or more times from the various surfaces in the room.

The acoustic energy density associated with the direct sound field is
given by Egs (2-21) and (2-27):

h oW (7-3)

Dp=-"2=
c 472
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FiGURE 7-4 The reverberant and the direct sound fields.
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The quantity Q is the directivity factor for the sound source, W is the
acoustic power radiated by the sound source into the room, r is the distance
between the source of sound and the receiver, and c is the speed of sound in
the air in the room.

To calculate the reverberant sound field, let us consider the element
shown in Fig. 7-5. The acoustic energy contained in the small elemental
volume is equal to the product of the energy per unit volume (acoustic
energy density) and the element volume:

dE = D drdsS (7-4)

The sound power radiated from the small area dS toward the surface
element AS is equal to the change in energy of the element per unit time,
where ¢ = dr/dt.
dE
dW =— = DgcdS (7-5)
dt
For a uniform reverberant sound field, the intensity of the acoustic
energy radiated from the small area dS is the sound power per unit area:

_dW _ DgedS

dl =—=—""——
472 47rr?

(7-6)

M
2
o

8/ »
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Wiz > /////////////%

FIGURE 7-5 Reverberant sound field incident on a small element of the surface of
the room AS.
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The acoustic power incident on the room surface area increment AS from
the small elemental area d.S is the product of the energy per unit area and the
projected area in the direction of the element dS:

dW,, = dI(AS cosb) (7-7)
The differential area on the spherical surface is given by the following
expression in spherical coordinates:

dS = *sin6dode (7-8)

If we make the substitutions from Eqs (7-6), (7-7), and (7-8) and
integrate, we obtain the total reverberant acoustic power incident on the
small surface AS:

D AS 2r /2 )
dwi, :L2 J J sinfcos 0 do de
47y 0 0
dw,, = %DRC AS (7-9)

Assuming a uniform reverberant sound field, we may integrate Eq. (7-9)
over the surface area of the room S, to obtain the total reverberant acoustic
power incident on the room surface:

I/Vin = %DRCSO (7'10)

The acoustic power absorbed by the room surface is given by (W),
according to the definition of the surface absorption coefficient in Eq. (7-1).
In steady state, the acoustic power absorbed is equal to the power that is
supplied by the reverberant sound field:

W1 —a) =aW;, :%DRC&SO (7-11)
We may solve for the reverberant acoustic energy density from Eq. (7-11):

4 W (1l —a) 4W
D=1 =-a _

— 7-12
casS, cR ( )

The quantity R is the room constant, defined by the following expression, for
negligible energy attenuation in the room air:
as,

R =
l—a

(7-13)

The total acoustic energy density in the room in steady state is the sum
of the contributions due to the direct sound field and the reverberant sound
field:

2
D=DR+DD=4W %—W(4+ Q) L (7-14)

¢R " 4mr’c ¢ \R ' 4nm? _p0c2
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The steady-state sound pressure may be found from Eq. (7-14):

4
P2 = PoCW<R + 4]%2) (7-15)

Equation (7-15) may be written in an alternative form by introducing the
acoustic reference quantities:

ﬁ — 4 <i Q ) pOCWref
p fef erf R 47["2 p %ef

(7-16)

This expression may be converted to “level” form by taking log,, of both
sides and multiplying through by 10:

4 Q P Cer
Lp = LW =+ 1010g10<ﬁ+m> + 1010g]0<f (7-17)
T

reverberant direct
|:sound ﬁeldi| |:sound ﬁeldj|
As discussed in Sec. 5.1, the value of the last term in Eq. (7-17) for air at
101.3kPa and 300K is 0.1dB. The final form for the expression for the
steady-state sound pressure level in a room may be written as follows:
4, 0

The room constant R must be expressed in m? units, and the distance
between the source and receiver r must be expressed in m units in Eq. (7-18).

An important observation may be made from Eq. (7-18). The term
(4/R) is associated with the reverberant sound field, which is dependent on
the absorption characteristics of the room. The term (Q/4m'2) is associated
with the sound coming directly from the sound source or the direct sound
field, which is independent of the properties of the room. If the second term
predominates, or if the direct sould field is much larger than the reverberant
sound field, very little reduction in the sound pressure level can be achieved
by adding more acoustic absorptive material to the room surfaces. In fact, it
would be a waste of money and effort to buy and install acoustic material on
the wall or ceiling, for this case. Other noise control techniques, such as using
an acoustic barrier or enclosure, would be required in cases where the direct
sound field is predominating. On the other hand, if the first term predomi-
nates, or if the reverberant sound field is much larger than the direct sound
field, the steady-state sound pressure level can be reduced by adding acoustic
material on the surfaces of the room.
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Example 7-1. A room has dimensions of 6.20m (20.3ft) x 6.00m
(19.7ft) x 3.10m (10.2 ft) high, as shown in Fig. 7-6. The room has one
solid wood door (1.20m x 2.20m or 3.94ft x 7.22ft) in the 6-m wall. The
walls are plaster on lath. The ceiling is %—in acoustic tile on hard backing, and
the floor is covered with a 3/8-in carpet on concrete floor, with no pad. A
machine (sound power levels given in Table 7-2) is located in the room, and
the directivity factor for the machine is Q = 4 for all frequencies. There are
six adults standing in the room. Determine the octave band steady-state
sound pressure level in the room at a distance of 6.00m (19.7 ft) from the
machine.

Let us carry out the calculations for the 500 Hz octave band in detail.
The results for the other octave bands are given in Table 7-2. The surface
absorption coefficients and surface areas are found as follows:

1. Walls:

@, = 0.06

S, = (2)(6.20 + 6.00)(3.10) — (1.20)(2.20) = 75.64 — 2.64

= 73.00 m?
}-——-———— 6.20 m —»—I
—_
B MAacHINE
65.0m
.00 m
® DOOR
REGEIVER
i
3.90 m high

FiGURE 7-6 Diagram for Example 7-1.
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TABLE 7-2 Solution for Example 7-1

Octave band center frequency, Hz

Item 125 250 500 1,000 2,000 4,000
Ly. dB (given) 52 57 60 56 50 43
lo} 0.1709 0.1784 0.2361 0.4034 0.4057 04113
R, m’ 30.93 32.58 46.37 101.5 102.4 104.8
4 0 —8.6 —8.8 —-10.2 —13.2 —13.2 —13.3

101 —+ =

0810 (R * 47Tr2)
Lp(OB), dB 43.5 48.3 499 429 36.9 29.8

2. Door:
a, =0.05

S, = (1.20)(2.20) = 2.64 m>
3. Ceiling:
O3 = 055

S5 = (6.20)(6.00) = 37.20 m*

4. Floor:

ay = 0.21

S, = 37.20m?
5. People:

(aS) = (6 people)(0.44) = 2.64 m>
The total surface area of the room is:
S, = 75.64 + (2)(37.20) = 150.04 m? (1615ft2)

The average surface absorption coefficient at 500 Hz may be found
from Eq. (7-2):
(0.06)(73.00) + (0.05)(2.64) + (0.55)(37.20) + (0.21)(37.20) + 2.64
(150.04)

4.38 +0.132+20.46 + 7.812 +2.64 35424
150.04 ©150.04

a=

=0.2361

o
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The room constant at 500 Hz is calculated from Eq. (7-13):

_ (150.04)(0.2361)

_ 2
006 = 46372m

The steady-state sound pressure level in the 500 Hz octave band is
found from Eq. (7-18):

L, =60+ lOlog10|: 4 (4.0) } +

+
46.372  (47)(6.00)*

L, = 60 + 1010g,(0.08626 + 0.00884) + 0.1 = 60 + (~10.2) + 0.1
L,=49.9dB

It is noted that the sound pressure level could be decreased by adding
sound absorption material on the walls, because the reverberant sound field
contribution (0.08626) is much larger (almost 10 times larger) than the direct
sound field contribution (0.00884).

If we extrapolate the sound pressure spectrum to estimate
L,(63Hz) = 37dB, the overall sound pressure level due to the source is
found as follows:

L, = 101og;,(10>7 + 10* + 10** + ... +10**) = 53.4dB

7.3 REVERBERATION TIME

When the source of sound in a room is suddenly turned off, a certain period
of time is required before the sound energy is practically all absorbed by the
surfaces in the room. For many applications, the duration of this time
period is important for effective use of the space.

Let us consider the room shown in Fig. 7-7. The acoustic energy
density associated with the sound after one reflection is given by the follow-
ing expression:

D, = Dy(1 —a) (7-19)

The quantity D, is the original acoustic energy density before the sound
strikes any walls. The acoustic energy density after the second reflection is
found in a similar manner:

D, =Dl —a@) =D, —a)? (7-20)

By extension, we see that the acoustic energy density in the room after n
reflections is given by the following expression:

D, = D,(1 — &)n (7-21)
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FIGURE 7-7 Reverberant sound field after the sound source has been turned off for
various numbers of reflections.

The time between one reflection and the next reflection is related to the
speed of sound c¢:

t=dJc (7-22)

The quantity d is the mean free path of the sound wave, or the average
distance that the sound travels before being reflected. The mean free path
is given by the following expression for a room (Pierce, 1981):

d=4Vv/S, (7-23)

The quantity V is the total volume of the room. Making the substitution
from Eq. (7-23) for the mean free path into Eq. (7-22), we obtain the follow-
ing relationship for the time between reflections:

4V

t = 7-24
=5 (7-24)
The total time ¢ after n reflections is given by the following:
4V
t=nt) =2 (7-25)
¢S,

The number of reflections n during the time ¢ is found from Eq. (7-25):

¢Syt
n—

o (7-26)
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The expression for the acoustic energy density in the room as a func-
tion of the time after the source of sound has been turned off may be found
by combining Eqs (7-21) and (7-26):

D = Dy(1 — a)See/4M1 (7-27)

We may write the term involving the average surface absorption coefficient
in the following form:

1
(1 — &) =exp[ln(l — a)] = exp |:— 1n<1 &>:| (7-28)
The acoustic energy density in Eq. (7-27) may be expressed in the following
alternative form:

D = D, exp(—cat/4V) (7-29)

The quantity «a is called the number of absorption units and is defined by the
following expression:

a=S, ln( ! _) (7-30)
l—a

In architectural work, if the units of the surface area are expressed in
ft’, then the units for the absorption are called sabins, in honor of W. C.
Sabine, who conducted the initial work in laying a foundation for the
rational design for architectural acoustics. On the other hand, if the room
surface area is expressed in m?, the absorption units are sometimes called
mks sabins. To avoid any confusion, we will express the absorption units
directly in units of area.

The acoustic pressure and acoustic energy density are related by Eq.
(2-20):

2
D_P

2
£ _ Po
PoC

and D, =
PoC

(7-31)

The quantity p, is the original acoustic pressure before the sound source
is turned off. Equation (7-29) may be written in terms of the acoustic

pressures:
P’ (p/Pret)’
— = exp(—cat/4V) = ——"= (7-32)
Po (po/pref)

Taking log;, of both sides of Eq. (7-32) and multiplying by 10, we obtain the
following result:

Lyo — Ly = [101og(e)|(cat/4V) = 1.085Tcat/V (7-33)
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The reverberation time T, is defined as the time required for the sound
pressure level to decrease by 60dB. Setting (L,, — Ly) =60dB in Eq.
(7-33), we may solve for the reverberation time, t = T:

_ 55.26V

T, (7-34)
ca

This expression is called the Norris—Eyring reverberation time (Eyring, 1930),
which is a modification of the expression originally developed by Sabine,
who used a = S,a.

If the walls of a room have significantly different surface absorption
coefficients from those of the floor—ceiling combination, sound waves tra-
veling between the walls will decay at a different rate from those traveling in
the vertical direction. To take this phenomenon into consideration, it was
proposed that the number of absorption units be expressed as three terms:
for reflections between the side walls, the end walls, and the floor—ceiling
combination (Fitzroy, 1959). The Fitzroy expression for the number of
absorption units is given by the following expression:

L 1T (5/S0) n (Sy/So) n (S,/S,)
n(1—&)  In(l—a,)  In(l —a,)

a S,

(7-35)

The quantity S, is the side-wall surface area, Sy is the end-wall surface area,
S, is the floor—ceiling area, and S, is the total surface area. The quantities
ay, ay, and a, are the surface absorption coefficients for the side-wall sur-
faces, the end-wall surfaces, and the ceiling—floor area, respectively. If any of
the three average surface absorption coefficients exceed 0.60, the corre-
sponding term, In(1 — @), is replaced by (—a&) for that surface combination.

The effect of people and furniture in the room may be introduced by
adding the absorption capacity of the empty room a,, given by Eq. (7-35), to
the absorption of the people and furniture:

a=da,+ Z(O[S)people (7-36)

It has been shown (Fitzroy, 1959) that the reverberation time cal-
culated from the Fitzroy equation, Eq. (7-35), is in better agreement with
experimental data for rooms with nonuniform absorption than is Eq. (7-30).
For a room in which the average floor—ceiling absorption coefficient (o)
was about 13 times that of the other two combinations, the reverberation
time calculated from Eq. (7-30) was found to be about 25% of the measured
reverberation time, whereas Eq. (7-35) yielded values for the reverberation
time within 3% of the measured values. If the average absorption coeffi-
cients of the surfaces are approximately the same, either relationship will
predict values of reverberation time near that measured.
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A value for the optimum reverberation time may be needed for design
purposes. The optimum reverberation time depends on the usage of the
space (church, music hall, conference room, etc.). An empirical relationship
for the measured reverberation time in acoustically good concert halls and
opera houses (Beranek, 1962) has been developed:

1
L=017 5.4(Sp/V) (7-37)
The quantity Sy is the total floor area (m*) of the audience, orchestra, and
chorus areas, and V' is the volume of the space (m>).
For design purposes, the optimum reverberation time for the 500 Hz
octave band may be estimated from the following empirical expression
(Beranek, 1954, p. 425):

blog,, V

—a+2.3026h1 )
g e =T 3026 blog,, V (7-38)

Tr,opt =da

The quantity V is the volume of the space (m3 ). The numerical values for the
constants a and b are given in Table 7-3A. The reverberation time ratio from
Table 7-3B may be used to estimate the optimum reverberation time for
other octave bands for a room used for music. For rooms involving speech
only, it is recommended that the value for reverberation time at 500 Hz be
used for other frequencies.

Example 7-2. Determine the reverberation time for the 500 Hz octave band
for the room given in Example 7-1. The sonic velocity for the air in the room
(at 21°C or 70°F) is 343.8 m/s (1128 fps).

The average surface absorption coefficient and surface area were
calculated previously:

@=0.2361 and S, =150.04m’

The number of absorption units calculated from Eq. (7-30) is as
follows:

a = (150.04) ln(1

1 5 ‘
m) =40.41'm (or, mks sabins)

The volume of the room is as follows:

V = (6.20)(6.00)(3.10) = 115.32m> (4072 ft%)
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TaBLE 7-3A  Values for the Constants in Eq. (7-38) for
the Optimum Reverberation Time at 500 Hz

Type of space a b
Catholic church; organ music +0.098 1/5
Protestant church; synagogue; concert hall —0.162 1/5
Music studio; opera house —-0.352  1/5
Conference room; movie theater —0.101  2/15
Broadcast room for speech -0.192  1/9

TaBLE 7-3B  Reverberation Time Ratio
[T,0pt(/)/ T},0p(500 Hz)] for Music Rooms

Frequency, Hz Ratio Frequency, Hz Ratio

315 2.40 1,000 1.05

63 1.93 2,000 1.05
125 1.46 4,000 1.05
250 1.13 8,000 1.05
500 1.00

Source: Beranek (1954, p. 426).

Using the Norris—Eyring expression, Eq. (7-34), we may estimate the
reverberation time:

_(55.26)(115.32)

_ — 0.459
P Ga3s)@04An s

Because the floor and ceiling in this example have surface absorption
coefficients that are much different from that of the walls, the Fitzroy rela-
tionship, Eq. (7-35), would probably yield more accurate results for the
reverberation time. The parameters for the side wall (the long wall) are as
follows:

S, = (2)(6.20)(3.10) = 38.44 m>
@, = 0.06

S, /S, = (38.44)/(150.04) = 0.2562
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The values for the end wall (the shorter wall) are as follows:
Sy = (2)(6.00)(3.10) = 37.20 m?
5 = (0.06)(37.20 — 2.64) 4 (0.05)(2.64) _ 2.206
Y (37.20) 37.20
Sy/S, = 0.2479

=0.0593

Finally, the parameters for the floor—ceiling combination are as follows:
S, = (2)(6.20)(6.00) = 74.40 m>
- (0.21)(37.20) 4 (0.55)(37.20) ~ 28.27
L (74.40) - 74.40
S,/S, = 0.4959

=0.3800

The number of absorption units, without the effect of the people and
furniture, is given by Eq. (7-35):

1 1 |:(O.2562) (0.2479) (0.4959) }

a,  (150.04)|In(1 —0.06) ' In(1 —0.0593) ' In(1 — 0.3800)
1 4.1406 +4.0552 + 1.0373  9.2332 5

2 = = 0.06154

P 150.04 150,04 ~ 206154m

a, = 16.250 m*

The effect of the people and furniture may be included by using Eq. (7-36):
a=16.250+2.64 = 18.89m’

The reverberation time for the 500 Hz octave band, using the Fitzroy
relationship, is calculated from Eq. (7-34):

_(55.26)(115.32)
"7 7(343.8)(18.89)

This value for the reverberation time would probably be more nearly
in agreement with measured values for the room, because there will be
sound waves moving between the walls that are not damped out as rapidly
as the sound waves moving between the floor and ceiling.

=0.981s

Example 7-3. Suppose the room in Example 7-2 is a conference room.
Determine the amount of 1-inch fiberglass formboard that must be added
to the walls to reduce the reverberation time at 500 Hz, according to the
Fitzroy relationship, to the optimum value.

The optimum reverberation time may be determined from Eq. (7-38):

Tiopt = —0.101 + (2/15)(2.3026) log,(115.32) = 0.5325
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The number of absorption units required to achieve this reverberation time
is found from Eq. (7-34):

3526V _ (55.26)(115.32)
T T, (343.8)(0.532)

The number of absorption units, excluding the people and furniture, is
found from Eq. (7-36):

a, = 34.842 — 2.64 = 32.202m>

= 34.842 m”’

There are several approaches that could be used in this case.
Generally, it is better to distribute the sound absorption material than to
concentrate the material on one surface. Let us determine the amount of
formboard required to make the average surface absorption coefficients
for the side walls and the end walls equal. Using the Fitzroy expression,
Eq. (7-35), we obtain the following values:

111 [(0.2562 +0.2479) (0.4959)
ag 32202 (150.04) In(l — &) In(1 — 0.3800)
0.5041
4.6593 = “mi—a* 1.0373

I —a=0.8701 or, ay = ay, = 0.1299

At 500 Hz, the surface absorption coefficient for fiberglass formboard
is a5 = 0.79, from Appendix D. The required surface area S5 covered by the
formboard on the side walls may be found from the following expression:

a, Sy = (0.1299)(38.44) = (0.06)(38.44 — S5) + 0.79.S;

4.9934 — 2.3064
(0.79 — 0.06)

If the formboard is distributed evenly on both walls, the required surface
area per wall is as follows:

1S5 = 1.840m? (19.81 ft?)

Ss = = 3.680m? (39.61 ft?)

This is a little less than 10% of each side-wall surface area, so it would be
practical (and possible) to add the formboard to the side walls.

Similarly, the required area of formboard Sg on the end walls to
achieve the desired average surface absorption coefficient is found as
follows:

&Sy = (0.1299)(37.20) = (0.06)(34.56 — Sg) + (0.05)(2.64) + 0.79S;

48323 —2.0736 — 0.1320

2 2
= = . . f
S 079005 3.598 m* (38.7ft?)
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If half of the area is placed on each end wall, the amount of one end wall
covered by the formboard is as follows:

1Sg = 1.799m* (19.4t%)

This area is also about 10% of each end-wall surface area, so it would be
possible to add the acoustic material on the end wall.

7.4 EFFECT OF ENERGY ABSORPTION IN THE
AIR

As was discussed in Sec. 4.12, the effect of dissipation of acoustic energy in
the air through which the sound wave is moving is generally important only
for high-frequency sound and for sound transmitted over large distances.
The same behavior is observed for sound transmitted in rooms. In this
section, we will consider the effect of dissipation of energy in the air in a
room on the steady-state sound level and on the reverberation time.

7.4.1 Steady-State Sound Level with Absorption
in the Air

In addition to the energy absorbed at the walls, there is an attenuation of the
sound due to absorption in the volume of air in the room. This effect also
modifies the energy from the reverberant field. Equation (7-11) may be
written in the following form to include these effects:

Wl —a)e ™ =aW, +(1 —e "YW, =L DreSy(1 +a@— e
(7-39)

The quantity d is the mean free path of the sound wave, given by Eq. (7-23),
and m is the energy attenuation coefficient. The first term on the left side of
Eq. (7-39) represents the energy delivered to the reverberant field or the
energy that has not been absorbed after striking the walls or passing through
the air before striking the walls. We may solve for the reverberant acoustic
energy density, including the effect of energy absorption in the air:

AW —a)e™ 4w
= _

= =— 7-40
eSo(l1+a—e™)  ¢R (7-40)

The room constant, including the effects of air attenuation, is given by the
following expression from Eq. (7-40):

_ So(l+a— e~ )

R
(1—ae™

(7-41)

Copyright © 2003 Marcel Dekker, Inc.



In general, the term md is usually small for rooms. As an example, the
energy attenuation coefficient for air at 25°C (77°F) and 60% relative
humidity at 2000 Hz is m = 2.16km ™" = 0.00216m ™', from Table 4-8. Let
us consider a room having dimensions 30m x 15m x Sm high (98.4ft x
49.2ft x 16.4ft). The volume is V¥ =2250m’, and the surface area is
S, = 1350 m?, so the mean free pathis d =4V/S, = 6.667 m. The quantity
md = (0.00216)(6.667) = 0.0144. For small vlaues of md, we may expand
the exponential expression and approximate the exponential by the first two
terms in the series:

e =1—md—---~1—4mV/S, (7-42)

If we make the substitution from Eq. (7-42) for small md (or md < 0.20)
into Eq. (7-41), we obtain the following expression for the room constant:
So(a+4mV/S,)
l—a—(@4mV/S,)
The direct sound field is also affected by the attenuation in the air in

the room. The modification of Eq. (7-3) to include energy attenuation effects
is as follows:

W —mr
P QW

R=

(7-43)

dmer? (7-44)
If the value of the parameter mr is less than about 0.10, the exponential in
Eq. (7-44) is approximately unity and may be neglected. In the previous
example, this would correspond to a distance between the sound source
and receiver of » = 0.10/0.00216 = 46.3 m (152 ft).

The total acoustic energy density is the sum of the reverberant field,
Eq. (7-40), and the direct field, Eq. (7-44):

w4 Qefmr pZ
()

The corresponding sound pressure level may be found by introducing the
reference pressure and reference power, then taking log,, of both sides of the
resulting expression and multiplying by 10:

(7-45)

4 e "

Equation (7-43) must be used to evaluate the room constant, if air attenua-
tion effects are to be included.

Example 7-4. Determine the octave band sound pressure levels for the
500 Hz and 4000 Hz octave bands for the room given in Example 7-1, if
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air attenuation is considered. The air in the room is at 21°C (70°F) and 50%
relative humidity.

From Table 4-8, we find the following values for the energy attenua-
tion coefficient:

m=0.39km™" at 500 Hz and m = 6.11km™" at 4000 Hz.
For a frequency of 500 Hz, the dimensionless parameter is as follows:
4mV /S, = (4)(0.39)(107*)(115.32)/(150.04) = 1.20 x 107>

The room constant is found from Eq (7.43):

_(150.04)(0.2361 + 0.0012)
T 1-0.2361 —0.0012

The exponential factor in the direct sound field expression is as follows:

e = exp[—(0.39)(107°)(6)] = exp(—0.00234) = 0.9977

= 46.68m>

The octave band sound pressure level for the 500 Hz octave band is as
follows:

4 4)(0.9977

46.68  (47)(6)
L,(500Hz) = 60 + (—10.2) + 0.1 = 49.9dB

If we repeat the calculations for the 4000 Hz octave band, we obtain
the following values:

4mV /S, = 0.01878
R=11323m?
e =0.9640
L,(4000 Hz) = 43 4 (—13.6) + 0.1 = 29.5dB
It is observed that the effect of air attenuation is negligible (less than
0.1dB) in the 500 Hz octave band and is essentially negligible (about 0.3 dB
difference) for the 4000 Hz octave band, in this example. If all the room

dimensions were increased by a factor of 10, then the air attenuation would
be more significant, particularly in the 4 kHz octave band.

7.4.2 Reverberation Time with Absorption in the
Air
The general effect of air attenuation is to decrease the reverberation time,

since there is an additional mechanism (air attenuation) present to remove
energy from the acoustic field. If we include the effect of air attenuation, Eq.
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(7-19) for the acoustic energy density after the first reflection would be
modified as follows:

D, =D,(1—a)e™ (7-47)
The acoustic energy density after the second reflection is found similarly:

D, =D(1-a)e ™ =D, —a)y e ™ (7-48)
The acoustic energy density after n reflections is given by the following
expression:

D, =Dy(1 —a)'e”"™ (7-49)

If we substitute the number of reflections n from Eq. (7-26) in Eq.
(7-49), the following relationship is obtained for the time dependence of the
acoustic energy density, considering air attenuation:

D= Do(l _ &)(SOC/4V)I e—mcl (7_50)

This expression may be written in the following alternative form:

Sot 1
D=0D, exp[— 04; ln<m> - mcli| (7-51)

If we introduce the number of absorption units a from Eq. (7-30), Eq. (7-51)
may be written in the following form:

D =D, exp[— 40—;/ (a+ 4m V)] (7-52)

The acoustic energy density in terms of the acoustic pressure is given
by Eq. (7-31). If we set the difference between the original sound pressure
level and the sound pressure level after a time 7, (the reverberation time)
equal to 60dB, the following expression is obtained for the reverberation
time, including the effect of attenuation in the air:

55.26V

r = m (7-53)

According to Eq. (7-53), the effect of air attenuation increases the absorp-
tion from a to (a + 4mV’). The effect of air attenuation is more pronounced
for large rooms (large volumes) than for small rooms.

Example 7-5. Determine the reverberation time in Problem 7-2 if the effect
of air attenuation were to be considered. The air in the room is at 21°C
(70°F) and 50% relative humidity. The energy attenuation coefficient at
500Hz is m =0.39km™' and the number of absorption units is a =
18.89 m?, according to the Fitzroy relationship.
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The value of the parameter associated with air attenuation effects is as
follows:

4mV = (4)(0.39)(107%)(115.32) = 0.18 m>
The total absorption may be calculated:
a+4mV =18.89 +0.18 = 19.07m*

The reverberation time, including air attenuation, is found from Eq. (7-53):

_(55.26)(115.32)

I ="Ga3.8)(19.07)

=0.972s

The reverberation time calculated in Example 7-2, neglecting air attenua-
tion, was 0.981s, so the effect of air attenuation in this example is to
decrease the reverberation time by about 1% or about 0.010s.

7.5 NOISE FROM AN ADJACENT ROOM

In the previous material, we have considered the sound field produced by a
source of sound within the room. There are situations where the noise
source may be located in an adjacent room, such as the case of a conference
room adjoining a machinery room. In this case, the acoustic properties of
the adjacent room will influence the steady-state sound pressure level in the
room to be considered. We would like to examine the case of a noise source
in an adjacent room in this section.

7.5.1 Sound Source Covering One Wall

For the case of sound transmitted through a wall into a room, we may
consider the wall itself as a source of sound, as far as the interior of the
room is concerned. The reverberant sound field is independent of the loca-
tion of the sound source, if the sound field may be considered to be diffuse.
The acoustic energy density associated with the reverberant sound field is
given by Eq. (7-12):

4w

RTCR

where quantity W is the acoustic power radiated from the wall, as shown in
Fig. 7-8, R is the room constant, and c is the sonic velocity in the air.

For small distances from the wall, or for r < (S,,/27)"/?, the sound
waves leaving the wall are practically plane waves, where S,, is the surface
area of the wall. For plane sound waves, the acoustic energy density asso-
ciated with the direct sound field is given by the following expression:

(7-54)
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FiGURE 7-8 A wall of area S,, acting as a source of sound.
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The acoustic intensity I is the acoustic power per unit area, W/S,,.
The total steady-state acoustic energy density in the room is the sum of
the reverberant and direct contributions:

w4 1 P’
D=Dn+Dp=—[—-+—)= 7-56
DT PR c(R*SW> Poc® (7-36)

We may solve for the steady-state sound pressure (squared) from Eq. (7-56)
for the case of the receiver located near the wall source:

4 1
P = pocW<E + S—) [for r < (Sy/2m)"?] (7-57)

On the other hand, when the receiver is located a large distance from
the wall, or for r > (S,,/27)"/?, the source of sound (the wall) acts as a
source with a directivity factor Q = 2. In this case, the acoustic energy
associated with the direct sound field is given by the following expression:

b _ow W

D = = 7-58
DT T am?e T 2me ( )
The total acoustic energy density for this case is given as follows:
w4 1 ?
p="AZ4 ) =L fforr=(Sy/2m"] (7-59)
¢ \R 2ur PoC

Copyright © 2003 Marcel Dekker, Inc.



The corresponding steady-state sound pressure (squared) may be found
from Eq. (7-59):

4 1
P =pocW(—+-— [for r > (Sy,/2m)"/?] (7-60)
R 2nr
Both Eqgs (7-57) and (7-60) may be converted to “level” form by
introducing the reference pressure and reference power, taking log;, of
both sides, and multiplying by 10. The final result is as follows:

For r < (SW/271)1/2 :

4 1
Ly=Ly+ 1010g10<§ + S—) +0.1 (7-61)
w

For r > (S,/2m)"*

4 1

In these equations, we have taken the value of the constant term as follows:

101og10<p°"2Verf) —0.1dB
P

ref

We note that the values for the term associated with the direct sound field

are equal when r = (S,,/27)"/* = r*.

7.5.2 Sound Transmission from an Adjacent
Room

The result obtained in the previous section may be applied to the case of
sound being generated in one room (by noisy equipment, for example) and
transmitted through a wall of area S,, into an adjacent room, as shown in
Fig. 7-9. Let us denote the room in which the source of sound is located as
Room (1), and the room in which the receiver (people, for example) is
located as Room (2). The steady-state sound pressure (squared) in the
room with the source of sound may be determined from Eq. (7-15):

4 0
pi= pocW(R1 + W%) (7-63)

Similarly, we have shown that the steady-state sound pressure
(squared) in the other room due to sound transmitted through the wall is
given by Eq. (7-57) or Eq. (7-60):
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FIGURE 7-9 Sound transmitted from an adjacent room through an interior wall.

4 1
D3 = PocWs| o+ [for ry < (Sy/27)"%] (7-64)
R, ' S,
2 4 1 1/2
Py = pocWi| -+ 53 [for ry > (Sy/27) /7] (7-65)
Ry,  2mr;

The sound power transmission coefficient ¢, for the wall is defined by
the following expression:
W, W, WiR

= = = 7_66
@ I/Vin IinSW SW w ( )

The acoustic power transmitted into the second room through the wall
between the rooms may be found from Eq. (7-66):

W2 = atSw W/R] (7-67)

If we substitute this result from Eq. (7-67) into Eqs (7-64) and (7-65),
we obtain the following expressions for the sound pressure (squared):

=W (ﬁ 4 1) [for ry < (Sy,/2m)/] (7-68)
R R,

s poCW (4S Sw

n="%"(% ﬁ)at [for ry > (Sy/27)"?] (7-69)
2

Note that the transmission loss for the wall is defined by Eq. (4-90):
L =10log,(1/a,) (7-70)
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Equations (7-68) and (7-69) may be converted to “level” form as follows:

48
Ly, =Lw — 10log;o(R)) + IOIOgIO(R—:’—i- l) —TL+0.1

[for ry < (Sy/27)"%] (7-71)
Ly, =Ly — 10logy(R;) + 10logy, ﬁ—i-s—wz —TL+0.1
Ry,  2mr;
[for ry > (Sy/27)"%] (7-72)

The sound pressure level in the first room, the room with the noise
source, is given by Eq. (7-18):

4 0

The designer has several choices to produce a noise reduction in the
room adjacent to the room with the noise source, including:

1. Increase the room constant R; for the room containing the sound
source. This approach reduces noise in the adjacent room
(Room 2) by reducing the reverberant noise before the sound
is transmitted through the wall. If all other factors remain
unchanged, increasing the average surface absorption coefficient,
for example, from 0.10 to 0.20in Room 1, will increase the room
constant by a factor of 2.25 and decrease the sound pressure level
in Room 2 by about 3.5dB.

2. Increase the room constant R, for the adjacent room by adding
acoustic treatment to the room surfaces, for example. If all other
factors remain unchanged, increasing the average surface absorp-
tion coefficient from 0.10 to 0.20 in Room 2 will increase the
room constant by a factor of 2.25 and decrease the sound pres-
sure level in Room 2 by about 1.5dB near the separating wall
and up to about 3.5dB far from the wall.

3. Increase the transmission loss for the wall between the two
rooms. In many situations, this approach results in the most
significant noise reduction. For example, if the wall thickness is
doubled, the transmission loss will be increased by 6 dB and the
sound pressure level in Room 2 will be decreased by 6 dB.

4. The sound pressure level in Room 2 can also be reduced by
reducing the sound power level for the sound source in Room
1. This approach may not always be feasible.
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Example 7-6. A Jordan refiner used in a paper mill is located in a room
having a total surface area of 900 m” (9688 ft*) and an average absorption
coefficient of 0.05. The refiner has a sound power level of 105dB and a
directivity factor of 2.0. The refiner is located 4m (13.1ft) from the wall
of the operator’s room. The operator’s room has a total surface area of
100m? (1076 ft*) and an average surface absorption coefficient of 0.35.
The transmission loss for the wall between the refiner room and the oper-
ator’s room is 30 dB. The surface area of the wall between the two rooms is
16m* (172ft*). The operator is located 1.5m (4.9ft) from the wall.
Determine the steady-state sound pressure level in the refiner room and in
the operator’s room, neglecting the effect of air absorption.

The room constant for the refiner room may be calculated from Eq.
(7-13):

=47.37m’

R _ 51 _ (0.05)(900)
"“1-a 1-0.05

The steady-state sound pressure level in the refiner room is found from
Eq. (7-73):

4 2.0
L, =105+ 101 0.1
pl + 10logyy [47_37 + (471)(4.0)2] +

Ly = 105 + 1010g,5(0.08444 + 0.00995) + 0.1 = 105 + (—10.3) + 0.1
L, =94.8dB

The room constant for the operator’s room is as follows:

@S,  (0.35)(100)
R, = -

— — = 53.85m’
I—a  1-035 o

Let us calculate the following quantity:
F = (Sy,/2m)* = (16/27)'* = 1.596 m (5.24 ft)

The distance between the operator (receiver) and the wall is as follows:
rp=150m < 1.596 m = r*

The sound pressure level in the operator’s room is found from Eq.
(7-71):

(4)(16)
(53.85)

Ly =105-168+3.4—-30+0.1 =61.7dB

Ly, = 105 — 101og,(47.37) + 1010g10|: + 1} ~30+0.1
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7.6 ACOUSTIC ENCLOSURES

In a room containing a source of noise, such as a piece of machinery,
acoustic treatment of the walls of the room may not reduce the sound
level in the room sufficiently. This is especially true when the direct field
predominates over the reverberant field at the receiver location. When a
reduction in the sound level of more than about 10 dB is required, an enclo-
sure for the noise source is often the most practical solution to control noise
of an existing machine. Reductions in the noise levels by 20-30dB are
common with complete or full machine enclosures. Noise reductions as
high as 50dB may be achieved with special isolation treatment for the
enclosure.

Generally, the only inherent disadvantage, if accessibility to the
machine is not required, is the initial cost of the enclosure. If accessibility
to the machine is required (to feed in material, to make adjustments, etc.),
then a partial enclosure must be used, and careful attention must be directed
to the design of the openings in the enclosure.

Examples of enclosures are shown in Fig. 7-10 (enclosure for an auto-
matic press) and Fig. 7-11 (enclosure for a saw).

VENTILATION

FiGure 7-10 Enclosure for an automatic press.
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FiGure 7-11 Enclosure for a gang rip saw for wood. The cover is 3-inch thick
plywood lined with 1-inch thick polyurethane foam. (From Handbook of Acoustical
Enclosures and Barriers, R. K. Miller and W. V. Motone, 1978. Used by permission
of the Fairmont Press, Inc.)

7.6.1 Small Acoustic Enclosures

An enclosure is considered to be “small’ if the bending wavelength of the
enclosure wall is large compared with the largest panel dimension and if the
wavelength of the sound inside the enclosure is large compared with the
largest interior dimension of the enclosure. The wavelength of the bending
wave is a function of the frequency:

172

The quantity ¢; is the speed of longitudinal waves in the enclosure wall
material, see Eq. (4-156), and /% is the thickness of the enclosure wall. For
practical purposes, the enclosure may be considered to be “small” if the
following condition is met:

L, Lo
max :@ < 0.1 (7-75)
A c

The quantity L., is the largest interior dimension of the enclosure, and ¢ is
the speed of sound for the air in the enclosure.

The enclosure acts to reduce the acoustic power radiated from the
system, as shown in Fig. 7-12. If the acoustic power radiated from the
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Ficure 7-12 Nomenclature for an enclosure.

A

enclosure is denoted by W, the insertion loss (IL) for the system is defined
by the following expression:

IL = 1010g,g(W/Wou) = Lw — Lw.ou (7-76)

For a small enclosure, the air space and the enclosure walls are acous-
tically coupled. In this case, the surface absorption and wall transmission
loss have little effect on the performance of the enclosure. The most impor-
tant factor is the stiffness of the enclosure walls. The power ratio for a small
sealed (no openings) enclosure may be calculated from the following expres-
sion (Vér, 1973):

2
w V,
=1+—2— (7-77)
Wout PoC z:ij

The quantity ¥V, is the volume of air in the enclosure, p, is the density of the
air in the enclosure, ¢ is the speed of sound in the air in the enclosure, and
C,,; are the volume compliances of each of the walls.

The volume compliance of a homogeneous panel with fixed (clamped)
edges is found from the following expression (Timoshenko and Woinowsky-
Krieger, 1959):

_ SWF(B)
w ﬂzB

(7-78)

The quantity S, is the surface area of the panel; 8 = a/b > 1 is the aspect
ratio for the panel, where a is the larger edge dimension of the panel, and b is
the smaller edge dimension of the panel. The quantity B is the flexural
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rigidity for the panel. For a homogenecous panel of thickness /4, with
Young’s modulus £ and Poisson’s ratio o, the flexural rigidity is given by
the following expression:

ER®

B=——
12(1 — 02)

(7-79)
The flexural rigidity for a two-layer panel is given by Eq. (4-184), and the
flexural rigidity of a rib-stiffened panel is given by Eq. (4-190).

The function f(8) in Eq. (7-78) for a panel with clamped edges may be
estimated from the following expression:

F(B) = (3.50/7%){1 + 1.033 tanh[(7/2)(8 — )]} (7-80)

If all of the panels of the enclosure are made of the same material and
have the same thickness /£, the summation for all the walls of the enclosure in
Eq. (7-78) may be written as follows:

12(1 — 6%)

2o =g

It may be observed from Eq. (7-77) that the insertion loss for a small
enclosure is increased if the enclosure walls are made stiffer, since an
increase in the flexural rigidity results in a decrease in the panel volume
complaince. A very small volume compliance of the enclosure panels results
in a large value of the power ratio, W /W, or a small value of the power
radiated from the enclosure, W, relative to the power radiated by the
noise source, W.

A geometry that exhibits higher stiffness than the rectangular box
geometry is a cylindrical body with two hemispherical end caps (Beranek
and Vér, 1992). Insertion losses of as high as 50 dB have been achieved with
this geometry using no absorbing material on the interior of the enclosure.

Another approach to achieving small enclosure wall compliance is to
use a composite material consisting of a honeycomb core between two plates
(Fuchs, et al., 1989). In the research reported by these authors, the plate
facing the noise source had circular openings over each honeycomb cavity,
which produced a resonator element to absorb energy. The plate containing
the holes was covered with a thin membrane to prevent contaminants from
entering the cavities and to provide additional energy dissipation. Insertion
loss values on the order of 20 dB were obtained with a 100-mm thick wall for
the frequency range from 31.5Hz to 8000 Hz.

(Ss,/B)F(B) (7-81)

Example 7-7. A small motor is to be enclosed in a rectangular enclosure
having dimensions 200 mm long x 100 mm wide x 100 mm high (7.87inx
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3.94in x 3.94in). There is no sound transmitted through the floor of the
enclosure, so only the two end walls and three side walls are considered. The
enclosure is constructed of 14-gauge steel sheet, 1.9 mm (0.0747in) thick.
The air volume within the enclosure is 1.50 dm> (91.5in3 ), and the air is at
30°C (86°F), for which p, = 0.859 kg/m? (0.05361b,,/ft*) and ¢ = 349 m/s
(1145 fps). Determine the insertion loss for the enclosure for a frequency of
125Hz.
From Appendix C, we find the following property values for steel:

Young’s modulus, E = 200 GPa (29 x 10° psi)
Poisson’s ratio, o = 0.27
Speed of longitudinal waves, ¢;, = 5110m/s (16,770 fps)

Let us check the condition given by Eq. (7-75) to determine the applic-
ability of the “small-enclosure’ analysis:

fLow (125)(0.200)
- —0.0716 < 0.10
c (349) =

Next, let us check the condition given by Eq. (7-74) to determine the wave-
length of bending waves in the panels of the enclosure:

o |:(71)(5100)(0.0019)

1/2
] =0.375m = 375mm > 200 mm
V3(125)

The panel dimensions do meet the conditions for the “‘small-enclosure”
analysis.

The compliance for each of the enclosure walls may be calculated. For
the end walls, the aspect ratio is §; = 100/100 = 1. The value of the function
defined by Eq. (7-80) is as follows:

F(B)) = (3.50)/(7*) = 3.689 x 107°

There are two end walls, so the first term in the summation in Eq. (7-81) has
the following value:

283 F(By) _ (2)(0.010)°(3.689)(10~%)
B (1.00)°

=7.378 x 10~ m®

The aspect ratio for the side walls is 8, = 200/100 = 2:

F(B,) = (3.50/7°){1 + (1.033) tanh[(7r/2)(2.00 — 1)]} = 7.183 x 1073
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There are three side walls, so the second term in the summation in Eq. (7-81)
has the following values:

3S02F(B)  (3)(0.020)°(7.183)(107°)
g (2.00)

The summation of the compliances for the walls of the enclosure may
be calculated from Eq. (7-81):

_(12)(1 —27°)(7.378 + 4.310)(10™)
B (200)(10%)(0.0019)?
(or m*/Pa)

=4.310 x 10 m®

2C,, =94.79 x 107> m°/N

The sound power ratio may be found from Eq. (7-77):

vo_ |, N (1.50)(107%)
Wou (0.859)(349)%(94.79)(10712)

2
] = (1+151.2)> = 23,179

The insertion loss is found from its definition, Eq. (7-76):
IL = 1010g;((23,179) = 43.7dB

7.6.2 Large Acoustic Enclosures

An enclosure may be considered to be “large” when the enclosure volume
exhibits a large number of resonant modes of vibration. A large enclosure
usually meets the following condition:

1/3

—2 > (7-82)

c
The quantity V, is the volume of air in the enclosure, f is the frequency of
the sound in the enclosure, and ¢ is the sonic velocity in the air in the
enclosure.

There are several paths along which sound may be transmitted from
the noise source within the enclosure to the space outside the enclosure,
including (a) through the enclosure walls, (b) through openings in the enclo-
sure walls, and (c) through solid structural supports. The magnitude of the
sound transmitted through the walls of the enclosure is a function of the
sound power transmission coefficient ¢, of the walls, as discussed in Chapter
4. The magnitude of the sound leaking through openings in the enclosure
can also be expressed in terms of an equivalent sound power transmission
coefficient (Mechel, 1986). By using proper vibration isolation, the transmis-
sion of sound through solid supports should be reduced to a negligible
contribution for the enclosure to be effective in noise control.
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It is important that a large fraction of the acoustic energy radiated
from the noise source inside the enclosure be dissipated within the enclosure.
But, it is equally important to block the transmission of sound through the
enclosure walls. To achieve this condition, the enclosure walls are usually
constructed of a composite material, with the inside layer having a large
surface absorption coefficient and the other layer or layers having a large
transmission loss or small sound power transmission coefficient.

The acoustic power radiated by the noise source W is equal to the
sound power absorbed or dissipated at the wall surface plus the energy
transmitted through the walls:

W =W+ Was = (ESjatj/So)VVinc + (ESjaj/So) Wine (7'83)

The quantity W, is the acoustic power incident on the enclosure walls from
the noise source, S; is the surface area of the jth component of the enclosure
walls, and S, is the total surface area of the enclosure. The power radiated
from the surface of the enclosure to the surrounding space is the power that
has been transmitted through the walls:

Wou = (ESjatj/So) Wine (7'84)
The sound power ratio for the enclosure may be found by dividing the
power from Eq. (7-83) by the power from Eq. (7-84):

=1+
Wout ESjatj

(7-85)

The insertion loss is defined by Eq. (7-76).
The acoustic pressure within the enclosure may be determined from

Eq. (7-10):
2 2
peSy S,
Wipe = 1DreS, =52 = 7-86
inc 1 VRS0 4,00C2 4,006 ( )
The incident power W,,. may be found from Eq. (7-83) and combined with
Eq. (7-86):
p2 4w

0oC XS;a; + TS0 (7-87)
For partial enclosures or enclosures with openings, the absorptivities
and sound power transmission coefficients for the openings are required.
Some typical property values for materials used for covers of openings are
given in Table 7-4.
The design value for the ‘“absorptivity” of a simple opening is
a = 1.00. Although the sound power transmission coefficient for an opening
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TaBLE 7-4  Acoustic Properties for Some Materials Used for Covers of Openings
in Enclosures

Octave band center frequency, Hz

Material 125 250 500 1,000 2,000 4,000
Surface absorption coefficient, «

Glass 0.18 0.06 0.04 0.03 0.03 0.02

Polyvinyl chloride (Plexiglas™) 0.20  0.07 0.05  0.04  0.04  0.03

Leaded vinyl curtain 0.33 0.88 0.79 0.69 0.53 0.26

Sound power transmission coefficient, a,
Glass, Jin thick 0.020  0.0050 0.0032 0.0020 0.0016 0.0013
Double glass, 2 in x §in x1in  0.005 0.004 0.004 0.002 0.0016 0.0010
Polyvinyl chloride film:

0.00151n thick, 1 layer 0.95 0.90 0.63 0.170 0.043 0.013
0.00151n thick, 2 layers 0.90 0.70 0.17 0.043 0.013 0.013
Polyvinyl sheet (Plexiglas™),  0.025 0.020 0.0063 0.0016 0.0005 0.000063
Lin thick

Polyvinyl sheet (Plexiglas™),  0.0079 0.0050 0.0025 0.00063 0.00063 0.00020
fin thick

Leaded vinyl curtain, 0.050 0.025 0.010 0.0025 0.0008 0.0003
0.064 in thick

Leaded vinyl curtain, 0.063 0.025 0.0050 0.0005 0.00016 0.00013
21n thick

Polycarbonate film (Lexan™™), 0.063 0.016 0.0040 0.0020 0.0020 0.0020
0.25in thick

PC film, 0.50in thick 0.016 0.0040 0.0020 0.0020 0.0020 0.0020
PC film, 2 layers, each 0.25in  0.013  0.0020 0.00063 0.00025 0.00010 0.00006
thick with 2-in space

would also be equal to 1, there is a directional effect for the opening, as far
as the operator is concerned. In this case, the transmission coefficient should
be modified for the directivity and diffraction effects on the opening. The
following values are recommended for the effective transmission coefficient
for simple openings (no cover) in an enclosure (Faulkner, 1976), assuming
that the operator is located in front of the enclosure:

(a) Front opening, a, =1

(b) Side or top opening:
no reflective surfaces nearby, a, = 1/3
with reflective surfaces nearby, a, = 2/3
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(c) Back opening:
no reflective surfaces nearby, a, = 1/6
with reflective surfaces nearby, ¢, = 1/3

If there are ventilating ducts or “sound traps’ connected to the enclo-
sure, an equivalent sound power transmission coefficient may be related to
the decrease in the sound power level from the duct inlet to outlet, AL:

g = 10720/10 (7-88)

The change in the sound power level in the ventilation duct may be esti-
mated according to the material presented in Sec. 5.11.

Example 7-8. A production machine has a sound power level spectrum
given in Table 7-5. The machine is operated in a room having dimensions
of 20m x 20m x 4m high (65.6 ft x65.6ft x 13.1 ft high). The room has an
average surface absorption coefficient as given in Table 7-5. The directivity
factor for the machine is unity, and the operator is located 3 m (9.8 ft) from
the machine. It is desired to reduce the noise from the machine by placing
the machine inside an enclosure having a width of 1.80m (5.91 ft), a length of
1.20m (3.94 ft), and a height of 1.00m (3.28 ft). To allow for material flow
into and out of the enclosure, there are two openings (one in each side)
300mm x 200mm (11.8in x 7.871in), as shown in Fig. 7-13. The enclosure
is constructed of 25mm (1in) thick plywood, covered with a 1-in layer of
acoustic absorbent material on the inside. The transmission loss and absorp-
tion coefficients for the materials are given in Table 7-5. Determine the
sound pressure level at the operator’s location both with and without the
enclosure in place.

Let us first determine the sound pressure level if the enclosure were not
in place. The calculations will be made in detail for the 500 Hz octave band,
and the results for the other octave bands are given in Table 7-5. The surface
area of the room is found as follows:

Sy = (2)(20 + 20)(4.00) + (2)(20)(20) = 1120 m? (12,060 ft>)
The room constant (at 500 Hz) is found from Eq. (7-13):

&S, _ (0.051)(1120)

= =60.19 m>
I—a_ (1-005 _o0m

R =

The sound pressure level at the operator’s location, without the enclo-
sure in place, is calculated from Eq. (7-18):
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TaBLE 7-5 Solution for Example 7-8

Octave band center frequency, Hz

Item 125 250 500 1,000 2,000 4,000
Given data:
Room average absorption coefficient, @  0.035 0.044 0.051 0.070 0.043 0.056
Sound power level, Ly, dB 103 109 114 117 113 107
Room constant, R, m> 40.62 51.55 60.19 84.30 47.88 66.44
4 1 _ _ _ _ _ _
1010g,, {TLW}’dB 9.7 10.6 11.2 12.5 10.3 11.6
Enclosure TL, dB 18.4 19.0 19.0 19.0 19.0 25.0
Enclosure « 0.16 0.27 0.63 0.97 0.99 0.96
Without the enclosure in place:
L;(OB), dB 934 98.5 102.9 104.6 102.8 95.5
With the enclosure:
ag 0.0145 0.01259 0.01259 0.01259 0.01259 0.00316
Syay, m? 0.1162 0.1012 0.1012 0.1012 0.1012 0.0254
Syap, m? 0.0040 0.0040 0.0040 0.0040 0.0040 0.0040
ES;ay, m? 0.1202 0.1052 0.1052 0.1052 0.1052 0.0294
Sy 1.286 2.171 5.065 7.780 7.960 7.718
Shran 0.120 0.120 0.120 0.120 0.120 0.120
¥Sq;, m* 1.406 2291 5.185 7.900 8.080 7.838
W /Wy 12.70 22.78 50.29 76.10 77.81 267.6
IL, dB 11.0 13.6 17.0 18.8 18.9 24.3
Ly ou» dB 92.0 95.4 97.0 98.2 94.2 82.7
L,(OB), dB 82.4 84.9 85.9 85.8 83.9 71.2
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FiGure 7-13 Diagram for Example 7-8.

[¢] 4 1
L =114 + 10logy, [60.19 + (4m)(3 00)2} o

L9 =114+ (~11.2)+0.1 = 102.9dB

The calculations for the other octave bands are given in Table 7-5. If
the octave bands are combined to obtain the A-weighted sound level, we

obtain the following value, without the enclosure:

L3 =108.4dBA (without the enclosure)

According to Eq. (6-2), the maximum time per day that the worker could be
exposed to this noise level and be in compliance with the OSHA criteria is as

follows:

16

T = (108.4-85)/5

= 0.624 hours = 37.4 min

The volume of the enclosure, not considering the volume occupied by

the machine, is as follows:

V., = (1.80)(1.20)(1.00) = 2.160 m* (76.28 ft*)

If we take the air temperature as 30°C (86°F), for which the sonic velocity
is 349m/s (1145fps), the left side of Eq. (7-82) may be calculated for a

frequency of 500 Hz:

fVal (500)(2.160)'
¢ (349

=185>1
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The enclosure meets the ‘“‘large enclosure™ criterion for frequencies of
500Hz and higher, and is fairly close to meeting the criterion for the
250 Hz octave band. The insertion loss prediction, using the large enclosure
relationships, for the 125 Hz octave band would be questionable, because
(fVL3 /e = 0.46 < 1) for this octave band. Generally, the 125 Hz octave band
does not contribute as much for the A-weighted levels as does the higher
octave bands, so the error (for the A-weighted sound level) is probably not
significant for this problem.

Suppose the machine base covers the floor of the enclosure, such that
the floor area is not involved in the calculations. The surface area of the
enclosure, excluding the floor area and area of the openings, is as follows:

S; = (2)(1.20 4 1.80)(1.00) + (1.20)(1.80) — (2)(0.31)(0.20) = 8.04 m>
The area of the two openings is as follows:
S, = (2)(0.30)(0.20) = 0.120 m?

The sound power transmission coefficient for the walls may be found
from the definition of transmission loss given by Eq. (4-90):

ay = 10710 = 1071 = 0.01259

The openings are in the sides of the enclosure, and there are no reflective
surfaces nearby, so the effective transmission coefficient for the openings is
ap = 1/3. The summation of the transmission coefficients is as follows:

£S;a,; = (8.04)(0.01259) + (0.120)(1/3) = 0.1052 m

The summation of the surface absorption coefficients for the 500 Hz
octave band is as follows, using «, = 1 for the openings:

ESja; = (8.04)(0.63) + (0.12)(1.00) = 5.185 m’
The sound power ratio for the enclosure is found from Eq. (7-85):
/4 TS ! 5.185

=1+

- —1+49.29 = 50.29
Wout =Sa, 01052 T

The insertion loss is found from Eq. (7-76):
IL = LW — LW,oul = 1010g10(5029) =17.0 dB

The sound power level for the sound radiated from the surface of the enclo-
sure in the 500 Hz octave band is as follows:

Ly ow = 114 — 17.0 = 97.0dB
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The corresponding sound pressure level for the 500 Hz octave band is found
from Eq. (7-18):

L,=97.0—11.2+40.1 =859dB

The sound pressure levels for the other octave bands are given in Table 7-5.
If these values are combined, the following values for the A-weighted sound
level is obtained:

L, =89.8dBA (with the enclosure)

This noise level is in compliance for 8-hour per day exposure, according to
OSHA criteria.

7.6.3 Design Practice for Enclosures

For satisfactory performance, there are several design guidelines for enclo-
sures that have been developed by manufacturers (Miller and Montone,
1978).

If the enclosure walls are constructed of a composite material, such as a
steel sheet and acoustic foam, the backing sheet should be at least 18-gauge
galvanized steel (0.0478in or 1.2mm thick). The perforated face sheet
should be at least 22-gauge galvanized steel, 0.0299in (0.76 mm) thick.
The perforations should be about 5/64in (2mm) diameter on 5/32in
(4mm) staggered centers. The thickness of the acoustic material between
the facings should be at least 2in or 50 mm thick for best performance.

All access doors should be provided with double seals and double-
action latches. Some typical door seal configurations are shown in Fig. 7-14.

The enclosure window, if access through the window is not required,
should be constructed of safety glass or plastic (such as a polycarbonate) at
least 1/21in (12 mm) thick. It is important to provide gaskets for all windows
to prevent leakage of noise around the windows. If access is required
through the opening, then the openings can be covered with an acoustic
curtain, such as a couple of leaded vinyl sheets about 1/8in (3 mm) thick
with staggered slits for easier access.

In many cases, a fan system is required to provide ventilation (at least
one air change per minute), cooling, and particle removal from the interior
of the enclosure. Lined ducts or “sound traps” should be provided for both
the fresh air intake and the fan exhaust ducts. A typical design for a sound
trap is shown in Fig. 7-15.
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FiGURE 7-14 Example of door seals for an enclosure: (a) compression seal, (b)
drop seal, and (c) spring-loaded seal.

7.7 ACOUSTIC BARRIERS

Acoustic barriers are commonly used for the control of noise in outdoor
applications, such as reduction of highway noise to the surrounding areas,
reduction of noise from transformer stations, and reduction of noise from
construction equipment. Barriers are also used to reduce noise in indoor
applications, such as in open-plan offices and schools and for machines that
cannot be totally enclosed. For indoor applications, barriers are effective
only for those cases in which the direct sound field is predominant at the
receiver location, although the absorptive surface of the barrier will also
reduce the reverberant field somewhat. In general, barriers are more effec-
tive in reducing high-frequency noise than for low-frequency noise.
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FIGURE 7-15 Typical sound trap for ventilating fans in an enclosure.

Sound interacts with a barrier in three ways: (a) reflection from the
barrier surface, (b) direct transmission through the barrier, and (c) diffrac-
tion over the top of the barrier. The barrier should have a high transmission
loss to be effective in blocking the sound. Also, the barrier should have an
absorptive covering for indoor applications.

7.7.1 Barriers Located Outdoors

For transmission of sound across a barrier located outdoors, the following
expression has been developed for the sound pressure level L, at the receiver
position due to a point noise source having a sound power level Ly on the
opposite side of the barrier (Maekawa, 1968):

1
Lp = LW + DI — 20 ]OgIO(A + B) — 1010g10 <a +

) —10.9 (7-89)
b T At

The quantities 4 and B are distances from the noise source to the top of the
barrier and from the top of the barrier to the receiver, respectively, as
illustrated in Fig. 7-16. The quantity ay, is the barrier coefficient, and a; is
the sound power transmission coefficient for the barrier wall.

For a point source, the barrier coefficient may be found from the
following expression:

tanh’[(27N)"/?]

(lb —2 5
TN

a, = 0.0040  (for N > 12.7) (7-90b)

(for N < 12.7) (7-90a)
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FIGURE 7-16 Barrier dimensions.

The quantity N is the Fresnel number, which is the ratio of the difference
between the direct path length d and the path length over the barrier to one-
half of the wavelength of the sound X:

N:%(A+B—d)=%(A+B—d) (7-91)

The quantity f is the frequency of the sound wave and c is the sonic velocity
in the air around the barrier.

For traffic noise from a roadway, the difference between the sound
pressure level at the source with the barrier L, and without the barrier L is
given by the following expression (Barry and Reagan, 1978):

A+ B 1
LS —L =151o () + 101o —_— 7-92
p P £10 d £10 a3b/4 +a ( )

The barrier coefficient a, is given by Eq. (7-90).

For effective noise control, the barrier should be sufficiently massive
that the sound transmitted directly through the barrier is negligible com-
pared with the sound transmitted over the wall. For design purposes, the
sound power transmission coefficient ¢, should be less than about 1/8 of the
barrier coefficient:

a; < ap/8 (design condition) (7-93)

Example 7-9. A concrete barrier 100 mm (4 in) thick is to be built around a
transformer station located outdoors. The top of the barrier is 2.50 m (8.2 ft)
high above the transformer and is located 10m (32.8 ft) from the transfor-
mer. The property line (receiver) is located 30 m (98.4 ft) from the transfor-
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mer. The directivity factor for the transformer may be taken as O = 1. The
sound power level spectrum and the transmission loss for the barrier as a
function of frequency are given in Table 7-6. Determine the sound pressure
level spectrum without the barrier in place and with the barrier.

Let us work out the calculations for the 500 Hz octave band in detail.
Without the barrier, the sound pressure level may be determined from Eq.
(5-5), neglecting attenuation in the atmospheric air:

Lg = Ly + DI —20log;yd — 10.9 = 106 + 0 — 201o0g,(,(30) — 10.9
Lg =106 —29.5 - 10.9 = 65.5dB
The results for the other octave bands are shown in Table 7-6. If we use

these values to determine the A-weighted sound level, we find the following
value:

L3 = 69.6dBA

If the transformer noise were continuous (both day and night), the day—
night level may be found from Eq. (6-8):

Lpn = 1010g,,[(0.625) 10%%° + (0.375) 107°°] = 76.0 dBA

If the transformer were located in an urban residential area (no corrections),
the anticipated community response, from Table 6-17, would involve vigor-
ous community action.

The barrier could be placed around the transformer station to alleviate
this negative community response. The dimensions for the barrier, assuming
the source (transformer) and the receiver are at the same elevation, are as
follows:

A =(10*4+2.50)"? = 10.308m (33.82ft)
B = (20> +2.50%)"* = 20.156m  (66.13 ft)
(A4 B—d)=10.308 +20.156 — 30.0 = 0.463m (1.520ft)
The Fresnel number at 500 Hz, for a sonic velocity of ¢ = 347 m/s, corre-

sponding to an air temperature of 300K (80°F), is calculated from Eq.
(7-91):

_(20)(500)(0.463)

27N = (2m)(1.335) = 8.391
The barrier coefficient is found from Eq. (7-90a):

_ tanh’(v/8.391)

- —0.0374
W= aon) 03748
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TaBLE 7-6 Solution for Example 7-9

Octave band center frequency, Hz

Item 63 125 250 500 1,000 2,000 4,000 8,000
Given data:

Ly, dB 112 116 110 106 106 100 95 89

TL, dB 36 38 38 38 38 44 50 56
Without the barrier in place:

L;, dB 71.6 75.6 69.6 65.6 65.6 59.6 54.6 48.6
With the barrier in place:

N 0.167 0.334 0.667 1.335 2.671 5.342  10.68 21.4

ay, 0.1807  0.1216  0.0710  0.0375 0.0189  0.0095 0.0047  0.0040

a 0.0003  0.0002  0.0002  0.0002 0.0002 4x107° 1x107° 3x107°

—10logyo(ap +a,) 7.4 9.1 11.5 14.2 17.2 20.2 23.2 24.0

L, dB 64.0 66.3 57.9 51.2 48.2 39.2 31.2 24.4
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The sound power transmission coefficient at 500 Hz is as follows:
a, = 10710 = 1073 = 0.00016 < (0.03748)/(8) = 0.00469
ap + a; = 0.03748 +0.00016 = 0.03764

The sound pressure level in the 500 Hz octave band with the barrier in
place is found from Eq. (7-89):

L, =106 + 0 — 2010g,,(10.308 + 20.156) — 101og;,(1/0.03764) — 10.9
L, =106 —29.7— 142 —10.9 = 51.2dB

The results for the other octave bands are given in Table 7-6. The corre-
sponding A-weighted sound level is as follows:

Ly =553dBA (with the barrier in place)

The day—night level, for continuous noise day and night, is found as in the
previous calculation:

If the transformer were located in an urban residential area (no corrections),
the anticipated community response, from Table 6-17, would be “no reac-
tion.”

We may make the following observations relative to this example.
First, we see that the barrier is most effective in reducing high-frequency
noise. For the 63 Hz octave band, the barrier reduces the sound pressure
level by (71.6 — 64.0) = 7.6dB. On the other hand, the barrier reduces the
sound pressure level by (48.6 — 24.4) = 24.2dB in the 8000 Hz octave band.
The reduction in the 8000 Hz octave band is more than 3 times that for the
63 Hz octave band.

Secondly, we note that the A-weighted sound level is reduced by
(69.6 — 55.3) = 14.3dBA. The use of a barrier changes the anticipated com-
munity response from ‘“vigorous pursuit of legal action’ to “‘no reaction,”
without the need for a complete enclosure of the transformer station.

7.7.2 Barriers Located Indoors

When a barrier is located indoors, it will primarily affect the direct sound
field; however, there will also be an effect on the reverberant sound field due
to surface absorption of the barrier wall, as illustrated in Fig. 7-17.

The acoustic energy density associated with the direct sound field, if
attenuation in the room air is negligible, is given by the following expres-
sion:
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_ WO(a, +ay)

" 47(A + B)’c 759

D

The quantity W is the acoustic power for the sound source and Q is the
directivity factor for the source.

The room constant is changed by the insertion of the barrier, because
additional surface is exposed to the reverberant field. The room constant
with the barrier in place is given by the following expression:

o O_ISO + Sb(al + Olz)
I —a—(Sp/So)ar + )

Ry, (7-95)

The quanity « is the average surface absorption coefficient for the room and
S, is the surface area of the room (excluding the surface area of the barrier).
The quantities «; and «, are the surface absorption coefficients for the front
and back sides of the barrier and Sy, is the surface area of one side of the
barrier.

The sound pressure level, with the barrier in place, is found from the
following expression, for an indoor application:

4 O(ay, +at):|
L,=Ly+10lo —4+=——=21+40.1 7-96
P W glo[Rb 4r(A +B)2 ( )
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For indoor applications, the barrier is most effective in reducing noise
for the situations in which the term associated with the direct sound field,
Q/4mr?, is much larger (say, more than 6 times larger) than the term asso-
ciated with the reverberant sound field, 4/R, in Eq. (7-17).

Example 7-10. A machine has an octave band sound power level of 109 dB
for the 1000 Hz octave band. The machine is located in a room having
dimensions of 30m x 30m x 5m high (98.4ft x 98.4ft x 16.4ft high),
with an average surface absorption coefficient of 0.35. The machine has a
directivity factor of 2.0, and the operator is located at a distance of 3.00 m
(9.84 ft) from the machine. It is desired to reduce the noise received by the
operator by placing a barrier 5.00 m long x 3.00m high (16.40 ft x 9.84 ft)
at a distance of 1.00 m (3.28 ft) from the machine, as shown in Fig. 7-18. The
operator’s ear and the machine center are both 1.50m (59in) above the
floor. The transmission loss for the barrier is 31 dB in the 1000 Hz octave
band. The surface absorption coefficient for one side (facing the operator) of
the barrier is 0.90, and the absorption coefficient for the other side is 0.20.
Determine the sound pressure level in the 1000 Hz octave band at the
operator’s ear without the barrier and with the barrier in place.
The surface area of the room is as follows:

S, = (2)(30 + 30)(5) + (2)(30)(30) = 2400 m*> (25,830 ft)
The room constant without the barrier is found from Eq. (7-13):

&S, (0.35)(2400) ,
1—a&  1-0235 m

BARRIER
6/ \ 1.5m
OPERATeOaIi/ V\@ _*‘
!<—— 2m m -’{ L5 m

1

FiGure 7-18 Diagram for Example 7-10.
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The sound pressure level, without the barrier in place, is given by Eq. (7-18):

4 2.0
9= 109 + 1010 [ + }+0.1
P 1001292 (47)(3.00)°

Ly =109 4 1010g;(,(0.003095 + 0.017674) 4 0.1 = 92.3dB

At this point, we may note that the barrier should be effective in reducing
the noise to the operator, because the direct field is (0.017675/0.003095) =
5.7 or about 6 times as large as the reverberant field.

The room constant, with the barrier in place, is calculated from Eq.
(7-95):

_(0.35)(2400) + (5.00)(3.00)(0.90 + 0.20)

- =1332m?
b 1 —0.35 — (15/2400)(0.90 + 0.20) 332m

The presence of the barrier in the room increases the room constant by
about 3%.
The distances for the barrier are found as follows:

A= (1.00°+1.50%)"? = 1.8028 m (5.915ft)
B =(2.00> + 1.50%)"> = 2.5000m (8.2021 ft)
A+ B—d=18028+2.5000 —3.00 = 1.3028m (4.274ft)

The Fresnel number from Eq. (7-91) is as follows:
_2f(A+B—d) (2)(1000)(1.3028)
N c - (347)

2nN = (2n)(7.509) = 47.18

N =7.509 < 12.7

The barrier coefficient is found from Eq. (7-90a):

tanh’[(47.18)"/%]
=———==10.006747
@ (7)(47.18)
The sound power transmission coefficient for the barrier is as follows:
a, = 10710 = 107310 = 0.000794

The sound power level at the operator’s location with the barrier in
place is found from Eq. (7-96):

4 (2.0)(0.006747 4 0.000794)
1332 (470)(1.8028 4 2.500)*

L, =109 + 1010g;((0.003004 + 0.0000648) + 0.1 = 84.0dB
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The use of the barrier reduced the noise in the 1000 Hz octave band
from 92.3dB to 84.0dB, or a reduction of 8.3dB. The reverberant field
contribution is reduced from 0.003095 to 0.003004, or a reduction of
about 3%. On the other hand, the direct field contribution is reduced
from 0.017674 to 0.0000648, or a reduction of more than 99%.

PROBLEMS

7-1. Determine the NRC rating for 1%—in thick polyurethane foam.

7-2. Tt is desired to select a perforated ceiling tile thickness, if the tile is
placed on a hard backing, such that the NRC rating is NRC-0.60 or
higher. Determine a suitable ceiling tile thickness.

7-3. An auditorium has dimensions of 15m x12m x 4m high (49.2 ftx
39.4ft x 13.1ft high). The walls are 3/8-inch plywood paneling, the
floor is covered with indoor—outdoor carpet on the concrete slab,
and the ceiling is 3/4-inch perforated ceiling tile on a furring backing.
There are 10 windows of ordinary glass, each 1.75m x1.00m
(68.91in x 39.41in), and the windows are closed. There are no drap-
eries on the windows. When the auditorium is in use, there are 100
people seated in the wood theater chairs. A ventilating fan (directiv-
ity factor, Q = 2) located in the room has a sound power level of
72dB in the 500 Hz octave band. Determine the steady-state sound
pressure level in the 500 Hz octave band at a distance of 8.00m
(26.2ft) from the fan for the following conditions: (A) for the
empty room, without the chairs and people, and (B) for the room
with the chairs and people present.

7-4. An office workroom has dimensions of 3.70m x 3.40m x 2.60 m
high (12.1ft x 11.2 ft x 8.5ft high). The walls and ceiling are plaster
on lath and the floor is linoleum tile on concrete. There is one door
(surface absorption coefficient « = 0.050 in the 500 Hz octave band),
having dimensions of 2.20m x 0.90m (86.6in x 35.4in). An office
machine in the room has a sound power level of 68 dB and a direc-
tivity factor of Q = 2.8 in the 500 Hz octave band. Determine the
steady-state sound pressure level in the room in the 500 Hz octave
band at a distance of 2.00 m (6.56 ft) from the machine. What frac-
tion of the floor area would need to be covered with 44 oz pile carpet
(uncoated backing) on a 400z pad to reduce the steady-state pres-
sure level in the 500 Hz octave band by 4.0 dB?

7-5. A natatorium has dimensions of 125m x 80m x 10 m high (410 ft x
262 ft x 32.8 ft high). The swimming pool inside the natatorium has
dimensions of 50m x 100m (164 ft x 328 ft). The floor and walls of
the room are rubber tile on concrete, and the ceiling is painted con-
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crete block. A water pump (directivity factor Q = 1) has a sound
power level of 86.5dB in the 500 Hz octave band. It is desired to
cover a portion of the walls of the natatorium with 8-in painted
sound-absorbing structural masonry blocks (three insulation-filled
cavities) such that the sound pressure level in the 500 Hz octave
band due to the pump noise is 60dB at a distance of 20m (65.6 ft)
from the pump when there are no people in the natatorium.
Determine the required surface area of the masonry blocks.

7-6. A room has dimensions of 10m x 10m x 4m high (32.8ft x
32.8ft x 13.1ft high). The surface absorption coefficients for
the room surfaces in the 500Hz octave band are as follows:
walls, 0.20; floor, 0.25; and ceiling, 0.55. There are 12 people
standing in the room. It is desired to place a loudspeaker in
the room such that a steady-state sound pressure level of
70dB is produced at a distance of 6m (19.7ft) from the
loudspeaker. Determine the required acoustic power output,
watts, for the loudspeaker, which has a directivity factor
Q=2

7-7. A warehouse room has dimensions of 25m x 12m x 6 m high
(82ft x 39.4ft x 19.7ft high). The floor and walls are unpainted
poured concrete, and the floor is wood (same properties as wood
door). One wall has a metal door (same properties as unglazed
brick), having dimensions of 4.50m x 2.5m high (14.8ft x 8.2 ft
high). A forklift truck in the room has the sound power level spec-
trum given in Table 7-7. The directivity factor for the lift truck is also
given in Table 7-7. Determine the A-weighted sound level at a dis-
tance of 10m (32.8 ft) from the forklift truck.

7-8. A room has dimensions of 3.70m x 3.40m x 2.60m high
(12.1ft x 11.2ft x 8.5ft high). there are two windows (closed) of
ordinary glass 1.20m x 1.20m (47.2in x 47.21in) in the long wall.
The walls and ceiling are gypsum plaster on metal lath, and the
floor is linoleum tile on concrete. For the 500 Hz octave band, deter-

TaBLE 7-7 Data for Problem 7-7

Octave band center frequency, Hz

63 125 250 500 1,000 2,000 4,000

Sound power level, Ly, dB 80 88 94 95 90 83 71
Directivity factor, Q 20 22 24 30 36 38 40
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mine the following, using the Norris—Eyring relationship, Eq. (7-30):
(A) the reverberation time for the empty room, and (B) the rever-
beration time if four upholstered chairs, with a person seated in each
chair, are present in the room. The room air is at 23°C (73°F), for
which the density is 1.193 kg/m* (0.0745 Ib,,,/ft*) and the sonic velo-
city 345m/s (1132 ft/sec).

7-9. A small lecture room has dimensions of 12m x 7m x 3.35m high
(39.4ft x 23.0ft x 11.00ft high). The wall is covered with gypsum
plaster on lath, the ceiling is painted poured concrete, and the
floor is covered with linoleum tile on concrete. The area of the closed
windows (ordinary glass) in the long wall is 9.0 m? (96.9 ft?), and the
area of the solid wood door in the short wall is 1.9m? (20.5 ft?).
There are 12 high school students seated in desks in the room. The
air temperature is 23°C (73°F), for which the density is 1.193 kg/m?
(0.07451b,,/ft*) and the sonic velocity 345m/s (1132ft/sec). It is
desired that the reverberation time, using Eq. (7-30), be reduced to
1.40s for the 500 Hz octave band by covering a portion of the ceiling
with 3/4-inch perforated ceiling tile on furring backing. Determine
the required area of the ceiling that must be covered with tile to
achieve this condition.

7-10. Repeat Problem 7-9, using the Fitzroy relationship for the absorp-
tion units.

7-11. A room having dimensions of 18m x 11 m x 3.8m (59 ft x 36 ft x
2.5m high) is used as a band practice room. The floor of the room
is rubber tile on concrete, and the ceiling is 1/2-inch acoustic tile. The
upper half of the wall surface is covered with 1/2-inch acoustic tile
and the other half is plaster with a smooth finish on lath. There is
one solid wood door in the short wall, with an area of 1.80m?
(19.4 ft?). There are 50 people seated in wooden chairs (same proper-
ties as high school students seated in desks). Determine the rever-
beration time in the 500 Hz octave band for the room, using Eq. (7-
30) for the absorption units. The air in the room is at 24°C (75°F),
for which the density is 1.188kg/m> (0.07421b,,/ft*) and the sonic
velocity is 346 m/s (1134 ft/sec).

7-12. A classroom has dimensions of 9.00m x7.00m x 3.00m high
(29.5ft x 23.0ft x 9.84m high). The sonic velocity of the air in the
room is 344.3m/s (1130fps). The reverberation time for the empty
room is 1.80's for the 500 Hz octave band. If 30 high school students
enter the room and stand around, determine the resulting reverbera-
tion time in this case for the 500 Hz octave band.

7-13. A room having dimensions of 25m x25m x5m high
(821t x 82ft x 16.4ft high) has walls of unpainted unglazed brick,
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a ceiling of fibrous plaster, and the floor is covered with 5/8-inch
thick wool pile carpet with a pad. There are 20 people in wood
theater seats in the room. There are two solid wood doors (area,
2.00m> or 21.5ft%) in the walls. The air in the room is at 25°C
(77°F), for which p, = 1.184kg/m> (0.07391b,,/ft>) and ¢ = 346
m/s (1136ft/sec). Using the Fitzroy relationship, determine the
reverberation time in the 500 Hz octave band for the room.

7-14. Determine the optimum reverberation time in the 500 Hz octave
band for a movie theater having dimensions of 20m x 42.5m x 10
m high (65.6 ft x 139.4ft x 32.8m high).

7-15. An auditorium has dimensions of 45m x 60m x 15m high
(147.6 ft x 196.9 ft x 49.2 ft high). The surface absorption coefficient
for the walls and ceiling is 0.10, and the absorption coefficient for the
floor is 0.05, both in the 2000 Hz octave band. There are 1200 empty
wood theater seats in the room, and the room air is at 25°C (77°F)
and 40% relative humidity, for which ¢ = 346 m/s (1136 ft/sec). The
ventilation grille in one wall produces a noise source level of 78 dB in
the 2000 Hz octave band, and has a directivity factor of Q = 2.
Determine the steady-state sound pressure level in the 2000 Hz
octave band in the room at a distance of 40 m (131.2ft) from the
noise source, including the effect of attenuation in the air.

7-16. A basketball gymnasium has dimensions 50m x 40m x 10m high
(164 ft x 131 ft x 32.8 ft high). The surface absorption coefficient
for the walls and floor is 0.08, and the surface absorption coefficient
for the ceiling is 0.10. There are 400 people in the auditorium with
(«S) = 0.40 m?/person. These values are for the 4000 Hz octave
band. The air in the gymnasium is at 30°C (86°F) and 40% relative
humidity (¢ = 349 m/s or 1145 ft/sec). Determine the reverberation
time for the 4000 Hz octave band, including the effect of attentuation
in the air in the room.

7-17. An office room having dimensions of 3.70m x3.40m x 2.50 m high
(12.1ft x 11.2ft x 8.20ft high) has an average surface absorption
coefficient of 0.115 in the 500 Hz octave band. Air-handling equip-
ment is located in an adjacent room across the shorter wall. The
equipment room has dimensions of 3.40m x 3.50m x 2.50m high
(11.2ft x 11.5ft x 8.20ft high) and has an average surface absorp-
tion coefficient of 0.040. The directivity factor for the air-handling
equipment is Q = 1.380, and the equipment is located 1.50 m (4.92 ft)
from the interior wall. The sound power level for the air-handling
equipment in the 500 Hz octave band is 95dB, and the transmission
loss for the interior wall is 25 dB. The air temperature is 25°C (77°F)
in both rooms, for which the sonic velocity is 346.1 m/s (1135 ft/sec).
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Determine the steady-state sound pressure level in the 500 Hz octave
band: (A) in the air-handling room near the interior wall and (B) in
the office space at a distance of 2.0 m (6.56 ft) from the interior wall.

7-18. An apartment room has dimensions of 7.50m x 6.00m x 2.50 m
high (24.6 ft x 19.7 ft x 8.20 ft high). The average surface absorption
coefficient in the 500 Hz octave band for the room is 0.160. In a
room adajcent to the shorter wall, an inconsiderate neighbor insists
on playing his stereo so loud that he produces a sound power level of
98 dB in the 500 Hz octave band from the stereo set. The directivity
factor is Q =1 for the stereo in the 500 Hz octave band. The trans-
mission loss for the wall between the rooms is 26 dB, and the room
constant for the thoughtless neighbor’s room is 5.00 m>. Determine
the sound pressure level in the 500 Hz octave band in the apartment
room due to the neighbor’s stereo at a distance of 3.0 m (9.84 ft) from
the shorter wall. What is the sound pressure level in the stereo
enthusiast’s room at a distance of 2.0m (6.56 ft) from the stereo?

7-19. A classroom having a room constant of 50 m” is located adjacent to
an equipment room having a room constant of 5.00m?. A ventila-
tion fan operates in the equipment room at a distance of 2.50 m
(8.20ft) from the separating wall. The fan has a directivity index
DI = 4.8dB and radiates acoustic power into the equipment room
at a rate of 3.162mW. The wall between the two rooms has dimen-
sions of 5.00m x 2.50m high (16.40 ft x 8.20 ft high). A student is
sitting at a distance of 1.20 m (3.94ft) from the separating wall. It is
desired to limit the sound pressure level due to the transmitted noise
to 45dB at the student’s location. Determine the required transmis-
sion loss for the wall between the rooms.

7-20. A small enclosure is used to reduce the noise from an office machine.
The enclosure is constructed of 2024 aluminum and has the follow-
ing dimensions: 400 mm x 350 mm x 250 mm high (15.7in x 13.8in
x 9.841n high). The thickness of the panels is 3.26 mm (0.128 in). The
internal volume of the enclosure, excluding the volume of the
machine, is 18dm® (0.636 ft*). The air inside the enclosure is at
25°C (77°F), for which the density is 1.184kg/m® (0.07391b,, /ft°)
and the sonic velocity is 345m/s (1132ft/sec). Using the ‘“‘small
enclosure” analysis, determine the insertion loss for the enclosure
for a frequency of 125 Hz. The bottom of the enclosure is covered,
so it does not enter in the acoustic calculations.

7-21. An office has a room constant of 3.72m? for the 500 Hz octave band.
There is a noisy office machine (sound power level, 65 dB; directivity
factor, Q = 1) in the room. It is desired to enclose the machine with
an enclosure having dimensions of 900mm x 700 mm x 600 mm
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high (35.4in x 27.6in x 23.6in high), with an opening in the back of
the enclosure, 100 mm x 200mm (3.94in x 7.87in). The opening
faces a reflective surface (the wall). The uncovered floor area within
the enclosure is 0.430 m’ (4.63 ftz), and the surface absorption coef-
ficient for the floor is 0.20. The other surfaces of the enclosure are
covered with acoustic foam having a surface absorption coefficient
of 0.60. The transmission loss for the enclosure walls and top is
30dB. Negligible sound is transmitted through the floor (¢, =~ 0 for
the floor). Determine the sound pressure level in the 500 Hz octave
band at a location of 1.50 m (4.92 ft) from the office machine (or the
enclosure): (A) with no enclosure and (B) with the enclosure in place.

7-22. An enclosure is built around a natural gas compressor located out-
doors. The enclosure has dimensions of 4.00m x 4.00m x 3.00 m
high (13.1ft x 13.1ft x 9.84ft high). The compressor foundation
completely covers the floor, so that sound is not transmitted through
the floor of the enclosure. The compressor has a sound power level of
120dB and a directivity factor of Q = 1. The enclosure walls and
ceiling are covered with an acoustic material having a surface
absorption coefficient of 0.50. The transmission loss for the walls
and ceiling is 30dB. A square opening 305mm x 305mm
(12.0in x 12.0in) is located in the front of the enclosure, and
there is no covering over the opening. Determine the sound pressure
level at a distance of 32m (105.0ft) in front of the enclosure.
Attenuation in the air may be neglected.

7-23. A barrier having a total height of 7.60 m (24.9ft) is to be installed
between a natural gas compressor unit and a rural residence. The
sound power level for the compressor is 105 dB in the 1000 Hz octave
band, and the compressor directivity factor is Q = 1.80. The com-
pressor center is 1.60 m (5.25 ft) above the ground. The distance from
the barrier to the compressor unit is 4.00 m (13.1 ft), and the distance
between the barrier and the residence is 8.00 m (26.2 ft). The ear of
the receiver at the residence may be considered to be 1.60m (5.25 ft)
above the ground. The transmission loss for the barrier is 30 dB. The
air around the compressor is at 27°C (81°F), for which the sonic
velocity is 347.3m/s (1139 ft/sec). Determine the sound pressure
level in the 1000 Hz octave band at the residence: (A) without the
barrier and (B) with the barrier in place.

7-24. A person is riding a motorcycle at a distance of 12m (39.4 ft) from a
concrete wall having a transmission loss of 35dB. The sound power
level of the motorcycle in the 1000 Hz octave band is 115dB. The
height of the wall above the level of the motorcycle is 4.00 m (13.1 ft).
On the other side of the wall at a distance of 3.00 m (9.84 ft) from the
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wall, a person is relaxing in a hammock. The air temperature is 27°C
(81°F), for which the sonic velocity is 347.3m/s (1139 ft/sec).
Determine the sound pressure level in the 1000 Hz octave band,
due to the motorcycle noise, at the location of the person in the
hammock.

7-25. The octave band sound pressure levels, L,(OB), at a distance of 57 m
(187ft) from a highway with no barrier, are given in Table 7-8. It is
proposed to build a barrier having a height of 8.00 m (26.2 ft) above
the traffic level. The barrier is to be located 20 m (65.6 ft) from the
traffic and 37m (121.4 ft) from the receiver, who is also at the traffic
level. Ambient air temperature is 20°C (68°F), for which the sonic
velocity is 343.2m/s (1126 ft/sec). The transmission loss (TL) for the
proposed barrier is given in Table 7-8. Determine the following at
the receiver location: (A) the A-weighted sound level without the
barrier, (B) the octave band sound pressure levels with the barrier
in place, and (C) the A-weighted sound level with the barrier in
place. Neglect air attenuation.

7-26. A barrier 3.00m high x 15m wide (9.84 ft x 49.2ft) is installed in a
room to protect the workers from excessive noise generated by a
punch press, which would produce a sound pressure level of
100dB in the 1000 Hz octave band at the worker’s station if the
barrier were not present. The punch press and the worker’s ear are
both 1.50m (4.92 ft) from the floor, and the barrier extends to the
floor. The dimensions of the room are 20m x 20m x Sm high
(65.6ft x 65.6ft x 16.4ft high), and the average surface absorption
coefficient for the room is 0.750 at 1000 Hz. The transmission loss
for the barrier is 35dB, and the surface absorption coefficient for
each side of the barrier is 0.950. The directivity factor for the punch
press is Q = 2.00. The punch press is located 1.50 m (4.92 ft) from the
barrier, and the worker is also located 1.50m (4.92ft) from the
barrier on the other side. The air in the room is at 27°C (81°F),
for which the sonic velocity is 347.3m/s (1139 ft/sec). Determine

TaBLE 7-8 Data for Problem 7-25

Octave band center frequency, Hz

Item 63 125 250 500 1,000 2,000 4,000 8,000

L;(OB),dB 68 69 67 65 64 60 52 44
TL, dB 14 20 26 32 32 32 42 50
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the sound pressure level for a frequency of 1000 Hz at the operator’s
station with the barrier in place. Neglect the attenuation in the air in
the room.

7-27. A shop has dimensions of 10m x 15m x 8m high (32.8ft x
49.2 ft x 26.2m high). The average surface absorption coefficient for
the shop without the barrier is 0.263. There is a machine along one
wall which has a sound power level of 92 dB and directivity factor Q
=4 in the 500 Hz octave band. A barrier 4.0 m high x 6.0 m wide
(13.1ft x 19.7ft) is placed 2.50m (8.20ft) from the machine. The
operator is located at a distance of 1.50m (4.92 ft) from the barrier
on the other side. The side of the barrier facing the machine has a
surface absorption coefficient of 0.12, and the side facing the operator
has a surface absorption coefficient of 0.88 for the 500 Hz octave
band. The machine and the operator’s ear are both 1.50 m (4.92 ft)
from the floor, and the barrier extends to the floor. The air in the shop
is at 29°C (84°F), for which the sonic velocity is 348.5m/s (1143 ft/
sec). Determine the sound pressure level in the 500 Hz octave band at
the operator’s location. Neglect attenuation in the air.
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8

Silencer Design

A silencer is an important noise control element for reduction of machinery
exhaust noise, fan noise, and other noise sources involving flow of a gas. In
general, a silencer may be defined as an element in the flow duct that acts to
reduce the sound transmitted along the duct while allowing free flow of the
gas through the flow passage. A silencer may be passive, in which the sound
is attenuated by reflection and absorption of the acoustic energy within the
element. An active silencer is one in which the noise is canceled by electronic
feedforward and feedback techniques. In this chapter, we will examine
several types of passive silencers, also called mufflers. The detailed design
procedures for mufflers are available in the literature (Munjal, 1987).
Passive silencers may be of the reactive or dissipative type. In this
chapter, we will consider two types of reactive mufflers—the side branch
muffler or resonator chamber muffler and the expansion chamber muf-
fler—in which the main mechanism for attenuation of sound passing
through the muffler is reflection of the acoustic energy back to the source.
The other passive muffler considered in this chapter is the dissipative muf-
fler, in which the primary mechanism for acoustic energy attenuation in the
muffler is absorption of acoustic energy within the lining of the muffler.

8.1 SILENCER DESIGN REQUIREMENTS

The optimum design of a silencer involves several requirements, some of
which may be in conflict with others; consequently, the muffler design will
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involve consideration of the interactions of the various design criteria. The
design requirements are now considered.

1.  Acoustic requirements. The minimum reduction of the noise by
the muffler is usually specified as a function of frequency, either
in octave bands or in 1/3 octave bands. The most frequently used
acoustic performance parameters include (a) the insertion loss,
IL, which is the difference in sound pressure level for the sur-
roundings due to the insertion of the silencer into the system; (b)
the noise reduction, NR, which is the difference in sound pressure
level between the point immediately upstream and the point
immediately downstream of the muffler; and (c) the transmission
loss, TL, which is the change in sound power level across the
muffler, if there were no energy reflected back to the muffler in
the tail pipe. The insertion loss and the noise reduction usually
depend on the characteristics of the tail pipe, in addition to the
muffler parameters. The transmission loss usually depends only
on the characteristics of the muffler.

2. Aerodynamic requirements. The maximum allowable pressure
drop of the gas flowing through the muffler is usually determined
by the application. The pressure drop for air-handling systems is
usually limited to a few inches of water: 4in H,O or 1 kPa or less,
for example (McQuiston and Parker, 1994). On the other hand,
internal combustion engines may operate with back pressures as
high as 25-30kPa (3.6-4.4 psi) (Heywood, 1988).

3. Geometric requirements. In many cases, such as in automotive
applications, there are limitations on the physical size and the
shape of the muffler. This requirement often interacts with the
acoustic requirements.

4. Mechanical and material requirements. Although the internal
gauge pressure within most mufflers is relatively small, the
mechanical design of the muffler must be considered. In applica-
tions involving high-temperature gases or corrosive gases, the
materials selected for the muffler must be compatible with the
fluid handled. If there are suspended particles (soot, for example)
in the gases, the mechanical design must be such that these par-
ticles are not easily trapped within the muffler. This requirement
may interact with the geometric requirements.

5. Economic requirements. Although this requirement is listed last, it
is often the most critical one. The muffler must be designed for
minimum cost, subject to the constraints of the other require-
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ments. Economic considerations include both the initial (pur-
chase) cost and the operating (maintenance) costs.

8.2 LUMPED-PARAMETER ANALYSIS

The lumped-parameter model is utilized in many areas of physical analysis.
The advantage of the lumped-parameter model is that the governing equa-
tions are either ordinary differential equations or algebraic equations. The
properties of the lumped-parameter elements (coefficients) usually have a
physical interpretation, and the acoustic lumped-parameter model has ana-
logues in terms of corresponding mechanical or electric systems. Lumped-
parameter models in acoustic analysis are generally valid for situations in
which ka < 1 or fa/c < 1/2mw =~ 0.16, where « is a characteristic dimension of
the physical system and f is the frequency.

8.2.1 Acoustic Mass

For a mechanical system, Newton’s second law of motion may be written in
terms of the change in velocity with respect to time:

dv
F.=m— -1
net m dl (8 )

The quantity m is the mass being accelerated and v is the velocity of the
mass. This expression is identical in mathematical form to the relationship
for the voltage change across an inductive element in an electrical circuit:

Ae = Lg T (8-2)
The quantity Lg is the mutual inductance (units: henry), and 7 is the elec-
trical current (amperes). The electric voltage is analogous to the net mechan-
ical force, and the electric current is analogous to the velocity of the mass.

The relationships given by Eqs (8-1) and (8-2) suggest that an analo-
gous relationship may be developed for acoustic systems in which a portion
of the system is accelerated. In the acoustic systems, however, it is more
convenient to use acoustic pressure instead of the force and the acoustic
volume velocity (U = Su) instead of the particle velocity. Newton’s second
law of motion for an accelerated mass may be written in the following form:

Fie=SAp=m /%) (8-3)
dt
A m dU dU (8-4)

PEe @ TN ar
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The quantity M, is the acoustic mass (units: kg/m*). The physical systems
analogous to mechanical mass are shown in Fig. 8-1. The acoustic pressure
is analogous to the electric voltage (or mechanical force), and the volumetric
flow rate is analogous to the electric current (or velocity of a mass).

The expression for the acoustic mass for a tube, as shown in Fig. 8-2,
may be developed. The mass of gas within the tube is given by:

m = py(ma’L) (8-5)

The quantity « is the radius of the tube and L is the tube length. Making the
substitution for the mass into Eq. (8-4), we obtain the following expression:

2
na Lo, _ poL
= )’ = (long tube) (8-6)

My

Actually, there is an additional mass of gas at each end of the tube that
is also accelerated. This additional mass must be added to the mass within

—
F
—— m
{a)
PR |
VTV T 0
Le J
I Fa¥: |
(b}
 ——i b,
e

(e)

FiGURE 8-1 Inertance elements: (a) mechanical mass, (b) electrical inductance, and
(c) acoustic mass.
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FIGURE 8-2 Mass fluid with a density p, within a circular tube of radius a and
length L.

i

the tube to determine the correct acoustic mass. There are two cases that
may be considered for the end of the tube, as shown in Fig. 8-3:
(a) Flanged end (Pierce, 1981):

Am = (8/3)a’p, = porra* AL, (8-7)

The additional equivalent length to account for the mass of gas at the end
that is accelerated is given by the following expression:

AL, = g—a (flanged end) (8-8)
b4

(b) Free end:
Am = 0.6137a’ p, = poa® AL, (8-9)

N
N’

\
{a} &
0T

Ficure 8-3 End conditions for a tube: (a) flanged end and (b) free end.
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The additional equivalent length to account for the mass of gas at the end,
for a tube with a free end, that is accelerated is given by the following
expression:

AL, =0.613a (free end) (8-10)
The total acoustic mass for a tube may be written in the form:

_ PolLe

M > (8-11)
a
The equivalent mass for the tube is given by the following:
L.=L+ AL, + ALy (8-12)

The quantities AL, and AL, are the additional equivalent end corrections
for each end of the tube, depending on the type of end termination.

If the instantaneous volumetric flow rate is sinusoidal, we may write
the following:

U(t) = Uy e’ (8-13)

If we make this substitution into Eq. (8-4), we find the following relationship
between the instantaneous acoustic pressure difference and the instanta-
neous volumetric flow rate:

Ap(t) = joM AUy, &/ = Apy, e/ (8-14)
The acoustic reactance for a mass element may be defined, as follows:

A
Xa =Fp=jwMA (8-15)

The quantity w = 2xf is the circular frequency for the sound wave.

8.2.2 Acoustic Compliance

The change in force acting on a mechanical spring element (an energy
storage clement) is proportional to the displacement of the ends of the
spring, or the velocity integrated over the time during which the displace-
ment occurs:

1
AF, = Ky Judz:—Judt (8-16)
Cym

The quantity Kg is the spring constant, and Cy; = 1/Kg is the mechanical
compliance (units: m/N). The corresponding relationship for an electrical
capacitor is as follows:
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1
Ae=— | idt 8-17

Sl 17
The quantity Cg is the electrical capacitance (units: farad).

The corresponding capacitance element for the acoustic system is a
volume of gas that is compressed and expanded by the gas entering the
volume at a volumetric flow rate U, as shown in Fig. 8-4. For a fixed volume
V', we may write the conservation of mass principle for the gas as follows:
dp
= —=p,U 8-18
1 = Po (8-18)

The acoustic compression/expansion process is thermodynamically
reversible and adiabatic (isentropic) for small amplitudes. The pressure—
density relationship for such a process is as follows:

V

p/p! = constant = P,/p} (8-19)
dp = (Po/pb)ye’ ™" dp (8-20)
—_—
Fa—0=— /NN \/—0—
Cy = VK,
(e}

o

c

(b)
U — C,
V'
{c)

FiGure 8-4 Compliance elements: (a) mechanical spring, (b) electrical capacitor,
and (c) acoustic compliance.

e
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The quantity P, is atmospheric pressure and y is the specific heat ratio for
the gas. The time rate of change of the density of the gas within the volume
may be found from Eq. (8-20):

do _ p5  dp

=— — 8-21
dt — y,Pypr~! dt ®-2D)

Combining Egs (8-18) and (8-21), we obtain the following expression
for the volumetric flow rate of gas into the volume:

_Vo/p) " dp _ V dp
- yP, dt yP, dt

U (8-22)

The expression for the speed of sound for an ideal gas (P, = p,RT) is given
by Eq. (2-1):

> = yRT = yP,/p, (8-23)

Making this substitution into Eq. (8-22), we obtain the following relation-
ship for the volumetric flow rate:

U_Vdp

= (8-24)

If we separate variables and integrate Eq. (8-24), we obtain the analogous
relationship for an acoustic compliance element:

2
PoC 1
Ap=—"—r | Udt=— | Udst 8-25
=2 | var—o | (8-25)
The quantity C is the acoustic compliance (units: m®/Pa or m’/N):

V

Cy =
PoC’

(8-26)

If we make the substitution for the volumetric flow rate from Eq.
(8-14) into Eq. (8-25), we may obtain the following expression for the
instantaneous acoustic pressure difference for a compliance element:

U, ; iUn -
Ap(t) = —0 el = —LTm oot — pp eI (8-27)
JowCy wCp
The acoustic reactance for a compliance element may be defined as follows:

AT (8-28)

X
AT U wCy
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8.2.3 Acoustic Resistance

The mechanical resistance in a system is provided by a damper, often con-
sidered as a viscous or linear damper, in which the force on the damper is
directly proportional to the velocity, as shown in Fig. 8-5:

Fd = RM’U (8'29)

The quantity Ry is the mechanical resistance or damping coefficient (units:
N-s/m).

The analogous electrical quantity is the electrical resistance R,
defined by Ohm’s law:

Ae = Ryi (8-30)

The quantity Rg is the electrical resistance (units: ohm).
The analogous acoustic resistance is defined in a similar manner:

T
b
Q
—
(o]

FIGURE 8-5 Resistance elements: (a) mechanical damper, (b) electrical resistor, and
(c) acoustic resistance or constriction.
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The quantity R, is the acoustic resistance (units: Pa-s/m® = N-s/m°). The
units for the acoustic resistance (Pa-s/m®) are sometimes called acoustic
ohms. In contrast to the electrical resistance, the acoustic resistance is
often a function of the frequency of the sound wave. In acoustic systems,
the resistance may be provided by restrictions, such as screens.

The acoustic resistance of tubes depends on the size of the boundary
layer near the tube wall relative to the tube radius or diameter. This ratio is
given by the following expression:

ry = anfp/pw)'"? (8-32)

The quantity w is the viscosity of the gas in the tube and a is the tube radius.
The frictional resistance for the gas within a tube is given by the following

expressions:
(a) small tube, r, < 4v/2 = 5.66:
L
Ry = ML (8-33)
na
(b) intermediate tube, r, > 5.66:
1/2
Ry = (47€fli/20) E +2 (8-34)
wa a

The acoustic resistance of an orifice of negligible thickness is given by
the following expression:

2
20 (for ka < V/3) (8-352)
Ry = :
pc
— (for ka > +/2) (8-35b)

The quantity k = 27f/c is the wave number and « is the orifice radius.

8.2.4 Transfer Matrix

The transfer matrix approach to silencer design has been used extensively
since large-capacity digital computers have become available. Let us con-
sider the acoustic mass element shown schematically in Fig. 8-6. The input
and output variables are the acoustic pressure and volumetric flow rate. The
following set of equations may be written for steady-state operation:

P2y =p1+joMAU, (8-36a)
U, = U, (8-36b)
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FIGURE 8-6 Transfer element schematic for an acoustic mass. The “outputs” are
the acoustic pressure p, and the acoustic volumetric flow rate U,; the “inputs” are
the corresponding values of p; and Uj.

These two relationships may be written as a single matrix equation:

| _ |l joMa|lpr | _ [T Tu|lp i
{UZ}_[O 1 ]{Ul}_[TZI Ty || U, (8-37)
The T matrix is called the transfer matrix. For a mass element, the transfer
matrix is obtained from Eq. (8-37):

Tl = [ o 71" ] (8-38)

The transfer matrices for the compliance and resistance element may be
written in a similar manner:

[T)eomp = [(1) 7 T)CA} (8-39)

[T]resl = |:(1) RIA:| (8'40)

For two or more elements in series, as shown in Fig. 8-7, the output of
element A is the input to element B:

{’{;3 } = [T]A{ v } = [TJA[T]B{ v } (8-41)

We observe from Eq. (8-41) that the overall transfer matrix for two or more
elements in series is the matrix product of the individual transfer matrices:

[T, = [T1AlT]g (8-42)
p3 PZ p!
o—i — o
U . . ® v
3 1
Ug

FIGURE 8-7 Acoustic elements in series.
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8.3 THE HELMHOLTZ RESONATOR

The primary element of the side-branch muffler is a resonator volume
(Helmholtz resonator). We need to become familiar with the characteristics
of this acoustic system before considering the application in silencer design.
In addition, the analysis of the Helmholtz resonator illustrates the principles
of the lumped-parameter analysis for acoustic systems (Howe, 1976).

8.3.1 Helmholtz Resonator System

The Helmholtz resonator and the analogous mechanical and electrical sys-
tems are shown in Fig. 8-8. The system consists of an acoustic resistance Ry,
an acoustic mass M4, and an acoustic compliance C,. The elements are in
“series,” such that the volumetric flow rate is the same for each element. In
the acoustic system, the pressure is analogous to the mechanical force or the
electrical voltage, and the volumetric flow rate is analogous to the velocity of
a mass or the electrical current.

Ca

p=0C

s

FiGURE 8-8 Equivalent circuit diagram for the Helmholtz resonator. The pressure
at one terminal of the acoustic compliance is atmospheric pressure, or the acoustic
pressure is zero. The acoustic pressure at the other end of the compliance terminal is
pc. The Helmholtz resonator is analogous to the mechanical system with a spring,
damper, and mass.
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8.3.2 Resonance for the Helmholtz Resonator

The resonant frequency for the Helmholtz resonator is similar in principle to
the natural frequency for vibration of a spring—mass system. For an elec-
trical system, resonance occurs at a frequency such that the electrical reac-
tance is zero. The resonant frequency for the Helmholtz resonator is given
by the following expression:

1

Jo = A C)

(8-43)
This relationship may be used for design purposes to determine the resona-
tor frequency for given resonator dimensions, or the required dimensions
may be found to achieve a given resonant frequency.

Example 8-1. A Helmholtz resonator is to be constructed of a cylinder
with the diameter equal to the length, D = L,. The opening to the resonator
is an orifice with a radius ¢ = 10mm (0.3941in) and a thickness L = I mm
(0.039i1n). It is desired to select the resonator dimensions such that the
resonant frequency is 250 Hz. The gas in the resonator volume is air at
21°C (70°F) and 101.3kPa (14.7 psia), for which the density is 1.200 kg/
m® (0.07491b,, /ft*) and the sonic velocity is 343.8 m/s (1128 ft/sec).

Both ends of the hole in the resonator wall are “flanged,” so the
equivalent length of the resonator inlet may be found from Egs (8-8) and
(8-12):

L, = 1.00 + (2)(8/37)(10.0) = 17.98 mm
The acoustic mass may be calculated from Eq. (8-11):

_ poLe _ (1.200)(0.01798)
nd (7)(0.010)

M, = 68.68 kg/m*

The required acoustic compliance for the resonator may be found
from Eq. (8-43):

1 1 o s
— — =5.901 x 10°m’/N =
4 fIMA  (472)(250)%(68.68) / 0oC?

Ca

The resonator volume required to achieve a resonant frequency of 250 Hz
may be determined:

V = (5.901)(107")(1.200)(343.8)> = 0.837 x 10> m® = 0.837 dm’
The cylindrical volume (for D = L) is given by the following:

V=4aD’L, =D’

Copyright © 2003 Marcel Dekker, Inc.



The resonator dimensions may be determined:
D = L, = [(4/7)(0.837)(107%)]"? = 0.1021 m = 102.1 mm  (4.02in)
The wavelength of the sound wave in the resonator is as follows:

¢ 3438
=—=——=1.375 L; =0.1021
fo T 250 m "
The wavelength is much larger than the resonator dimensions, so the
lumped-parameter approach is valid.

8.3.3 Acoustic Impedance for the Helmholtz
Resonator

For steady-state operation, the acoustic impedance for the Helmholtz reso-
nator with all elements in series may be written in the following complex

form:
Din . ]
Zy =t =R My ——2— 8-44
A=Y A+ joMp wCh (8-44)
. 1 , w:
ZA:RA+]MA w———— :RA +]MA w—— (8-45)
C()MACA w

The quantity w, is the circular resonant frequency:
1

UANE A

Wy = 27Tfo

The acoustic impedance for the Helmholtz resonator may be written in
the following alternative form:

2mfo Mo <f fo>]
Za=Rpll+j—— = 8-47
A A|: J R, L7 ( )
Let us define the acoustic quality factor Q4 by the following relationship:
2rfoM
0y = THMa (848)
A

The acoustic quality factor gives a measure of the quality or sharpness of
tuning for the Helmholtz resonator (Nilsson, 1983). A large value for the
acoustic quality factor usually implies that there is a small acoustic resis-
tance present. The quality factor in the acoustic system is analogous to the
damping ratio (or, actually, the reciprocal of the damping ratio) for the
mechanical vibratory system. The acoustic impedance for the Helmholtz
resonator may be written in terms of the acoustic quality factor:
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Zy= RA[I 170 (1 —&)] (5-49)

fo S
The magnitude of the acoustic impedance may be found from Eq.
(8-49):
|Zal = (R +1Im)'? = Ru[1 + QA (f /1, — fo/ )12 (8-50)

The phase angle ¢ between the incident acoustic pressure and the volume
flow rate through the necktube of the resonator may also be determined
from Eq. (8-49):

tan¢ = Im/Re = Qa[(/fo) — (fo//)] (8-51)

8.3.4 Half-Power Bandwidth

The acoustic quality factor gives a measure of how sharply the resonator
“resonates.” Another qualitative measure of the sharpness of tuning is the
acoustic half-power bandwidth. The average acoustic power delivered to the
resonator is equal to the power dissipated in the resistance element, because
the capacitive and mass elements only momentarily store energy and do not
dissipate energy:

W = URx = (Pin/|1ZA1)’ Ra (8-52)
The magnitude of the acoustic impedance may be found from Eq. (8-50):

_ (Pin/Ra)
L+ QA1) = /NP

The power delivered to the resonator at the resonant frequency, f = f,, is
given by the following:

(8-53)

2

Din
W, =Ltm 8-54
=R (8-54)

Equation (8-53) may be written in dimensionless form as follows:
w 1

= 8-55
Wo 1+ QA /10) = (/NP (859

The ratio of acoustic power delivered to the resonator may also be expressed
in “level” form as follows:

ALy = Ly, — Ly = 10log,o{1 + QX[(///,) — (fo//)T'} (8-56)
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A plot of the acoustic power delivered to the resonator as a function of
frequency is shown in Fig. 8-9. We may observe several facts from this
figure. First, the acoustic power is maximum when the frequency is equal
to the resonant frequency. Secondly, the curve is “spread out™ for small
values of the acoustic quality factor (large damping), whereas it has a more
sharp peak for large values of the acoustic quality factor (small damping).
For frequency ratios larger than about (f/f,) = 10, the sound power level
decreases at a rate of about 6 dB/octave.

A quantitative measure of the sharpness of the peak in the power curve
for the Helmholtz resonator is given by the acoustic half-power bandwidth.
This quantity is defined as the difference between the two frequencies f; and
/> at which the acoustic power delivered to the resonator is one-half of the
power delivered at resonance. This condition corresponds to the frequencies
at which (W/W,) =1 in Eq. (8-55):

WIW, =4 =1+ 0Al(fi2/fo) — (fo/fi )} (8-57)
0;2 A W\ \‘O.[BIIGél 3
= L N “\ n

) / / oD NG
0 B 2

= N 5

WA, — / \ \ -

C / 3162 |\
0 ' 3

= / SONE
10‘3‘E N =

0. 0.2 0.4 0.6 1 2 4 & 810

f/1a
FiGURE 8-9 Graph of the ratio of the acoustic power delivered to a Helmholtz

resonator at any frequency f to the power delivered at the resonant frequency f;. The
plot is made for various values of the acoustic quality factor Q,.
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The two solutions for Eq. (8-57) are as follows:

fi (144007 -1

o= 20 (lower frequency) (8-58)
o A
144032 +1
{72 = % (upper frequency) (8-59)
o A

The acoustic half-power bandwidth is found by taking the difference
of the two frequencies given by Eqs (8-58) and (8-59):

Lh=hH_4af 1
== 8-60
fo fo QA ( )

If we multiply Eq. (8-58) by Eq. (8-59), we obtain the following:

A (1+400) -1
e 40n
fo= i) (8-61)

The resonant frequency is the geometric mean of the upper and lower fre-
quencies of the acoustic half-power bandwidth.

1

Example 8-2. Consider the resonator in Example 8-1, for which the reso-
nant frequency was 250 Hz. Determine the magnitude of the acoustic impe-
dance at 250 Hz and at 125 Hz, the acoustic half-power bandwidth, and the
acoustic power delivered at 250 Hz and at 125 Hz. The incident sound pres-
sure level is 80 dB. The viscosity of air at 21°C is u = 15.35 pPa-s.

First, let us determine the acoustic resistance for the opening of the
resonator. The parameter from Eq. (8-32) may be calculated for the reso-
nant frequency:

ry = a7 fupo/w)"* = (0.010)[(27)(250)(1.200)/(15.35)(10°)]"/?
r, =110.8 > 5.66

For a frequency f = 125Hz, we find r, = 78.3 > 5.66. Both cases fall in the
“intermediate tube’ range, so the acoustic resistance may be calculated from
Eq. (8-34). The acoustic resistance at the resonant frequency, f, = 250 Hz, is
as follows:

[(47)(250)(1.200)(15.35)(10~%)]"/?

1 3
= — 42 ) = 1608 Pa-s/m"
A (7)(0.010) (10 ) /

Similarly, we find the following value for the acoustic resistance at a fre-
quency f = 125Hz:
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Ry = (1608)(125/250)"/? = 1137 Pa-s/m’

The acoustic quality factor, using the acoustic resistance at resonance,
is found from Eq. (8-48):

 (27)(250)(68.68)

- = 67.09
A (1608)

Similarly, the acoustic quality factor, using the acoustic resistance at 125 Hz,
is as follows:

O, = (67.09)(1608/1137) = 94.88

The acoustic impedance at resonance (f = f,) is equal to the acoustic
resistance, as seen from Eq. (8-50). At a frequency of 250 Hz, the acoustic
impedance is as follows:

|Za| = Ry = 1608 Pa-s/m® = 1.608 kPa-s/m’

The acoustic impedance at a frequency of 125 Hz may be calculated from
Eq. (8-50), using the quality factor corresponding to 125 Hz:

|ZAl = (1137){1 + (94.88)*[(250/125) — (125/250)]}"/2
|ZAl = (1137)(142.3) = 161.82 x 10* Pa-s/m’ = 161.82 kPa-s/m’

The phase angle between the incident acoustic pressure and the volu-
metric flow rate is ¢ = 0 at resonance. The phase angle at 125 Hz may be
found from Eq. (8-51):

tan ¢ = (94.88)[(125/250) — (250/125)] = —142.3
¢ = —89.5° = —1.564rad

The phase angle for 125Hz is almost —90° or —}rrad.
The acoustic half-power bandwidth may be found from Eq. (8-60):

£, 250
Af 0= 6709 373Hz=f — f

The lower frequency f; is found from Eq. (8-58):
fi [+ #)67.09°77 1
fo (2)(67.09)
1 =1(0.9926)(250) = 248.1 Hz

= 0.9926

The upper frequency f; is found as follows:

fo=/fi+ Af =248.1 +3.7=251.8Hz
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The incident sound pressure is found from the sound pressure level:
Pin = (20)(107°) 10**° = 0.200 Pa

The acoustic power delivered to the resonator at the resonant frequency is
found from Eq. (8-54):

_ P (0.200)°
° " Ra  (1608)

—=24.86 x 107°W = 24.86 uW

The acoustic power delivered to the resonator at 125 Hz is found from Eq.
(8-55):

w 1
= . 5=0.04937 x 107
Wo 1+ (94.88)°[(125/250) — (250/125)]

W = (24.86)(107%)(0.04937)(10™%) = 1.227 x 107" W = 1.227nW

We observe that the resonator readily accepts energy around the reso-
nant frequency; however, the energy delivered to the resonator rapidly
decreases as the frequency is increased (or decreased) from the resonant
value. This characteristic is important when considering the use of a side-
branch muffler, which is based on the use of a Helmholtz resonator element.

8.3.5 Sound Pressure Level Gain

Another parameter of interest for the Helmholtz resonator is the difference
between the incident sound pressure level and the sound pressure level
within the resonator volume. The sound pressure level gain Lg for the
resonator is defined as follows:

Lg = Ly — Lyin = 2010go(pe/pin) (8-62)

The quantity p. is the acoustic pressure in the cavity or resonator volume
and p;, is the acoustic pressure incident on the resonator system.

The magnitude of the acoustic pressure within the cavity may be found
from Eq. (8-28) for the capacitive element:

U
|pel = a)7CA (8-63)

The volumetric flow rate and the incident pressure are related through the
system impedance, given by Eq. (8-50):

| Pinl = 1ZAlIU] (8-64)

We may combine Eqs (8-63) and (8-64) to obtain the expression for the
acoustic pressure ratio:
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lpel _ 1 _ Ma/RA
|Pinl  @CAlZAl  @CAMA(IZA]/RA)

(8-65)

If we make the substitution for the resonant frequency from Eq. (8-43) and
the acoustic impedance from Eq. (8-50), we may write Eq. (8-65) in the
following form:

|pc| — (fo/f)QA

Pinl L+ QAU Mo — S/ )12
This expression has the same mathematical form as that for the mechanical
transmissibility, which we will examine in Chapter 9. It is noted that, at

resonance f/f, = 1, and the pressure ratio is equal to the acoustic quality
factor Q. The sound pressure level at resonance is given by Eq. (8-62):

Lg, = 20log)y Oa (at resonance) (8-67)

(8-66)

Example 8-3. Determine the sound pressure level gain for the Helmholtz
resonator given in Example 8-2 at resonance (250 Hz) and at 125 Hz.

The sound pressure level gain at resonance may be found from Eq.
(8-67):

L, = 2010g,(67.09) = 36.5dB

We note that the acoustic pressure and acoustic pressure level in the reso-
nator volume for resonant condition are as follows:

Do = Oa pin = (67.09)(0.200) = 13.42 Pa
Lyc=Lyin+ Ls=280+36.5=116.5dB

The pressure ratio for a frequency of 125 Hz may be found from Eq.
(8-66):
|pl (250/125)(94.88)

- =0.1481 x 107°
Pl (14 (94.88)2[(125/250) — (125,250 P72 — 01481 <10

The sound pressure level gain at 125 Hz is as follows:
L = 2010g,,(0.1481 x 107°) = —76.6 dB

The sound pressure level in the resonator cavity for a frequency of 125 Hz is
much less than the sound pressure level of the incident sound wave:

Lye=Lyin+ L = 80+ (—76.6) = 3.4dB

We observe that the Helmholtz resonator in this example serves as a
good amplifier of sound only in the vicinity of the resonant frequency. This
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characteristic may be utilized when Helmholtz resonators are used in con-
nection with stereo systems to emphasize certain frequency ranges.

8.4 SIDE-BRANCH MUFFLERS

The side-branch muffier is one type of silencer used to reduce noise emission
in a restricted frequency range from a mechanical system. The side-branch
muffler consists of a Helmholtz resonator connected to the main tube
through which the sound is transmitted. The silencer acts to reduce sound
transmission primarily by reflecting acoustic energy back to the source, so it
is classed as a reactive silencer; however, some energy is dissipated within the
acoustic resistance element of the silencer.

Some typical configurations for the side-branch muffler are shown in
Fig. 8-10.

8 MAIN TUBE %8
ECONNECTING
TUBE(S)
e

- RESONATOR
VOLUME

{a)

| — oRiFICE

ST

[—— RESONATOR
YOLUME

(b

FiGure 8-10 Configurations for side-branch mufflers: (a) resonator connected by
a tube or tubes and (b) resonator connected through orifices.
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8.4.1 Transmission Loss for a Side-Branch Muffler

The acoustic impedance for the Helmholtz resonator in the side-branch
muffler is given by Eq. (8-44):

Zab = Ra +JX4 (8-68)
The acoustic reactance X, of the resonator is given by the following expres-
sion:
1
Xy =2nfMy — —— 8-69
A M 27fC ( )

The quantities M, and C, are the acoustic mass and acoustic compliance
for the resonator.

The instantaneous acoustic pressure p;(¢) in the main tube upstream of
the junction or side branch may be written as follows:

P1(l) — Al ej(a)z—kx) +B1 ej(wr+/cx) (8-70)

The first term represents the incident sound wave at the junction, and the
second term represents the sound wave reflected back toward the source.
Similarly, the instantancous acoustic pressure downstream of the junction or
side branch may be written in the following form, assuming that there is
negligible energy reflected beyond the junction:

pa(t) = Ay /@ (8-71)

The acoustic pressure at the branch may be written in terms of the acoustic
impedance of the resonator:

Po(D) = Up()Zap = Up(D)(Rp +jXa) (8-72)

As indicated in Fig. 8-11, the acoustic pressure at the junction (x = 0)
is the same for the three elements:

Pi(x=0)=pr(x=0) =py (8-73)
A + By = Ay = Uy(Ra +jXa) (8-74)

The volumetric flow rate upstream of the junction or side branch may
be written in terms of the acoustic velocity u;(¢) and the cross-sectional area
S of the main tube:

Ui(1) = Suy (1) = (S/po0) A, &/ @™ — By /@] (8-75)

The volumetric flow rate downstream of the junction may be written in a
similar fashion:

Uy (1) = Suy(1) = (S/poc)Ay e’ (8-76)
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SIDE
BRANCH

Py P
FiGURE 8-11 Physical conditions at the junction of a side branch. Subscript 1

denotes upstream conditions, subscript 2 denotes downstream conditions, and sub-
script b denotes conditions for the side branch.

At the junction (x = 0), we have the following condition for the volume flow

rate:
Uy(x = 0) = Uy(x = 0) + U, (8-77)
(0oc/S) A + By)
A — B = A, + : 8-78
1 1 2 RA +]XA ( )

If we eliminate the term B; between Eqs (8-74) and (8-78), we obtain
the following expression for the ratio of the coefficients A; (incident sound
wave) and A, (transmitted sound wave):

Ay _ (po¢/25) + Ra +/Xa

8-79
Ay Ra + XA (8-79)

The square of the magnitude of this ratio is as follows:
Ai]’_ [Ra + (poc/29)F + X3 880
4L R+ (8-50)

The sound power transmission coefficient @, for the side-branch muf-
fler is defined as the ratio of the sound power transmitted to the sound
power incident on the junction:

W _pel |42

. - Ry + X3
' Win |Pin|2 4,

 [Ra + (0o¢/2S)F + X%

The transmission loss TL for the muffler is related to the sound power
transmission coefficient:

(8-81)
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TL = 101log,,(1/a,) (8-82)

If more than one tube is used to connect the resonator volume and the
main tube, the total acoustic mass for N, tubes having the same length and
diameter is given by the following expression:

— Ioo(L + ALa + ALb) — poLe

My
wa*N, wa*N,

(8-83)

The quantity L is the length of each connecting tube, and AL, and AL, are
the equivalent lengths to account for end effects at each end of the connect-
ing tube. If the end of the connecting tube is flush with the main tube wall or
the wall of the resonator volume (flanged end), use Eq. (8-8) for the end
correction. If the connecting tube protrudes into the main tube or the reso-
nator volume (free end), use Eq. (8-10) for the end correction.

The expression for the acoustic compliance C, for the resonator is
given by Eq. (8-26).

In many design cases, additional acoustic resistance, in the form of
screens and other elements, must be added to achieve the required total
acoustic resistance. The total acoustic resistance R, is related to the specific
acoustic resistance Rg (resistance for a unit area) by the following:

__&s
~ 7wa*N,

R, (8-84)

The specific acoustic resistance for one screen layer Rg; is given in Table 8-1
for several screen sizes. The specific acoustic resistance for Ng layers of
screens is Rg = NgRg;.

TaBLE 8-1 Specific Acoustic Resistance for
Wire Screen

Screen thickness

Mesh size,

wires/inch  mm inch  Rg, rayl, N-s/m3
30 0.66 0.026 5.67
50 0.44 0.0173 5.88
65 0.33 0.0129 6.40

100 0.23 0.0091 9.10

120 0.184 0.0072 13.5

200 0.114  0.0045 24.6

325 0.073  0.0029 49.1

Copyright © 2003 Marcel Dekker, Inc.



The acoustic reactance for the resonator, using Eq. (8-69) with the
resonant frequency given by Eq. (8-43), may be written in the following

form:

Xa =21 fMAll = (fo//)] (8-85)
The acoustic quality factor may be introduced from Eq. (8-48):

Xa = RaOAl(f/1o) — (fo//)] (8-86)

The final expression for the sound power transmission coefficient (or
the reciprocal) for the side-branch muffler is obtained by making the sub-
stitution from Eq. (8-86) into Eq. (8-81):

L _ B+ QAU /1) = U/

— 8-87
a1+ QA /1) — S/ NP (57
The quantity g is defined as follows:
B PoC )
ﬂ_l—i-zSRA (8-88)

The quantity S is the cross-sectional area of the main tube from the source
of sound, and p, and ¢ are the density and speed of sound, respectively, for
the gas in the main tube.

At resonance (f =f,), we see from Eq. (8-87) that the sound power
transmission coefficient is a minimum (or the reciprocal is a maximum) and
has the following value:

(1/@)ax = B (8-89)
The transmission loss for the muffler at resonance is a maximum:
TL, = TLypy = 10logo(8%) = 20logy, B (8-90)

The half-power bandwidth frequencies for the side-branch muffler
may be determined by using Eqs (8-87) and (8-89):

Va  _ o soo— BT QAU M) = S/
(1/a)ma FA1+ QA1 /fo) — S/}

If we solve the quadratic equation, Eq. (8-91), for the two solutions, we
obtain the lower frequency (f;) and the upper frequency (f;) of the half-
power frequency band:

filfo =L+ = 1) (8-92)
folfo =L+ A/ + 1) (8-93)

(8-91)
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The quantity y is defined by the following expression:

_ B
204(8° =2
We observe from Eq. (8-94) that the value of the quantity 8 must meet the
condition B > /2 if the side-branch muffler is to be used.
The sound power transmission coefficients at the upper and lower

frequencies of the half-power band are related to the transmission loss at
resonance:

TL, = TL, = 1010g,[0.500(1/a,),,,,] = TL, — 3.0dB (8-95)

y (8-94)

The transmission loss at resonance is given by Eq. (8-90).

Example 8-4. A side-branch muffler has a resonator volume of 3.00 dm’
(0.1059 ft*). Three side-branch tubes are used, and each tube has a diameter
of 24mm (0.9451in) and a length of 75Smm (2.95in). The side-branch tubes
are flush with the main tube surface at one end and with the resonator
container wall at the other end. The acoustic resistance is provided by one
layer of 100-mesh screen in each tube. The diameter of the main tube is
150 mm (5.91in). The fluid flowing in the main tube is air at 325°C (617°F)
and 110kPa (15.96 psia), for which the sonic velocity ¢ = 490 m/s (1608 ft/
sec) and density p, = 0.641 kg/m> (0.0401b,, /ft*). Determine the transmis-
sion loss for the muffler at a frequency of 125 Hz.

The equivalent length for the side-branch tubes (flanged ends) is as
follows:

L.=L+28n/3)a="175+(2)8n/3)(12) = 276 mm
The acoustic mass for the side-branch tubes may be calculated from Eq.
(8-83):

e _ (0:64D(0.276) _

4
AT 002G - oAke/m

The acoustic compliance for the resonator may be found from Eq. (8-26):

-3
o= GO0 o 09 b’
(0.641)(490)

The resonant frequency for the silencer is found from Eq. (8-43):

1

fo
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The specific acoustic resistance for one layer of screen is Rg; = 9.10
N-s/m’ from Table 8-1. The acoustic resistance for the muffler may be
calculated from Eq. (8-84):

(1)(9.10)
| =

=-—/""—  =6705Pa-s/m’ = 6.705 kPa-s/m’
(3)(7)(0.012)
The acoustic quality factor for the muffler is given by Eq. (8-48):

_ 200980304

= =122
A (6705) 0

The cross-sectional area of the main tube is as follows:
S = (A 7)(0.150)* = 0.01767 m*

The B-parameter may be calculated from Eq. (8-88):

B (0.641)(490) _
P=1+m0ommeneros) — | A0 =232

The sound power transmission coefficient may be found from Eq.
(8-87) for a frequency of 125 Hz:

1 (2.326)” + (12.20)°[(125/99.8) — (99.8/125)]> 1139
a. 14 (12.20)°[(125/99.8) — (99.8/125)>

The transmission loss at a frequency of 125 Hz is found from Eq. (8-82):
TL = 101log;,(1.139) = 0.6dB

The transmission loss at the resonant frequency (f, = 99.8 Hz) is
found from Eq. (8-90).

TL, = 20log,,(2.326) = 7.3dB

We note that there is a considerable difference between the transmission loss
at resonance and at the higher frequency of 125 Hz.
The parameter y given by Eq. (8-94) may be calculated:

(2.326)

= Daz2oaser — g7 =~ "0

14

The upper and lower frequencies for the half-power band may be calculated
from Eqs (8-92) and (8-93):

filfo = (0.0516){[1 4 (1/0.0516)*]"/% — 1} = 0.9497
fi = (99.8)(0.9497) = 94.8 Hz
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folfo = (0.0516){[1 + (1/0.0516)*]" + 1} = 1.0529
fo = (99.8)(1.0529) = 105.1 Hz

The half-power bandwidth is relatively small (about £5%) for the muffler in
this example.

8.4.2 Directed Design Procedure for Side-Branch
Mufflers

In many silencer design situations, the following parameters are known or
specified: (a) minimum acceptable transmission loss, TL;,; (b) primary
range of frequencies for the silencer operation, f; and f5; (c) cross-sectional
area of the main tube, S; and (d) the type of gas in the silencer, so that the
density p, and speed of sound c¢ are known. There are often more
“unknowns” than design equations; therefore, there are several possible
solutions for a particular set of design parameters. The design equations
may be organized, however, in a form that allows a more directed design
procedure. This directed design procedure is outlined in the following
material for a side-branch muffler.

D1. The design resonant frequency for the resonator may be deter-
mined from the primary range of frequencies for the silencer and Eq. (8-61):

fo=(H"? (8-96)

D2. The maximum transmission loss for the muffler or the transmis-
sion loss at resonance may be determined from the minimum acceptable
transmission loss and Eq. (8-95):

TL, = TLy, + 3dB (8-97)

D3. The dimensionless parameter 8 may be determined from the value
of the transmission loss at resonance and Eq. (8-90):

B = 10TLo/20 (8-98)

D4. The required acoustic resistance for the muffler may be deter-
mined from the value of the g-parameter and Eq. (8-88):

PoC Rs
Ra= 26— 1S 7d®N, (8-99)
The quantity a is the radius of a connecting tube, N; is the number of
connecting tubes, and Rg is the specific acoustic resistance for the connect-
ing tubes.
D5. The acoustic quantity factor may be determined from the frequen-
cies and the B-parameter with Eqs (8-92), (8-93), and (8-94). If we subtract
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Eq. (8-92) from Eq. (8-93), we obtain the following relationship for the
parameter y:
)
2f,

Using Eq. (8-94) to eliminate the parameter y, we obtain the following
relationship for the acoustic quality factor:

_ 1.8
(fr =SB —2)'?

D6. The required acoustic mass for the muffler may be determined
from the acoustic quality factor and Eq. (8-48):

R
M, = OaRA
27t

(8-100)

Oa (8-101)

(8-102)

D7. The required acoustic compliance may be determined from the
acoustic mass, the resonant frequency, and Eq. (8-43):

1 4

ChA=——»7"=—>
47[2f02MA p0C2

(8-103)

D8. Practical choices must be made for two of the following quantities
to completely specify the design: specific acoustic resistance, Rg; number of
side-branch tubes, N,; side-branch tube radius, a; resonator volume, V; and
length of the side-branch tube, L. The remaining three quantities may be
calculated from the previously determined values of the acoustic mass, My
the acoustic resistance, R, ; and the acoustic compliance, Cj,.

This design procedure is illustrated in the following example.

Example 8-5. A side-branch muffler is to be constructed by placing a
300mm (11.81in) inside diameter cylinder around the 250 mm (9.84in)
inside diameter circular duct used in an air conditioning system, as shown
in Fig. 8-12. The resonator volume is connected to the main duct through
circular holes covered with wire screen. The thickness of the duct is 1.20 mm
(0.047 in). The muffler is to have a minimum transmission loss of 6 dB over
the frequency range from 177 Hz to 354 Hz (the 250 Hz octave band). the
fluid flowing through the main duct is air at 10°C (50°F) and 105kPa
(15.23 psia), for which the density p, = 1.292kg/m? (0.08071b,,/ft*) and
the sonic velocity ¢ = 337.3m/s (1107 ft/sec). Determine the muffler dimen-
sions.

The design resonant frequency is found from Eq. (8-96), if we set the
design frequency range as the half-power band range:
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FiGURE 8-12 Figure for Example 8-5. The main tube diameter D; = 250 mm and
the resonator volume OD is D, = 300 mm.

fo = (fifn)* =1(177)(354)]'"* = 250 Hz

The maximum transmission loss, which occurs at the resonant frequency, is
as follows:

TL, =TL;, +3.0dB=6.0+3.0=9.0dB
The damping parameter S is found from Eq. (8-98):
B=10"* =228216
The cross-sectional area for the main duct is as follows:
S = (47)(0.250)* = 0.0491 m
The required acoustic resistance may be calculated from Eq. (8-99):
B (1.292)(337.3)
AT (2)(2.8216 — 1)(0.0491)
The acoustic quality factor for the resonator may be found from Eq. (8-101):
T (354 — 1(33?[)((22.'88221166;2 T T 03
The required acoustic mass may be determined from Eq. (8-102):
_ (1.6322)(2436)
AT emeso)
The required acoustic compliance for the resonator is given by Eq. (8-103):
1
T (@7)(250)%(2.531)

= 2436 Pa-s/m’

Oa

=2.531 kg/m*

Ca =0.1601 x 10°m’/N
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If we use one layer of screen over each of N, holes, the acoustic
resistance and acoustic mass are given by Egs (8-99), with Rg = Rg, and
(8-83) with flanged-end tubes:

Rs
RA =
AT 1N,
L+ (16a/3
MAZPO[ +(2 a/37)]
wa- N,

Solving for the ratio of the acoustic mass and acoustic resistance, we obtain
the following expression:

My _ polL +(16a/37)]

Ry Rs
Let us try a 200-mesh wire screen, for which Rg; = 24.6 N-s/m>, for the
acoustic resistance. If we solve for the required hole radius ¢, we obtain:
37 [MARS L:| _ 3m |:(2.531)(24.6)

“=76 | Rapo ~ 16 | (2436)(1.292)

a=0.0109m = 10.9 mm (0.4291in)

- 0.0012]

The hole diameter is:
2a = 21.8 mm (0.858 in)
The required number of holes may be found as follows:

R (24.6)

= > = B = 270 hOleS
n@® Ry~ (7)(0.0109)%(2436)

N

There are other possible solutions. For example, if we use 120-mesh screens,
we would find that the hole radius would be ¢ = 5.7mm (0.2241in) and the
number of holes would be N, = 55 holes.

The required volume of the resonator is found from the acoustic com-
pliance:

V = Capoc® = (0.1601)(107%)(1.292)(337.3)* = 0.02353 m> (0.831 ft°)

The required length of the resonator is as follows:

I, — (0.02353) 002353
27 (17)1(0.300)> — [0.250 + (2)(0.0012)]} ~ 0.02065

L,=1.139m (44.86in)

The summary of the design for the side-branch muffler is as follows:

Muffler length, L, = 1.139m (44.861n)
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Hole diameter, 2a = 21.8 mm (0.858 in)
Resistance element, 1 layer of 200-mesh wire screen

The sound power transmission coefficient for a frequency f = 63 Hz
may be found from Eq. (8-87):

1 (2.8216)" + (1.6322)*[(63/250) — (250/63)) _L1g4
a1+ (1.6322)%[(63/250) — (250/63)>

The transmission loss for the muffler at 63 Hz is as follows:

TL (63 Hz) = 10log,(1.1842) = 0.7dB

8.4.3 Closed Tube as a Side-Branch Muffler

For a side-branch muffler with a resonator volume attached, the muffler
operates quite well around the single resonant frequency of the resonator
volume. A long tube, however, has several resonant frequencies (theoreti-
cally, an infinite number of resonant frequencies). The resonant frequencies
for the closed tube shown in Fig. 8-13 are given by the following expression
(Kinsler et al., 1982):

_(n—3)c _
f, = T8 (n=1,2,3,..) (8-104)
_%ak_
!
CLOSED I
TUBE L
3

Ficure 8-13 Closed tube of radius a and length L as a side branch.
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The equivalent length of the closed tube is given by Eqgs (8-8) and (8-12) for
the open end:

L. =L+ (8/3m)a (8-105)

The quantity L is the length of the tube and « is the radius of the tube.
The acoustic reactance for the closed tube is given by the following
relationship, valid for ka < 1 (Reynolds, 1981):

PoC

Xy =
wa?

cot(kLy,) (8-106)

The quantity & is the wave number:

_ 2xf
oc

k (8-107)

The total acoustic resistance for the tube involves the energy dissipated
due to fluid friction within the tube, as expressed by the attenuation coeffi-
cient o, and the resistance provided by a screen or other element at the inlet
of the tube, if such an element is used:

_ pOCO'L + Rs

R, ;

(8-108)
wa

The quantity Rg is the specific acoustic resistance for the screens or other
elements. The attenuation coefficient may be found from the following
expression:

(T 1/ po)'
o = T e/ Po) "
ac

(8-109)

The quantity pu, is the effective viscosity for the gas, which includes the effect
of heat conduction (Rayleigh, 1929):

()/—1)]

W (8-110)

Me = M[l +
The quantity u is the viscosity of the gas, y is the specific heat ratio, and Pr
is the Prandtl number for the gas.

The sound power transmission coefficient for the closed-tube side-
branch muffler may be obtained by substituting the expressions for the

acoustic resistance and acoustic reactance given by Eqs (8-106) and
(8-108) into Eq. (8-81):

1 [oL+ (Rs/poc) + (d’ /2S) tan’ (kL) + 1 E111)
a [oL + (Rs/po0)]” tan® (kL) + 1
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The sound power transmission coefficient reaches a minimum at the
resonant frequency given by Eq. (8-104). The value (which is a maximum
for 1/a,) is given by the following expression:

2
(a*/2S)

1 =|l4+— 8-112
(/at)max |: +O'L+(Rs/p0C) ( )
From Eq. (8-111), we note that for the frequencies for which
kL. =2nfL./c = nx n=1,2,3,...) (8-113)

the term tan(kL.) = 0, and (1/a;) = 1. The frequencies given by Eq. (8-113)
correspond to frequencies at which sound is transmitted through the system
without attenuation.

Example 8-6. A tube having an inside diameter of 54.8 mm (2.1571n) is
attached to a pipe having an inside diameter of 161.5mm (6.357 in) through
which noise is transmitted. It is desired to select a closed-tube side-branch
muffler that has a resonant frequency of 250 Hz. The gas in the tube is air at
21°C (70°F) and 101.3kPa (14.7psia), for which the sonic velocity
¢ = 343.8m/s (1128 ft/sec), density p, = 1.200 kg/m> (0.0751b,, /ft?), viscos-
ity u = 18.17pPa-s, Prandtl number Pr = 0.710, and specific heat ratio
y = 1.400. Determine the required length of the attached tube and the
transmission loss at 250 Hz and 177 Hz.
The equivalent length of the closed tube may be found from Eq.
(8-104), using n = 1, because this value results in the shortest tube length:
¢ (343.8)

© T 4f, ” (4)(250)

=0.3438 m (13.541in)

The required length of the closed tube is calculated from Eq. (8-105):
L=L,—(8/3m)a=0.3438 — (8/37)(0.0274) = 0.3205m (12.62in)
The effective viscosity for the gas is calculated from Eq. (8-110):

(1.40 — 1)

Me:(18.17){1 T 140/ 0.710)

} = (18.17)(1.401) = 25.46 uPa-s

The attenuation coefficient at 250 Hz is found from Eq. (8-109):

_ [(7)(250)(25.46)(107%)/(1.200)]"/ - |
. (0.0274)(343.8) =0.01370m

oL = (0.01370)(0.3205) = 0.00439
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The cross-sectional area of the main tube is as follows:
S = (47)(0.1615)* = 0.02048 m*

The sound power transmission coefficient at the resonant frequency
fo = 250Hz is found from Eq. (8-112):

(77)(0.0274)>
(2)(0.02048)(0.00439)

(1/a) = [1 + } = (14.117)*> = 199.28

The transmission loss at 250 Hz is as follows:
TL, = 101log;((199.28) = 23.0dB
The following values for the parameters for 177 Hz may be calculated:

_2nfL,  (2m)(177)(0.3438)

fle=——= (343.8)

= 1.111rad

 [(m)(177)(25.46)(107°)/(1.200)]"/2
o= (0.0274)(343.8)

oL = (0.01153)(0.3205) = 0.003695

=0.01153m™"!

2 2
wa”  (7)(0.0274)"
2S  (2)(0.02048) 0.05758

The sound power transmission coefficient at 177 Hz is calculated from Eq.
(8-111):

1 (0.003695 +0.05758)* tan’(1.111) + 1 1.0153

= =1.0153
a (0.003695)* tan?(1.111) + 1 1.0000557

The transmission loss at 177 Hz is as follows:
TL(177Hz) = 101log;((1.0153) = 0.066 dB ~ 0.1 dB

Suppose one layer of 200-mesh screen (Rg = 24.6 Pa-s/m3) is placed
over the open end of the tube:

R (24.6)
S o 2T .05963
poc  (1.20)(343.8)

The sound power transmission coefficient at resonance (250 Hz) with the
screen is as follows:

(0.0578)
(0.00439 + 0.05963)

2
(1/a) max = [1 + ] = (1.899)> = 3.608
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The addition of the screen results in a lower value of the transmission loss at
resonance:

TL, = 10log,,(3.608) = 5.6 dB

The sound power transmission coefficient at 177 Hz may be calculated as

follows:
g, — (0.003655 + 0.5963 + 0.05758)" tan’(1.111) + 1 1.0596
t (0.003695 + 0.05963)* tan?(1.111) + 1 T 1.01635
1/a, = 1.0426

The transmission loss at 177 Hz is slightly higher with the addition of the
screen:

TL(177 Hz) = 10log,,(1.0426) = 0.18 dB ~ 0.2 dB

8.4.4 Open Tube (Orifice) as a Side Branch

Let us consider the case in which an open tube or orifice (a short, open tube)
is used as the side branch. The reactance for a tube open to the surroundings
(Cp = 00) is equal to the acoustic mass for the tube:

2 poLe _ pockLe
a> wa?

XA =27TfMA = (8-114)
The quantity k = 27f /¢ is the wave number. The lumped-parameter analysis
is valid only for small values of ka, so the acoustic resistance for the open
end (valid for ka < 1.4) is given by Eq. (8.35a):

_ pock® 27/ p,

, =0 =Y o
2w ¢

The sound power transmission coefficient (or the reciprocal) for the

open-tube side-branch muffler may be found by making the substitutions
from Eqs (8-114) and (8-115) into Eq. (8-81):

pock’ L PoC ? L (PockLe ?
1\ 2z 2§ wa’
a pock?\? n pock L)\
27 wa?
This relationship may be simplified by canceling the term (p,¢) and dividing
through by the last term in the numerator and denominator:
1 [(ka*/2Ly) + (wd’ /2SK L) + 1

= 8-117
a (ka*J2L.)* + 1 ( )

(8-115)

(8-116)
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If we substitute for the wave number k in terms of the frequency f, we obtain
the alternative expression for the sound power transmission coefficient:

1 _ (rULe/)a/Le)* + (@ /45)/(fLe/ ) + 1
a [x(fLe/e)a/L)T + 1

For small frequencies (or, for f < 0.1c/S1/2), Eq. (8-118) approaches
the limiting expression, as follows:

) 2
L [(“ MS)} +1 (8-119)

(8-118)

a, | (fLc/c)

On the other hand, for large frequencies (or, for / > ¢/S'?), the sound
power transmission coefficient given by Eq. (8-118) approaches a limiting
value of unity, or the transmission loss approaches zero at large frequencies.

If an additional acoustic resistance, such as a screen, is placed over one
end of the short tube, the sound power transmission coefficient expression is
modified as follows:

1 nULe/o)a/Le)* + [(Rs/2mpo)/(fLe/ ) + (@ /4S)/(fLe/ O + 1

@ {r(fLe/e)(a/ L)1+ [(Rs/27poc) /(fLe/OIY + 1
(8-120)
The quantity Rg is the specific acoustic resistance of the screens. The low-

frequency limiting value of the sound power transmission coefficient with
the use of screen resistances is as follows:

5 2
1 [ @Bs/27py0) + (a7/45) 41
ag (fLc/¢)

The use of a screen resistance increases the low-frequency transmission loss.

At high frequencies, the transmission loss approaches zero, whether screens
are used or not used.

(8-121)

Example 8-7. A hole having an inside diameter of 54.8 mm (2.157in) is

placed in a pipe having an inside diameter of 161.5mm (6.357in) and wall

thickness of 3.40 mm (0.134in) through which noise is transmitted. The gas

in the tube is air at 21°C (70°F) and 101.3kPa (14.7 psia), for which the

sonic velocity ¢ = 343.8m/s (1128 ft/sec), and density p, = 1.200kg/m’

(0.075 lbln/ft3). Determine the transmission loss at 250 Hz and 125 Hz.
First, let us check the validity of the lumped-parameter model:

2nfa (27)(250)(0.0274)
e T (343.8)

ka =0.125 < 1
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The lumped-parameter model does apply for this example. Let us also cal-
culate the following parameter:

o _OBY o oHs

S12°7(0.02048)!/?
The frequency f =250Hz is near (0.1)(2402) = 240.2Hz, so the low-
frequency approximation, Eq. (8-119), does apply; however, let us use the
general expression for this frequency.

The equivalent length of the hole, which has “flanged ends” at both
inlet and outlet, is given by Eqgs (8-8) and (8-12):

L. = L+ 2(8/3m)a = 3.40 + (2)(8/37)(27.4) = 49.92mm

Let us calculate the following dimensionless parameters for a fre-
quency of f =250 Hz:
JL. _ (250)(0.04992)
c (343.8)
@ (0.0274)

4 T 0.00916
45~ (4)(0.02043)

=0.0363

The sound power transmission coefficient for a frequency of 250 Hz may be
found from Eq. (8-118):

1 [()(0.0363)(27.4/49.92)* + (0.00916/0.0363)]" + 1

a [(7)(0.0363)(274/49.92)°F + 1
1 (0.0344+0.2525°+1 1.0823
2 . = = 1.081
a (0.0344)> + 1 1.0012

The transmission loss is as follows:
TL = 10log;((1.081) = 0.3dB (for f =250 Hz)

The frequency /' = 125 Hz falls in the range for which the low-frequency
approximation applies, because 125Hz < (0.1)(2402) = 240.2Hz. For
125 Hz, the frequency parameter has the following value:

JLe  (125)(0.04992)

o= (3439) =0.01815
The sound power transmission coefficient may be evaluated from Eq.
(8-119):

1 0.00916 >

a_t_l (0.01815) =1+ (0.505)" = 1.255
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The transmission loss is as follows:
TL = 10log;((1.255) = 1.0dB (for f = 125Hz)

The transmission loss for the orifice side-branch muffler is consider-
ably smaller than that for the closed-tube side-branch muffler at 250 Hz. On
the other hand, the orifice has somewhat better performance at lower fre-
quencies, although the transmission loss is not very large at a frequency of
125 Hz.

8.5 EXPANSION CHAMBER MUFFLERS

The expansion chamber muffler is a reactive-type muffler, because the
reduction of noise transmission through the muffler is achieved by reflect-
ing back to the source a portion of the energy entering the muffler. There
is generally a negligible amount of energy dissipation within the muffler.
The expansion chamber muffler consists of one or more chambers or
expansion volumes which act as resonators to provide an acoustic mis-
match for the acoustic energy being transmitted along the main tube.
Some typical configurations for the expansion chamber muffler are
shown in Fig. 8-14.

8.5.1 Transmission Loss for an Expansion Chamber

Muffler

At the junction of the inlet tube and the expansion chamber, the instanta-
neous acoustic pressure in the inlet tube and in the expansion chamber are
equal; and, similarly, the instantaneous acoustic pressures are equal at the
junction of the expansion chamber and the outlet tube for the expansion
chamber muffler. The instantaneous volumetric flow rates, U(f) = Su(¢), are
equal on each side of the inlet and outlet junction. These conditions are the
same as those used for analysis of transmission of sound from medium 1
through medium 2 into medium 3, as discussed in Sec. 4.7. Instead of the
characteristic impedance Z, = p,c¢, the acoustic impedance Z, = p,¢/S =
Z,/S appears in the final expression for the sound power transmission
coefficient. The gas is the same in all sections of the muffler, so that the
impedance ratios become area ratios:

]2y =21/ Zna3 =S3/S1 =V (8-122)
2|2y =Zpa1]/Zay = S$2/S1 =m (8-123)

Zy _Zar_S3_S3/Si_ v (8-124)
Zy Zpns Sy S5 m
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Ficure 8-14 Configurations for expansion chamber mufflers: (a) single expansion
volume and (b) double expansion volume.

If these substitutions are made into Eq. (4-123), the following ex-
pression is obtained for the sound power transmission coefficient (or the
reciprocal) for an expansion chamber muffler:

1 (1+v)’cos’ (kL) + (m + v/m)’ sin®(kL)
a (4v)

The quantity k = 2nfL/c is the wave number and L is the length of the
expansion chamber.

The expression for the sound power transmission coefficient, Eq.
(8-125), may be written in a different form by substituting the trigonometric
identity:

cos’ (kL) = 1 — sin’*(kL) (8-126)

(8-125)

I (14 +[(m+v/m)* — (1 +v)’]sin’(kL)
a_I B 4v

(8-127)
The second term in the numerator of Eq. (8-127) may be rearranged as
follows:

I (14)° +[(m — v/m)* — (1 — v)’]sin®(kL)
a_t B 4v

(8-128)
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For the special case in which the inlet tube and the outlet tube have the
same cross-sectional area, v = S3/S; = 1, Eq. (8-128) reduces to the follow-
ing expression:

1/a, = 1+ L(m — 1/m)*sin*(kL) (8-129)

The transmission loss obtained from Eq. (8-129) is plotted in Fig. 8-15.
It is noted from Eq. (8-128) that the transmission loss is a maximum
for the frequencies corresponding to the following condition:

_ 27f,L
o C

kL = (n—%)rr n=1,2,3,...) (8-130)

fo=t2C =123, (8-131)

The maximum transmission loss (which occurs at the frequency f,) may be
found by combining Eqs (8-128) and (8-130):

1 (L0 4 (m—v/m)’ — (1 —v)’
(a_t>max_ (4‘))

(8-132)

30 I
m= 40
@
© 20 //33 /
| il
3 i /__19\ /‘* _
=
s WA DNN A I
w |5 1
bk L7 1]
z | i
.=ZI n=1 n=2
/2 - Lams2 2r
0 | 2 3 4 5 6 7
kL= 2w flL/c

FIGURE 8-15 Plot of the transmission loss as a function of frequency for a single-
chamber expansion chamber muffler.
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For the special case of v = 1, the maximum transmission loss expression is
as follows:

(1/a)max = 1 +L(m — 1/m)’ (8-133)

We also observe that the transmission loss is a minimum for the fre-
quencies corresponding to the following condition:

kL = nm n=12,3,..) (8-134)
ne

=— =1,2,3,... -1

Jo oL n=1,23,..) (8-135)

The minimum transmission loss expression is as follows:

1 1+ v)’

(_) _{d+v (8-136)
;) min 4v

For the special case of v=1, (1/a));, = 1 and TL;, = 0dB.

8.5.2 Design Procedure for Single-Expansion
Chamber Mufflers

If the same parameters are given or known as in the case of the side-branch
muffler design given in Sec. 8.4.2, we may develop a similar design proce-
dure for the expansion chamber muffler with a single expansion volume.

D1. The resonant frequency (or center frequency) for the optimum
expansion chamber muffler is the arithmetic average of the low and high
operational frequencies, f; and f,, of the muffler:

fo=3Hh+/) (8-137)

D2. The optimum length of the expansion chamber corresponds to the
situation in which the transmission loss is maximized at the center or reso-
nant frequency, as given by Eq. (8-131):

_ (=9 _
T (n=1,2,3,..) (8-138)

D3. The value of the integer » may be estimated by satisfying the
following condition:

koL — ki L~ (8-139)

If we substitute for the expansion chamber length from Eq. (8-138), the
following expression is obtained for the approximate value of the integer n:

/
TSR

el (8-140)
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The quantities /| and f, are the lower and upper frequencies for the main
operational range of the muffler. Note that » must be an integer (n = 1 or 2
or 3, etc.), so that Eq. (8-140) may not be satisfied exactly. As illustrated in
the following example, the transmission loss should be checked at the end
frequencies.

D4. The expansion ratio required to achieve the minimum allowable
transmission loss (which occurs at the end frequencies) may be found from
Eq. (8-128), using kL =2nf|L/c. If practical dimensions cannot be
achieved in this design step, the use of multiple expansion chambers may
be required.

Example 8-8. A cylindrical air conditioning duct has a diameter of 250 mm
(9.841in). The fluid flowing in the duct is air at 10°C (50°F) and 105kPa
(15.23 psia), for which the sonic velocity ¢ = 337.3m/s (1107 ft/sec) and the
density p, = 1.292kg/m* (0.08071b,,/ft*). It is desired to design a single
expansion chamber muffler that has a minimum transmission loss of 6 dB
for the frequency range between 177 Hz and 354 Hz.

The center frequency for the muffler may be determined from Eq.
(8-137):

fo=1(177 +354) = 265.5Hz

The estimated value of the integer n» may be found from Eq. (8-140):

| (265.5)

Nyt ————— =125
"It G517
We could possibly use either n =1 or n = 2.

Let us check the results when using n =2 first. The length of the
muffler is found from Eq. (8-138):

e-Yhe313) ,

At the lower frequency (177 Hz) in the operational range for the muffler, we
find the following value for kL = 2nf|L/c:

_ (20)(177)(0.953)

ky 3373) 3 6rad = wrrad

As shown by Eq. (8-134), the transmission loss for v=1 and kL = 7 is
TL = 0, so the value of n = 2 cannot be used.

Let us try the other possibility, » = 1. The required muffler length is
found from Eq. (8-138):
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B (1 —%)(337.3) B B .
L= W =0.318m = 318 mm (12.50 in)

For the lower frequency, f;, we find the following value for the parameter
k]L:

_Cn07n0318)

kL = (3373) = 1.0472rad = { wrad = 60°

The sound power transmission coefficient (or the reciprocal) at the
lower frequency corresponds to the minimum design transmission loss:

TL,;, = 6dB = 10log,(1/a,)
1/a, = 10%%° = 3.981

The required size of the expansion chamber may be found from Eq.

(8-129):
1/a, = 3.981 = 1 +1(m — 1/m)’ sin*(n/3)
_ ()(2981)
— l/m = W = 39874

m*> —3.9874m — 1 =0
If we solve for the area ratio, we obtain the following value:

m=1.9937 +[(1.9937)> + 1]'? = 4.224 = S,/S, = (D,/D,)*
The required expansion chamber diameter is as follows:

D, = (250)(4.224)"/* = 514mm (20.2in)

The maximum transmission loss for the muffler occurs at the center
frequency, f, = 265.5 Hz. The value is determined from Eq. (8-133):

(1/a) max = 1 +5[4.224 — (1/4.224)"] = 4.975

TL.x = 1010g;,(4.975) = 7.0dB

8.5.3 Double-Chamber Mufflers

For mufflers with two or more expansion chambers, the analysis is most
conveniently carried out using the transfer matrix approach (Beranek and
Vér, 1992). The results for the transmission loss for the double-chamber
muffler with an external connecting tube and expansion chambers having
equal lengths, as shown in Fig. 8-16(a), is given by the following expression
(Davis et al., 1954):
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FiGURE 8-16 Nomenclature for double-chamber expansion chamber mufflers: (a)
external connecting tube and (b) internal connecting tube.

| Fi+F

a, 16m?

(8-141)

The quantities F; and F, are defined by the following expressions:
Fy = (m+ 1)?cos[2k(L, + L,)] — (m — 1)’ cos[2k(L, — L;)]  (8-142)

Fy = Y(m+ 1/m){(m + 1) sin[2k(L, + L,)]
— (m = 1)*sin2k(L, — L]} — (m — 1/m)(m* — 1) sin(2kL,)
(8-143)

The quantity L; is the half-length of the connecting tube (total length, 2L,),
L, is the length of one expansion chamber, m = S,/S; = cross-sectional
area ratio for chamber and inlet tube (assumed to have the same diameter
as the connecting tube), and k = 2nf /c = wave number.

The transmission loss for the double-chamber muffler is generally
larger than that for a single-chamber muffler. There is a low-frequency
region present, however, in which the TL is relatively small. The low-
frequency pass band appears in the double-chamber muffler as a result of
resonance between the connecting tube and the expansion chambers. When
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the connecting tube is made longer, the low-frequency pass band frequency
width is made smaller. The upper frequency (called the cut-off frequency) in
this pass band may be estimated from the following relationship:

fo=

C
2r[mLy Ly + Ly(Ly — Ly)/3]"?

(8-144)

The connecting tube length should be selected such that the primary
operating frequency range of the muffler lies above the cut-off frequency f..
The maximum transmission loss in the first band above the pass band is
increased as the length of the connecting tube is increased; however, at
higher frequencies, there are regions of low TL with frequency width on
the order of 50 Hz or more for long connecting tube lengths. These pass
bands would be objectionable if there were a significant fraction of the
sound energy incident on the muffler in this frequency range.

For the double-chamber muffler with an internal connecting tube, as
shown in Fig. 8-16(b), the following expression has been obtained for the
sound power transmission coefficient (or the reciprocal):

1/a, = G} + G5 (8-145)
The quantities G; and G, are defined by the following expressions:
G, = cos(2kL,) — (m — 1)sin(2kL,) tan(kL;) (8-146)

Gy = 1(m — ) tan(kL,)[(m + 1/m) cos(2kL,) — (m — 1/m))]
+L0m+ 1/m)sin(2kLy)

The quantity L, is the half-length of the connecting tube (total length, 2L,),
L, is the length of one expansion chamber, m = S,/S| = cross-sectional
area ratio for chamber and inlet tube (assumed to have the same diameter
as the connecting tube), and k = 2nf/c = wave number.

A low-pass band region is also present at frequencies below f;, given
by Eq. (8-144), as in the case of the muffler with the external connecting
tube. There is a significant difference between the performance of the two
mufflers, however, when the connecting tube length 2L, is equal to the
expansion chamber length L,. The frequency band over which the muffler
has a high TL for the internal tube muffler is about twice that of the external
tube muffler, for the same dimensions. The largest attenuation occurs when
kL, = %n, since the term tan(kL;) in Eqs (8-146) and (8-147) becomes
infinitely large under this condition, or the sound power transmission coef-
ficient ¢, approaches zero when kL = %n.

(8-147)

Example 8-9. An expansion chamber muffler has two expansion chambers,
each having a length of 300mm (11.81in) and a diameter of 200 mm
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(7.874in). The connecting tube between the two chambers is an internal tube
having a diameter of 100 mm (3.937in) and a length of 200 mm (7.8741in).
The inlet and outlet tubes for the muffler also have diameters of 100 mm
(3.9371n). The gas flowing through the muffler is air at 10°C (50°F) and
105 kPa (15.23 psia), for which the sonic velocity ¢ = 337.3m/s (1107 ft/sec)
and the density p, = 1.292 kg/m3 (0.0807 1b,,/ft*). Determine the transmis-
sion loss for the muffler at a frequency of 250 Hz.
The area ratio for the muffler is as follows:

m=S,/S; = (D,/D,)* = (200/100)* = 4.00
Let us calculate the following dimensionless parameters:

_ (2)(2m)(250)(0.300)

2kL, = =2.794rad = 160.1°

kL, (3373) 794 rad 60
(27)(250)(0.100)

L == 4 C = 2 . °

kL, (337.3) 0.4657 rad 6.7

The parameters from Eqs (8-146) and (8-147) may now be calculated:
Gy = c0s(2.794) — (4 — 1)sin(2.794) tan(0.4657) = —0.9403 — 0.5133
G, = —1.4536

Gy = 1 (4 — 1)tan(0.4657)[(4 + 1/4) cos(2.794) — (4 — 1/4)]

+1(4 4 1/4)5in(2.794) = (0.7538)(—7.7461) + 0.7235
G, = —5.1159

The reciprocal of the sound power transmission coefficient for the double-
chamber muffler with an internal connecting tube may be found from Eq.
(8-145):

1/a, = G + G3 = (—1.4536)> + (—5.1159)> = 28.285
The transmission loss for the muffler at 250 Hz is as follows:
TL = 101o0g,((28.285) = 14.5dB

Let us check the cut-off frequency given by Eq. (8-144):

3 (337.3)
(27)[(4.00)(0.300)(0.100) + (0.300)(0.300 — 0.100)]'/>

£ = 126.5Hz

This frequency is well below the frequency (250 Hz) in the previous calcula-
tion.
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8.6 DISSIPATIVE MUFFLERS

Dissipative mufflers or silencers differ from reactive mufflers in that noise
reduction in a dissipative muffler is achieved primarily by attenuation of the
acoustic energy within the lining or other elements within the muffler. The
dissipative muffler may also reflect some of the acoustic energy back to the
source, similar to the action of the reactive muffler. Some configurations of
dissipative mufflers are shown in Fig. 8-17.

Dissipative mufflers usually have wide-band noise reduction charac-
teristics. The sharp peaks and valleys in the transmission loss curves that are
found for reactive mufflers are usually not present for dissipative mufflers.
As a result of this characteristic, dissipative mufflers are useful for solving
noise control problems involving continuous noise spectra, such as fan
noise, intake and exhaust noise from gas turbines, and noise through access
openings in acoustic enclosures.

For the dissipative muffler shown in Fig. 8-18, the instantaneous
acoustic pressure and instantaneous volume flow, including the effect of
acoustic energy attenuation, may be written as follows:

p(x7 Z) -4 efax ej((utfk.\’) + Becx e_f(wt+k,¥) (8_148)

U(x, 1) = (SA/ pyc) e 7/ =R _ (SB/p,c) ™ e/ @) (8-149)

The quantity o is the attenuation coefficient for the muffler lining, and the
quantities 4 and B are constants to be determined from the boundary con-
ditions. The first term on the right side of Eqgs (8-148) and (8-149) represents
the sound wave traveling in the +x direction, and the second term represents
the sound wave traveling in the —x direction.

Suppose we take the origin (x = 0) at the interface of the inlet tube and
the muffler. At this point, the acoustic pressure on the inlet tube side p;(0, 7)
and on the muffler side p,(0, r) must be equal. Also, the volumetric flow
quantities U;(0, ) and U,(0, f) must be the same at the interface. These two
conditions yield the following relationships between the constants:

A +B =4, +B, (8-150)
A, — B, = m(4, + B,) (8-151)

The quantity m is the area ratio, m = S,/S;. It is assumed that the inlet and
outlet tubes have the same dimensions, S; = S3.

At the other end of the muffler (x = L), we may equate the instan-
taneous acoustic pressures p,(L, t) and p;(L, t). The volume flow quantities
U,(L, t) and U;(L, f) are also equal to the exit interface of the muffler. In
calculating the transmission loss for the muffler, it is assumed that there are
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Ficure 8-17 Configurations for dissipative mufflers: (a) circular lined chamber,
(b) rectangular lined chamber, and (c) baffle-type muffler.
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FiGURE 8-18 Nomenclature for dissipative muffler.
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no reflected sound waves in the exit tube, B; = 0. The application of these
conditions yields two additional relationships between the constants:

Aye te L 4 By et/ = 4, (8-152)

m(A,e L e — By et ey = 4, (8-153)

The sound power transmission coefficient is the ratio of the power

transmitted to the power incident on the muffler:
W W _Ssle _pi _14sI
W SiL, ph 14,

(8-154)

If we solve Eqs (8-150) through (8-153) simultaneously, we obtain the
following expression for the reciprocal of the sound power transmission
coefficient for the dissipative muffler:

1/a, = C} cos* (kL) + C3 sin*(kL) (8-155)
The constants are given by the following expressions:
C, =cosh(al) + %(m + 1/m)sinh(oL) (8-156)
C, = sinh(oL) + 4 (m + 1/m) cosh(c L) (8-157)
rh
k= ? = wave number (8-158)

The effect of the absorptive lining may be investigated by considering
two limiting cases for Eq. (8-155). First, for small attenuation (6L < 1), or
for oL < 0.20 for practical purposes, the hyperbolic functions approach the
following limiting values within 2%:

cosh(oL) — 1 and sinh(oL) — oL (for oL < 0.2)

(8-159)
If we make the substitutions from Eq. (8-159) into Eq. (8-155), we obtain the
following expression for the small-attenuation limit:

Va, =[1+1(m+ 1/moL) +L(m — 1/m)*sin*(kL) (8-160)

Representative values for the transmission loss for small attenuation are
listed in Table 8-2.

At the other limit of very large attenuation (oL > 1), or for oL > 5 for
practical purposes, the hyperbolic functions approach the following limiting
values within 1%:

sinh(oL) ~ cosh(oL) — % et (for oL = 5) (8-161)
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TaBLE 8-2 Transmission Loss for a Dissipative Silencer
with Small Values of Attenuation (cL<0.2)*

kL = %ﬂ' kL =7
Attenuation oL =0 o¢L=020 oL=0 oL=0.20
1/a, 4.516 5.546 1.000 2.031
TL, dB 6.5 7.4 0.0 3.1

%The area ratio for data in this table is m = 4. The quantity
k =2nf/c = wave number.

If we make the substitutions from Eq. (8-161) into Eq. (8-155), we obtain the
following expression for the large attenuation limit:

la, =1 1 +1m+ 1/m)] (8-162)

Taking log;, of both sides of Eq. (8-162) and multiplying by 10, we obtain
the transmission loss expression for the large-attenuation limit:

TL = 8.68590 L + 20 logo[ + L (m + 1/m)] (8-163)

The first term in Eq. (8-163) represents the attenuation provided by the
lining, and the second term represents the effect of reflection of acoustic
energy back to the source as a result of the change in cross-sectional area of
the flow passage.

Example 8-10. A dissipative muffler has a length of 825 mm (32.48 in) and
a diameter of 446 mm (17.551n). The diameter of the inlet and outlet tubes is
I152mm (6.00in). The attenuation coefficient is 1.25Np/m or
(8.68590) = 10.86dB/m. The gas flowing through the muffler is air at
600K (620°F) and 110kPa (15.96 psia), for which the density is 0.639 kg/
m® (0.03991b,,/ft*) and the sonic velocity is 491.0m/s (1611 ft/sec). The
frequency of the sound being transmitted is 250 Hz. Determine the transmis-
sion loss for the muffler.
Let us first calculate the pertinent dimensionless parameters:

oL = (1.25)(0.825) = 1.0313

_2nfL  (2m)(250)(0.825)
T T @910

kL = 2.6393rad

m=2S,/S; = (D,/D;)* = (446/152)* = 8.6096
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The coefficients defined by Eqs (8-156) and (8-157) may be determined:
C; = cosh(1.0313) + 1(8.6096 + 1/8.6096) sinh(1.0313)
Cy; = 1.5805 4 5.3402 = 6.9207
C, = sinh(1.0313) + 1(8.6096 + 1/8.6096) cosh(1.0313)
C, =1.2240 4 6.8958 = 8.1198

The reciprocal of the sound power transmission coefficient may be
found from Eq. (8-155):

1/a, = (6.9207)* cos>(2.6393) + (8.1198)* sin*(2.6393)
1/a, = 36.796 + 15.280 = 52.076

The transmission loss is as follows:
TL = 101log,((52.076) = 17.2dB

The reciprocal of the sound power transmission coefficient for an
unlined expansion chamber muffler having the same area ratio as the muffler
in this example may be found from Eq. (8-129):

1/a, = 1+ 1(8.6096 — 1/8.6096)" sin*(2.6393) = 5.180

The transmission loss for the unlined expansion chamber muffler is as fol-
lows:

TL = 101og,,(5.180) = 7.1 dB

The attenuation by the liner increases the transmission loss for the muffler
by 10.1dB in this case.

8.7 EVALUATION OF THE ATTENUATION
COEFFICIENT

The best source of information for the attenuation coefficient is experimen-
tal data on the lining material. In some cases, this information is not avail-
able from manufacturer’s data. For muffler design, we may need to estimate
the attenuation coefficient before the muffler is built. After the unit has been
constructed, the prototype should be tested to verify the design calculations.

8.7.1 Estimation of the Attenuation Coefficient

The attenuation coefficient (uncorrected for random incidence end effects)
may be estimated from the following expression (Beranek, 1960):
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The quantities appearing in Eq. (8-164), which will be discussed in more
detail in the following section, are as follows:

P, = perimeter of the flow passage in the muffler
S, = open cross-sectional area of the muffler
p. = effective density for the gas within the lining material
Y = porosity of the lining
k = effective elasticity coefficient for the gas within the lining
material

The quantity v is a dimensionless parameter defined by:

R,
27tf pe

The quantity R, is the effective flow resistance per unit thickness for the
lining material.

Two general classes of acoustic lining materials are considered: (a) a
semirigid material and (b) a soft blanket material. A semirigid material is
one in which the solid portion of the material is relatively rigid, e.g., an
acoustic ceiling tile. A soft blanket material is one in which the solid portion
of the material is relatively flexible, e.g., a panel of glass fiber acoustic
material.

An alternative method, based on an empirical curve fit of attenuation
data, has also been developed (Beranek and Vér, 1992, p. 214). The attenua-
tion coefficients for mineral wool and for glass fibrous material have been
correlated by an expression in the following form, valid in the range
0.3 < ¢, < 120,

o fPy
2S¢,

1//':

(8-165)

ayd (8-166)

The quantity ¢, is the speed of sound at ambient temperature (7,) for the
gas in the lining, and the quantity v, is defined by the following expression:

g = R(T/T,) "
T 2afp,

The quantity R, is the specific flow resistance per unit thickness for the
acoustic material, 7" is the absolute temperature of the gas within the
acoustic material, and 7, is ambient temperature (300K). The temp-
erature ratio term corrects for density and viscosity variation with

(8-167)
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temperature. The values for the regression constants ¢ and b are given in
Table 8-3.

8.7.2 Effective Density

The inertia effect of the fibers in a semirigid material is negligible, because
the fibers do not move appreciably with the gas when a sound wave passes
through the material. For the semirigid acoustic material, the effective den-
sity is given by the following relationship:

Pe = po¢s (8'168)

The quantity ¢, is called the structure factor (Zwikker and Kosten, 1949),
which takes into account the effect of cavities and pores that are perpendi-
cular to the direction of sound propagation in the material. The structure
factor may be approximated by the following relationship:

¢ =1+4.583(1-Y) (6-169)

The quantity Y is the porosity of the material, defined as the ratio of the void
volume or volume occupied by the gas within the material to the total
volume of the lining material.

The inertia effect of the fibers in a soft blanket material at low fre-
quencies is small, because the fibers move along with the motion of the gas
within the material. At the limit of low frequencies, the effective density of a
soft blanket material is equal to the bulk density of the blanket material plus
the weighted density of the gas within the material. For high frequencies, the
inertia effect of the fibers is large and the fibers are not able to follow the
motion of the gas within the material. For the limit of high frequencies, the
effective density of soft blanket materials becomes the same as that of rigid
materials. The effective density for the soft blanket materials may be calcu-
lated from the following relationship:

TABLE 8-3 Values for the Regression
Constants in Eq. (8-166)

Material Range® a b

Mineral wool %, < 6.4 0.605 0.663
1y > 6.4 0.810  0.502

Glass fiber 1y <64 0618 0.674
Py > 64 0919 0.458

“The quantity v, is defined by Eq. (8-167).
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The quantity p, is the density of the gas within the material, p,, is the bulk
density of the lining material, Y is the porosity for the lining material, and ¢,

is the structure factor. The quantity v is defined by the following expres-
sion:

(8-170)

 27fpm

We note that for small frequencies (y¥; — 00), the effective density from Eq.
(8-170) approaches the following limiting value:

2] (8-171)

Pe = PoPs Y + o (small frequencies) (8-172)

For large frequencies (¢, — 0), the effective density from Eq. (8-170)
approaches the other limiting value:

Pe = PoPs (large frequencies) (8-173)

8.7.3 Effective Elasticity Coefficient

The quantity « in Eq. (8-164) is the effective elasticity coefficient for the gas
within the lining material. The term «/Y is actually the effective bulk mod-
ulus or compressibility coefficient for the gas. When the frequency of the
sound is less than about 100 Hz, there is sufficient time for energy to be
exchanged between the gas and the fibers of the lining material, such that the
compression and expansion of the gas takes place almost at constant tem-
perature (isothermally). For an ideal gas (P = pRT), the isothermal bulk
modulus may be evaluated (Van Wylen et al., 1994):

e =n(30) =poRT, =P, (8-174)
0/ 1

The quantity P, is the absolute pressure of the gas within the lining material.
On the other hand, when the frequency of the sound wave is greater

than about 1000 Hz, there is not sufficient time between cycles for significant

energy transfer to take place between the fibers and the gas, so the compres-

sion and expansion process is practically adiabatic. For an ideal gas, the

adiabatic bulk modulus is given by the following relationship:

ks = yP, (8-175)

The quantity y is the specific heat ratio for the gas within the liner. For air
and most diatomic gases, y = 1.40.
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The effective elasticity coefficient for the gas within the liner material
may be determined from the following relationship:

P, (for f < 100 Hz)
k=116 -2y)+ (y — Dlog,,(N]P, (for 100 Hz < f* < 1000 Hz)
yP, (for f > 1000 Hz)

(8-176)

8.7.4 Effective Specific Flow Resistance

For a semirigid material, the fibers of the material do not move appreciably
when a gas moves through the material. The velocity of the fibers is practi-
cally zero, so the effective specific acoustic resistance for the semirigid mate-
rial is equal to the actual specific acoustic resistance of the lining (rayl/m):

R. =R, (semirigid material) (8-177)

For the soft blanket materials at low frequencies, the fibers move
along with the air, such that the effective specific acoustic resistance
approaches zero at low frequencies. For high frequencies, the fibers cannot
follow the motion of the air and remain more nearly stationary. In this case,
the effective specific resistance approaches the actual specific acoustic resis-
tance. The general expression for the effective acoustic resistance for a soft
blanket material is the following:

R, .
Ro=—— (soft blanket material) (8-178)
1+ 97
The quantity v is defined by Eq. (8-171).

The specific acoustic resistance per unit thickness R; must be deter-
mined experimentally, in general, by measuring the pressure drop Ap
through a material sample of known thickness Ax and surface area S,
with a measured volume flow rate U through the material. The specific
acoustic resistance may be calculated from the following expression:

_SAp
""" UAx

(8-179)

Correlations have been developed for some commonly used acoustic
lining materials. The specific acoustic resistance of bulk glass-fiber materials
has been correlated with the bulk density p,, of the material and the dia-
meter of the fibers §; (Nichols, 1947):

Ry = 3180(p)" > (8p) (8-180)
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Equation (8-180) is not a dimensionless correlation. The constant 3180
applies only when the bulk density is in kg/m® and the fiber diameter is in
pm. The units for the specific acoustic resistance are rayl/m = (Pa-s/m)/m =
Pa-s/m2.

Another empirical correlation has been developed for several commer-
cial lining materials:

Rl = Cm(pm/pref)n (8'181)

The quantity p,, is the bulk density of the material and the reference density
Pref = 16.018kg/m3 =1.00 lbm/ftS. Values for the regression constants Cp,
and n for several materials are given in Table 8-4.

TaBLE 8-4 Values of the Regression Coefficients C,
and n in Eq. (8-181) for Various Commercial Acoustic

Materials®

Material Ch n
Thermoflex 300° 27,500  1.45
Thermoflex 400° 20,300 145
Thermoflex 600° 46,300 145
Thermoflex 800° 16,100  1.45
Spincoustic® 1,850  1.82
Spintex 305-3.5° 1,874  1.70
Spintex 305-4.5° 1,500  1.50
Aluminum wool, 30-50 pm diameter 422  3.123
Basalt wool, 4-7 pm diameter 1,418 1.55
Kaoline wool, 1-3 um diameter 15,910 1.36
Kaowool blanket 1,800 1.48
Glass fiber, 15-20 um diameter 267 1.83
Glass fiber, 3—7 um diameter 5,890 1.40
Glass fiber, 2—4 um diameter 9,340 1.56

ARy = C,,(Pm/prer)" Where py, is the bulk density of the
material, and the reference density

orer = 16.018 kg/m® = 1.001b,, /ft*. The units for R, are
rayl/m.

®Material originally manufactured by Johns Manville
Corporation.
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8.7.5 Correction for Random Incidence End
Effects

The attenuation coefficient, calculated according to the previous correla-
tions, must be corrected for random incidence end effects, because the
sound wave is not always a plane wave within the muffler. The corrected
value of the attenuation coefficient is found by adding the random incidence
correction A(oL):

(0L)gorr = 0L+ A(oL) (8-182)

The end correction may be evaluated from the following expressions
(Beranek, 1960, p. 449):

(a) For (S,)"%/x = f(S$y)"?/¢ < 0.09:
A(cL) =0 (8-183a)
(b) For 0.09 < (S,)"?/ < 1.00:

A(oL) = 0.5756{1 + [1 + 1.91210g,(v/S>/2)]"/*} (8-183b)
(¢) For (S,)"?/» > 1.00:
A(cL) = 1.1513 (9-183c)

The quantity S, is the open cross-sectional area of the muffler chamber and
A is the wavelength of the sound wave in the muffler.

Example 8-11. A dissipative muffler having a length of 4.500 m (14.76 ft)
and a diameter of 1.500 m (4.92 ft) is lined with a Kaowool blanket material,
which is a soft blanket-type material. The unit specific acoustic resistance for
the material is R; = 180,000 rayl/m, the mean density of the material is
100 kg/m® (6.241b,,/ft%), and the porosity of the material is 0.960. The
fluid flowing through the muffler is air at 450K (177°C or 350°F) and
140 kPa (20.3 psia), for which the density is 1.084kg/m’ (0.0677 Ib,, /ft}),
the sonic velocity is 425m/s (1394 ft/sec), and the specific heat ratio
y = 1.40. The frequency of the sound wave in the muffler is 2kHz.
Determine the attenuation coefficient.

First, we may calculate the attenuation coefficient, uncorrected for end
effects. The structure factor for the lining material may be estimated from
Eq. (8-169):

¢ = 1+ (4.583)(1 — 0.960) = 1.1833

The dimensionless parameter involving the specific acoustic resistance is
found from Eq. (8-171):
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R, (180,000)
" 2nfpm  (27)(2000)(100)

The effective density for the gas in the soft blanket material is found
from Eq. (8-170):

_(1.084)(1.1833){1 + [0.96 + (100/1.2827)](0.1432)?}
Pe = I +(0.1432)

pe = (1.2827)(2.5666) = 3.292 kg/m> (0.2055 Ib,, /ft’)

=0.1432

Y

The frequency of 2kHz is greater than 1000 Hz, so the effective elastic
constant for the gas in the lining material is found from Eq. (8-176) for the
adiabatic case:

k = yP, = (1.40)(140) = 196 kPa
The effective specific acoustic resistance for the soft blanket material is
found from Eq. (8-178):
Ry (180,000)

= = = 176,380 rayl/m
S l+yd 14(0.1432)° v/

The dimensionless parameter defined by Eq. (8-165) may be calcu-

lated:
R (180,000)
V= 2nfp.  (2m)(2000)(3.292)

The cross-sectional area and perimeter of the muffler chamber may be

=4.351

determined:
S, %nl)% ! |
—_—= = =:D, = (3)(1.500) = 0.375m
PW 7TD2 472 (4)( )

The attenuation coefficient, uncorrected for end effects, may now be
found from Eq. (8-164):

~ (7)(2000) [(3.292)(0.960)
~ (2)(0.375) [ (2)(196)(10%)
o = (8378)(0.002839)(1.8613) = 44.275Np/m

1/2
} [(144.351%)12 —1]"/2

The wavelength of the sound wave in the muffler is found as follows:
A =c/f =(425)/(2000) = 0.2125m (8.371n)
Let us calculate the dimensionless parameter involved in the end correction:

(S2)'2 /5 = [ 7)(1.500)°]/2/(0.2125) = (1.329)/(0.2125) = 6.26 > 1
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The end correction may be evaluated from Eq. (8-183c¢):
A(ocL) =1.1513

The attenuation coefficient, corrected for end effects, may be evaluated
from Eq. (8-182):

o = 44.275 + (1.1513)/(4.50) = 44.275 + 0.256 = 44.531 Np/m

The attenuation coefficient may also be expressed in decibel units:

8.68590 = 386.8 dB/m

Let us evaluate the attenuation coefficient from Eq. (8-166) for com-
parison. The density and sonic velocity for air at 300K and 101.3kPa are
0o = 1.177kg/m? and ¢, = 347.2m/s. The dimensionless parameter defined
by Eq. (8-167) may be calculated:

~ (180,000)(425/300)""%°

o= ooy - o8

If we take the constants from Table 8-3 for mineral wool, we may evaluate
the following term, for ¥, > 6.4:

ay’ = (0.810)(6.850)°%% = 2.128

The attenuation coefficient may now be calculated from Eq. (8-166):

_ (7)(2000)(2.128)

= 0373347 P Ne/m

This value is about 20% larger than the value calculated through the more
exact procedure (44.53 Np/m). This difference is probably reasonable in
view of the scatter of experimental data on the attenuation coefficient
parameters.

8.8 COMMERCIAL SILENCERS

Commercial silencers generally use designs that combine features from
basic side-branch, expansion chamber, and dissipative silencers. One
example of an industrial silencer is shown in Fig. 8-19. The silencer
involves two expansion chambers connected by a double-tube arrange-
ment. Absorbent material is provided to attenuate the noise in the higher
frequency range.

Some automotive silencers use a two-pass internal tube arrangement,
in which the inlet and outlet tubes are extended into the expansion volume,
and several holes are placed in the inlet and outlet tubes, as shown in Fig.
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FIGURE 8-19 Industrial silencer. (By permission on MAXIM Silencer Engineering,
Beaird Industries, Shreveport, LA.)
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8-20. This design involves both the side-branch principle and the wave-
reflection principle discussed in previous sections.

Some geometries for commercial panel-type silencers are shown in Fig.
8-21. These units are primarily dissipative-type silencers. Water-filled tubes
have been included within the open spaces of the silencer to provide “heat

recovery” capabilities for the silencer, as well as attenuation of the noise
from a gas turbine located upstream of the silencer.

8.9 PLENUM CHAMBERS

A plenum chamber is similar to a dissipative silencer, but it is also similar
to a small room with a noise source in one wall. The dimensions of the
plenum chamber are usually larger than the wavelength of the sound being
attenuated. In addition, the inlet and outlet of the plenum chamber are
usually not placed on the same axis, which is often the case for dissipative
silencers.

One of the applications for plenum chambers is to smooth out flow
fluctuations and poor velocity distribution after a fan or blower in an air
distribution system, in addition to attenuation of the noise generated by the
fan or blower.

The results of experimental measurements of plenum chamber acoustic
performance are available in the literature (Wells, 1958; Benade, 1968). The
following analysis yields expressions that predict acoustic performance in
good agreement with experimental data for wavelengths smaller than the
dimensions of the chamber. At low frequencies (wavelengths much larger
than the chamber dimensions), the calculated transmission loss may be
5-10dB smaller than experimental data, i.e., the calculations are ‘“‘conser-
vative” as far as the noise control situation is concerned. When the “room

S O Q © O
o O 9 o ©
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_

FiGURE 8-20 Schematic of a silencer for automotive applications.
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FiGure 8-21 Baffle-type or panel-type silencers: (a) in-line panels and (b) stag-
gered panels with heat-recovery water-filled tubes.

constant” for the plenum is very large (or the surface absorption coefficient
for the lining approaches unity), the transmission loss for the plenum is
determined primarily by the direct acoustic energy from the inlet to the
outlet.

Let us consider the plenum chamber shown in Fig. 8-22. The acoustic
intensity associated with the inlet energy W, that is radiated directly from
the inlet (area S,) to the outlet is given by the following expression:

_OWi,

In =
D™ 4nd?

(8-184)

The directivity factor Q = 2, if the inlet opening is located near the center of
the inlet side of the plenum chamber. If the inlet opening is located near the
top or bottom edge of the inlet side of the plenum chamber, Q = 4. The
quantity d is the slant distance between the center of the inlet and center of
the outlet opening of the plenum chamber. For the plenum chamber shown
in Fig. 8-22, the distance d is given by the following expression:

d=[(L—h?+H"? (8-185)

Copyright © 2003 Marcel Dekker, Inc.



FiGURE 8-22 Configuration for a plenum chamber.

The quantity L is the vertical dimension of the plenum chamber (if the
openings are located in the vertical sides of the chamber), A is the horizontal
distance between the inlet and outlet openings, and £ is the height (or
diameter, if circular) of the openings.

An alternative arrangement for the inlet and outlet openings for a
plenum chamber is shown in Fig. 8-23. For this case, the angle 6 is given
by the following expression:

cosf=1L,/d (8-186)

The dimension L; is the distance between the center of the inlet opening and
the chamber side in which the outlet opening is located, and d is the slant
distance between the two openings.

The acoustic energy W, p associated with the direct sound field at the
outlet is found by multiplying the intensity by the area of the outlet opening
projected in the direction of the inlet opening:

Wi, S, cosf
Wou,p = % (8-187)
The angle 0 is defined in Fig. 8-22, and is given by the following expression:
cos0=H/d (8-188)

The acoustic energy density associated with the reverberant sound field
in the plenum chamber may be determined from Eq. (7-12):
_ AW

R= (8-189)
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FiGURE 8-23 Plenum chamber with an alternative location for the outlet.

The quantity R is the room constant for the plenum chamber:

Sa

R =
-«

(8-190)

The surface area S is the total surface area of the chamber, including the
lined surface area Sy and the area of each opening S,:

S =S8, +28, (8-191)

The average surface absorption coefficient @ may be determined from the
following expression, assuming that the absorption coefficient for the open-
ings is unity:

@ S, + 28,

< (8-192)

a=

The sound power at the outlet opening associated with the reverberant
sound field is given by Eq. (7-10):

Wout,R = %DRCSO = !/VinSO/R (8'193)

The total energy leaving the plenum chamber is the sum of the direct
and reverberant components from Eqs (8-187) and (8-193):

Qcos6 1
Wou = WinSo (— +

i’ R (8-194)
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The sound pressure transmission coefficient may be determined from Eq.
(8-194):
Wou _ SoQcost S,

= 8-195
W; dmd? R ( )

a, =

The transmission loss for the chamber is given by the following expres-
sion:

TL = 10log,(1/a) (8-196)

The first term in Eq. (8-194) represents the energy transmitted directly from
the inlet to the outlet opening of the plenum chamber. The second term
represents the energy from the reverberant field within the chamber.

A double-chamber plenum, as shown in Fig. 8-24, may be used to
reduce the effect of the direct sound transmission. If we denote the first or
inlet section by subscript | and the second or outlet section by subscript 2,
the sound power transmission coefficient for the double-chamber plenum
may be estimated from Eq. (7-69) with the transmission coefficient of the
opening between the two chambers taken as unity and S,, = Sy;:

Wout Sol So2 Q2 COos 92 4502
_ _ ol 8-197
“T TR, @ TR (8-197)

The quantities S,; and S, are the outlet areas for each chamber and R; and
R, are the room constants for each chamber, given by Eq. (8-190).

Example 8-12. A plenum chamber has dimensions of 0.800m (31.5in) x
0.800m x 1.600 m (63.0in) long. The inlet and outlet ducts have a height of
h =300mm (11.8in) and a width of 400 mm (15.75in). The inlet and outlet
duct openings are located along the edge of the plenum (Q = 4), as shown in
Fig. 8-22. The plenum chamber is lined with 1-in thick acoustic foam, the
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FiGuRE 8-24 Double-chamber plenum.
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properties of which are given in Appendix D. Determine the transmission
loss for the plenum chamber.
The slant distance between the inlet and outlet openings is as follows:

d*> = (L — h)> + H* = (0.800 — 0.300)*> + 1.600% = 2.810 m*
d=1.676m (5.50ft)

The cosine of the angle between the slant distance and the normal to the
outlet opening is as follows:

H 1.600 .
COSG:EZWZO'%“ or 0 =17.35
The areas of the openings and the lined portion of the chamber are as
follows:

S, = (0.300)(0.400) = 0.120 m* (1.292 ft%)
Sp = (2)(0.800 + 0.800)(1.600) + (2)(0.800)(0.800) — (2)(0.120)

Sp = 6.160m* (66.31 ft%)

Let us work out the transmission loss for the octave band with a center
frequency of 500Hz. The surface absorption coefficient for the acoustic
foam at 500 Hz is 0.51. The average surface absorption coefficient in the
500 Hz octave band for the plenum is found using Eq. (8-192):

(6.160)(0.51) + (2)(0.120)

— 0.5284
(6.400) 0

a=

The room constant for the plenum is found from Eq. (8-190):

_(6.400)(0.5284)
T 1-0.5284

The sound power transmission coefficient for the 500 Hz octave band
is determined from Eq. (8-195):

L _(0.120) | (4)09545)(0.120)
YT I70) T (4n)(1.676)

=7.170 m?

=0.01674 4 0.01297 = 0.02971

The transmission loss for the plenum in the 500 Hz octave band is as
follows:

TL = 101log,,(1/0.02971) = 15.3dB

The calculations may be repeated for the other octave bands. The
results are summarized in Table 8-5.
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TaBLE 8-5 Data for Example 8-12

Octave band center frequency, Hz

125 250 500 1,000 2,000 4,000

op 0.16 0.28 0.51 0.78 0.99 0.99

a, average 0.1915 0.3070 0.5284  0.7883 0.9904 0.9904
R, m? 1.516  2.835 7.170  23.824  658.54 658.54

ay 0.0921 0.0553 0.02971 0.01801  0.01316  0.01316
TL, dB 10.4 12.6 15.3 17.4 18.8 18.8
PROBLEMS

8-1. A Helmbholtz resonator is constructed of a thin-walled sphere, having
an inside diameter of 101.6 mm (4.00in). The effect of the thickness
of the sphere on the acoustic mass may be neglected. What diameter
hole should be drilled in the sphere if it is to resonate at a frequency
of 320Hz? The gas in the resonator is air at 300K (80°F) and
101.3kPa (density, 1.177kg/m® = 0.07351b,,/ft>; sonic velocity,
347.2m/s = 1139 ft/sec; specific heat ratio, 1.400). What would be
the resonant frequency if a hole of twice the diameter as in the
previous case were used, instead of the original hole?

8-2. An acoustic wall treatment consists of cinder blocks with a slot cut
into the side of each block. The cavity within the block has dimen-
sions of 101.6mm (4.00in) x 254mm (10.00in) x 152.4mm
(6.00in). The slot dimensions are 9.53mm (0.375in) wide and
114.3mm (4.50in) long, and the slot thickness is 25.4 mm (1.001n).
The slot may be treated as a tube with an equivalent radius of
a = (5wt/6m)"?, where w is the length of the slot and ¢ is the width
of the slot. The cavity is filled with air at 300K (80°F) and 101.3kPa
(14.7 psia), for which the density is 1.177 kg/m* (0.07351b,,/ft*) and
the sonic velocity is 347.2m/s (1139 ft/sec). Treating the cavity as a
Helmholtz resonator, determine the resonant frequency for the cav-
ity.

8-3. The development of the expression for the acoustic compliance of a
volume of gas, Eq. (8-26), involves the condition that the container is
“rigid,” or the container does not deform as the pressure within the
container changes. The change of radius for a thin-walled spherical
shell of initial radius b and wall thickness /% is given by the following
expression:
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dr _(1—o)b* dp

dt 2Eh  dt

The quantity o is Poisson’s ratio for the shell material and E is
Young’s modulus. The change in internal volume of the shell is

given by:
av 2 dl’
2T agp?
a g

Using these expressions in connection with Eq. (8-26) and the
conservation of mass principle, show that the additional acoustic
compliance due to the deformation of the spherical container of
volume V is given by the following expression:

3(1 — 0)bV
2Eh

The total acoustic compliance is [Cp (Eq. 8-26) +ACy]. Determine
the numerical value for the additional acoustic compliance ACy, if
the sphere has a radius of 150 mm (5.911in) and a wall thickness of
0.51mm (0.020 in). The sphere material is aluminum, for which
Young’s modulus is 73.1 GPa (10.6 x 10° psi) and Poisson’s ratio is
0.33. The volume of the sphere is given by:

V:%an

ACy =

Compare this value of the additional acoustic compliance with the
acoustic compliance given by Eq. (8-26), if the gas in the sphere is air
at 300K and 101.3kPa (density, 1.177 kg/m*® = 0.07351b,,/ft>; sonic
velocity, 347.2m/s = 1139 ft/sec). Is the effect of the flexibility of the
container significant in this case?

8-4. An automobile with one window partially open may be treated as a
Helmholtz resonator for relatively low frequencies. If the internal
volume of the passenger compartment for an automobile is 1.60 m’
(56.5ft%), and the window opening is 250mm x 600 mm
(9.841in x 23.621in) x 35mm (1.381in) thick, determine the resonant
frequency for the automobile treated as a Helmholtz resonator. The
air in the automobile is at 305K (31.8°C or 89.2°F) and 101.3 kPa
(14.7 psia), for which the density is 1.158 kg/m® (0.0723 1b,,,/ft*) and
the sonic velocity is 350 m/s (1148 ft/sec). The acoustic mass for the
rectangular opening having a width w and a length ¢, with a thickness
L, is given by the following expression:

Pole

AT wt
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The equivalent length is L, = L + 2AL. For a rectangular opening,
the additional length AL due to the end effects is given by the
following expression:

8will + (w/1) + (t/w)]

AL =
Ir(w + 1)

Also, determine the acoustic quantity factor Q, and the half-power
bandwidth Af for the automobile as a Helmholtz resonator around
the resonant frequency. The acoustic resistance for the thin rectan-
guzlar opening may be estimated from the following expression for
(kwr) < 1:

_ 7 polw/0) + (1 w)]
o 4c

For (K*wi) > 1, Ry = p,c¢/wt. The quantity k is the wave number.

8-5. A rigid-wall back-enclosed loudspeaker cabinet has inside dimen-
sions of 300mm (11.81in) x 500mm  (19.69in) x 400 mm
(15.751in). The front of the cabinet has a circular hole cut into it.
The diameter of the hole is 50 mm (1.969 in), and the thickness of the
panel is 60mm (2.362in). The gas in the cabinet is air at 22°C
(295.2K or 72°F) and 101.3kPa (14.7 psia), for which the density is
1.196 kg/m® (0.07471b,,/ft%), and the sonic velocity is 344.4m/s
(1130 ft/sec). A single layer of 200-mesh screen having a specific
acoustic resistance (resistance for a unit area) of 24.6rayl (total
acoustic resistance, 12,530 acoustic ohms) is placed over the opening
in the cabinet. This screen provides the primary acoustic resistance
(other fluid frictional resistances may be neglected). A sound wave
having a sound pressure level of 80dB is incident on the opening.
Determine (a) the resonant frequency for the cabinet, considered as a
Helmholtz resonator; (b) the acoustic quality factor Q4 for the cabi-
net; (c) the acoustic power delivered to the air in the cabinet at the
resonant frequency; (d) the acoustic power delivered to the air in the
cabinet at 63 Hz; and (e) the sound pressure level gain, dB, for the
cabinet at the resonant frequency and at 63 Hz.

8-6. A ventilating duct has a square cross section with dimensions 300 m
m x 300mm (11.81in), with a thickness of 1.65mm (0.065in). A
side-branch muffler is constructed by drilling a hole 160 mm
(6.301in) in diameter in one wall of the duct and surrounding the
duct with a closed chamber. The gas flowing through the duct is
air at 40°C (313.2K or 104°F) and 102 kPa (14.79 psia), for which
the density is 1.135kg/m> (0.07091b,, /ft’) and the sonic velocity is
354.7m/s (1164 ft/sec). Determine the volume of the closed chamber

Ra
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such that the muffler will resonate at a frequency of 30 Hz, the
transmission loss for the muffler at 30 Hz, and the transmission
loss for the muffler at 60 Hz.

8-7. It is desired to design a side-branch muffler for a minimum transmis-
sion loss of 6 dB for the frequency range between 200 Hz and 400 Hz.
The gas within the system is air at 600K (327°C or 620°F) and
101.3kPa (14.7psia), for which the density is 0.588 kg/m?
(0.03671b,,/ft*) and the sonic velocity is 491 m/s (1611 ft/sec). The
main tube in which the air is flowing has a diameter of 50.8 mm
(2.001in). Two side-branch tubes are to be used, with each tube hav-
ing a length equal to 4 times the tube radius (L = 4a). For the
resonator, a cylindrical vessel is to be used, with its diameter equal
to its length. Layers of 200-mesh wire screen are to be used as the
acoustic resistance element. Determine the length and diameter of
the resonator chamber, the length and diameter of each side-branch
tube, and the number of layers of wire screen required in each side-
branch tube.

8-8. A side—branch muffler is to be constructed of a hollow spherical
container connected to the main tube by a tube having a length-
to-diameter ratio (L/2a) of 0.1875. The inside diameter of the
main tube is 30mm (1.1811in). The significant acoustic resistance is
provided by an acoustic material for which the specific acoustic
resistance is given by R, = C;t, where ¢ is the material thickness
and C; = 30,000 rayl/m. The side-branch muffler is to have a mini-
mum transmission loss of 11dB in the frequency range between
150 Hz and 416.7 Hz. The gas flowing through the system is air at
350K (77°C or 170°F) and 110.5kPa (16.03 psia), for which the
density is 1.100kg/m® (0.06871b,,/ft’) and the sonic velocity is
375m/s (1230 ft/sec). Determine the diameter of the spherical reso-
nator, the diameter of the side-branch tube, and the thickness of the
acoustic material in the side-branch tube.

8-9. A side-branch muffler is attached to a duct with a square cross
section 200 mm (7.8741in) x 200 mm. The resonator volume has a
square cross section, 200 mm x 200 mm, and a length L;. The con-
necting tube is a circular tube with a diameter of 32 mm (1.26in) and
a length of 32 mm. One end of the connecting tube is attached to the
main duct (flanged end) and the other end protrudes into the reso-
nator volume (free end), as shown in Fig. 8-25. Wire screens are
placed over the connecting tube opening to provide an acoustic
resistance of 555Pa-s/m’. The resonant frequency for the system is
43.3 Hz. Determine the length of the resonator chamber and the
transmission loss for the system at a frequency of 34.5Hz, for the
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FiGURE 8-25 Sketch for Problem 8-9.

gas density of 1.143kg/m’ (0.07141b,,/ft’) and sonic velocity of
350m/s (1148 ft/sec).

8-10. A side-branch muffler is attached to a pipe having an inside diameter
of 102.3mm (4.028in) by using a tube having a length of 32.18 mm
(1.267in) and an inside diameter of 35mm (1.378in). The resonator
volume is 1.50dm?, and the acoustic resistance in the connecting
tube is 8422Pa-s/m’. The gas in the system is air at 302.8K
(29.6°C or 85.3°F) and 101.3kPa (14.7 psia), for which the density
is 1.166 kg/m® (0.07281b,,/ft}) and the sonic velocity is 348.8m/s
(1144 ft/sec). Determine the transmission loss for the system at a
frequency of 200 Hz.

8-11. A water pipe has an inside diameter of 26.6 mm (1.047in). A closed
pipe having the same diameter is connected through a tee to the main
pipe to act as a side-branch muffler. The water in the pipe is at 20°C
(68°F), for which the density is 998.2 kg/m® (62.321b,,/ft®), the sonic
velocity is 1483.2m/s (4866 ft/sec), and the viscosity is 1.00 mPa-s
(2.421b,,, /ft-hr = 20.9 x 1076 lbf-sec/ftz). The only acoustic resis-
tance is provided by the frictional energy dissipation in the side
pipe. Determine the smallest length of the side pipe to achieve reso-
nance at 125 Hz. What is the transmission loss for the side-branch
muffler at 125 Hz and at 120 Hz?
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8-12. A 21.3mm (0.8391in) diameter hole is drilled in a pipe having an
inside diameter of 40.9mm (1.610in) and a wall thickness of
3. 7mm (0.1461in). The gas in the pipe is air at 305K (31.8°C or
89.2°F) and 101.3kPa (14.7 psia), for which the density is
1.158 kg/m® (0.07231b,,/ft’) and the sonic velocity is 350m/s
(1148 ft/sec). The opening is open to atmospheric air. Determine
the transmission loss for the hole as a side-branch muffler for a
frequency of 500 Hz and for 1000 Hz.

8-13. Determine the length and diameter of the expansion chamber for a
non-dissipative expansion chamber muffler for use in a marine pro-
pulsion system, in which the gas flowing through the muffler is air at
400K (126.8°C or 260.2°F) and 105kPa (15.23 psia). The density of
the gas is 0.915kg/m® (0.05711b,,/ft}), and the sonic velocity is
400.9 m/s (1315 ft/sec). The muffler must have a minimum transmis-
sion loss of 16.9dB for the frequency range between 200 Hz and
400 Hz. The inlet and outlet tubes connecting the expansion chamber
each have the same diameter of 54 mm (2.1261n).

8-14. A single-chamber expansion chamber muffler has an inside diameter
of 108.2mm (4.2601in) and a length of 1.524 m (5.00 ft). The inlet and
outlet tubes each have an inside diameter of 22.5mm (0.8861in). The
gas flowing in the system is air at 80°C (353.2K or 176°F) and
101.4kPa (14.71 psia), for which the density is 1.00kg/m’
(0.06243 1b,, /ft’) and the sonic velocity is 376.7m/s (1236 ft/sec).
Determine the transmission loss for the muffler for a frequency of
62 Hz.

8-15. A single-chamber expansion chamber muffler has a length of
133.3mm (5.248in) and an expansion chamber diameter of
54.0mm (2.127in). The main tube in which the muffler is placed
has an inside diameter of 18.0mm (0.709in). The gas in the system
is air at 398.2K (125°C or 257°F) and 120 kPa (17.40 psia), for which
the density is 1.050 kg/m® (0.06561b,, /ft*). Determine the frequency
at which the transmission loss is 12dB for the muffler. Also, deter-
mine the frequency at which the transmission loss is zero for the
muffler.

8-16. The inlet and outlet tubes for a double-chamber expansion chamber
muffler have an inside diameter of 55 mm (2.165 in), and each expan-
sion chamber has an inside diameter of 220 mm (8.661 in), and length
of 580mm (22.83in). The connecting tube between the two expan-
sion chambers has an inside diameter of 55mm (2.165in) and a
length of 440 mm (17.32in). The gas flowing through the muffler is
air at 398.2K (125°C or 257°F) and 104.57kPa (15.17 psia), for
which the density is 0.915kg/m* (0.0571 Ib,,/ft*) and the sonic velo-

Copyright © 2003 Marcel Dekker, Inc.



city is 400.0 m/s (1312 ft/sec). For a frequency of 125 Hz. Determine
the transmission loss for (a) an internal- connecting tube muffler and
(b) an external-connecting tube muffler.

8-17. A dissipative muffler used on an aircraft engine test stand has a
length of 4.500m (14.76 ft) and a diameter of 1.500 m (4.92 ft). The
lining of the muffler has an attenuation coefficient of o = 0.50 Np/m
or (8.68590) = 4.343 dB/m. The gas flowing through the muffler is
air at 896.0K (622.8°C or 1153°F) and 140kPa (20.31 psia), for
which the density is 0.544 kg/m> (0.03401b,,/ft?) and the sonic velo-
city is 600.0m/s (1969 ft/sec). The inside diameter of the inlet and
outlet tubes is 500 mm (19.6851n). Determine the transmission loss
for the muffler at a frequency of 3 kHz.

8-18. For a dissipative muffler, the muffler length is 760 mm (29.92 in) and
the inside diameter of the muffler is 202.7 mm (7.9801in). The inlet
and outlet pipes for the muffler also have inside diameters of
202.7 mm. The attenuation coefficient for the muffler lining material
is 0 =7.676 Np/m or (8.68590) = 66.67dB/m. The gas flowing
through the muffler is air at 340.7K (67.5°C or 153.5°F) and
110.0kPa (15.95 psia), for which the density is 1.125kg/m’
(0.0702lbm/ft3) and the sonic velocity is 370.0m/s (1214 ft/sec).
Determine the transmission loss for the muffler at a frequency of
1000 Hz.

8-19. A dissipative muffler involves flat panel baffle elements with each
panel having a length of L =3.000m (9.84ft), a width of 1.224m
(4.02ft), and a thickness of 102mm (4.02in). The spacing between
the baffles is » = 102mm (4.02in). The cross section of the duct
before and after the muffler is 1.224m (4.02ft) x 1.224m. The
attenuation coefficient, corrected for random incidence end effects,
for the muffler dissipative panels is given by the following relation-
ship:

0.4636 [[1 4+ 3¢/ /£ =11 AL
__o. n AL
b 1430 /fw) } L

The quantity f,, = 1000 Hz, and /" is the frequency. For the calcula-
tion of the random incidence end effects, use the flow area between a
pair of panels, $* = (1.224)(0.102) = 0.1248 m? (1.343 ft*), or (S*)"/*
=0.353m (1.159 ft). The total free-flow area within the muffler is S,
= 65 = 0.7488 m” (8.060 ft?). The gas flowing through the muffler is
air at 398.2K (125°C or 257°F) and 105.1 kPa (15.24 psia), for which
the density is 0.920 kg/m® (0.05741b,,/ft’) and the sonic velocity is
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400 m/s (1312 ft/sec). Determine the transmission loss for the muffler
at a frequency of 2000 Hz.

8-20. A dissipative muffler is lined with a soft blanket-type acoustic mate-
rial having a mean density of 128kg/m’ (7.991b,,/ft}), a specific
acoustic resistance of R; =200,000 rayl/m, and a porosity of
0.950. The gas flowing through the lining material is air at 90°C
(563.2K or 194°F) and 103.4kPa (15.0 psia), for which the density
is 0.640kg/m’> (0.04001b,,/ft’), the sonic velocity is 475.7m/s
(1561 ft/sec), and the specific heat ratio is y = 1.400. The length of
the muffler lining is 4.500 m (14.76 ft), and the inside diameter of the
lining is 1.500 m (4.92 ft). Determine the corrected attenuation coef-
ficient for the material at a frequency of 500 Hz and a frequency of
3kHz.

8-21. A dissipative muffler has internal cross-section dimensions of
800mm (31.50in) x 250 mm (9.84in), with a length of 2.40m
(7.874ft). The lining material is a semirigid material having a
mean density of 175kg/m> (10.931b,,/ft?), a porosity of 0.900, and
a specific acoustic resistance of 49,480 rayl/m. The gas flowing in the
muffler is air at 304.9K (31.7°C or 89.1°F) and 105.0kPa (15.23
psia), for which the density is 1.200kg/m’ (0.07491b,,/ft’), the
sonic velocity is 350 m/s (1148 ft/sec), and the specific heat ratio is
1.400. Determine the corrected attenuation coefficient for the lining
material at a frequency of 2000 Hz and at 500 Hz.

8-22. A plenum chamber, similar to that shown in Fig. 8-22, has internal
dimensions of 3.048 m (10.000 ft) high, 1.219m (4.000 ft) wide, and
1.905m (6.250 ft) long. The inlet and outlet openings for the plenum
are rectangular, with dimensions of 610 mm (24.01in) high x 915mm
(36.01in) wide. The inlet is located at the top of the 3.048 m x 1.219m
side, and the outlet is located at the bottom of the opposite side of
the plenum. The plenum chamber is lined with an acoustic material
having a surface absorption coefficient of 0.780. Determine the
transmission loss for the plenum chamber.

8-23. A plenum chamber, similar to that shown in Fig. 8-22, has a height
of 1.351 m (4.432ft), a width of 2.100m (6.890 ft), and a length of
1.600m (5.249 ft). The inlet is located at the upper edge of the
1.351 m x 2.100 m wall, and the outlet is located at the lower edge
of the opposite wall. The dimensions of the inlet and outlet openings
are 150 mm (5.9061in) high x 201 mm (7.913 in) wide. Determine the
required surface absorption coefficient of the plenum acoustic lining
material to achieve a transmission loss of 25.0dB for the plenum
chamber. What would the transmission loss be for the plenum cham-
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ber if the lining material had a surface absorption coefficient of
unity?

8-24. A double-chamber plenum, similar to that shown in Fig. 8-24, has a
height of 2.00m (6.562 ft), a width of 1.225m (4.019ft), and each
chamber has a length of 0.900 m (2.953 ft). Each of the three open-
ings has a height of 200 mm (7.87 in) and a width of 250 mm (9.84 in).
The inlet of the first chamber is located at the upper edge of the 2m
x 1.225m wall, and the opening between the chambers is located at
the lower edge of the opposite wall. The outlet of the second cham-
ber is located at the upper edge of the wall opposite the opening
between the chambers. The surface absorption coefficient for the
plenum lining material is 0.622. Determine the transmission loss
for the plenum chamber.
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9

Vibration Isolation for Noise
Control

One of the major sources of noise in mechanical equipment is the noise
produced by energy radiated from vibrating solid surfaces in the machine.
In addition, noise may be produced when vibratory motion or forces are
transmitted from the machine to its support structure, through connecting
piping, etc. Noise reduction may be achieved by isolating the vibrations of
the machine from the connected elements. For the case of noise generated by
a vibrating panel on the machine, noise reduction may be achieved by using
damping materials on the panel to dissipate the mechanical energy, instead
of radiating the energy into the surrounding air. In this chapter, we will
consider some of the techniques for vibration isolation for machinery and
examine some of the materials used in isolation of vibrations from equip-
ment.

There are at least two types of vibration isolation problems that the
engineer may be called upon to solve: (a) situations in which one seeks to
reduce forces transmitted from the machine to the support structure and (b)
situations in which one seeks to reduce the transmission of motion of the
support to the machine. Some examples of the first case include reciprocat-
ing engines, fans, and gas turbines. An example of the second case is the
mounting of electrical equipment in an aircraft or automobile such that
motion of the vehicle is not “fed into” the equipment.
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9.1 UNDAMPED SINGLE-DEGREE-OF-FREEDOM
(SDOF) SYSTEM

Many aspects of vibration isolation may be understood by examination of
an SDOF system consisting of a mass and a linear spring, as shown in Fig.
9-1. For a more extensive treatment of mechanical vibrations, there are
several references available in the literature (Rao, 1986; Tongue, 1996;
Thomson and Dahleh, 1998). Let us denote the mechanical mass of the
system by M and the spring constant (force per unit displacement) by K.
Using Newton’s second law of motion (F,.; = Ma), the equation of motion
for the system may be written in the following form:
2
Md—;}~|—Ksy:0 (9-1)
dt
The displacement of the mass from its equilibrium position is denoted by y
and the symbol ¢ denotes time.
Let us define the following parameter:

» _Ks

= 6-2)

This quantity is called the undamped natural frequency of the system. As will
be shown in this section, w, is the frequency at which the system will oscil-
late after being disturbed from its static equilibrium position by an initial
displacement or an initial velocity.

Making the substitution from Eq. (9-2) into Eq. (9-1), we obtain the
following result:

2
j—tf +wny =0 (9-3)

MASS

M D

K SPRING

s

FiGure 9-1 Undamped SDOF vibrating system.
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The general solution of Eq. (9-3) may be written in either complex notation
or in terms of trigonometric functions directly:

(1) = A" + Be 7' = C cos(w, 1) + C sin(w, ) (9-4)

The constants of integration in Eq. (9-4) are determined by the initial
conditions for the system. For example, suppose we have the following
conditions at the initial time ¢ = 0:

(a) initial displacement: y(0) = y,
(b) initial velocity:

dy(0)
v(0) = TH = Vo
If we make these substitutions into Eq. (9-4), the following results are
obtained:
Ci = and Gy = v/, 9-5)
A :%[yo _j(vo/wn)] and B :%[.Vo +j(vo/wn)] (9'6)

The motion of a free undamped SDOF system may be found by sub-
stituting the expressions for the constants of integration into Eq. (9-4):

(1) = yo cos(wyt) + (vo /@) sin(wy 1) -7

V(1) = 5yo(e/™ + e — vy fwp)(e " — 7 (9-8)
We note that the two expressions are identical because of the following
identities:

cos(wyt) =1 (e’ +e7*")  and sin(w,?) = —1j(e" — e

We may write the expression for the motion of the undamped SDOF
system in an alternative form:

y(t) = Ccos(w,t + @) (9-9)

Using the trigonometric identity for the cosine of the sum of two angles, Eq.
(9-9) may be written as follows:

y(t) = C[cos ¢ cos(w,t) — sin ¢ sin(w,?)] (9-10)
By comparing Eqgs (9-10) and (9-7), we note that the following relations
exist:

Ccos¢p =y, and Csing = —v,/w, (9-11)
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The values for the constants C and ¢ may be obtained as follows:

C*(cos® ¢ + sin ¢) = C* = y2 + (v, /w,) (9-12)
sin ¢ U

AT — - -1

tan ¢ cosd orv (9-13)

The final expression for the displacement of the system is as follows:

172

Y1) =[5 + (vo/@,)"]'/? cos(wyt + ¢) (9-14)

We observe from Eq. (9-14) that the motion is sinusoidal or simple
harmonic with a frequency (in radians/second, for example) of w,. The
undamped natural frequency f,, may also be expressed in Hz units:

o, _ (Ks/M)'"?

== 9-15
fompm = (9-15)
The static deflection of the system (denoted by d) is the deflection of

the spring due to the weight of the attached mass:
Mg = Kgd or d=Mg/Kg (9-106)

The quantity g is the acceleration due to gravity. At standard conditions, g
=9.806m/s> (32.174 ft/sec® or 386.11in/sec’). By combining Eqs (9-15) and
(9-16), we find the relationship between the static deflection and the
undamped natural frequency for the system:

_ (/)"

I o

(9-17)

In practice, the static deflection may be easily measured, and the undamped
natural frequency may then be determined from experimental measurements
of the static deflection.

Example 9-1. A machine has a mass of 50kg (110.21b,,). It is desired to
design the support system such that the undamped natural frequency is
5Hz. Determine the required spring constant for the support system and
the corresponding value of the static deflection.

The undamped natural frequency is given by Eq. (9-15). The required
spring constant is found as follows:

Ks = MQ2xf,)* = (50)[2m)(5)]

Ks = 49,350 N/m = 49.35kN/m  (281.8Ib,,/in)
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The static deflection is found from Eq. (9-16):

Mg (50)(9.806) . .
_ Mg _ COOS00) 493, 10 m =9.93 0.391
Ks _ (49.35)(10°) mom mm  (0.3911n)

9.2 DAMPED SINGLE-DEGREE-OF-FREEDOM
(SDOF) SYSTEM

All mechanical systems have some amount of damping or energy dissipation
associated with the motion of the system, so we need to examine the effects
of damping on the system vibration. It should be noted that a large amount
of damping is not always a good thing to have, especially if one wishes to
reduce the force transmitted at frequencies much above the undamped nat-
ural frequency for the system.

Let us consider the system shown in Fig. 9-2, in which a mass M is
connected to a support through a spring (spring constant Kg) and a viscous
damper. The force produced by the viscous damper is proportional to the
velocity difference across the damper:

d
Fy(t) = Ryo(t) = Ry 5 (9-18)

The quantity Ry is the coefficient of viscous damping or the mechanical
resistance, which has units of N-s/m. This combination of units is sometimes
called a mechanical ohm, in analogy with the electrical system, i.e., 1 mech

ohm = 1 N-s/m.
¥
MASS
M D
SPRING DAMPER
Ks Ru

TSI A

FIGURE 9-2 Damped SDOF vibrating system.
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We obtain the following result by applying Newton’s second law of
motion to the mass shown in Fig. 9-2:
d?y dy
M—+ Ry —+Kgy=0 9-19
If we divide through by the mass M and introduce the undamped natural
frequency from Eq. (9-2), we obtain the following result:

%+Rﬁ%+wﬁy:o (9-20)
The general solution for Eq. (9-20) is as follows:

y(t) = A€ + Be™ (9-21)
The quantities s; and s, are given by:

s1= =(Ry/2M) + [(Rn/2M)” = ] (9-22)

52 = =(Ry/2M) = [(Ru/2M)” — ;]2 (9-23)

There are three difference cases as far as the vibratory motion of the
mass with damping is concerned. These cases depend on the nature of the
second term in Eqs (9-22) and (9-23).

9.2.1 Critically Damped System, (Ry/2M)= o,

The value of the damping coefficient in this case is called the critical damping
coefficient Ry

Ryior = 2Mw, = 2M(Ks/ M) = 2(KsM)'/? (9-24)
For any condition, the damping ratio ¢ is defined by the following ratio:
Ry Ry
= Rua  2KsM)?

¢ (9-25)

The factors from Eqgs (9-22) and (9-23) may be expressed in terms of the
damping ratio:

1=t = (@@ = Do, (9-26)

5=t + @ = D" lo, (9-27)

For the case of critical damping, ¢ = 1, we obtain repeated solutions
for the differential equation, Eq. (9-20), or s; = s, = —w,,. For this situation,
the general solution has the following form:

() = (C) + Cyt) e (9-28)
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In particular, if the initial displacement is y(0) = y, and the initial velocity is
v(0) = v,, we may evaluate the constants of integration:

C] =)o and C2 = VU, + Yoy (9-29)
The motion of the mass is described by the following relationship:

W0 = [0 + (Vo + yown)le™™ (9-30)

Equation (9-30) shows that, for the case of a free critically-damped system,
there is no oscillatory motion. The system simply moves somewhat slowly
back to its static equilibrium position.

9.2.2 Over-Damped System, { > 1

In this case, the second term in Eqs (9-22) and (9-23) is real and negative,
and not imaginary, so there is no free oscillation. The general solution for
the motion of the over-damped system may be written in terms of the
damping ratio as follows:

(1) = Aexp{~[¢ — (&7 = 1) ot} + Bexp{~[¢ + (&* = 1)yt
(9-31)
If the initial displacement is »(0) = y, and the initial velocity is
v(0) = v,, we may find the following expressions for the constants of inte-
gration for the over-damped system, ¢ > 1:

— _Uo +.Vo[§ — (;2 B l)l/z]wn
26 = D",
g Yot Yot + (& — 1),
25 = D",
The motion of the over-damped system is not oscillatory, and the system

moves toward the equilibrium position more slowly than is the case for the
critically damped system.

(9-32)

(9-33)

9.2.3 Under-Damped System, { < 1

For this case, the second term in Eqgs (9-22) and (9-23) is imaginary. The
factors may be written in the following form for the under-damped system:

s = [t —j(1 =), (9-34)
5= [t +j1 =), (9-35)
Let us define the damped natural frequency wq by the following expression:
wg = w,(1 =)' (9-36)
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If we make this substitution into Eqs (9-34) and (9-35), we obtain the
following result:

s1 = —twy — jog (9-37)
5 = —fwy + jog (9-38)

The general solution for the motion of the mass for the under-damped
case may be written in the following form:

(1) = e (4 cos wyt + Bsin wyt) (9-39)

The constants of integration may be written in terms of the initial displace-
ment and initial velocity as follows:

A= Yo and B= (Uo + ;wnyo)/wd (9'40)

The motion of the under-damped system may also be written in the
following form:

(1) = Ce "' cos(wyt + @) (9-41)

The constant C and the phase angle ¢ may be expressed in terms of the
initial displacement y, and initial velocity v,:

C = yo(1 + tan’ ¢)'/? (9-42)
tanp = — 0TSl (9-43)
wWq)o

We note from Eq. (9-41) that the amplitude of the vibratory motion for the
under-damped system is not constant but decays exponentially with time.
The motion for the three cases is illustrated in Fig. 9-3.

9.3 DAMPING FACTORS

In Sec. 9.2, we considered the damping as being produced by a linear viscous
damper, in which the force of the damper is directly proportional to the
relative velocity of the ends of the damper element. There are many other
types of damping or energy dissipation elements, and many of these cle-
ments are nonlinear. It is usually possible to define an “equivalent damping
coefficient” or mechanical resistance for these elements, so the general
results that we have developed are valid.

In analogy with the Helmholtz resonator analysis, one alternative
measure of the effect of damping may be expressed through the mechanical
quality factor Qy (Kinsler et al., 1982), which is defined in a form similar to
the acoustic quality factor in Eq. (8-48):
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-0.8

-1.0

FIGURE9-3 Vibratory motion for various values of the damping ratio ¢. The curves
are plotted for an initial displacement y(0) = y, and an initial velocity v(0) = 0.

oM 2nfM

Ou="3"="7" (9-44)
From Eq. (9-24), we find:
C()nM = %RM,cr (9_45)

Using this result, the mechanical quality factor may be written in terms of
the damping ratio { = Ry/Ry.ert

_ Ry 1 (9-46)
2Ry 2¢
The mechanical quality factor or damping ratio may be measured
experimentally by measuring the frequencies at which the power dissipated
in the damper element is one-half of the power dissipated at resonance. An
expression similar to Eq. (8-60) may be used to relate the half-power fre-
quencies (f] and f5) to the mechanical quality factor:

Om

L-fH_ 1
= =2 (9-47)
fn QM
One of the oldest measures of damping in mechanical systems is the
logarithmic decrement § (Thomson and Dahleh, 1998), which is defined by
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the natural logarithm of the ratio of the peak amplitudes N cycles apart,
divided by the number of cycles:

_ l ymax(to) ~
Sl by o

The quantities ypax(f,) and yna..(fn) are the maximum or peak amplitudes of
the motion at time 7, and fy, respectively. The quantity N is the number of
cycles during the time interval between ¢, and fy:

wg(tn — 1)
2
For small damping (or for ¢ < 0.3), Eq. (9-36) indicates that the undamped
natural frequency w, and the damped natural frequency wy are practically
equal, with less than a 5% error. With this approximation, Eq. (9-49) may

be written in the following form:

wn([N B Zo)
2
At the peak amplitude, the cosine function in Eq. (9-41) is unity, so the
ratio of the peak amplitudes may be written in the following form, with the
help of Eq. (9-50):
¥(15)
y(iN)

Taking the natural logarithm of both sides of Eq. (9-51), we obtain the
following relationship:

N= (9-49)

N = (9-50)

= exp[—Lwy (1o — IN)] = exp[27¢N] (9-51)

W) | _
ln[y(tN)i| =2mw¢N (9-52)

By comparing Eqs (9-48) and (9-52), we see that the logarithmic decrement
is directly related to the damping ratio:

8§ =2n¢ (9-53)

The logarithmic decrement may be conveniently measured by display-
ing the motion (on an oscilloscope, for example) and measuring the ampli-
tude ratio directly.

The peak amplitude y,,,x may be expressed in “level” form, where the
displacement level is defined by the following relationship:

Ld =20 loglo(ymax/yref) (9'54)

The reference displacement is:

Vet = 10pm = 10 x 107 m
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Another measure of the damping is the decay rate A (Plunkett, 1959),
defined as the change in the peak displacement level with time, in units of
dB/s:

diy

=74 - 20(logy )

(dYmax/d1)

max

(9-55)

According to Eq. (9-41), the peak amplitude for the system with a
viscous damper is given by the following relationship:

Ymax(1) = C e (9-56)

Using this expression in Eq. (9-55), we find the following relationship for the
decay rate (dB/s):

A = (—20)(0.43429)(—tw,) = 8.6859¢w, = 54.575¢ £, (9-57)

In analogy with the acoustic concepts presented in Chapter 7, the
reverberation time Ty, may be defined as the time required for the displace-
ment level to decrease by 60 dB:

_ 60dB  1.0994
T AdB/s T ¢fy

(9-58)

Finally, the loss factor or energy dissipation factor n (Ungar and
Kerwin, 1962) may be defined as the ratio of the average energy dissipated
per radian (energy dissipated per cycle Eg divided by 27) to the total
energy (kinetic energy plus potential energy) of the system E:

Egiss/ 27
g ="l (9-59)
Etot

The energy dissipated per cycle may be evaluated from the following

expression, involving an integration over one cycle of vibration:

Egis = J Fydy (9-60)

For a viscous damper, the force is Fy = Ryv(f) and the displacement
dy = v(r)dz. If we write the displacement in the form y(f) = y . cos(wr),
where y.. 1S the peak amplitude, the velocity of the system may be eval-
uated as follows:
dy(z .

o(t) = % — Yy sin(wl) (9-61)
Making the substitutions from Eq. (9-61) into Eq. (9-60), we obtain the
following integral:
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27/ w
Euos = Rua2, j cos*(wr)dr 9-62)
0

The following result for the energy dissipated per cycle is obtained after
carrying out the integration:
Egiss = NRMwyfnax (9-63)

The total energy stored in the system is equal to the potential energy
stored in the spring at the peak displacement (the point at which the kinetic
energy of the mass is zero):

)”lné\x
i = j Fsdy = K L ydy = 1Ko (9-64)

If we make the substitutions from Eqs (9-63) and (9-64) into the expression

for the loss coefficient, Eq. (9-59), the following result is obtained:
RMCL)

— 9-65

% (9-65)

The loss factor is often measured in systems involving freely decaying
vibrations, which occur at the resonant frequency, w = w,. We note from
Eqgs (9-15) and (9-24) that:

2Kg

Wn

=2Mw, = Ry or (9-66)

Using this result in Eq. (9-65), we find that the loss factor and the damping
ratio are related by the following expression:

n=2 (9-67)
The relationships between the various measures of damping are sum-
marized in the following expression:

4. L5 D 10994

C= =50 T 2 54575 f.Te
Representative values for the loss factor n for materials at room tempera-
tures are given in Table 9-1. In general, the loss factor is strongly tempera-
ture-dependent, as illustrated in Table 9-2 for an acoustic absorbing foam
material.

(9-68)

Example 9-2. A machine has a mass of 50kg (110.21b,,). The spring con-
stant for the support is 49.35 kN/m (281.8 Ib;/in) and the undamped natural
frequency is SHz. It is desired to select the damping for the support such
that the damping ratio is 0.100. Determine the damping coefficient Ry; and
the other measures of damping capacity for the system.
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TABLE 9-1 Typical Values of the Loss Factor 7 for
Materials at Room Temperature

Material n Material n
Aluminum 0.0010 Masonary blocks  0.006
Brass; bronze 0.0010 Plaster 0.005
Brick 0.015  Plexiglas® 0.020
Concrete 0.015 Plywood 0.030
Copper 0.002 Sand (dry) 0.90
Cork 0.150 Steel; iron 0.0013
Glass 0.0013  Tin 0.002
Gypsum board  0.018 Wood, oak 0.008
Lead 0.015 Zinc 0.0003

Source: Beranek (1971).

TABLE 9-2 Variation of the
Loss Factor n for a Typical
Acoustic Foam Material Used in
Composite Panels*

Temperature, °C  Loss factor, n

0

5
10
15
20
25
30
35
40
45
50

0.087
0.116
0.168
0.28
0.48
0.72
0.79
0.66
0.47
0.30
0.19

#The material has a density of 32kg/
m® (21b,/ft’). The temperature
range of application for the material

is between —40°C (—40°F) and

+70°C (160°F).
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The damping ratio is defined by Eq. (9-25). The damping coefficient
for a damping ratio of ¢ = 0.100 is found as follows:

Ry = 20(KsM)'? = (2)(0.100)[(49.35)(10%)(50)]"/2
Ry = 3142 N-s/m
The mechanical quality factor is given by Eq. (9-46):
Owm = 1/2¢ = 1/[(2)(0.100)] = 5.00
The logarithmic decrement is given by Eq. (9-53):
8 = 2n¢ = (2m)(0.100) = 0.6283
The decay rate for the system is given by Eq. (9-57):
A = 54.575¢ f,, = (54.575)(0.100)(5) = 27.3dB/s
The reverberation time is given by Eq. (9-58):
Teo = 60/A = (60)/(27.3) = 2.20 sec
Finally, the loss factor is given by Eq. (9-67):
n=2¢=1(2)(0.100) = 0.200

9.4 FORCED VIBRATION

If an external driving force is applied to the spring—mass—damper system, as
shown in Fig. 9-4, the governing equation of motion for the system may be
found from Newton’s second law of motion:

d’y dy
¥
) ,
Ks Fit) Ru
A, 70

FiGURE 9-4 Forced vibratory system.
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If we introduce the undamped natural frequency from Eq. (9-2) and the
damping ratio from Eq. (9-25), we obtain the following form for the equa-
tion of motion, Eq. (9-69):

d2

_y + 2§wn

dy +oly= wrF(1)
ds n

dr T Ks

(9-70)

We find, in general, that the solution of Eq. (9-70) for the motion of
the system involves two components: (a) the transient part, which is the
solution of the homogeneous equation, F(z) =0, and (b) the steady-state
part, which is a particular solution of the complete equation. The transient
part is the same as that obtained for free motion, given by Eq. (9-21).

As we note from Eqgs (9-30), (9-31), or (9-41), the transient portion of
the solution involves negative exponentials of the form exp(—Zw,t). These
terms generally decay to negligible values after a few cycles, unless the
damping is identically zero. Because all physical systems involve some
level of damping or energy dissipation, we see that the transient component
will approach zero for all mechanical vibrating systems. For example, if the
undamped natural frequency is f, = 5 Hz and the damping ratio is ¢ = 0.10,
we find the following numerical value for the argument of the exponential:

twqt = (0.10)27)(5)(1) = 3.14¢

The exponential term is less than 0.010 for an argument of —4.71 or larger
(absolute value). For a time of 1.50 seconds, we find the following value:

Cwyt = (3.14)(1.50) = 4.712
exp(—tw, 1) = e *+"12 = 0.0090

Thus, for the conditions given in this example, the homogeneous solution or
transient component of the vibratory displacement has become negligible
only 1.50 seconds after the driving force has been applied, and only the
particular solution or steady-state component is of importance.

Let us examine the case in which the driving force is sinusoidal, or:

F(t) = F, cos(e?) 9-71)

We may also write the driving force in complex notation, keeping in mind
that only the real part has “real” physical significance:

F(t) = F, e/ (9-72)

The quantity w is the frequency for the applied force.
Because the right-hand side of Eq. (9-70) involves an exponential
function, in this case, the particular solution (steady-state solution) will
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also involve exponential functions. Let us consider the steady-state solution
in the form:

W0y = Ce ™ =y el (9-73)
The solution may also be written in the trigonometric form:
y(t) = Ccos(wt — ¢) (9-74)

The quantity ¢ is the phase angle between the applied force and the dis-
placement of the system. We note that the forced-vibration system will
oscillate at the same frequency as that of the applied force, but the force
and displacement will not be exactly in-phase, in general.

If we make the substitution from Eq. (9-73) for y(z) into Eq. (9-70), the
governing equation of motion, the following result is obtained:

waF, e

—Cw? D 4 DCwgwe @ 1 Cop /@D = o
S

(9-75)

Let us define the frequency ratio as follows:
r= o/, :f/fn (9'76)

If we divide both sides of Eq. (9-75) by [Cw? e/ ~?] and introduce the
frequency ratio, we obtain the following result:

F, e./¢ B F, e./¢

2 .

—r 4j2tr+ 1= = 9-77)
CKS ymaxKS

We may define the magnification factor (MF) as follows:

MF — _2max (9-78)

(Fo/Ks)
The magnification factor is the ratio of the maximum amplitude of vibration
of the system to the static displacement of the system if the force F, acts as a
static force. The quantity F, is the maximum amplitude of the applied force.
We note that the peak-to-peak amplitude of motion y, = 2yy.. The rms
amplitude of motion 1S Yime = Vmax /2'2).
We may write the left-hand side of Eq. (9-77) in the form involving a

magnitude [Re2 + Imz]l/2 and a phase angle tan ¢ = Im/Re:
1 242 2 21172 L jo el¢ 9-79
(1 =) + @0’ e = o 9-79)

The phase angle between the displacement and the applied force is given by
the following:
2¢r
tan¢ = 7 (9-80)

—r
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The magnification factor may be obtained from Eq. (9-79):

1

[(1 =) + Qe -0

MF =

A plot of the magnification factor MF as a function of frequency ratio r =
f/fa for several different damping ratios ¢ is shown in Fig. 9-5.

There are several important observations that we can make from Fig.
9-5. First, if the forcing frequency f is less than the undamped natural
frequency f,, so that r < 1, the magnification ratio is always greater than

T T T AL
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FiGURE 9-5 Plot of the magnification factor MF = Kgy../F, vs. frequency ratio
r = f/f, for an SDOF spring—mass—damper system with various values of the damp-
ing ratio { = Ry /Ry -
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unity for damping ratios ¢ < % If r < 1, for a damping ratio ¢ = %, we see
that the denominator of Eq. (9-81) is as follows:

[(1— )+ Qe =11 -+ <1

and MF > 1 for this case.

Secondly, we observe that the magnification factor is always less than
unity for all frequencies if the damping ratio is larger than 2772 = 0.707.
For a damping ratio ¢ = 1/2!/?, the denominator of Eq. (9-81) is as follows:

[(1— )+ =11+ > 1

and MF < 1 for this case. If we wish to reduce the amplitude of motion of
the mass in the low-frequency region (0 < r < 1), we must select that damp-
ing ratio to be 0.707 or larger.

Finally, we note that the magnification factor is always less than unity
for any value of damping ratio if the frequency ratio r > 2'/? = 1.414. For a
frequency ratio r = 22 the denominator of Eq. (9-81) is as follows:

(A=) 4+ =1+824Y*>1  forallz>0

and MF <1 for this case. This means that, if we are really serious about
reducing the motion significantly for a given frequency f, we must adjust the
undamped natural frequency of the system such that f > 2172 L= 1.414f,.
This feat may be accomplished for a given mass M by selecting the proper
value of the spring constant Kg for the system, as illustrated by Eq. (9-15).

Example 9-3. A machine having a mass of 50kg (110.21b,,) is driven by a
sinusoidal force having a maximum amplitude of 40 N (8.991b;) and a fre-
quency of 10Hz. The support system has a spring constant of 50 kN/m
(2851bg/in) and a damping coefficient of 600 N-s/m (3.43 1bs-sec/in).
Determine the maximum amplitude of vibration for the system.

The undamped natural frequency for the system is determined from
Eq. (9-15):

_ (Ks/M)'* (50,000/50)"
T2z (m

£ = 5.033Hz

The frequency ratio is:
r=f/f, = (10)/(5.033) = 1.987
The damping ratio may be found from Eq. (9-25):

_ Rv (600) ~(600)
T 2AKsM)2 T (2)[(50,000)(50)]2  (3162.3)

¢ =0.1897
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The magnification factor may be found from Eq. (9-81):

1 287 — Ksymax

ME = s R (0o e 2 - B =R,

The maximum amplitude of motion for the system may be calculated:

_(0.3287)(40)

Yo = 50,000) = 0.263 x 10> m = 0.263mm  (0.01041in)

The peak-to-peak amplitude of motion is as follows:

Vp = 2Vmax = (2)(0.263) = 0.526mm  (0.0207 in)

9.5 MECHANICAL IMPEDANCE AND MOBILITY

There are many cases in which the velocity of the mass is an important
vibration function to be controlled, instead of the displacement. In this
case, the mechanical impedance Z,; may be utilized. The mechanical impe-
dance gives a measure of how strongly the system resists applied forces (or
moments). The mechanical impedance is defined as the ratio of the applied
force to the resulting velocity of the system:

_Fo
RO}

Let us take the displacement of the system from Eq. (9-73) or (9-74)
and take the derivative with respect to time to obtain the velocity of the
system:

(9-82)

'U(t) = ? :ja)ymdx ej(wt_¢) (9'83)

We note that we may write j = /™2, so Eq. (9-83) may be written in the

following alternative form:

U0 = O €Y = 0y 7 = g (9-84)
The quantity 6 is related to the displacement phase angle ¢ as follows:
0 = ¢ — /2 (radians) = ¢ — 90° (degrees) (9-85)
The complex representation of the mechanical impedance may be
obtained by combining Eqs (9-84) and (9-82):

Jo
_ F,e

@)V max

Zu =|Zyle” (9-86)
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The magnitude of the mechanical impedance may be expressed in terms of
the magnification factor (MF) by using Eq. (9-78), defining the factor:
Fo _ Ks(Fo/Ks) _ Ks

Il =
1l W) max W) max oMF

(9-87)

If we introduce the expression for the magnification factor from Eq.
(9-81) into Eq. (9-87), we obtain the following result for the magnitude of
the mechanical impedance:

1Zml = (Ks/o)[(1 — ) + (2¢r)1'? (9-88)

The expression may be further simplified by using the expression for the
undamped natural frequency, Eq. (9-2), > = Ks/M, and the damping fac-
tor relationship, Eq. (9-25), 2¢r = wRy /K.

1Zyl = Ry{l + (1/20)[r — (1/n)]}'/? (9-89a)

The expression may also be written in terms of the mechanical quality factor
Owm by using Eq. (9-46):

1Zml = Rydl + Oulr — (1/0)F}72 (9-89b)

The variation of the mechanical impedance in the various limiting
regions may be noted. First, in the low-frequency region (r < 1), we note
that r is negligible compared with (1/r), and (1/r) is much larger than unity.
In this region, the magnitude of the mechanical impedance approaches the
following limiting value:

Rv Ks Ky

1Zwl 0w 2nf (9-90)
For low frequencies of vibration (or, for practical purposes, when r < 0.16),
the motion is governed by the stiffness or the spring constant of the system.
Thus, Region I (r < 0.16) could be denoted as the stiffness-controlled region
of vibration. The mechanical impedance is inversely proportional to the
frequency in this region.

Secondly, for the frequency region around the undamped natural fre-
quency (r &~ 1), the term [r — (1/r)] is small. In this region, the magnitude of
the mechanical impedance approaches the following limiting value:

|Zml ~ Rm (9-91)
For frequencies around the undamped natural (or, for practical purposes,
when [1 — 0.22¢] < r < [1 + 0.22¢]), the motion is governed by the damping

of the system. Thus, Region II could be denoted as the damping-controlled
region of vibration.
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Finally, in the high-frequency region (r > 1), we note that (1/r) is
negligible compared with r. In this region, the magnitude of the mechanical
impedance approaches the following limiting value:

Ryr .

ES 2%’ — oM = 21fM (9-92)
For high frequencies of vibration (or, for practical purposes, when r > 6),
the motion is governed by the inertia or the mass of the system. Thus,
Region III (r > 6) could be denoted by the mass-controlled region of vibra-
tion. The mechanical impedance is directly proportional to the frequency in
this region.

When analyzing electromechanical systems (combinations of electric
and mechanical components), it is convenient to use the mechanical admit-
tance Yy, which is defined by the following expression:

u(t) 1 _io

- _ - _y J 9-93

MEED T Zn [Ymle (9-93)

The mechanical admittance is also called the mechanical mobility of the

system. The magnitude of the mechanical admittance or mobility may be
expressed in terms of the magnification factor MF by using Eq. (9-78):

|YM| — Umax — W) max — W)Y max — oMF (9_94)
Fo Fo KS(FO/KS) KS

If we introduce the expression for the magnification factor from Eq.
(9-81) into Eq. (9-94), we obtain the following result for the mechanical
admittance or mobility:

rwy

Ksl[(1 — ) + (2¢ry*]'?

The undamped natural frequency may be eliminated from the expression as

| Yml = (9-95)

follows:
o K/ 12 % (9-96)
KS KS (KsM)l/2 RM,Cr RM
2r 2r
Yol = d 9-97)

Ryal(l = 22 + @72~ Ryl — ) + (202

A plot of the mobility as a function of the frequency ratio is shown in Fig. 9-
6.

Example 9-4. Determine the magnitude of the maximum velocity for the
system given in Example 9-3.
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FIGURE 9-6 Plot of the dimensionless mechanical mobility |Yy| x Ry =
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The magnitude of the mobility for the system is given by Eq. (9-94):

Umax _ 27/MF _ (27)(10)(0.3287)
F,  Ks (50,000

| Ym| = 0.413mm/N-s  (0.0723 in/lb¢-sec)
The maximum amplitude of the velocity for the system is as follows:

Vmax = | YMmIFo = (0.413)(40) = 16.52mm/s (0.650in/sec)

=0.413 x 107 m/N-s

| Yml =

9.6 TRANSMISSIBILITY

One of the important factors in design for vibration isolation is reduction of
the force transmitted to the base or support of the system. Generally, the
objective of vibration isolation is to reduce the transmitted force to an
acceptable value. The force transmitted to the base is equal to the sum of
the spring force and the damper force, as illustrated in Fig. 9-7:

Fr(t) = Fs + Fy4 = Ksy(f) + Ryu(t) (9-98)

The displacement is given by Eq. (9-73), and the velocity is given by Eq. (9-
83):
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SPRING DAMPER

FIGURE 9-7 The force transmitted to the foundation is the sum of the spring force
and the damper force.

FT(I) = KSymax ej(wti(b) +ijMymax e‘/(a”i@ (9'99)

The transmissibility (Tr) is defined as the ratio of the transmitted force
to the applied force for the system.

r — FT(Z) — KSymax 1 +] wRM efj¢
F(1) F, Ky

(9-100)

If we use Eq. (9-76) for the frequency ratio, Eq. (9-78) for the magnification
factor, and Eq. (9-96), we may write the transmissibility in the following
form:

Tr = ME[1 + j2¢r)] e 7 = |Tr| e /¢~? (9-101)
The magnitude of the transmissibility may be found from the real and
imaginary parts of Eq. (9-101):

ITr| = MF[1 + (2¢r)?]'/? (9-102)

The transmissibility may be written in the following from by substituting for
the magnification factor from Eq. (9-81):

|Tr| = % v (9_103)
(1 =) + (2try?

A plot of this function is shown in Fig. 9-8. The quantity ¢ is the damping
ratio and r = f/f, is the frequency ratio.

The transmissibility may also be expressed in “level” form. The trans-
missibility level Lt, is defined by the following expression:

Ly, = 201log,, | Tr| (9-104)
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We note that the transmissibility level may be positive (if |Tr| > 1) or nega-
tive (if |Tr| < 1).

The phase angle between the transmitted force and the applied force
may be determined as follows. The angle T may be found from the real and
imaginary components of the term in brackets in Eq. (9-101) or,
tant = Im/Re.

tant = 2¢r (9-105)

The phase angle is (¢ — 7).

There are several observations that we may make from Fig. 9-8. First,
the transmissibility approaches unity as the frequency ratio becomes small
(less than about 0.2) for all values of the damping ratio. This means that, if
we wish to reduce the force transmitted, the natural frequency of the system
should not be large compared with the forcing frequency.
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Secondly, if the frequency ratio r is less than /2 (i.e., 1.414), the
transmissibility is always greater than unity for all values of the damping
ratio. In this range of frequencies, the effect of damping is to reduce the
transmitted forces below that which would occur with zero damping; how-
ever, the transmitted force is still larger than the exciting or applied force.

Finally, the transmissibility is always less than unity for the frequency
ratio larger than 1.414. The effect of damping is to increase the transmitted
force above that which would occur with zero damping; however, the trans-
mitted force is smaller than the applied force, because some of the effort is
expended in accelerating the mass at the higher frequencies. This means
that, if we wish to isolate the foundation from the vibrating mass, we should
select a spring constant for the support system such that f, < 0.707f, or
r > 1.414, and use as little damping as is practical.

For the case of zero damping (¢ = 0), the magnitude of the transmis-
sibility reduces to the following expression:

(9-106)

Tr| = ———
ITr| T

In many cases of vibration isolation design, we need to determine the
frequency ratio required to achieve a given transmissibility. Using Eq. (9-
103), we may write the following:

Tr[(1 — ) + Qer)’] = 1 + (2er)? (9-107)
This expression may be simplified as follows:
1—Tr
4 2
—2B8r" — =0 9-108
P —2pr - (9-108)
The quantity B is defined by the following expression:
28%(1 = Tr?)
=14+4—-—— 9-109
T (9-109)

For a known value of the damping ratio ¢, the frequency ratio r required to
achieve a given value of the transmissibility Tr may be determined. Because
Eq. (9-108) is a quadratic equation in *, two solutions for r* are obtained;
however, only the positive solution has a physical meaning.

Example 9-5. A machine has a mass of 50kg (110.21b,,). The damping

ratio for the support system is ¢ = 0.10. The driving force acting on the

mass has a maximum amplitude of 5.00kN (11241b;), and the frequency

of the driving force is 35 Hz. Determine the spring constant of the support

such that the transmissibility is 0.020 or the transmissibility level is —34 dB.
The value of the parameter 8 may be found from Eq. (9-109):
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2 2
_ 4 01071 ~0.0207)

. = 1 +49.98 = 50.98
(0.020)

B

The required frequency ratio may be found by solving Eq. (9-108):
(r)? — (2)(50.98)r* — (1 — 0.020%)/(0.020)* = 0
r? = 50.98 + [(50.98) + 2499]'/% = 50.98 + 71.40 = 122.38
r=(122.38)"2 = 11.06 = 1 /f,
The required undamped natural frequency may be determined:

_ 35 _ (Ks/M)'"2

The required spring constant for the support system may now be found:
Kg = [(27)(3.164)]*(50) = 19,759 N/m = 19.76 kN/m  (112.81b/in)

The magnitude of the transmitted force may be calculated from the
definition of the transmissibility:

Fr = F,|Tr| = (5000)(0.020) = 100N (22.51by)

The phase angle between the transmitted force and the applied force may be
found from Eqs (9-80) and (9-105):

_(2)(0.10)(11.06)
1 -(11.06
¢ =—0.0182rad = —1.04°
tant = (2)(0.10)(11.06) = 2.213

tan ¢ —0.01823

v = 1.146rad = 65.68°
The phase angle between the transmitted and applied forces is as follows:
(¢p = —1) = —1.04° — 65.68° = —66.72° = —1.164 rad

Note that, because of the small damping ratio, the phase angle ¢ between
the displacement and the applied force is almost zero.

9.7 ROTATING UNBALANCE

Many vibrating problems arise because of rotating unbalance in the piece of
machinery. The unbalance may be expressed in terms of the product of an
equivalent unbalanced mass m and the eccentricity of the mass . The total
mass of the system is denoted by M.
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Let us consider the system shown in Fig. 9-9. The distance y(¢) is the
displacement of the center of mass of the system from the static equilibrium
position, and y;(¢) is the displacement of the unbalanced mass with respect
to the same reference. The displacement of the unbalanced mass may be
written in the following form:

yi(t) = y(t) + e ™ (9-110)

The quantity w is the rotational frequency for the unbalanced mass.
If we apply Newton’s second law of motion to the system, we obtain
the following expression:

dy dy dy
We may eliminate the term involving the displacement of the unbalanced
mass by using Eq. (9-110):
d2y1 dz)’ 2 Jjo
e e o

If we make the substitution from Eq. (9-112) into Eq. (9-111), the following
result is obtained:

d? d , .
M S2 4 Ry + Ksy = mew* ¢/ = Fyq /" (9-113)
ds dr
A—\"’
,a,’-- £ \m
M @ |
\\4._ ’/:‘ Y]
¥
0
KS RM

/s

FIGURE 9-9 Mechanical system with a rotating unbalance.
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We observe that Eq. (9-113) for the system driven by an unbalanced
mass is exactly the same as Eq. (9-69) for an external applied force, if we use
an equivalent force Fq, given by the following:

Foy = mea’® (9-114)

Based on this observation, we may write the following expression for the
magnitude of the maximum displacement of the system in terms of the
magnification factor MF:

F  MF _ mew’MF

= — 9-115
Vmax Ky Ky ( )

If we introduce the undamped natural frequency from Kq = M wfl and the
damping ratio r = w/w, into Eq. (9-115), we obtain the following result:

Vmax = (me/M)r*(MF) (9-116)

The magnitude of the force transmitted to the foundation may be
found from the definition of the transmissibility, using the equivalent
force as the driving force for the system:

Fr = Fo Tt = mewTr = (mewy)r*(Tr) (9-117)

In the low-frequency region (the stiffness-controlled region), the mag-
nification factor and the transmissibility each approach unity. For small
frequency ratios (or for practical purposes, r < 0.2), the maximum ampli-
tude and the transmitted force are proportional to the square of the fre-

quency:
Ymax ~ (me/M)* (r < 1) (9-118a)
Fr ~ (mewp)r®  (r < 1) (9-118b)

In the high-frequency region (the mass-controlled region), the magni-
fication factor is almost inversely proportional to the square of the fre-
quency ratio. For large frequency ratios (or for practical purposes, r > 6),
the maximum amplitude and transmitted force approach the following limit-

ing values:
Ymax ~ me/M r>1 (9-119a)
Fr ~ (mea})(1 +422)"  (r>1) (9-119b)

If the speed of rotation for a system with rotational (or translational)
unbalance is constant, the magnitude of the equivalent driving force is con-
stant. On the other hand, for situations in which the speed of rotation is not
constant, such as during start-up or change in operating conditions for the
machine, the equivalent force is not constant, but varies directly propor-
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tional to the square of the frequency. At low speeds, the equivalent force is
small, and consequently, the amplitude of vibration and the transmitted
force are both relatively small. However, at high speeds, the equivalent
force is large, and the amplitude of the transmitted force may be quite
large, depending on the value of the damping ratio. We note from Eq. (9-
119b) that the transmitted force is directly proportional to the damping
ratio at high frequencies, so it is desirable to have as little damping as
practical (¢ less than 0.15) for vibration isolation systems used to isolate
vibration due to a rotary machine with variable speed.

Some subjective reactions to vibration of machines are presented in
Table 9-3. The velocity values are maximum or peak vibration velocity
values, Vpay.

Example 9-6. A reciprocating air compressor has a total mass of 700 kg
(15431b,,,) and operates at a speed of 1800 rpm. The mass of the unbalanced
reciprocating parts is 12kg (26.51b,,), and the eccentricity is 100 mm
(3.94in). The damping ratio for the support system is 0.050. Determine

TaBLE 9-3 Subjective Response to Machine Vibration—
the Velocity Values are Peak or Maximum Vibrational
Velocities*

Subjective impression  vp,, range, mm/s L, range, dB(p)

Very rough >16 >124
Rough 8-16 118-124
Slightly rough 4-8 112-118
Fair 2-4 106-112
Good 1-2 100-106
Very good 0.50-1 94-100
Smooth 0.25-0.50 88-94
Very smooth 0.125-0.25 82-88
Extremely smooth <0.125 <82

8The velocity is related to the displacement and frequency by the
following expression for sinusoidal vibration:

Vmax = 27I[f)"max
The velocity level is defined by the following expression:
L,=20 |0910(V/Vref)

The reference velocity level is v = 10 nm/s. The designation dB(p)
denotes peak or maximum velocity levels.
Source: Fox (1971).
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the required spring constant for the support to achieve a transmissibility
level of —20dB.
The value of the transmissibility is as follows:

Tr = 10722 = 0.100

The value of the parameter 8 may be calculated from its definition, Eq. (9-

109):
2 2
B=1+ (2)(0.050°(1 20'100 ) =1+40.495=1.495
(0.100)
The frequency ratio may be found from the value of the transmissibility and
Eq. (9-108):
1-0.100°

232 22
()" —(2)(1.495) 01002

r? = 1.495 4 (1.495% +99)/% = 11.557
r=(11.557)"* = 3.40 = [ /f,

The required undamped natural frequency for the system may now be
found:

~ (1800/60) _ (Ks/M)'?
"= 3.40) =8.825Hz ===~

The required spring constant for the supports may be calculated from the
value of the undamped natural frequency:

Ks = (47°)(8.825)*(700) = 2.152 x 10 N/m
=2.152MN/m (12,2901b;/in)

If we use four springs (one at each corner) to support the compressor, the
spring constant for each spring would have the following value:

Ks, = Ks/4 = (2152)/(4) = 538kN/m (3072 lb;/in)

Let us determine the other parameters for the vibrating system. The
equivalent force may be found from Eq. (9-114):

Foq = mewn = (12)(0.100)(47°)(1800/60)* = 42.64 x 10° N
F.y=42.64kN (95851by)

The magnitude of the force transmitted into the foundation is found from
the transmissibility:

Fr = Foy Tr = (42.64)(0.100) = 4.264kN  (958.51by)

Copyright © 2003 Marcel Dekker, Inc.



The magnification factor may be calculated from Eq. (9-81):

1 Ksymax
= 0.0947 = —>-max
{[1 = 3.40%1% + [(2)(0.050)(3.40)]*}'/? Foq

The maximum amplitude of vibration for the system is as follows:

~(0.0947)(42.64)(10%)
Tmas =T 0 152)(109)

The damping coefficient for the system may be determined from Eq.
(9-25):

Ry = 2(Ks M) ¢ = (2)[(2.152)(10%)(700)]/%(0.050)
Ry = 3881 N-s/m = 3.381 kN-s/m

MF =

=0.00188m = 1.88mm (0.0741n)

The magnitude of the mechanical impedance may be determined from Eq.
(9-89):

|Zn| = (3881){1 + [1/(2)(0.050)][3.40 — (1/3.40)]*}'/2

|Zm| = (3881)(31.07) = 120.6 x 10° N-s/m = 120.6 kN-s/m
The mechanical admittance or mobility is equal to the reciprocal of the
mechanical impedance:

1

1Zul — (120.6)(10%)

The maximum amplitude of the vibratory velocity of the system may
be found from the definition of the mechanical mobility:

Umax = Foql Yu| = (42.64)(10°)(8.292)(107%)
=0.3536m/s (13.921in/sec)

| Ym| = =8.292 x 107 m/s-N = 8.292 um/s-N

This level of vibration corresponds to “smooth’ operation, as suggested by
the data in Table 9-3.

The maximum vibratory acceleration of the machine may be calcu-
lated from the following:

Ay = 27TV = (277)(1800/60)(0.3536) = 66.65 m /s>
ar /2 = (66.65)/(9.806) = 6.80g

9.8 DISPLACEMENT EXCITATION

In many cases, the designer seeks to isolate a device from external vibrations
or motion of the support, as illustrated in Fig. 9-10. If we apply Newton’s
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FiGuRe 9-10 An SDOF spring-mass—damper system excited by the displacement
motion of the base.

second law of motion to the system, the following differential equation is
obtained:

dy
o dl) + Ks(y2 =) =0 (9-120)

The quantity y, is the displacement of the base, and y, is the displacement of
the main system. If we introduce the undamped natural frequency from Eq.
(9-2) and the damping ratio from Eq. (9-25), we obtain the following expres-
sion for the equation of motion of the system:

d’y dy, dy;

7 X oy = 2oy o (9-121)

Let us consider the case for which the displacement of the base is
sinusoidal:

Y1) = yim e (9-122)

The right side of Eq. (9-121) may then be written in the following form:
dy,
2§wn ds + wnyl - (1 +]2§r)wnylme]wr (9'123)
The quantity r = f/f, is the frequency ratio. Because the right side of Eq. (9-

121) is sinusoidal for this case, the steady-state response (particular solution)
or the motion of the main system will also be sinusoidal:

Yo(t) = o /@Y (9-124)
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If we make the substitution from Eqs (9-123) and (9-124) into the
equation of motion, Eq. (9-121), the following result is obtained:

[(1 =)+ )20 yome ™ = (1 +j20r) yim (9-125)
The result may also be written in the following form:

[(1 =) + 261 yom €777 = [1 4+ (26r)"] 2y ™% (9-126)
The phase angles are given as follows:

V=¢,— ¢ (9-127)

2
tan ¢, = Crz (9-128)
1—r
tan ¢, = 2¢r (9-129)

The ratio of the system displacement to the displacement of the base
can be obtained from Eq. (9-126):
1+ (e /2 v
Yoam _ | +2(2§f)] ¢ 1/2 (9-130)
Yim - [(1—=r7)" +(2¢r)7]
The magnitude of this ratio is exactly the same as that found for the trans-
missibility, as given by Eq. (9-103):

| Voml = |Tr||y1m| (9-131)

The same principles, as discussed previously for reduction of the force
transmitted to the base for a system excited by an external force, may be
applied for reduction of the displacement induced by motion of the base of a
system.

Example 9-7. An instrument package having a mass of 10kg (22.01b,,) is
supported by a spring—damper system having a damping ratio of ¢ = 0.060.
The maximum displacement of the base to which the package is attached is
12mm (0.4721in), and the frequency of vibration of the base is 15Hz.
Determine the spring constant for the support to limit the displacement
amplitude of the instrument package to 0.60 mm (0.024 in).
The transmissibility for the system may be found from Eq. (9-131):

~ Y 0.60

ylm - m - 0050

Tr

Let us calculate the parameter from Eq. (9-109):

(2)(0.060)*(1 — 0.050%)
(0.050)*

B=1+ =142.873 =3.873
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The required frequency ratio may be found from Eq. (9-108):

- ,  (1-0.050%)

?)? — (23873 —————==0
()" — (2)(3.873) 00507
r* =3.873 4 (3.873% +399)!/2 = 24.22

r=4921 =f/f,
The undamped natural frequency for the system is as follows:
£, = (15)/(4.921) = 3.046 Hz = (Ks/M)"/* )27

The required spring constant for the support is found from the undamped
natural frequency:

Ks = (47°)(3.046)*(10) = 3668 N/m = 3.668 KkN/m (20.941b;/in)
The required damping coefficient for the system may be calculated
from Eq. (9-25):
Ry = 2(KsM)'?¢ = (2)[(3668)(10)]/%(0.060)
Ry = 2298 N-s/m  (0.1312 Ibs-sec/in)
The maximum velocity of the system is found as follows:
Vmax = 27 Vom = (27)(15)(0.60) = 56.4mm/s (2.23 in/sec)
The maximum acceleration of the system is as follows:
Uax = 4702 yam = (47°)(15)%(0.60)(107%) = 5.33m/s>  (17.49 ft/sec?)
Amax /€ = (5.33)/(9.806) = 0.544¢

9.9 DYNAMIC VIBRATION ISOLATOR

There are some vibration isolation situations in which the machine may
operate at or near the resonant frequency of the system. This may occur
if the support system is a flexible or resilient floor. Other cases may arise
such that conventional vibration isolation techniques, such as those dis-
cussed in previous sections, are not practical when the system operates
near the resonant frequency. In these problems, one solution may be to
add an additional mass connected through a spring and damper such that
the additional mass opposes the motion and practically cancels out the
motion of the main mass. The additional mass, spring, and damper system
is called a dynamic absorber. A typical system is shown in Fig. 9-11.

Let us denote the mass, spring constant, and damping coefficient of
the main mass by M, Kg, and Ry, respectively. The corresponding proper-
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FiGURE 9-11 Dynamic vibration absorber system.

ties of the dynamic absorber will be denoted by M,, Kg,, and Ry,, respec-
tively. If we apply Newton’s second law of motion to each mass, we obtain
the following equations:

dzy dy dy dy,
M d—l2+RM a""RMa(a_W) + Ksy + Kso(y — y4) = F(1)
(9-132)
d*y, dy, dy
M, ?‘i‘ RMa(W_E>+KSa(}a_Y)—O (9-133)

The variable y(¢) is the displacement of the main mass and y,(¢) is the
displacement of the additional mass.

We may introduce the following variables into Eqs (9-132) and (9-
133):

on=Ks/M and o, = Ksi/M, (9-134)

2w, = Ry/M and 28,0, = Ryia/ M, (9-135)
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The following result is obtained:

d? d dy dy,
_g+2§wn_y+2§awa _y_l (Ma/M)
dr dt dr dt
5 (9-136)
P P w, F(1)
+ oy + wa(Ma/M)(y - ya) =7
Ks
d’y, dy,  dy\ |
dt2 +2§aa)a<dt _E> +wa(ya_y)—0 (9'137)

The steady-state solution for Eqgs (9-136) and (9-137) is quite lengthy
(Reynolds, 1981). Dynamic absorbers are often designed such that the fol-
lowing relationships are valid:

W, = W, and =1, (9-138)

We may define the frequency ratio r = w/w,, where w is the frequency of the
applied force and the magnification factor for the main mass
MF = ya/(Fo/Ks). If we have a sinusoidal force applied to the main
mass and the conditions of Eq. (9-138) are valid, we may solve for the
magnification factor for the main mass:

2 21172
ME = Jmn (0= 4 2] 5-139)
F,/Ks (A% +4B>)Y
The quantities 4 and B are defined as follows:
A=r"—Q+u+47 +1 (9-140)
B=20r -2+ pr (9-141)
The quantity p is the ratio of the absorber mass to the main mass,
w=M,/M.

A similar expression may be obtained for the maximum amplitude of
motion for the absorber mass, y, max:

_ Vama _ [+ @01
¢ Fy/Ksq (A2 + 4B2)1/2
Note that Eq. (9-142) is valid only under the conditions given by Eq. (9-
138).

The transmissivity for the dynamic absorber with ¢ = ¢, and o, = »,

may be determined from the displacement expression and the fact that the
force transmitted is given by Fr(7) = Kgy(f) + Ry(dy,/d?).

Fr {1+ Qe =) + 20r)’))
Fy (42 + 4B2)\

MF

(9-142)

Tr = (9-143)
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The addition of the dynamic absorber to an SDOF system results in a
two-degree-of-freedom system, so there are two resonant frequencies for the
combination at which the displacements are large, even though the displace-
ment may be small at the resonant frequency for the SDOF system. For the
special case of an undamped dynamic absorber (¢ = ¢, = 0) and for Q =
w, /w, not necessarily equal to unity, the magnification factor for the main
mass has been determined (Rao, 1986):

, Q> —
MF = Jmar 2 2 ; 2 4
(Fo/Ks) (1 4+Qp —r)(Q° —r7) — Q'

(9-144)
The magnification factor for the absorber mass has also been determined for
this case:

Vamax _ (1/w)
(FO/KSa) B (1 + QZM - 72)(92 - r2) - Q4M

MF, = (9-145)
We note that the expressions for magnification factor, Eqs (9-144) and
(9-145), become infinite when the denominator achieves a value of zero:

A+QLu—-m)Q =) -Q*%u=0
—I4+ QLU+l + Q=0 (9-146)
The solution for the two frequencies from Eq. (9-146) is as follows:
=11+ Q0+ w] - G+ Q20+ ) - @7 (9-147a)
=11+ Q21+ w]+ L[+ 710 +w)* - 272 (91-47b)

The operating frequency of the system should not be equal to either of the
frequencies f; = f,r; or f> = f,r,. These frequencies are functions of the
mass ratio, u=M,/M, and the natural frequency ratio,

Q = w,/w, = falfo = [(Ksa/ Ks)(M /M)]'>.

Example 9-8. A large electric motor has an effective mass of 300kg
(6611b,,). The frequency of the driving force causing vibration of the
motor is 100 Hz, and the effective force is 250 N (56.21b;). The motor is
attached to a concrete floor having dimensions of 3.00m (9.843 ft) x 3.00m
x 150 mm (5.91 in) thick. The damping ratio for the support is ¢ = 0.06. It is
desired to attach a dynamic absorber to the motor to limit the vibratory
motion of the motor. The undamped natural frequency for the absorber and
motor are equal, and the damping ratios are the same for the absorber
support and the motor support. Determine the required absorber mass
and the maximum amplitude of motion for the motor.
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The spring constant for the support of the motor (the concrete floor)
may be found from the following expression, which is valid for a force
applied at the center of a rectangular plate rigidly attached (clamped)
along all four edges (Timoshenko and Woinowsky-Krieger, 1959). The
plate dimensions are a (shorter length), b (longer length), and / (thickenss).

CxER®

Kg=—F"
ST (1 - o))

(9-148)

The quantities E and o are the Young’s modulus and Poisson’s ratio for the
plate material, respectively. The coefficient Cx depends on the aspect ratio
(b/a) for the plate. Numerical values for Cx are listed in Table 9-4. The
aspect ratio for the floor slab in this problem is b/a = 1. From Appendix C,

TaBLE 9-4 Coefficients Cy in the
Spring Constant Expression for a
Rectangular Plate Having
Dimensions a (Shorter Length), b
(Longer Length), and h
(thickness)*

Aspect ratio, b/a  Coefficient, Cy

1.0 14.88
1.1 13.66
1.2 12.88
1.3 12.39
1.4 12.06
1.5 11.85
1.6 11.70
1.8 11.57
2.0 11.54
3.0 11.53
4.0 11.52
00 11.49

3The plate has the driving force
applied at the center of the plate, and
all four edges of the plate are fixed or
clamped. E is Young’s modulus, and o
is Poisson’s ratio for the plate material.

CER

Kg=—"""_
ST (-
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we find Young’s modulus E = 20.7 GPa (3.00 x 10° psi) and Poisson’s ratio
o = 0.13 for concrete. Therefore:

Ko (14.88)(20.7)(10%)(0.150)?

S (1= 0.13%)(3.00)

Kg = 117.49 x 10°N/m = 116.49 MN/m (670,900 1b; /in)
The undamped natural frequency for the motor system is as follows:
w, = (Ks/M)"? = [(117.49)(10%)/(300)]"/* = 625.8 rad /s
Jo = (625.8)/(27) = 99.6 Hz = f,
The frequency ratio is practically unity in this case:
r=f/fn = (100)/(99.6) = 1.004
The magnification ratio for the absorber is given by Eq. (9-142):

MF. = JVa,max — Ya,maxMawi — ya,maxMerzl
¢ (FO/KSa) Fo Fo

~(0.003)(1£)(300)(625.8)
- (250)

From Eqs (9-140) and (9-141), we find the following values:
A= (1.004)* —[1 + p + (4)(0.06)*1(1.004)* + 1 = —2.01445 — 1.008021

MF, = 14099

B = (2)(0.06)(1.004) — (0.06)(2 + 1£)(1.004)* = —0.0009658 — 0.060721
The magnification ratio for the absorber may also be written as follows:

_ 0+ [(2)(0.06)(1.004)1%}'  1.00723

MF =
¢ (A% + 48>\ (A% + 482"

— 1409.9 1

The expression for the magnification factor of the absorber is a func-
tion of the mass ratio u. By iteration, we find the mass ratio as follows:

w=M,/M =0.0203
The corresponding mass of the absorber may be found:

M, = (0.0203)(300) = 6.09kg (13.431b,,)

The magnification factor for the absorber is as follows:

ya max
MF, = (1409.9)(0.0203) = 28.62 = ——&max
‘ (Fo/KSa)
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The required spring constant for the absorber is as follows:

_(28.62)(250)

—_— 6 —_— 1
Ks, = 0.0030) 2.385 x 10° N/m = 2.385 MN/m (13,620 1b¢/in)

The magnification factor for the motor may be determined from Eq.
(9-139):

pol0- 1.0042)? + [(2)(0.06)(1.004)]*}!/2

= 3.431
[(—0.03491) + (4)(—0.002198)*]'/

The maximum amplitude of motion of the motor may be found from the
definition of the magnification factor:

_F,MF _ (250)(3.431)

= = =7.30 x 10°m = 0.0073
Ymax = g T = (117.49)(10°) e mm

The deflection of the floor under the weight (Mg) for the motor may be
found as follows:

Mg (300)(9.806)

== _25%x 10°°m = 0.025
Ks _ (117.49)(06 > ™ mm

dst

The amplitude of the vibration is (0.0073/0.025) = 0.292 or 29% of the
static deflection.

The undamped resonant frequencies for the motor—absorber system
may be found from Eq. (9-147) with Q =1 and p = 0.0203:

m=1C+w-LC+w*—1"7=08673 and r =0.9313
Pn=lC+w+EC+w’ -1 =11530 and  r,= 10738
fi = far1 = (99.6)(0.9313) = 92.8 Hz

fo=fors = (99.6)(1.0738) = 106.9 Hz

The second harmonic of the forcing frequency (2)(100) =200Hz is far
removed from these two frequencies.

Let us determine the vibration amplitude for the case in which no
dynamic absorber is used. The magnification factor for the basic vibrating
system is given by Eq. (9-81):

1

P = C 100 5 [(2)(0.060)(1.004)7 12 8.282
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The maximum amplitude of vibration of the motor without the dynamic
absorber attached is as follows:

MFF,  (8.282)(250) »
o _ —17.6 x 10
Ymax = T = (117.49)(10%) om

—0.0176mm  (0.00069 in)

The use of the dynamic absorber reduces the amplitude of vibration of the
motor in this example by a factor of (0.0073/0.0176) = 0.414 = 1/2.41.

9.10 VIBRATION ISOLATION MATERIALS

There are several commonly used materials for vibration isolation applica-
tions, including felt, cork, rubber or elastomers, and metal springs. The
characteristics of these materials are presented in this section.

9.10.1 Cork and Felt Resilient Materials

Cork and felt materials are used in vibration isolation applications in which
relatively low surface pressures (less than about 200 kPa or 30 psi) can be
attained, and applications where the required static deflection is in the range
of 0.25-1.8 mm (0.01-0.07 in). In applications where cork and felt materials
are used, care should be exercised to prevent contaminants, such as oil and
water, from coming into contact with the material. Exposure to oil and
water over an extended period of time will cause the material to deteriorate.
Cork and felt materials are well-suited for applications in which high-fre-
quency vibration must be damped.

Felt may be composed of wool fibers, and synthetic fibers may also be
mixed with the wool fibers. Because the felt has no strong binder for the
fibers, felt material should be used only in the form of pads loaded in
compression.

When felt is used as a vibration isolation material, the lowest trans-
missibility is obtained by using a small surface area, a soft felt (one having a
low density), and a large thickness. Felt material generally has a damping
ratio around ¢ = 0.060. The uncompressed thickness of the felt pad is
usually selected in practice as 30 or more times the static deflection. The
surface pressure for felt should generally be limited to values less than about
140-200 kPa (20-30 psi).

An empirical relationship (Crede, 1951) between the natural frequency
and the surface pressure for a felt pad is as follows:

14.93[1 — (0.148)/(p¢/ prer)]
(Ps/Pref)

Jn{Hz} = {Cl + }%ﬁ(h) (9-149)
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The quantity Pq is the surface pressure on the pad, and the quantity C; is a
function of the density of the felt or:

B 14.29
"1 = 1.068(0r/ prer)

The quantity (/) is a function of the unloaded thickness of the felt pad 4:
Y(h) =1—0.25In(h/h.) (9-151)

(9-150)

The reference surface pressure P, = 101.325kPa (14.696 psi), the reference
density prr = 1000kg/m® (62.431b,/ft’), and the reference thickness is
her = 25.4mm (1.001in). The empirical relationship is valid for the following
range of the variables:

180kg/m’ < p < 400 kg/m*
30kPa < P, < 250kPa

Smm < /1 <200mm

Cork is one of the oldest materials used for vibration isolation. It is
made from the elastic outer layer of bark of the cork oak tree. Like felt, cork
is used only in the form of pads under compressive loading. The slope of the
load—deflection curve for cork is not constant, but tends to increase as the
load on the cork is increased. Typical thickness of cork used for pads is
between about 25mm (1in) and 150 mm (6in). The allowable static deflec-
tion for cork should be in the range from 0.4mm (0.015in) to 2.0 mm
(0.0791in). The damping ratio for cork is approximately ¢ = 0.075.

An empirical expression (Crede, 1951) for the undamped natural fre-
quency as a function of the surface pressure for cork material is as follows:

JulHz} = Co(Py/ Pres)™ P y(h) (9-152)

It is recommended that the design natural frequency be selected as about 1.5
times the value given by Eq. (9-152). The quantity P; is the surface pressure
on the pad and the quantity C, is a function of the density of the cork p,:

19.75
C2 ==
I — 1.091(pe/ prer)
The quantity y(h) is given by Eq. (9-151), and the reference surface pressure,
density, and thickness are the same as those used in the expressions for the
natural frequency for felt.

The recommended maximum allowable surface pressure for cork is a
function of the density of the cork:

Pmax/Pref = 13(/0c/10ref) (9'154)

(9-153)
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The empirical relationships are valid for the following range of the
variables:

200kg/m’ < p < 350 kg/m?
70kPa < P, < 400 kPa
25mm < h < 150 mm

Cork material is sometimes sold in units of board feet, where 1 board
foot is equal to 144in’ = % ft' =2.36dm>. The conversion factor for den-

sity expressed in units of 1b,,/bd ft is as follows:

192.22 (kg/m?)/(Ibyy /bd ft) = 12.00 (Ib,, /f1%)/(Iby, /bd ft)

Example 9-9. A machine having a total weight of 1800 N (405 lb) operates
at a speed of 6000 rpm or 100 Hz. Four felt pads (damping ratio, ¢ = 0.060)
are used to support the machine. The pads have a density of 260kg/m’
(16.21b,, /ft3 ) and a thickness of 40 mm (1.57 in). The maximum transmissi-
bility for the system is to be 0.100. Determine the size of the felt pads.

First, let us determine the frequency ratio. The g parameter may be
calculated from Eq. (9-109):

(2)(0.060)*(1 — 0.10%)

B=1+ =1+0.7128 = 1.7128

(0.10)
The frequency ratio is found from Eq. (9-108):
1-0.10
4 2
P2 =1.7128 + [(1.7128)* 4+ 99]"/% = 11.809

r=3436 =f/f,
The undamped natural frequency for the system is as follows:
fa = (100)/(3.436) = 29.1 Hz
Let us check the static deflection for the system, using Eq. (9-17):
g (9.806)
AT (4r)(29.1)?
h/d = (40)/(0.293) = 137 > 30

=0.293x 107 m =0.293mm (0.0115in)

Thus, the static deflection is satisfactory in this case.
The surface pressure may now be calculated. The coefficient C; may be
calculated from Eq. (9-150):
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(14.29)

— —19.78
1 — (1.068)(0.260)

C

The thickness parameter is found from Eq. (9-151):
w(h) =1 —(0.25)1n(40/25.4) = 0.886
The surface pressure may be found from Eq. (9-149):

- ~ (14.93)[1 — (0.148)/(0.260)]
£ =29.1Hz = {19.78 + PP }(0.886)
P/Prr = (6431) = 0.4941

[(29.1)/(0.886)] — 19.78
P, = (0.4941)(101.325) = 50.0kPa  (7.25psi)

The total required load-bearing area for the pads is as follows:

(1800)

=———~ _ —0.0360m> = 360cm> (55.8in>
(50.0)(10) o em” (55.81n%)

f

The area per pad (four pads are used) is as follows:
1Sy = (360)/(4) = 90.0cm? = 9000 mm*  (13.95in”)

If the cross-sectional area of the pad is square, the edge dimensions of the
pad are as follows:

a=(9000)"> =949 mm (3.72in)

Let us determine the size of cork pads having a density of 250 kg/m’
(15.611b,,/ft> or 1.301b,,/bd ft) and a thickness of 50 mm (1.969 in) for the
same application. The damping ratio for cork is ¢ = 0.075.

Let us determine the design natural frequency:

(2)(0.075)*(1 — 0.10%)

B=1+ 5 =1+1.1138=2.1138
(0.10)
The frequency ratio is found from Eq. (9-108):
1-0.10°

M — (2)(2.1138)1% — =0

0.10?
P2 =2.1138 + [(2.1138)> + 99]'/% = 12.286

r=3.505 = f/f,

The design undamped natural frequency for the system is as follows:

Ju(design) = (100)/(3.505) = 28.53 Hz
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According to the recommended design procedure, the design frequency
should be about 1.50 times the frequency given by Eq. (9-152):

£.IEq. (9-152)] = (28.53)/(1.50) = 19.02 Hz

The pad surface pressure may be determined from Eq. (9-152). The
coefficient C, is found from Eq. (9-153):

B (19.75)

27 1 —(1.091)(0.250)

The thickness function is found from Eq. (9-151):
w(h) =1 —(0.25)In(50/25.4) = 0.8307
= 19.02Hz (27.157)(0.813307)
(Ps/Pre[') /

P,/ P = (1.1861)° = 1.668
P, = (1.668)(101.325) = 169.1kPa (24.5 psi)

=27.157

The maximum recommended surface pressure for cork is found from Eq. (9-
154):

P/ Prer = (13)(0.250) = 3.25
Py = (3.25)(101.325) = 329kPa > P, = 169kPa

The required load-bearing area of the cork is as follows:
_ (1800)
¢ (169.1)(10%)
The area per pad (four pads are used) is as follows:

1S. = (106.5)/(4) = 26.6cm” = 2660 mm*  (4.13in%)

=0.01065m* = 106.5cm?>  (16.51 in%)

Suppose the cork pad is cylindrical. The diameter of one pad may be found
as follows:

D, = [(4/7)(2660]'> = 58.2mm  (2.29in)

It is noted that both the felt pads and the cork pads provide a practical
solution to the vibration isolation problem in this case.
9.10.2 Rubber and Elastomer Vibration Isolators

Rubber and elastomer (such as neoprene) materials are used in vibration
isolation applications in which the static deflection on the order of 10—
15mm (0.40-0.601n) is required and where moderate surface pressures are
encountered. Some of the properties of rubber materials are given in Table
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9-5. It is noted that the physical properties of rubber are strongly dependent
on the hardness of the material.

The design of rubber isolators is best carried out by consulting the
data from manufacturers’ catalogs, because there are a wide variety of
shapes and sizes of mount available. For compression loading, the static
deflection should be limited to about 10-15% of the unloaded thickness. For
shear loading, the static deflection should be limited to about 20-30%. The
design or maximum operating compressive stress for rubber isolators should
generally not exceed about 600 kPa (90 psi), and the design shear stress for
shear-loaded isolators should be limited to about 200-275kPa (30-40 psi).
The manfacturers’ catalog data generally states the maximum allowable
load for the isolator. The normal operating temperatures for rubber mounts
is usually below 60°C (140°F), although temperatures as high as 75°C
(170°F) may be used for some mounts without seriously deteriorating ser-
vice performance.

The spring constant for a rubber mounting loaded in compression is
strongly dependent on the friction between the mount and the support for
unbonded mounts. An approximate empirical relationship for the spring
constant for compression-loaded rubber isolators, similar to that shown in
Fig. 9-12, is as follows:

SE, sl2
Ks =7 [(hohzaz/b2)1/3:| 0133

The quantity «a is the length (longer dimension, @ > b), b is the width, and £
is the thickness of the rubber slab. The surface area S = ab, and the quantity

TaBLE 9-5 Properties of Rubber at 21°C (70°F)

Durometer Static modulus, MPa* Damping

hardness, Density, ratio,
Shore A kg/m3 Compression Tension Shear Bulk ¢

30 1,010 1.28 1.21  0.345 2,030 0.015
40 1,060 1.86 1.59 0483 2,220 0.020
50 1,110 2.59 2.10  0.655 2,380  0.045
60 1,180 3.79 310 0.965 2,550 0.075
70 1,250 5.17 421 134 2870 0.105
80 1,310 8.27 7.07 1.76 3,130  0.140

#To convert (MPa) to (psi), the conversion factor is 145.038 psi/MPa.
Source: U.S. Rubber (1941).
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FIGURE 9-12 Rubber or elastomer vibration isolator loaded in compression. The
dimension « is the larger dimension, i.e., a > b.

hy = 25.4mm (1.00in). The quantity E; is Young’s modulus in compression
for the rubber.

For the case of a mount loaded in shear, consisting of two rubber pads
bonded between three steel plates, as shown in Fig. 9-13, the following
expression applies for the spring constant:

285G

Ks = h

(9-156)
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FIGURE 9-13 Rubber or elastomer vibration isolator loaded in shear.
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The quantity S is the surface area of the pad on one side, G is the modulus of
elasticity in shear, and /4 is the thickness of one rubber pad. If a single side is
used (one rubber pad between two steel plates), the factor 2 is omitted from
Eq. (9-156).

For a shear-loaded mount, consisting of a cylinder of rubber mounted
between two cylinders of steel, as shown in Fig. 9-14, the spring constant is
given by the following expression:

2whG
S~ In(D,/D)) G157
The quantities D, and D; are the outside diameter and inside diameter of the
rubber, respectively, and /4 is the length of the cylinder. The quantity G is the
modulus of elasticity in shear for the rubber pad.

Shear-loaded rubber mounts are usually used in more applications
than compression-loaded mounts because the spring constant for the
shear-loaded mounts is generally much smaller than that for compression-
loaded mounts. The smaller spring constant results in a smaller undamped
natural frequency and a larger frequency ratio, which produces a smaller

transmissibility.

N

N~ | L~

N h

N ‘| |‘ \
RUBBER —

\ \

N //

FiGURE 9-14 Cylindrical rubber or elastomer vibration isolator loaded in shear.
The load is applied to the ends of the inner and outer steel cylinders.
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Compression-loaded rubber mounts are used in applications in which
greater load-carrying capacity per unit volume of rubber is required. Rubber
in compression is also used where large deflections are not required.

Example 9-10. A machine having a total mass of 1400kg (30861b,,) is
supported by four rubber isolators loaded in compression. The rubber has
a hardness of 50 Durometer. The dimensions of each pad are 76.2mm
(3.00in) x 76.2mm x 25.4mm (1.00in) thick. The effective dynamic force
on the system has an amplitude of 1.60kN (3601b;) and a frequency of
45Hz. Determine the maximum amplitude of motion of the machine and
the force transmitted to the foundation.
The surface area of the pad is as follows:

S = ab = (0.0762)(0.0762) = 58.06 x 10™*m? = 58.06cm’>  (9.00in?)

The Young’s modulus in compression for the rubber is found from Table 9-
5to be E, = 2.59 MPa. The spring constant for one compression-loaded pad
may be found from Eq. (9-155):

Ko (58.06)(107)(2.59)(10%) [(58.06)(10~)]"/2
S— (0.0254) [(0.0254)(0.0254)(1)*]'/3

Ks = (0.5920)(10%)(3.00) = 1.776 x 10° N/m
= 1.776 MN/m (10,140 1b¢/in)
The spring constant for the system (four pads) is as follows:
4K, = (4)(1.776) = 7.104 MN/m
We may check the static deflection at this point. The total supported
weight of the machine is as follows:
Mg = (1400)(9.806) = 13,730 N = 13.73kN  (30861by)
The static deflection is found from Eq. (9-16):
13,730 .
d= (’7)6 =0.001932m = 1.932mm (0.0761n)
(7.104)(10°)

The static deflection is (1.832/25.4) = 0.072 = 7.2% of the unloaded thick-
ness, which is satisfactory (maximum allowable is between 10 and 15%).
The surface pressure due to the static load (weight of the machine) is as
follows:
P, = (13,730/(4)(58.06 x 10™%) = 591.2 x 10° Pa
= 591.2kPa (85.7 psi)
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The value is satisfactory, because the surface pressure should be limited to
about 600 kPa (90 psi).
The undamped natural frequency for the system may be found from
Eq. (9-15):
[(7.104)(10%)/(1400)]'/?
B (2m)

The frequency ratio r = f/f, is as follows:

r = (45)/(11.34) = 3.969

Ja = 11.34Hz

From Table 9-5, we find the damping ratio for the rubber to be
¢ = 0.045. The magnification factor is found from Eq. (9-81):
1 Ksymax

= {[1 - (3.969)2]2 + [(2)(0_045)(3_969)]2}1/2 =0.06776 = T

The maximum amplitude of vibration of the machine is as follows:
Vmax = (0.06776)(1600)/(7.104)(10°) = 0.0153 x 10> m = 0.0153 mm

The transmissibility may be calculated from Eq. (9-103):
1/2
=0.07195

. 1 +[(2)(0.045)(3.969)]
1 = (3.969)° 4 [(2)(0.045)(3.969)]?

The transmissibility level is found from Eq. (9-104):
L1, = 2010g;(,(0.07195) = —22.9dB
The force transmitted to the foundation is as follows:

Fr = F,Tr = (1600)(0.07195) = 115.1N  (25.91by)

Example 9-11. An instrument package having a total mass of 20kg
(44.11b,,) is connected to a structure through four single-shear rubber iso-
lator mounts, as shown in Fig. 9-15. The hardness of the rubber isolator
material is 40 Durometer, and the diameter of the cylindrical isolator is
25mm (0.984in). The structure vibrates with a maximum amplitude of
3.6mm (0.1421in) with a frequency of 62 Hz. Determine the thickness of
the isolator such that the maximum amplitude of vibration for the instru-
ment package is limited to 0.06 mm (0.0024 in).
The shear force on each isolator is as follows:

1 Mg = (1)(20)(9.806) = 49.03N  (11.021by)

The shear area is as follows:
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FIGURE9-15 Diagram for the single-shear rubber isolator mount in Example 9-11.

S = (/4)(0.025)*> = 4.909 x 10™*m? =4.909cm’ (0.0761 in?)
The shear stress on each isolator is as follows:
sq = (49.03)/(4.909 x 10_4) =99.9kPa (14.5psi)

This value is satisfactory, because the shear stress for shear-loaded isolators
should be limited to about 200-275kPa (3040 psi).

The required transmissibility for the support system is determined
from Eq. (9-131):
_ |yaml _ 0.06

= = —=10.01667
| Viml 3.60

Tr

The damping ratio for 40 Durometer rubber is ¢ = 0.020, as given in Table
9-5. The B-parameter is found from Eq. (9-109):

(2)(0.020)*(1 — 0.01667°)

: =1+ 2.8792 = 3.8792
(0.01667)

B=1+

The frequency ratio is found from Eq. (9-108):

1—0.01667>
= (2)(3.8792)r% — M =0
(0.01667)

r? = 3.8792 +[(3.8792)* + 3599]'/% = 64.00
r=28.00 = f/f,

The required undamped natural frequency for the system is as follows:
_ (Ks/M)'”

= _g5H, =

S = (8.00) 2
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The spring constant for the system is as follows:
Ks = (47°)(7.75)*(20.0) = 47,420 N/m

The spring constant for one of the four individual isolators is as follows:
1Ks = ($)(47,420) = 11,860 N/m = 11.86kN/m  (67.7Iby/in)

The shear modulus for the rubber material is G = 0.483 MPa from
Table 9-5. The thickness for the isolator is as follows:
_SG (4.909)(107%)(0.483)(10°)
(K)o (11,860)
=20.0mm (0.787in)

h =0.0200 m

Let us check the static deflection for each isolator:

Mg (M) (20)9.806)

d= = =
Ks (% Ks) (47,420)

=0.00414m =4.14mm (0.1631n)

This value is satisfactory, because the static deflection is (4.14/20.0) =
0.207 =20.7% of the unloaded thickness. This is within the range of
20-30%. The maximum dynamic deflection of the isolator is as follows:

§=d+ (yom + Vi) = 4.14 + (3.60 + 0.06) = 7.80mm  (0.307in)

9.10.3 Metal Spring Isolators

Metal springs are commonly used elements in vibration isolation, especially
for applications in which the required undamped natural frequency is less
than 5Hz and large (up to 125mm or 5in) static deflections are encoun-
tered. Metal springs have been used (Beranek, 1971) to isolate small delicate
instrument packages and have been used to isolate masses as large as
400 Mg (400 metric tons or 900,0001b,,). Metal springs have the advantage
that spring materials that are not adversely affected by oil and water can be
selected.

In many cases, pads of neoprene or other elastomers are mounted in
series with the spring (between the spring and the supporting structure, as
shown in Fig. 9-16) to prevent high-frequency waves from traveling through
the spring into the support structure.

Metal springs have been constructed of several materials, including
spring steel, 304 stainless steel, spring brass, phosphor bronze, and beryllium
copper. The pertinent physical properties of these materials are listed in
Table 9-6. The standard size (wire gauge) for ferrous wire, excluding
music wire, is the Washburn and Moen gauge (W&M). The Music Wire
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FIGURE 9-16 Metal spring support with damping pad or neoprene or other elas-
tomer.

gauge is used for music wire sizes. For non-ferrous metals, the Brown and
Sharp gauge (B&S) or the American wire gauge (AWG) are used (Avallone
and Baumeister, 1987).

There are several types of metal springs, including helical springs, leaf
springs, Belleville springs (coned disk springs), and torsion springs. In this
section, we will concentrate on helical compression springs.

Helical compression springs may be used as freestanding springs
(unrestrained springs) or as housed or restrained springs. For freestanding
springs, care must be taken to avoid sideways (lateral) instability or buck-
ling. The unrestrained compression spring will always be stable if the fol-
lowing condition is valid:

2
E= (gfj) (7;1—[)) > 1 (9-158)

For a value of Poisson’s ratio o = 0.3, Eq. (9-158) reduces to the following:

D/H, > 0.382 (9-159)
If the value of the & ratio is less than 1, the spring will be stable if the ratio of

the total deflection Ay to the free height H, (spring height when unloaded)
meets the following criterion (Timoshenko and Gere, 1961):
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TABLE 9-6 Properties of Metal Spring Materials

Young’s Shear Shear yield
modulus, modulus, Poisson’s strength,
Density, p, E, G, ratio, Syss

Material kg/m® GPa GPa o MPa
Spring steel 7,830 203.4 79.3 0.287 a
304 stainless steel 7,820 190.3 73.1 0.305 179
Spring brass 8,550 106.0 40.1 0.324 200
Phosphor bronze 8,800 111.0 41.4 0.349 315
Beryllium copper 8,230 124.0 48.3 0.285 675

#Note that the strength properties are strongly dependent on the heat treatment, cold
working, etc. The shear yield strength of spring steels is also dependent on the wire size.
The shear yield strength may be approximated by the following expression for small sizes:

Sys = Sys1(dref/dw)n

where dier = I mm and sy and n are as follows:

Size range, mm sy, MPa  Exponent, n

Music wire 0.10-6.5 940 0.146
>6.5 715 0
Oil-tempered wire 0.50-12 814 0.186
>12 513 0
Hard-drawn wire 0.70-12 758 0.192
>12 470 0
A 1+ 142 n?]"
o o\ (m
= - 1= (=22 (22 (9-160)
H, 1420 240 )\ H,

The quantity o is Poisson’s ratio, D is the mean coil diameter for the spring,
and H, is the free height for a spring that is not clamped at the ends. If both
ends of the spring are clamped, use H, = (2 x free height for spring). If
Poisson’s ratio for the spring material is o = 0.3, Eq. (9-160) reduces to
the following:

(Ay/H,) < 0.8125{1 —[1 — 6.87(D/H,)*]"*} (9-161)

The spring constant for axial compression of a helical spring is given
by the following expression:
Gdy,

Ks = 9-162
S T8DN, (©-162)
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The quantity G is the shear modulus, d,, is the wire diameter, D is the mean
diameter of the wire coil, and N, is the number of active coils in the spring.
The ratio D/d,, is called the spring index, and usually has values in the range
between 6 and 12 (Shigley and Mischke, 1989).

The number of active coils for a spring depends on the treatment of the
ends of the spring wire. A spring with plain ends has no special treatment of
the ends; the ends are the same as if a spring had been cut to make two
shorter springs. For the case of plain and ground ends, the last coil on the end
of the spring has the wire ground with a flat surface so that approximately
half of the coil is in direct contact with the supporting surface. For a squared
or closed end, the end coil is deformed to a zero degree helix angle such that
the entire coil touches the supporting surface. For a squared and ground end,
the end coil is squared, then the wire is ground with a flat surface such that
practically all of the end coil is in direct contact with the supporting surface.
The number of active coils for the various end treatments is summarized in
Table 9-7. Unless other factors indicate otherwise, the ends of the springs
should be both squared and ground because better transfer of the load on
the spring is achieved for this end treatment.

It is obvious that the spring should not be compressed solid (i.e., with
the coils in contact with the adjacent coils) during operation of the spring.
The expressions for the solid height of spring with various end treatments
are also given in Table 9-7. For a helical compression spring, the spring
height under maximum deflection conditions should not be less than about
1.20 times the solid height.

The shear stress in a helical compression spring is a function of the
force applied F, which includes both the supported weight and the dynamic
force, and the dimensions of the spring:

8FDky,
5T wdy,

(9-163)

TaBLE 9-7 Characteristics of Helical Coil Springs

Active coils, Free height, Solid height, Spring pitch,
b

End treatment N, H, H, Ds

Plain ]vta P5N1+dw dw(Nt+1) (Hofdw)/Nt
Plain and ground N, —1 DN dy, Ny H,/N;
Squared N, —2 PsN. +3d,,  dy(N+1) (H,—3d,)/N,
Squared and ground N, —2 psNe + 2d,, dy, N, (H, — 2dy)/ N,

N is the total number of coils for the spring.
bps is the spring pitch (reciprocal of the number of coils per unit height of the spring).
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The quantity kg, is a shear-stress correction factor, given by the following
expression:

2(D/dy) + 1

gy == LS S
2(D/dy)

Springs that support machinery are often subjected to loads in the

lateral direction (perpendicular to the axis of the spring). The spring con-

stant in the lateral direction Kj,, is related to the spring constant in the axial
direction Kg by the following expression:

Kiar 2(1+o0)

Ks 1442+ 0)(H,/D)
For the special case of Poisson’s ratio o = 0.3, Eq. (9-165) reduces to the
following:

K 2.60

Ks — 1+9.20(H,/D)

(9-164)

(9-165)

(9-166)

Another factor that must be considered in spring design is the problem
of spring surge. If one end of a helical spring is forced to oscillate, a wave
will travel from the moving end to the fixed end of the spring, where the
wave will be reflected back to the other end. The critical or surge frequency
for a spring that has one end against a flat plate and the other end driven by
an oscillatory force is given by (Wolford and Smith, 1976):

_ dy(G/2p)"?

- 9-167
/s 27DN, ©-167)

The quantity d,, is the diameter of the spring wire, G is the shear modulus, p
is the density of the spring material, D is the mean diameter of the spring
coil, and N, is the number of active coils for the spring. The surge frequency
for the spring should be at least 15 times the forcing frequency for the
system to avoid problems with resonance in the spring. The surge frequency
may be increased by using a larger spring wire diameter or a smaller spring
coil diameter (or a smaller spring index, D/d,,).

Example 9-12. A machine having a mass of 80kg (176.41b,,) is to be
supported by four metal springs. The springs are to be made of hard-
drawn steel wire and have squared and ground ends. The damping ratio
for the springs is ¢ = 0.050, and the required transmissibility is 0.05 or
—26dB. The driving force for the machine has a maximum amplitude of
5.00kN and a frequency of 36 Hz. Determine the dimensions of the spring.

First, let us determine the required frequency ratio. The parameter 8 is
found from Eq. (9-109):
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(2)(0.050)*(1 — 0.05%)

=1+ - =1+1.995=12.995
(0.05)
The frequency ratio is as follows:
1 —0.05
= (2)(2.995)° — % =
(0.05)
r? =2.995 4+ (2.995% + 399)"/? = 23.193

r=4.816 =f/f,
The undamped natural frequency for the system is as follows:
Jo=(36)/(4.816) = 7.475Hz

The required spring constant for one spring, supporting a mass of
(4 M) = 20kg may now be found:
Kg = (47%)(7.475)*(20) = 44.12 x 10° N/m = 44.12kN/m  (2521b;/in)

Let us try a spring with a spring index (D/d,,) ~ 6 and N, = 5 active coils.
The spring wire diameter may be found from Eq. (9-162) with a shear
modulus of 79.3 GPa:

g _ (®)(44.12)(10°)(6)'(5)
v (79.3)(10%)

—4.807 x 10 m = 4.807mm  (0.1893in)

The next larger standard gauge is #6 W&M gauge wire, with a diameter of
d,, = 0.1920in = 4.877mm. Let us try this size wire for the spring.

The actual mean diameter of the spring may be found from Eq. (9-
162):

_ |:(79.3)(109)(0.004877)4

13
(8)(d4.12)(10%)(5) } =0.02940m = 29.40mm  (1.157in)

The actual spring index is as follows:
D/d, = (29.4)/(4.877) = 6.029

The outside diameter of the spring is as follows:
D,=D+d, =29.40+4.877 =3428mm (1.349in)

Let us check the static shear stress in the spring. The shear correction
factor is found from Eq. (9-164):

(2)(6.029) + 1

sh = T(2)(6.029) = Lodl
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The static shear stress for the spring is found from Eq. (9-163):

~(8)(1.041)(20)(9.806)(0.02940)
B (7)(0.004877)°
= 131.8 MPa (19,120 psi)

= 131.8 x 10°Pa

S

The shear yield strength for a hard-drawn wire with a diameter of 4.877 mm
is found from the data in Table 9-6.

sys = (758)(1/4.877)"1%* = 559.2MPa (81,100 psi)

The static factor of safety for the spring is as follows:
§ 559.2

FS=2 272404
S= T13s >3

The static shear stress level is satisfactory.
The total number of coils for the spring with squared and ground ends
is as follows:

N;=N.+2=54+2=7 coils total
The solid height of the spring is as follows:
H, = (4.877)(7) = 34.14mm (1.3441in)
The static deflection for the spring is found from Eq. (9-16):

20)(9.
_ 200.806) _ 0.004445m = 4.445mm  (0.1751n)

(44,120)
The magnification factor is found from Eq. (9-81):
F = N— = 0.04505 = K8Vmax
{[1 — (4.816)*]* +[(2)(0.050)(4.816)]*}"/ F,

The maximum amplitude of vibration for the system is as follows:

_(0.04505)(5000)

Vmax = g 120y = 0-005105m = 5.105mm - (0.201 in)

The maximum deflection of the spring is the sum of the static and dynamic
displacements:
Apax = d + Ymax = 4.445+5.105=9.55mm (0.3761n)

To ensure that the spring will not be compressed solid, let us take the design
maximum deflection as follows:

A (design) = 1.25d,. = (1.25)(9.55) = 11.94mm  (0.470in)
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The design free height of the spring may now be determined as the sum
of the solid height and the design maximum deflection:

H, = Hg + d(design) = 34.14 + 11.94 = 46.08 mm (1.8141n)
The pitch of the spring may be determined from the data in Table 9-7.
H, —2d, 46.08 —(2)(4.877)
Ne (%)
The pitch is the center-to-center spacing of the wire in adjacent coils of the
spring. There are (1/7.27) = 0.1376 coils/mm = 1.376 coils/cm or 3.50 coils/
inch height of the spring.

Let us check the buckling stability