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Abstract

The axle-box bearing is a key component of a high-speed train, providing a safety-critical load path

for axial and radial forces transmitted between the wheel-rail interface and the bogie frame. Failure
of axle-box bearings can directly affect operational and safety performance of the train, and
therefore understanding their operating state is key to predicting potential failure modes and
planning maintenance interventions.

In this study, a three-dimensional vehicle-track coupled dynamics model, with the inclusion of the
axle-box bearings has been developed. Based on the bearing’s structural properties and operating
characteristics, the coupling effects of the vehicle components relative to the bearing are considered.
The model also takes a number of non-linear factors into account, such as time-varying bearing
stiffness, bearing clearance, wheel-polygonal wear and the non-linear wheel-rail contact forces.
Dynamic analysis of the model has been carried out through numerical simulations that consider
different amplitudes and harmonic orders of measured and idealised polygonal wheel wear. Both
model analysis and validation was supported by field tests performed on a high-speed rail line.
Simulation results show that the amplitude of rolling contact forces of the axle-box bearing increases
with vehicle speed and the amplitude of polygonal wear. However, the influence of wear upon the
axle-box bearing is found to be small in the low-speed range, but at higher operating speeds,
polygonal wear begins to lead to a rapid increase in bearing contact forces and the potential for
degradation. As a result of vehicle operations, both high order (17% to 20% order) and lower order
(15t to 4™ order) wheel polygonal wear patterns are generated. The former’s influence on axle-box
bearing forces is more significant. Hence, the identification and rectification of this order of wear
should form part of maintenance practice and potentially also be considered in the design of axle-
box bearings for high-speed trains.
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high-speed train.

1 Introduction

High-speed trains in China have developed rapidly in recent years. With an increase in the use of
such trains, problems such as wheel polygonal wear, cracking of the gearbox housing and failure of
the axle-box bearing are emerging. The axle-box bearing is a key component, offering a high load
capacity against both axial and radial loads. The dynamic performance of the axle-box bearing
directly affects the operational safety, in severe cases, bearing failure can lead to train derailment
and potentially serious accidents.

Polygonal wear is a common form of uneven wear in the circumferential direction of high-speed
train wheels during operation, also referred to as out-of-round. Previous research [1] has shown that
such wear can result in high frequency wheel-rail impact loads, which are detrimental to ride quality
and wheel-rail asset life. Moreover, the frequency of the impact loads increases with the order of
polygonal wear and running speed. Hence, the impact loads caused by polygonal wear can result in
wheel-rail noise [2] and fatigue problems for the vehicle-track components [3]. A number of
previous studies have focused on the mechanism leading to polygonal wear [4] and its influence on
noise and the dynamic performance [5] of the wheel-rail system.

Experiments and simulations have been conducted to investigate the effects of the wheel polygonal
wear. Johansson and Nielsen [6] investigated the effects of out-of-round wheels upon the dynamic
wheel-rail contact force and track response. It was found that wheel defects may induce excessive
wheel-rail forces, resulting in damage to the wheel-rail system. The impact of wheel flatness upon
the dynamic response of high-speed trains was investigated by Zhai [7]; Liu and Zhai [8] whom
studied the vertical dynamic performance of the wheel-rail force with a polygonal wheel, by means
of a coupled vertical-dynamics model of the vehicle-track system. The study concluded that the
dynamic wheel-rail load is more sensitive to high order harmonics at increased speeds, and that the
short-wavelength components of the polygonal wheel can stimulate high frequency vibration of the
track. Meanwhile, the influence of polygonal wear upon static and dynamic imbalances, using a
dynamic model based on flexible deformation of the wheelset was invested by Meinke [9]. Zhiwei
Wang [10, 11] studied the dynamic performance of a gearbox housing under the effect of wheel
polygonal wear. Xingwen Wu [12, 13] investigated the effects of polygonal wear and wheel flats
on the wheelset using a coupled vehicle-track dynamics model including a flexible wheelset. It was
concluded that polygonal wear of the wheel can lead to significantly higher vibration and stress than
that of a healthy wheelset.

Most investigations have focused on the mechanism of polygonal wear and its influence upon the
dynamic performance of the wheel-rail system; however, little attention has been paid to the
dynamic performance of the axle-box bearing when subject to such wear. The dynamic performance
of tapered roller bearings (TRBs) without consideration of the coupling effects of the vehicle has
attracted significant research effort. Palmgren [14], Jones [15] and Harris [16] introduced
fundamental theories of rolling bearings. Andreason [17] investigated the load distribution of TRBs
with both radial and axial loads. Liu [18] improved the model proposed by Andreason and
investigated the effect of misalignment under combined loads. Based on previous studies, Houpert
[19] developed an analytical approach for determining the loads and moments of TRBs as a function
of the given displacement when considering the transition from point to line contact between rollers



and raceways with increasing load. Jing Liu [20] investigated the dynamic characteristics of a TRB
under a surface fault, via a simplified model considering the contact forces between the roller and
raceways. Recently, Zhiwei Wang [21] investigated TRB dynamics performance considering the
coupling effects of the vehicle-track system, which established a simplified dynamics model of
TRBs, that concluded the vibration environment of the axle-box bearing cannot be ignored in such
studies.

Previous work on axle-box bearings have typically failed to consider the coupling effects of the
vehicle-track system; i.e., the dynamic interactions between the axle-box bearing and the traditional
vehicle-track system are often neglected. In practice, the TRBs of the axle-box interact dynamically
with the connected components of high-speed trains. Some authors realised that it is important to
couple the vehicle and track together due to the intensified wheel-rail interactions as the train’s
running speed increases [22, 23], especially if wheel defects occur [11,12]. Moreover, the vibration
of vehicle components is significantly influenced by wheel polygonal wear and likewise the life of
the bearing is directly related to its dynamic load environment [24].

This paper aims to develop a vehicle-track coupled dynamics model to investigate the effect of
polygonal wear upon the dynamic performance of axle-box bearings. Here the coupled effects from
the vibrations of the vehicle components upon the axle-box bearing are included, based on classical
vehicle-track coupled dynamics theory and that of the TRB’s dynamics. And, the interactions
between the roller and the raceway, and guiding flange are modelled in detail. Based on this model,
the dynamic response of the vehicle-track system is calculated under excitations of polygonal wheel
wear and non-linear factors, including the time-varying stiffness of the bearing and the clearance of
the TRBs. Field tests on the Beijing—Shanghai high-speed rail line are also performed to help analyse
and validate the developed dynamic model. Furthermore, the influence of the amplitude and the
order of wheel polygonal wear on dynamic performance of the axle-box bearing are investigated in
detail.

2 Three-dimensional vehicle-track coupled dynamics

model

A three-dimensional vehicle-track coupled dynamics model is the foundation of this study. During
the last decade, different types of vehicle-track system models have been established for various
research purposes. In this paper, a new vehicle-track coupled dynamics model with the inclusions
of an axle-box bearing is presented. By including a detailed bearing model, the work represents a
clear development of previous studies [25].

Figure 1-Figure 2 illustrate the details of the vehicle-track coupled dynamics model, including the
vehicle subsystem, the axle-box bearing subsystem, the rail subsystem and the wheel-rail
relationship describing the interaction between the vehicle and the rail.

The vehicle consists of a car body, two bogie frames, four wheelsets and eight axle-boxes. The car
body is supported on two bogies via secondary suspensions at each end and the bogie frames are
connected to the wheelsets via a primary suspension system. The primary and secondary
suspensions are modelled as parallel combinations of the equivalent spring and viscous dampers,
along the three translational directions. Moreover, yaw dampers and anti-roll bars are considered in
the secondary suspensions. The model of the axle-box bearing is described in the section ‘Non-



linear force on the axle-box bearing’. In the vehicle subsystems, the axle-box has three translational
degrees of freedom (DOFs), while the other components have five DOFs. The resultant trailer car
sub-model has 59 DOFs in total, as shown in Table 1.
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Figure 1 Three-dimensional vehicle-track coupled dynamics model : (a) elevation and (b) plan view
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Figure 2 Three-dimensional vehicle-track coupled dynamics model (end view)

In this investigation, a typical slab-track structure is employed, including the rail, rail pads, slabs
and subgrade, as shown in Figure 1 and Figure 2 (a). Both the left and right rails are treated as
Timoshenko beams with motions in the vertical, lateral and torsional directions, which are supported
by slabs. The established three-dimensional slabs are described as elastic rectangular plates
supported on a viscoelastic foundation. K, and C,, are the vertical stiffness and damping of the
CA layer, respectively, while K, and C, are their lateral counterparts. The parameters are
detailed in Section 3. Because the lateral bending stiffness of the slab is very large, it is sufficient to
consider the rigid mode of slab vibration in the lateral direction. The slab-track sub-model equations
are solved by the modal-superposition method, which has been well documented in [22] and is
therefore not introduced here.

Regarding the wheel-rail interactions, the normal force between the wheel and the rail is calculated
using the non-linear Hertzian elastic contact theory [22, 26], which is employed commonly in
investigations of wheel-rail interactions. The tangential wheel-rail contact forces were estimated
using the Shen—Hedrick—Elkins model [27], which is based on Kalker’s linear creep theory [28].
The wheel-rail coupling model has been well documented in [29], so its details are neglected in this



paper.
Table 1 Degrees of freedom of the high-speed vehicle dynamic model

. Lateral Vertical Roll Yaw Pitch
Vehicle component ) . . . .
motion motion motion motion motion
Car body Y, Z, &, 78 B.
Bogie frame
( l :1 ’2) Ybi Zbi ¢bi l//bi ﬂbi
Axle-box (i =1-8) Y, Z,
Wheelset (i =1-4) Y, Z, P Vi B

(Notes: Besides the DOFs of the table, the longitudinal motion of axle-box is taken into consideration.)

2.1 Internal forces of the vehicle subsystem

In the three-dimensional vehicle-track coupled dynamics model, the interactions between the
lumped masses are performed by the spring-damper elements. Comparing to the classical three-
dimensional vehicle-track coupled dynamics model, the axle-box subsystem provides the novel
element, allowing the dynamic state of the double-row tapered roller bearing to be analysed in detail
during operation. As the secondary suspension forces of the vehicle system are the same as the
classical model [30], the expressions of the forces between the car body and the bogie are not
presented here. The axle-box subsystem is coupled with the wheelset and bogie, which is not
considered in the classical vehicle-track coupled dynamics model, the expressions of the primary
suspension force are demonstrated as below.

The primary longitudinal-spring and damping forces between the axle-box and the bogie are:

Fo, =K, (dyy, +Hy B~ X))
+Cy (AW + Hy By = X 1)

o =Ky (~d,Wo, + Hy B~ X o)
+C, (—dwl//bn +H, B, -X aR,.)

While the primary lateral-spring and damping forces between the axle-box and the bogie can be

(i=1,2,3,4) (1),

calculated as follows:
Fyf(L,R)i = Kp,v (Ya(L‘R)i =Y, + th¢hi + (_l)i lbl//hn)
+C, (Ya oy~ Yoo + Hy by, +(-1) zbl//bn) (i=1,2,3,4)

Finally, the primary vertical-spring and damping forces between the axle-box and the bogie are

).

given by:

Foi = Ky (2= Zas+(-1) b~ )
+Cy (2 =2+ (1) LA ~dodh,)

Foi =Ky (Zo = Zus (1) LB + o)

+ sz (an _ZaRi +(_1)i lbﬁbn +dw¢bn)

(i=1,2,3,4) A3).




2.2 Non-linear forces on the axle-box bearing

The motion and interaction between the components of the axle-box bearings are complex; in this
paper, a model considering the interactions between the bearing rolling elements and inner and outer
raceways and guiding flanges is developed. When subjected to external loads imparted by the bogie
and those generated within wheel-rail contact, the forces of the roller-inner/outer raceway and the
contact load of roller-guiding flange are required to react these. The theoretical analysis is based on
the following assumptions [28]: the friction between the internal components of bearing are ignored,
the effects of lubrication is not considered, the motion between rollers and raceways maintains pure
rolling without slip.

From the force diagram of the TRBs shown in Figure 3, the equilibrium equations can be obtained
as outlined below:

sina. -0 sina. —Q. sina, =0
{Qe e Q1 i Qf f (4)

Q.cosa, —Q cosa; +Q; cosa, —F, =0

where Q, and Q. is the contact force between roller and inner and outer raceway, respectively.
0 is the contact force between the outer end of the tapered roller and guiding flange of the inner
ring. F, is the centrifugal force, o, , o, and «; is the contact angle of the roller-inner raceway, roller-
outer raceway and roller-guiding flange, respectively.

The centrifugal force of roller can be determined by:

= md, o} (5).

where m is the mass of roller, d is the pitch diameter of double-row tapered roller bearing, @,
is the orbital angular velocity of rollers, and it can be obtained by:

[0 o +
w.=——|d_—D_ cos———= 6).
c 2d (m b 2 \J ()

m

Where @, is the rotating speed of inner ring. D, is the average diameter of tapered roller.

Innerring

Figure 3 Double row tapered roller bearing

Within the model, there is a contact force Q, with respect to the outer ring only. Hence, the roller-

inner ring of the double-row TRBs can be considered as an isolated body for mechanical analysis
[31]. In this way, it is only necessary to super-impose the contact force components of the roller-
outer raceway for each roller in the radial and axial directions to derive the reaction forces to external

loads. Furthermore, the contact forces of the roller-inner ring raceway and the contact forces



between the outer end of the tapered roller and guiding flange of inner ring can be obtained by
equation (4).

As presented in Figure 3, when the bearing has radial and axial displacements, and considering the
initial clearance ( g, ) in the radial direction, the total compression at any roller azimuthal location

y; can be determined as [21]
8, =18, cosy; —0.5g, (1—cosy )]cosa, + S, sina,  (j=1-21) (7,
Sy =16, cosy; —0.5g, (1—cosy)lcosa, =6, sina,  (j=1-21) (8),

where &

. and &, are the total compression along the normal direction of the outer raceway

contact line of the two bearings, 6, and &, are the radial and axial displacements (respectively)

of the inner ring relative to outer ring. The inner ring of the axle-box bearing rotates with the
wheelset, the roller azimuthal location y; can be described using the cage rotation speed o, as:

27, .
v, =%(1—1)+0)Ct ),

J
The radial displacement &, can be calculated using the expression:

5, =6+ (10).

where J, and &, are the longitudinal and vertical displacements of the inner ring relative to outer

ring, respectively. And then, the total contact force between the roller and outer raceway can be

obtained by:

Qmej = K11155r:é/] (1 1)
Where K, is total contact stiffness coefficient between roller and outer raceway, which can be
determined by [32]:

K, =6.24x10" 2% D) [1+c) cos(a, — ;)] (12)
Where [ is the effective contact length, ¢, is an index, which can be obtained by:

¢, =sin(a, —a,)/sin(e; + ;) (13)

By substituting equations (7) and (8) into equation (11), the contact force of each roller can be
calculated as follows:

me ™~ mej

o 8,y <0

K 510/9 (Smej > 0 .
i = (j=1-21) (14),

where the row number of the bearings is m = 1,2. Based on the analysis above and the literatures

results [20, 21], the resultant forces of each axle-box bearing are as follows:

2 21 5
F,=Y>"0,,cosq,cosy,, cos(arctan( 5
m=1 j=1 x

N+C,(X,-X - v, a,)

21

>0, sina, + C(Y,-Y) (15).

I
SI

2
2 5 .
Z 0, cosa, cosy,,. sin(arctan(a—z))+Ca (Za -Z,—¢,a, )
m=1 j=1

x

F,

-

Where C, is the damping coefficient in the TRBs. The relative displacement in each roller’s

angular position between the inner and outer raceway can be obtained, which is coupled with the
movement of wheelset and axle-box, and has been well documented in [21]. Therefore, a detailed



description of the displacement relationship of TRBs is not presented here.

2.3 Equations of motion

The equations of motion of the vehicle model consist of one car body, two bogie frames, four
wheelsets and corresponding axle-boxes. The motion equations of the car body and bogie frame are
not described here as they follow classical vehicle-track coupled dynamics. However, the equations
of motion of the axle-box and wheelset are improved over classical theory, hence the details of the

governing equations are described in detail below.
(1) The equations of motion of the axle-box

longitudinal motion:

MaXa(L,R)i = Fxf(L,R)i - an(L,R)i (i =123, 4) (16);

lateral motion:
MaY;(L,R)i = _Fivf(L,R)i + Fya(L,R)i (i =12, 3’4) (17);

bounce motion:
MaZa(L,R)i = sz(L,R)i - an(LR)i (i =123, 4) (18)‘

(2) The equations of motion of the wheelset

lateral motion:
Mwai Z_EvaLi_F;'aRi+FL\'i+FRyi +NLyi+NRyi (i=1’2’3’4) (19);

bounce motion:
MWZWi Z_Fin _FRz[ _Nin _NRz[ +F;aL[ +F;aRi (i=1’2’3’4) (20)5

roll motion:

wa(.é.wi _Iwy (ﬁwi _Q)'//wi =dy, (Fin +Nin _FRzi _NRzi)_rLi (FLyi +NLyi)

(21);
i (FRyi + NR_\-i)_'_dw (Fop — Fo) (i = 1’233v4)
rotational motion:
IWwai = hilra T1F + Wi (FR)'i +NRvi) (22):
+rLil//wi(FLyi+NLvi)+MLvi+MR}*i+NinrLi+NinrRi (i=1’2’3’4) ’
yaw motion:
L.y, _IW)'¢Wi (lei _Q) =a,(F,; —F,)+taw,, (FL)'f + NLyi - FRyi + NRyi)
+Mui +MRzi +dw (anu _F\'aRi) (23)~

+ay(Npy = Niy) (i=1,2,3,4)

In equations (16)—(23), the vibrations of the vehicle components are coupled together. This
comprehensive vehicle-track dynamics model enables more realistic dynamic simulations of the
axle-box bearing under conditions such as wheel-polygonal wear, wheel flats and track defects.

2.4 Wheel-polygonal model

To investigate the influence of polygonal wheel wear upon the axle-box bearings, an idealised
polygonal wear pattern is adopted. The wheel polygon is generated by changing the radius of the
wheel’s rolling cycle, while the harmonic function is used to simulate the change in this radius. The



relevant equations are as follows:
{Ar = Asin(NB+ f3,) 24

r(f)=R-Ar

where A4 is the magnitude of polygonal wear, N is the order of the polygonal wheel, £ is the angle
of wheel rotation, S, is the phase angle, A, is the wheel-diameter difference along its
circumference and R is the nominal rolling radius of the wheel. Different polygonal wheels can be
simulated by modifying the order and magnitude of the wheel-polygonal wear.

3 Numerical simulation and analysis of results

Based on the established vehicle-track coupled dynamics model, the dynamic response of the
complete system, including the vehicle, axle-box, the axle-box bearing and the track subsystems is
obtained for a high-speed train running on straight track. The key parameters of the vehicle
subsystems used for the simulations are presented in Table 2. Moreover, the parameters of the slab
track employed in [33] are adopted. At the same time, the corresponding vibrational data is obtained
from field test. The structural parameters of the axle-box bearing are provided in Table 3.

Table 2 Main parameters of the vehicle model

Notation Specification Value

M, Car body mass (103 kg) 38.9

M, Bogie frame mass (kg) 2200

M, Wheelset mass (kg) 1517

M, Axle-box mass (kg) 66.7
I,/1,/1, Mass moment of car body about x/y/z axes (10° kg/m?) 126/1905/1798
1,./1, /1, Mass moment of bogie frame about x/y/z axes (kg/m?) 1236/1233/2336
1,./1,/1, Mass moment of wheelset about x/y/z axes (kg/m?) 693/118/693
K /K /K, Stiffness of secondary suspension along x/y/z (10° N/m) 133/133/203
C./C,/C, Damping of secondary suspension along x/y/z (10° N s/m) 10.4

K, ! K, / Stiffness of primary suspension along x/y/z (103 N/m) 920/920/940
K,uz

C,. Damping of primary suspension along z (103 N s/m) 10

H, Vertical distance between car body centroid and top of secondary 0.738

suspension (m)

H,, Vertical distance between bogie frame centroid and bottom of secondary  0.06
suspension (m)

H,, Vertical distance between bogie frame centroid and wheelset centerline (m)  0.06

d, Semi-lateral distance between secondary suspension (m) 0.95

d, Semi-lateral distance between yaw damper (m) 1.275

d, Semi-lateral distance between primary suspension (m) 1.0

L, Semi-longitudinal distance between bogies (m) 8.6875

I, Semi-longitudinal distance between wheelsets in bogie (m) 1.25

Table 3 Structure parameters of axle-box bearing of a high-speed train



Structure parameters value

The average diameter of roller ( D, /mm) 23
The contact angle of roller-inner raceway ( , /degree) 7.75
The contact angle of roller-inner raceway ( ¢, /degree) 10
The effective length of roller (/, /mm) 45
The pitch diameter of the bearing (d,, /mm) 180.5
Number of rollers in each row ( z) 21

3.1 Field test and model validation

To validate the dynamic model, experimental field tests were carried out along the Beijing—Shanghai
high-speed rail line. Vibrational data was acquired separately from the bogie frame and the axle-
box, the position of vibration-data acquisition is shown in Figure 4. The acceleration data was
collected in both the lateral and vertical directions with a sampling frequency of 5000 Hz.

Figure 4 Monitoring positions. (a) The accelerator sensor on axle-box and (b) bogie frame.
Wheel wear measurements we taken during the period of October 2016 and March 2017, a total of
1056 wheel profile measurements were recorded for the same vehicle type prior to re-profiling.
Polygonal wear patterns were observed on all of the measured wheels. The profiles were measured
around the complete wheel circumference with a resolution of 1mm using a BBM wheel roughness
measuring device at the rolling circle of the wheel, as shown in Figure 5 (a). Profile data was
recorded with an accuracy of 0.1 um .

The proportion of different harmonic orders of wheel polygonal wear for all measured wheels is
shown in Figure 5 (b) and (c). It is clear that two types of wheel polygonal wear predominantly
occurs; namely low order wheel polygonal wear, as per Figure 5 (b), and high order wheel polygonal
wear, as shown in Figure 5 (c¢). Referring to Figure 5 (b), it can be concluded that the proportion of
1%t order wheel polygonal wear is the highest, this is related to eccentricity of the wheel’s mass from
the centre of rotation, together with deficiencies in manufacturing or maintenance processes. The
2m to 4™ order wheel polygonal wear accounts for only 12.6% of the data set. The statistical results



of high harmonic order wheel polygonal wear show that 20" order wear is the most prominent
followed by 19" order. Therefore, the most predominant orders of wheel polygonal identified above
will form the focus of more detailed analysis.

(a)

7%

(b) 29%3% (©

17%

87% 28%
‘ B order 2™ order 13" order [ ]4™ order ‘ ‘.17‘h order I 18" order [B19™ order[]20™ order[J21° order‘

Figure 5 Wheel polygonal wear measurements: (a) the wheel roughness measuring device,
proportion of (b) the low harmonic orders and (c¢) the high harmonic orders.

The 20™ order wheel polygonal wear was found to be the most common high order form of wear,
the associated measured wheel shapes are shown in Figure 6. Figure 6 (a), (b) and (c), respectively,
indicate polygonal wear in the Cartesian coordinate system, the polar coordinate system, together
with the irregularity spectrum of the polygonal wear. The maximum amplitude of wear is
approximately 0.08 mm, as shown in Figure 6 (a). In addition, according to the irregularity spectrum
in Figure 6 (c), the wheel typically shows 1%t and 20" order polygonal wear.
To compare the dynamic responses due to wheel polygonal wear for calculation and experimental
results, numerical simulations are performed using the developed vehicle-track dynamics model
using the measured 20™ order polygonal shape (Figure 6). Time histories and the corresponding
spectrum acquired from the bogie frame and the axle-box at a speed of 300 km/h are presented in
Figure 7 and 8, along with the corresponding numerical simulation results.
In Figure 7 (a), the vibrations of the bogie frame acquired during field tests are slightly larger than
the theoretical results. This is due to the high-frequency vibration of the bogie frame, which due to
the rigid body approach could not be fully represented in the dynamic model. However, the model
captures the majority of the key dynamic-vibration characteristics of the bogie frame required for
this study.
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Figure 7 Comparison of results obtained by the field test and the simulation at 300 km/h. (a) Time
histories of vibration acceleration of the bogie frame and (b) frequency spectrum of vibration
acceleration of the bogie frame.

At a vehicle running speed of 300 km/h, the excitation frequency of 20™ order polygonal wear is



576 Hz. Figure 7 (b) shows the frequency spectrum of the vibration acceleration of the bogie frame.
It is clear that vibration of the bogie frame is dominated by 20" order polygonal wear. Based on
analysis of the frequency and power of the spectrum results, we can conclude that the dynamic
simulations of polygonal wear align well the experimental results in the context of this study.
Figure 8 shows the axle-box results obtained by numerical simulation and field testing at a speed of
300 km/h. It can be seen from Figure 8 (a) that the vibration of the axle-box acquired from test data
is larger than the theoretical result. The primary reason for this is that due to the limitations of the
modelling method and computational efficiency, the simulation omits some stiffness components,
damping elements, the flexible deformation of components and the friction effects of the vehicle.
Nevertheless, the fundamental dynamic features in the simulation agree suitably well with the
experimental results. In Figure 8 (b), there is clear alignment of the dominant frequency peak in the
axle-box accelerations in both the numerical simulations and the field test data; the peak is a result
of 20" order polygonal wear.
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Figure 8 Comparison of results obtained by field test and simulation at 300 km/h. (a) Time histories of

vibration acceleration of the axle-box and (b) frequency spectrum of vibration acceleration of the axle-

box.

3.2 Vehicle system dynamics with and without an axle-box

bearing model

In order to investigate the effect of inclusion of an axle-box bearing model on the vehicle system
dynamics when excited by wheel polygonal wear, numerical simulations have been performed at a
running speed 300 km/h. Once again, the predominant 20" order wheel polygonal wear pattern is
applied, with an amplitude of 0.01 mm and no phase difference between the two wheels of a
wheelset. The vertical vibration of the wheelset and bogie frame are illustrated in Figure 9 and
Figure 10, respectively. The vertical direction is plotted as wheel polygonal wear predominantly
influences vertical vibrations [12]. It can be seen that the axle-box bearing has little effect on the
vibration of wheelset or bogie frame. The vibration of both wheelset and bogie frame are dominated

by the 20™ order polygonal wear, with an oscillation period of 1.734ms. The vertical vibration



acceleration of the carbody has a similar characteristic to the bogie frame, and hence is not presented
here. The standard deviation (Std) of the wheelset vertical vibration is 3.85g and 3.77g with and
without the axle-box bearing; the Std of the bogie frame vertical vibration is 0.285g and 0.281g with
and without the axle-box bearing, respectively. Hence, in response to polygonal wear excitation, the
wheel-rail interaction dominates the vibration of the vehicle components but the axle-box bearing

has little effect.
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Figure 9 Vertical vibration acceleration of a wheelset excited by wheel polygonal wear.
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Figure 10 Vertical vibration acceleration of the bogie frame excited by wheel polygonal wear.

3.3 Influence of wear amplitude and vehicle running speed

The main advantage of the developed dynamic model as compared with previous studies is that it
considers the coupling effects between the vehicle components and the axle-box bearing. To study
the bearing’s dynamic performance under polygonal wear, numerical simulations have been
performed. The vehicle was run on straight track at a speed of 300 km/h, both wheels of the lead
wheelset have a 20" order polygonal wear pattern as defined in Figure 6, with no phase difference



between the wheels. Additionally, for comparative purposes, numerical simulations with non-
polygonal wheels have also been performed.
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Figure 11 Contact forces of axle-box bearing. (a) Contact force of roller-guiding flange, (b) contact
force of roller-outer raceway force, and (c) contact force of roller-inner raceway:.

Figure 11 illustrates the contact forces of the roller-guiding flange, roller-outer raceway and roller-
inner raceway under the measured polygonal wear at 300 km/h. It can be seen that the roller contact
force of row 1 is different to that of row 2, this is due to the axial movement between the inner and
outer raceway. For reference, the rollers of row 1 and 2 are presented diagrammatically in Figure 3.
Moreover, it can be seen that there are similar dynamic trends in the contact forces between roller
and inner and outer raceway. The peak value of roller-inner and roller-outer raceway contact force
is far greater than the roller-guiding flange contact force. In addition, the roller-inner and roller-
outer raceway contact force is almost the same due to little influence of the roller centrifugal forces.
Hence, only the roller-outer raceway contact force is analysed below.

Figure 12 presents the results of the roller-outer ring raceway contact force, as obtained with and
without polygonal wear, at a speed of 300 km/h. Figure 12 (a) shows the time histories of contact
force between a roller and the outer-ring raceway and Figure 12 (b) shows this maximum force for
each roller at the time identified in Figure 12 (a). Considering Figure 12 (a), it is clear that only part
of the rollers bearing load is due to the applied axial and radial force. In addition, compared to the
results obtained in the no-wear case, the contact force on each roller under polygonal wear is higher.
It can be seen from Figure 12 (b) that the roller has both contact and non-contact regions in one
cycle. Moreover, the results indicate that the contact force include high frequency oscillations
caused by the polygonal wear. Compared with the results obtained in the no-wear case, the

maximum amplitude of the roller-outer raceway contact force is increased by approximately 26%.
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From the above analysis, it can be concluded that as the vibration of the axle-box is directly
influenced by wheel-rail forces, polygonal wear has a significant impact on the dynamic forces
within the axle-box bearing itself. Hence the observed change in the roller-outer ring raceway

contact force is mainly due to the vibration of the wheelset induced by the fluctuations in the wheel-
rail forces due to polygonal wear.
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Figure 13 Maximum amplitude of roller-outer raceway contact force.
The idealised 20" order polygonal wear model has been adopted to investigate the effects of
polygonal wear upon the axle-box bearing in detail. The maximum contact force considering the
effects of polygonal wear amplitude and vehicle velocity is illustrated in Figure 13.



When the wheel has no defects, the contact force on the axle-box bearing is almost independent of
vehicle-running speed. This is due to the fact that the applied axial and radial load on the bearing
remains almost constant. It can be deduced that in the low-speed range of V <150 km/h, the
amplitude change of the dynamic contact force caused by polygonal wear is very small. However,
the influence of polygonal wear increases sharply in the range of V >300 km/h. When the
polygonal wear amplitude changes from 0 to 0.1 mm, the contact force increases by approximately
103.6% at a speed of 350 km/h. Moreover, when the vehicle’s running speed varies from 50 to 350
km/h, the contact force increases by 115.1% due to polygonal wear with an amplitude of 0.1 mm.
Hence, the roller’s contact force is directly affected by polygonal wear, especially when the vehicle

runs at high speed.

3.4 Influence of the order of wheel polygonal wear

Figure 14 illustrate the influence of low and high orders of polygonal wear on the bearing contact
forces at a speed of 300 km/h. The results are presented for 0.1mm polygonal wear amplitude on
both wheels of the wheelset and the order ranges from 1 to 4 and 17 to 21, which often occur under

normal train operations as described in the field measurement results.
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(b) high order harmonic of wheel polygon wear.

When comparing a wheel with lower order polygonal wear geometry with that of a normal wheel



with no wear, then the maximum amplitude of the contact force is 6.4 kN, an increase of 16.4%.
Moreover, it can be seen that the contact force offers little variation within a harmonic order ranging
from 1 to 4. When considering higher 17" order polygonal wear, the peak value of the contact force
reaches 8.1 kN, an increase of 47.3% over a normal wheel. Similarly, the maximum amplitude of
contact force changes little when the order increases from 17 to 21. However, the high order wheel
polygonal wear has greater influence on the contact force than the lower order due to the higher
wheel-rail forces. Therefore, the influence of high order wheel polygonal wear on TRBs of high-
speed train should be considered in regards to bearing design, operation and maintenance.

4 Conclusions

To investigate the effects of wheel-polygonal wear upon a bearing’s dynamic performance, a new
vehicle-track coupled dynamics model that considers the axle-box bearing dynamics itself is
developed in this study. The model couples the movements of the vehicle-track system with those
of the axle-box via the axle-box bearing subsystem. Moreover, field tests are employed to validate
the developed model and good agreement has been demonstrated. Based on the proposed model,
the dynamic performance of the axle-box bearing under wheel polygonal wear can be analysed and
discussed.

Comprehensive theoretical and experimental analyses of the effects of 20" order polygonal-wheel
wear upon the axle-box bearings of high-speed trains has been performed. The theoretical analysis
indicates that polygonal wear significantly affects the roller-outer ring raceway contact force when
the vehicle runs at higher speeds. When the amplitude of the polygonal wear reaches 0.1 mm, the
maximum amplitude of the contact force is 11.4 kN at 350 km/h, representing an increase of 103.6%
over results obtained without the presence of polygonal wear. In addition, high order wheel
polygonal wear (17" to 21% order) has a more significant influence than low order (1% to 4" order)
on axle-box bearing forces. Therefore, it is necessary to consider the effects of wheel-polygonal
wear, especially high orders, when assessing the dynamic behaviour of the axle-box bearing of a
high-speed train.

The developed dynamic model can also be used to investigate the effects of other wheel defects
upon the dynamic performance of an axle-box bearing, which is a subject of future research work.
In the proposed model, the friction between the internal components of bearing are ignored, and all
bearing rollers have the same angular motion. The friction and angular vibration of each roller is
likely to have some dynamic contribution to its dynamic forces, this forms a further aspect that will
be investigated in future studies. Moreover, the flexible deformation of the bogie components and
its effects on the axle-box bearing should also be considered in subsequent analysis.
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