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Laminar Natural Convection 
in a Discretely Heated Cavity: 
I—Assessment of Three-
Dimensional Effects 
Two and three-dimensional calculations have been performed for laminar natural 
convection induced by a 3 X 3 array of discrete heat sources flush-mounted to one 
vertical wall of a rectangular cavity whose opposite wall was isothermally cooled. 
Edge effects predicted by the three-dimensional model yielded local and average 
Nusselt numbers that exceeded those obtained from the two-dimensional model, as 
well as average surface temperatures that were smaller than the two-dimensional 
predictions. For heater aspect ratios A,ur S 3, average Nusselt numbers increased 
with decreasing A,,,,.. However, for Ahlr S 3, the two and three-dimensional predictions 
were within 5 percent of each other and results were approximately independent of 
Ahtr. In a companion paper (Heindel et al, 1995a), predictions are compared with 
experimental results and heat transfer correlations are developed. 

Introduction 
Continued advances in integrated circuit technology have 

contributed to significant improvements in computer perfor
mance, with workstations and powerful desktop computers 
gaining increased market penetration. However, these improve
ments are placing an increased demand on associated cooling 
requirements. A passive cooling system, employing natural con
vection, eliminates fan or pump assemblies required with forced 
convection cooling schemes, thereby providing a noise and vi
bration-free means of thermal control. Such cooling options 
have been assessed by addressing natural convection in dis
cretely heated cavities, and reviews are presented by Jaluria 
(1985), Incropera (1988), Peterson and Ortega (1990), and 
Bar-Cohen (1992, 1993). However, the majority of these stud
ies focus on single or multiple strip heat sources (Lx = D) and 
neglect three-dimensional effects, which can be significant for 
small heat sources arranged in closely spaced arrays. This study 
addresses implications of the two-dimensional assumption by 
comparing predictions with those obtained from a three-dimen
sional numerical model. 

One of the first numerical studies of three-dimensional natural 
convection considered one or two discrete heat sources flush-
mounted to one vertical wall of a cavity for which the opposite 
wall was cooled (Kuhn and Oosthuizen, 1986). The effect of 
heater location on heat transfer was shown to be small if the 
heated elements were located at least two element heights from 
the top or bottom walls. Outside this range, heat transfer was 
strongly influenced by location. If the element was near the 
cavity ceiling, fluid motion was inhibited and heat transfer was 
dominated by conduction. In studying element size effects, the 
height of the discrete heat source was shown to be more im
portant than its width, unless, of course, the element width was 
much smaller than the height. Three-dimensional flow increased 
local heat transfer near the heater edges, causing the average 
Nusselt number to exceed results obtained from corresponding 
two-dimensional predictions. 
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A three-dimensional numerical analysis was also performed 
by Wroblewski and Joshi (1992), who investigated transient 
natural convection within a square enclosure (A.v = Az = 1) 
with a single, protruding heat source mounted on one vertical 
wall. Although symmetry was not enforced, to determine if an 
unsteady plume would arise from the heat source, symmetric 
flow and temperature fields were predicted. Wroblewski and 
Joshi (1994) subsequently considered the effects of heater ge
ometry for a constant protrusion height. For a square heat 
source, two-dimensional calculations yielded a maximum heater 
temperature 2.8 times higher than that predicted from the three-
dimensional model. If the heater aspect ratio (Ahlr = LJLZ) 
was greater than 4.0, the two and three-dimensional predictions 
agreed to within 10 percent. 

Polentini et al. (1993) performed an extensive experimental 
study for a 3 X 3 heater array flush-mounted on one wall of an 
enclosure, with the opposing wall isothermally cooled. Heat 
transfer was independent of the enclosure aspect ratio (2.5 < 
Az < 7.5) but increased with increasing angle of inclination, 
where the cold plate was always oriented above the heat sources. 
The increased heat transfer was due to increased turbulent mix
ing within the enclosure and decreased thermal stratification. 
Prandtl number effects were negligible for the two fluids used 
in this study, water (Pr » 5) and FC-77 (Pr « 25). The effect 
of heater location and spacing was studied by powering various 
combinations of one or two heater rows. With only one row 
powered, the average Nusselt number was highest (lowest) 
when the individual row was located near the cavity floor (ceil
ing). With two rows energized concurrently, the average Nus
selt number, based on a local length scale extending from 6.4 
mm below the lowest energized row to the center of each row, 
increased slightly with decreasing element distance from the 
bottom wall and increasing row spacing. 

A 3 X • 3 array of protruding heat sources mounted to one 
vertical wall has also been considered by Kelleher and co
workers. However, unlike previous studies, the enclosure in
volved horizontal cold plates and an adiabatic wall opposing the 
vertical heat source array. A three-dimensional, time-dependent 
numerical simulation was performed by Liu et al. (1987), with 
isothermal conditions maintained at both horizontal boundaries. 
They concluded that the temperature field in the enclosure was 
characterized by boundary layer-type behavior in regions sur-
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rounding the individual heaters and stable stratification else
where. A similar arrangement was experimentally studied by 
Joshi et al. (1990). As the power dissipation from each compo
nent was incrementally increased from 0.1 to 3.1 W, three-
dimensional flow of increasing complexity was observed. In an 
extension of this study, Joshi et al. (1991) determined that heat 
transfer increased by 15 to 20 percent with increasing enclosure 
width, indicating that the surface area of the horizontal cold 
plate had an important influence on the outcome of their experi
ment. This geometry was also numerically modeled by Mukut-
monietal . (1993). 

The current study numerically examines three-dimensional 
natural convection from a 3 X 3 array of heat sources flush-
mounted to one vertical wall of a rectangular cavity, with the 
opposing wall isothermally cooled. Square heat sources (Ahtr = 
1.0) are initially simulated by the three-dimensional model, and 
results are compared to those obtained from a two-dimensional 
approximation. The heater aspect ratio is then varied to deter
mine conditions for which a two-dimensional approximation is 
valid. In a companion paper (Heindel et al., 1995a), predictions 
are compared with experimental results. 

This study ignores conductive spreading through the substrate 
(conjugate heat transfer). Three-dimensional calculations have 
been performed for a similar geometiy in which conjugate ef
fects were included (Heindel et al., 1995b). These predictions 
revealed that as the substrate/fluid thermal conductivity ratio 
increased to 4.7, heater edge effects were smoothed out by 
substrate conduction and two-dimensional flow conditions were 
approached. 

Numerical Model 
Figure 1 displays a schematic of the simulated geometry and 

summarizes the fixed geometric parameters. This geometry is 
identical to that described in the companion paper (Heindel et 
al., 1995a), where one vertical wall is composed of a 3 X 3 
array of discrete, flush-mounted, isoflux heat sources, with the 
remainder of the wall being adiabatic. The opposite wall is 
maintained isothermal and the remaining walls are assumed 
adiabatic. Since symmetry was observed in previous fully three-
dimensional calculations (Fusegi et al., 1991; Wroblewski and 
Joshi, 1992, 1994) and experimentally confirmed by Ozoe et 
al. (1979), Hiller et al. (1989), and Heindel (1994), a plane 
of symmetry at x = D/2 (X = D/(2LZ)) is used to reduce the 
computational domain by a factor of two. 

Governing Equations. The nondimensional governing 
equations for three-dimensional laminar natural convection in 
a discretely heated cavity, assuming constant properties and the 
Boussinesq approximation, are as follows: 

Continuity: 

Momentum: 

dU dV dW „ 
— + — + — = 0 
dX dY dZ (1) 

rrdU „dU „rdU 
U— + V— + W — 

dX dY dZ 

= Pr 

rrdV „dV TI dV 
U— + V— + W — 

dX dY dZ 

= Pr 

TT ow T7 ow „, aw u— + v— + w — 
dX dY dZ 

2U d2U d2U~ 

X2 dY2 dZ2 

dP 

dX 
(2) 

J2V d2V d2V 
+ —- + ax2 dY2 dZ2 

dp_ 

dY 

= Pr 
2W d2W d2W 

+ - — r + dX2 dY2 dZ2 

dP_ 

az + Ra,* Pr i 

Energy: 

Trde „ao „rd8 d2e d2e d2e 
U 1- V 1- W— = • • H 1 

dX dY dZ dX2 dY2 dZ2 

(3) 

(4) 

(5) 

where the modified Rayleigh number is based on the heater 
length and the isoflux condition applied at the heater. The nondi
mensional parameters are defined in the nomenclature. The gov
erning equations reduce to those describing the two-dimensional 
model when U = dldX = d2ldX2 = 0. 

The boundary conditions at the enclosure walls and the plane 
of symmetry are: 

At X= 0: u=V=W=0 

d6_ 

dX 
= 0 

At 1 = 
D 

U = 
dV dW 

2LZ ax ax 
ae 
ax 

= o 

(6) 

(7) 

(8) 

(9) 

N o m e n c l a t u r e 

A,, = heater wetted surface area = LXLZ 

Ahu = heater aspect ratio = LXILZ 

Ax = cavity minor aspect ratio = DIS 
Az = cavity major aspect ratio = HIS 
D = cavity depth 
g = gravitational acceleration 
H = cavity height 
k = thermal conductivity 

Lx = heater length in the spanwise (x) 
direction 

Lz = heater length in the vertical (z) 
direction 

NuLz = local Nusselt number, Eq. (16) 
NuL; = average Nusselt number, Eq. (17) 

P = dimensionless pressure = 
pd/(p(a/Lz)

2) 
Pr = Prandtl number = via 

Px = heater pitch in the spanwise 
(x) direction 

Pz = heater pitch in the vertical (z) 
direction 

pd = dynamic pressure 
q" = applied heat flux 

Raz, = modified Rayleigh number = 
gPq'ltlikou) 

S = cavity width 
T = temperature 

U, V, W = dimensionless velocity com
ponents, e.g., uLJa 

u, v, w — velocity components 
X, Y, Z = dimensionless coordinates, 

e.g., x/Lz 

x, y, z = coordinate directions 

a = thermal diffusivity 
p = volumetric thermal expansion 

coefficient 
9 = dimensionless temperature = 

(T - Tc)/(q"Lz/k) 
\ , = cavity heater locations (Fig. 1) 
v = kinematic viscosity 
p = fluid density 

Subscripts 
c — cold plate 

(ij) = heater (i,j) 
Ri = row j 

Superscripts 
= average 
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At F = 0: U=V=W=0 

QQ \0 (adiabatic region) 

9Y (̂ —1 (isoflux region) 

(10) 

(11) 

At y = —: U=V=W=0 ' (12) 
Li7 

= o (13) 

At Z = 0 and Z = —: U=V=W=Q (14) 

50 
az = o (15) 

Local and average Nusselt numbers are obtained from the 
resulting temperature field and defined as 

NuLj(x, z) = 

NuM,V) 

q"Lz 1 
(T(x,z)\y=0-Tc)k e\r=0 

q"Lz 1 

(16) 

T f (T{X' A,, JA, 
z)l>=o - rc)<sL4,, 

1 f 
A,, J/i 

(17) 

0 I r=ofiW,, 
A JA„ 

where q" is the applied heat flux, T(x, z)\y=o is the local heater 
surface temperature, and A,, is the heater area. The subscript (/, 
j) refers to a specified heater (;', j) in row i and column j . For 
example, heater (1, 2) is indicated in Fig. 1. Using Lz as the 
characteristic length in the local and average Nusselt number 
simplifies the definition and facilitates subsequent comparisons 
between averaged experimental and numerical values (Heindel 
etal., 1995a). 

Solution Procedure. The governing partial differential 
equations were discretized on a nonuniform, 30 X 30 X 68 (X 
X Y X Z) grid using a control-volume formulation. Control 

Adiabatic 

q"l 

q Zt 
Fluid | 

region^^ 

mm m. 

1 
T 
Pz 

Symmetry 
plane v 

I9 

Row 1 

Heater (1,2) 

Row 2 

Fixed geometric 
parameters: 

*—* - 0.25 

l/' 
Flush-mounted 
heat sources 

y.v 

Row 3 

HH _̂D/2__|Adiabatic 

Fig. 1 Discretely heated cavity geometry 

volumes were clustered near wall regions and near regions of 
discontinuity in the thermal boundary condition. The finite-dif
ferencing procedure ensured conservation of mass, momentum, 
and energy over each control volume. Velocity control volumes 
were staggered with respect to the main control volumes, and 
coupling of the pressure and velocity fields was treated via the 
SIMPLER algorithm (Patankar, 1980). Combined convective 
and diffusive fluxes across the control surfaces were modeled 
using the power-law scheme. The resulting algebraic equations 
were then iteratively solved using a line-by-line TDMA solution 
procedure. 

The overall solution algorithm used in this study involved 
initially obtaining a two-dimensional solution at a modified 
Rayleigh number for which heat transfer is conduction domi
nated (Raf, = 104). This solution was then used as input to 
the calculations at the next higher modified Rayleigh number. 
This process continued until Ra^ = 108. Steady-state solutions 
were obtained at each modified Rayleigh number using underre-
laxation techniques. Only the momentum equations were under-
relaxed by a relaxation factor of 0.85 for the initial solution. 
As the modified Rayleigh number was increased, the momentum 
equation relaxation factors were slowly decreased. Underrelax-
ation of the energy equation was also used at higher modified 
Rayleigh numbers, with relaxation factors typically on the order 
of 0.95. For Ahu = 1.0, solutions from the two-dimensional 
calculations were used as input at all Z-plane locations for the 
three-dimensional calculations, with U(x, y, z.) initialized to 
zero throughout the entire computational domain. Prior three-
dimensional calculations were then used as initial conditions 
in the parametric study of heater aspect ratio effects. The U 
momentum equation was also underrelaxed in the three-dimen
sional calculations, but did not require as much underrelaxation 
as the other momentum equations. 

Solutions were considered converged at each test condition 
after two criteria were satisfied. First, the ratio of residual mass 
source to the maximum mass flux across a control surface was 
required to be below 10 ~3. Second, the iteration-to-iteration 
change was examined at every nodal location for all calculated 
values. However, to reduce the likelihood of false convergence 
related to small but persistent changes between successive itera
tions due to underrelaxation, the examinations were imple
mented between iterations I and 1-20. The change in computed 
value, when compared to the maximum value in the domain, 
was required to be less than 0.5 percent for a solution to be 
considered converged. This comparison method did not elimi
nate the possibility of false convergence, but it did reduce it. 
Typically, the second criterion was the last to be satisfied. 

The numerical code and procedure were validated (Heindel, 
1994) by obtaining excellent agreement with the benchmark 
results for natural convection in differentially heated two-di
mensional (de Vahl Davis, 1983) and three-dimensional (Fu-
segi et al., 1991) cavities. 

In view of the sizable computational effort involved in the 
three-dimensional calculations, only a partial grid-independence 
study was performed (Heindel, 1994). This study focused on 
the two-dimensional approximation of the cavity with the high
est modified Rayleigh number (Ra|; = 108) to ensure that the 
thinnest velocity and thermal boundary layers were satisfacto
rily resolved. By increasing the grid size from 30 X 68 (Y X 
Z) to 40 X 96, the average heat transfer rate and stream function 
changed by less than 2 percent, revealing that the 30 X 68 grid 
was sufficient to resolve the Y-Z velocity and temperature 
fields. The grid deployment scheme used over the heater array 
in the Z direction was then used over the heater array in the X 
direction for the three-dimensional calculations. 

Results 

Comparisons Between Two- and Three-Dimensional Cal
culations. To assess the validity of a two-dimensional approx-
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Fig. 2 Velocity vectors at selected y/Lz locations for Rat* = 10a, Pr = 5.0, Az = 7.5, and AMr = 1.0: (a) y/Lz 

= 0.05, (/>) y / t z = 0.1, (c) y/Z., = 0.5, (d) y / t z = 0.9, (e) y / t 2 = 0.95 

imation to a 3 X 3 array of square (AhtT = 1 . 0 ) discrete heat 
sources, two-dimensional calculations were performed under 
the assumption that the heater columns merged to form a single 
column of strip heaters. Hence, Lx = D and the 3 X 3 array of 
discrete heat sources in the three-dimensional model is reduced 
to a 3 X 1 array of strip heat sources for the two-dimensional 
approximation. The two and three-dimensional calculations en
compass a modified Rayleigh number range of 105 s Ra^ =s 
108 for a fixed Prandtl number and cavity aspect ratio of 5 and 
7.5, respectively. 

The three dimensionality of the flow can be qualitatively 
represented by velocity vector plots at various X-Z planes as 
shown in Fig. 2 for Raj1; = 108. Although all calculations were 
performed on a nonuniform grid, the vector plots have been 
interpolated onto a uniform grid for presentation purposes. All 
vectors are scaled relative to the maximum value within the 
entire three-dimensional domain, which is assigned a length of 
Lz/2. Vector magnitudes less than 0.1 percent of the maximum 
magnitude are not plotted to show regions of relatively stagnant 
flow. The solid rectangles in each vector plot indicate locations 
of the discrete heat sources at ylLz = 0. 

Two-dimensional flow would exist if all of the velocity vec
tors were vertical lines. Clearly, such is not the case. Figure 
2(a) displays the X-Z velocity vectors near the heated wall 
(ylLz = 0.05) and close to the maximum vertical velocity for 
Ra*2 = 10s (see Fig. 3). The upward motion of fluid below 
row 3 is balanced by regions of downflow at other y locations 
(e.g., Fig. 2e). Fluid acceleration near the heated regions en
trains a small amount of fluid from the X direction, which is 
visible at the heater corners in row 3. Moving up the heated 
wall, the fluid continues to accelerate and the primary flow is 
in the vertical direction, with the maximum velocity near the 
heater midlines and local minima between the heater columns. 
The almost vertical orientation of the vectors indicates minimal 
fluid entrainment from the X direction. On approaching the 
cavity ceiling, the rising plume begins to decelerate and turns 
toward the cold plate (perpendicular to the figure). Some of 
the fluid also bifurcates upon impingement with the ceiling, but 
this fluid is eventually swept toward the cold plate by the bulk 
fluid motion, forming counterrotating, helical cells. 

At ylLz = 0.1 (Fig. 2b), the rising fluid velocity diminishes 
near the heater surfaces because this plane is near the outer 
region of the velocity boundary layer (again, see Fig. 3). At 
the Fmidplane (Fig. 2c) , the vertical velocity diminishes con
siderably and the dominant flow direction is perpendicular to 
the figure. The W and U velocities in this region are of the 

same order of magnitude, and complex flow patterns develop. 
However, these velocities are very small, compared to the maxi
mum velocities in the cavity, and some regions are nearly stag
nant. The helical flow pattern caused by the bifurcating plumes 
is still visible at the cavity ceiling. 

On approaching the cold plate at ylLz = 0.9 (Fig. 2d), the 
majority of the fluid motion is downward and very uniform. 
Remnants of the complex helical flow pattern are still apparent 
at the top of the cavity. Very near the cold plate (Fig. 2e), all 
of the fluid is descending in a uniform fashion. The velocity 
quickly increases from zero at the cavity ceiling to a nearly 
constant value in the upper regions of the cavity. Near zlLz = 
3.0, the magnitude of the descending velocity begins to decrease 
with only small velocities existing in the lower cavity regions. 

To compare the predicted three-dimensional velocity profiles 
to those generated by the two-dimensional model, selected X-

Ra 
Pr = 
A = 

2 
\, 
z/L 

Z 

= 10e 

5.0 
7.5 

= 1.0 
= 5.5 

x/Lz = 1.0 
x/l /=1.5 
x/L= 1.625 

z 
Two-dimensional predictions 

-1600 
0.0 0.2 0.4 0.6 0.8 1.0 

Fig. 3 W velocity profiles at zlLz = 5.5 and selected xlLx locations for 
RaL* = 10s, Pr = 5.0, A2 = 7.5, and Ahtr = 1.0 
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Fig. 4 Local Nusselt number profiles at selected xlLz locations for Pr 
= 5.0, Az = 7.5, and>4h,r = 1.0: (a) Râ * = 105, (b) Rat* = 108 

location slices are taken at the midline of heater column 1 {xl 
Lz = 1.0), the edge of heater column 1 (xlLz = 1.5), and the 
midline of the adiabatic region between heater columns 1 and 
2 (xlLz = 1.625). Figure 3 displays the vertical velocity profiles 
at these locations, as well as the vertical velocity profile pre
dicted by the two-dimensional model, for Raj* = 10 s and z/Lz 

= 5.5. Near the hot wall (y/Lz= 0) , the heater midline predic
tions exceed the two-dimensional predictions. This behavior is 
due to the small amount of lateral fluid entrainment near the 
heater edges. From continuity considerations, this effect in
creases the vertical velocity at the heater midline over that 
predicted by the two-dimensional model. The vertical velocities 
at xlLz =1 .5 and 1.625 are smaller than those predicted by the 
two-dimensional model because the adiabatic region between 
heater columns reduces the local buoyant force. The boundary 
layer thicknesses predicted by both models are nearly identical, 
as is the extent of the stagnant core region. 

Near the cold plate (ylLz « 1.0), all three velocity profiles 
at the selected X locations collapse to one curve, signifying 
uniform flow across the cold plate. Velocities predicted by the 
three-dimensional model are smaller than those predicted by 
the two-dimensional model because the overall flow rate per 
unit depth from the heated wall to the cold plate is smaller in 
the three-dimensional model due to nonuniform heating of the 
fluid in the depth (X) direction. 

Major differences in heat transfer are associated with the 
two and three-dimensional model predictions. The local Nusselt 
number distributions predicted by the three-dimensional model 
at the midline and edge of heater column 1 (x/Lz = 1 . 0 and 
1.5, respectively) are compared with the two-dimensional pre
dictions in Fig. 4(a) for Ra*.. = 105. For row 3, both models 
reveal a decrease in the local Nusselt number from a maximum 
at the leading edge (zlLt = 2.0) to the trailing edge (zlLz = 
3.0). However, both models also predict a slight enhancement 
in the local Nusselt number at the trailing edge, which is caused 
by streamwise diffusion to the relatively cool fluid in the adia

batic region beyond the trailing edge. Similar distributions are 
predicted for the downstream heaters, with a slight increase 
over the value at the trailing edge of the upstream heater charac
terizing conditions at the leading edge of rows 1 and 2. This 
increase is due to partial dissipation of the thermal boundary 
layer in the adiabatic region between heaters and renewal of 
thermal boundary layer development at the leading edge of the 
downstream heater. 

The largest Nusselt numbers are associated with the edge (xl 
Lz = 1.5) of heater column 1, and differences relative to the 
other distributions are attributed to two factors: lateral entrain
ment of relatively cool fluid from the adjacent adiabatic regions 
and diffusion from warm fluid flowing over the heater surface 
to cool fluid in the adiabatic region. Both effects increase the 
local heat transfer at the heater edge. Additionally, three-dimen
sional predictions at the heater midline (xlLz =1 .0 ) are about 
5 percent higher than the two-dimensional results due to the 
larger midline velocities predicted by the three-dimensional 
model. 

Increasing the modified Rayleigh number to 108 (Fig. 4b) 
increases the local Nusselt number over all heated regions, and 
similar trends are obtained. However, the significance of stream-
wise diffusion at the trailing edge of each heat source dimin
ishes, relative to the increased convection coefficient, and local 
enhancement of heat transfer at the trailing edge is negligible. 

As shown in Fig. 5, edge effects predicted by the three-
dimensional model significantly influence the row-averaged 
Nusselt number ( N u ^ , ) and dimensionless average surface 
temperature (9m). Although actual temperatures increase with 
increasing heat flux, the increasejn T — Tc is not commensurate 
with the increase in q" and 0Ri decreases with increasing 
Ra*z. Each model predicts the highest row-averaged Nusselt 
number and the lowest dimensionless surface temperature for 
row 3 because the thermal boundary layer is thinnest and the 
local bulk fluid temperature is lowest in this region. The row-
averaged Nusselt number is lowest for row 1 because of a 
relatively thick thermal boundary Jityer and a high local bulk 
fluid temperature. Predictions of NuLjRl, based on the three-

- i — i i 1 1 1 n 1—i—i i 1 1 1 i i 

Heater Labeling 
53 K^S 

• Three-dimensional predictions 
Two-dimensional predictions 

• • < i i i t_ 

0.30 

- 0.25 

0.20 

- 0.15 

0.10 

0.05 

10s 10b 

Ra, 
107 

0.00 
108 

Fig. 5 Comparisons of two and three-dimensional predictions of the 
row-averaged Nusselt number and dimensionless surface temperature 
for Pr = 5.0, Az = 7.5, and Am = 1.0 
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Fig. 6 Effect of heater aspect ratio on the spanwise (X) distribution of the vertical velocity component at z/Lz 

Az = 7.5: (a) AMr = 0.2, [b) Ah„ = 1.0, (c) AM, = 4.0. Note the scale changes in the xlLz direction 
= 5.5 for Ra^ = 106, Pr = 5.0, and 

dimensional model, are 10 to 15 percent higher than those of 
the two-dimensional model, and the differences are attributed 
solely to lateral edge effects captured by the three-dimensional 
model. This trend is also manifested by the reduced average 
heater surface temperatures predicted by the three-dimensional 
model. 

Effect of Heater Aspect Ratio. The effect of heater as
pect ratio (Ahlr = LJLZ) on fluid flow and heat transfer within 
a discretely heated cavity was studied by fixing the modified 
Rayleigh number at 106. The Prandtl number and cavity major 
aspect ratio also remained fixed at 5.0 and 7.5, respectively. 
The heater aspect ratio was varied between 0.2 and 4.0 by 
changing the heater width in the X direction (Lx). The width 
of the adiabatic region between heater columns was fixed at its 
original value of 0.25 Lz. Therefore, the heater pitch in the X 
direction varied from 0.45 to 4.25. 

The effect of heater aspect ratio on the vertical velocity profile 
is shown in Fig. 6 for conditions at the trailing edge of row 1 
(z/Lz = 5.5). The darkened regions along y/Lz = 0 signify the 
locations of the heater columns. Because the scale along the X 
coordinate changes between figures, the physical length of the 
adiabatic region between columns appears to decrease as Ahtr 

increases, even though it remains the same. This figure shows 
that as Aha increases, the vertical velocity profile across the 
heater face (in the X direction) becomes more uniform. Differ
ences between the maximum velocity and the local minimum 
in the adiabatic region between heater columns also increase 
with increasing Ahlr. 

The foregoing trends may be explained via fluid drag and • 
continuity considerations. At Ahtr = 0.2, the horizontal width of 
the heater is not sufficient to provide a buoyant force strong 
enough to completely overcome the drag induced by the cooler 
adjacent fluid regions. Hence, the velocity profile does not com
pletely develop, as indicated by the lack of uniformity near the 
heater midline. For Ahtr = 1.0, enough fluid is heated to over
come the drag of the cooler fluid in the adjacent adiabatic re
gions. The X distribution of the vertical velocity component is 

well developed at the heater midline, and due to lateral fluid 
entrainment and continuity, the velocity is higher than that pre
dicted by the two-dimensional model (Fig. 7) . For Ahtr = 4.0, 
the vertical velocity is uniform over a wide range of X, indicat
ing nearly two-dimensional conditions. Lateral fluid entrain
ment at the heater edges is insignificant compared to the bulk 
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Fig. 7 Effect of heater aspect ratio on the variation of the vertical veloc
ity component at z/Lz - 5.5 and the heater midline of column 2 for 
Rat = 106, Pr = 5.0, and 4 , = 7.5 
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Fig. 8 Effect of heater aspect ratio on the local Nusselt number distribu
tion for RaL* = 106, Pr = 5.0, and Az = 7.5; (a) AMr = 0.2, (ft) Ahtr = 1.0, 
(c) Ahtr = 4.0. Note the orientation of the gravity vector. 

The significance of the edge effects becomes evident when 
the row-averaged Nusselt number is plotted as a function of Ahlr 

(Fig. 9). For Ahlr = 0.2, the three-dimensional predictions are 
54, 49, and 36 percent higher than the two-dimensional results 
for rows 1, 2, and 3, respectively. For Ahtr 3; 3.0, the two- and 
three-dimensional model predictions are within about 5 percent. 
Therefore, a designer could use two-dimensional model predic
tions with confidence when Ahtr S 3.0. This result is consistent 
with predictions by Wroblewski and Joshi (1994), who studied 
a single heat source mounted in a cubic cavity. Therefore, to 
maintain the highest possible heat transfer from an electronics 
component with a rectangular surface area, the longest side 
should be oriented vertically to maximize edge effects. 

Conclusions 
Two and three-dimensional laminar natural convection calcu

lations have been performed for a 3 X 3 array of discrete heat 
sources flush-mounted to one vertical wall of a rectangular cav
ity whose opposite wall was isothermally cooled. Comparisons 
between results were made for 105 < Raj^ < 108, Pr = 5, Az 

= 7.5, and 0.2 == Ahlr == 4.0. 
Overall, variations between the two and three-dimensional 

velocity predictions were small and were mainly confined to 
the adiabatic regions between heater columns. However, the 
three-dimensional model captured edge effects that could not 
be predicted by the two-dimensional model. These edge effects, 
which included local variations in the velocity and temperature 
fields, did influence local and overall heat transfer rates. Al
though the local Nusselt number predicted by the three-dimen
sional model at the heater midplane was only about 5 percent 
higher than that predicted by the two-dimensional model for 
Ahtr = 1.0, the three-dimensional model predicted significant 
enhancement at the lateral edges, which yielded a 10 to 15 
percent increase in row-averaged Nusselt numbers. The higher 
Nusselt numbers predicted by the three-dimensional model cor
respond to lower surface-averaged temperatures. 

With increasing heater aspect ratio, Ahlr, the vertical velocity 
component and local Nusselt number became more uniformly 

fluid motion and does not increase the maximum velocity much 
above that predicted by the two-dimensional model. 

The effect of Ahtr on the maximum vertical velocity at the 
heater midplane of column 2 is also shown by plotting vertical 
velocity profiles in this plane for different Ahtr (Fig. 7) . Along 
the heated wall (y/Lz « 0) , velocities are smallest for Ahlr = 
0.2 and largest for Ahtr = 1.0. For Ahtr = 4.0, the velocity profile 
approaches that predicted by the two-dimensional model. Addi
tionally, the magnitude of the descending vertical velocity along 
the cold plate increases as Ahlr increases, with that obtained 
for Ahlr = 4.0 approaching the two-dimensional predictions. As 
discussed previously, the average mass flow rate associated with 
the two-dimensional model is higher than that for the three-
dimensional model. As Ahtr increases, each row of heaters ap
proaches the limit of continuous strip heaters. Consequently, 
the average mass flow rate increases as Ahtr increases. 

The effect of heater aspect ratio on the local Nusselt number 
is shown in Fig. 8, where increasing Ahtr influences Nu t ; in three 
ways: (i) The local Nusselt number becomes more uniform 
across the heater face; (ii) the larger heated area diminishes the 
significance of edge effects, relative to total heat transfer; and 
(Hi) the maximum local Nusselt number decreases (note the 
spikes at the heater corners). The third effect is due to the 
reduction in the amount of cool fluid in the adiabatic regions, 
compared to the amount of relatively warm fluid over the heater 
surface. Hence, the amount by which the maximum value of 
NuLi decreases would likely change if the size of the adiabatic 
gap between heater columns (and end wall) were allowed to 
change with varying Ahtr. 
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Fig. 9 Effect of heater aspect ratio on the row-averaged Nusselt num
bers for Rat* = 10", Pr = 5.0, and Az = 7.5 
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distributed across the heater face. Adjacent to the heated wall, 
the vertical velocity was highest for Ahtr = 1.0, while the row-
averaged Nusselt number was highest for Ahlr = 0.2. Row-
averaged Nusselt numbers decreased with increasing Ahtr. Also, 
as Ahlr increased, three-dimensional predictions approached 
those of the two-dimensional model, with row-averaged Nusselt 
numbers agreeing to within 5 percent for Ahtr S; 3.0. Therefore, 
to obtain accurate heat transfer predictions, a three-dimensional 
model is only necessary when Ahtr £ 3. If two-dimensional 
models are used under these conditions, heat transfer rates 
would be underestimated. 
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