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Abstract

This thesis is concerned with numerical modelling of flow distribution in
a minichannel evaporator for air-conditioning. The study investigates the
impact of non-uniform airflow and non-uniform distribution of the liquid and
vapour phases in the inlet manifold on the refrigerant mass flow distribution
and on the cooling capacity of the evaporator. A one dimensional, steady
state model of a minichannel evaporator is used for the study.

An evaporator consisting of two multiport minichannels in parallel is used
as a test case and two different refrigerants, R134a and R744 (COz), are
applied in the numerical experiments using the test case evaporator.

The results show that the reduction in cooling capacity due to non-uniform
airflow and non-uniform liquid and vapour distribution is generally larger
when using R134a than when using COs as refrigerant. Comparing the
capacity reductions with reductions of the area covered by refrigerant in
a two-phase condition shows that the capacity decreases significantly more
than the two-phase area when imposing a non-uniform airflow. On the
other hand the reductions in capacity and in two-phase area are almost
equal when imposing a non-uniform distribution of the liquid and vapour
in the inlet manifold.

Combining non-uniform airflow and non-uniform liquid and vapour distri-
bution shows that a non-uniform airflow distribution to some degree can be
compensated by a suitable liquid and vapour distribution. Controlling the
superheat out of the individual channels to be equal, results in a cooling
capacity very close to the optimum.

A sensitivity study considering parameter changes shows that the course of
the pressure gradient in the channel is significant, considering the magnitude
of the capacity reductions due to non-uniform liquid and vapour distribution
and non-uniform airflow. It is found that a large pressure gradient in the
first part of the channel is beneficial.






Resumé

Denne athandling omhandler numerisk modellering af strgmningsfordelinger
i en minikanalfordamper til luftkonditionering. Det undersgges, hvorledes
en ujevn fordeling af luftstrgmningen og en ujsevn fordeling af veaeske og
damp i indlgbsmanifolden pavirker kglemiddelfordelingen i de parallelle
kanaler. Endvidere undersgges, hvordan de ujesevne fordelinger pavirker for-
damperens kglekapacitet. Fordampermodellen er en endimensionel model,
der antager stationger strgmning.

Som testcase anvendes en fordamper bestaende af to parallelle multiport mi-
nikanaler, og der anvendes to forskellige kolemidler, R134a og R744 (CO2),
i simuleringerne.

Generelt viser resultaterne at reduktionen af kglekapaciteten pga. ujsevn
luftstrgmning eller ujeevn fordeling af veeske og damp er stgrre for R134a
end for CO3. En sammenligning af reduktionen af kglekapaciteten med
reduktionen af det areal, der er i bergring med kglemiddel i to-fase til-
stand viser, at kglekapaciteten reduceres betydelig mere end to-fase arealet,
safremt en ujeevn luftstromning er arsagen til kapacitetsreduktionen. Deri-
mod reduceres kolekapaciteten og to-fasearealet i naesten samme grad, nar
en ujeevn fordeling af veeske og damp i indlgbsmanifolden er arsagen til
kapacitetsreduktionen.

Kombineres ujeevn luftstrgmning og ujeevn fordeling af vaeske og damp, ses
at en ujeevn luftstromning til en hvis grad kan kompenseres ved en passende
ujeevn fordeling af vaeske og damp. Styres overhedningen i de enkelte kanaler
til at veere ens, opnas en kolekapacitet, der er meget teet pa optimum.

Et studie af fglsomheden overfor parametervariationer viser, at forlgbet af
trykgradienten i kanalerne har veesentlig betydning for hvor store kapacitets-
reduktionerne pga. ujsevne fordelinger af vaeske og damp i indlgbsmanifolden
og af luftstrgmmen vil vaere. En hgj gradient i den fgrste del af kanalerne
viser sig at veere hensigtsmaessig.
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Nomenclature

Roman

A area (m?)

c heat capacity rate (J s7!K™1)

Cp specific heat (J kg7 1K)

D diameter (m)

F enhancement factor

f friction factor (-)

f maldistribution parameter (-)

G mass flux (kg s~'m~2)

g gravitational acceleration (m s=2)
h enthalpy (J/kg)

h heat transfer coefficient (W m—2K~1)
i enthalpy of moist air (J/kg)

k thermal conductivity (W m=1K~!)
L channel length (m)

m mass flow rate (kg s™1)

NTU number of transfer units

P perimeter (m)

D pressure (bar)

Pr Prandtl number

Q heat transfer rate (W)
q" heat flux (W m~2)



xiv Nomenclature
T latent heat of vaporization (J/kg)
R relative residual

Re Reynolds number

RH  relative humidity

S suppression factor

T temperature (°C)

U air velocity (m s™1)

u velocity (m s~1)

UA  overall heat transfer coefficient (W K1)
w humidity ratio (kg/kg)

T quality

z axial coordinate (m)

Greek

€ effectiveness

1o surface efficiency

i dynamic viscosity (kg m~!s™!)

density (kg m~3)

o surface tension (N/m)

T shear stress (N m~2)

0 angle of inclination (°)
Subscripts

0 at reference temperature 0°C

1,2 referring to channel number
a air side

ac acceleration

acc accurate

conv convective boiling

dew dew point

dry  dry wall condition

fr friction

g gas

gr gravitaion



Nomenclature

h hydraulic diameter
in inlet

l liquid

lat latent

max maximum
mean mean value
min  minimum

NB  nucleate boiling
out  outlet

r refrigerant side
rat ratio

S saturation

sh superheat

SP single phase
sen sensitive

TP  two-phase

th threshold

tot total

U maldistribution of air velocity
v vapour

w wall

14w property of mixture per kg dry air

T maldistribution of inlet quality






Chapter 1

Introduction

In recent years compact refrigeration systems with low refrigerant charges
have become more and more popular. For many applications, especially
for mobile or unitary applications, compactness and weight is an important
design issue. Increasing compactness is usually accompanied by material
savings that lead to cost reductions. Low refrigerant charges help reduc-
ing the system weight, and are furthermore interesting due to safety and
legislative issues (Kandlikar, 2007; Falm, 2007).

The most commonly used refrigerants today are HFC-type refrigerants.
These refrigerants do not deplete the ozone layer, but still they are green-
house gases, typically having a global warming potential more than 1000
times larger than COy (McMullan, 2002). In Europe the use of HFC-type
refrigerants is subject to legislative restrictions in order to reduce their use.
In Denmark levies are imposed on HFC-type refrigerants and since 2007 it
is forbidden to build new systems containing a refrigerant charge of more
than 10 kg HFC-type refrigerant. All of this encourages the development of
minimum charge systems.

One solution in the design of compact, minimum charge systems is to use
minichannel heat exchangers. These aluminium braced heat exchangers
have channel sizes in the range of 1 mm, and the internal volume is much
smaller than in a conventional fin and tube coil.

Also during the last two decades COgy has had a revival as a refrigerant,
because of its favourable environmental properties. However, using CO» as
a refrigerant requires high working pressures, which means that the heat
exchangers have to be able to handle the high pressures. Minichannel heat
exchangers are a popular choice for the design of compact and environmen-
tally friendly refrigerant systems using CO» as refrigerant.
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1.1 Minichannel heat exchangers

A typical minichannel heat exchanger employs flat extruded aluminium
tubes with several small, rectangular or circular passages. These passages
usually have a hydraulic diameter in a range of 0.5-2.5 mm. The smallest
sizes below 1 mm are primarily used for condensers, while passage sizes
of 1-2.5 mm are also used for evaporators. However, when using CO3 as
refrigerant smaller sized channels are used for evaporators as well.

Minichannel heat exchangers are typically used as refrigerant-to-air heat
exchangers and on the air side folded, louvred fins connect the minichannel
tubes. In order to reduce pressure drop in the small refrigerant passages, a
minichannel heat exchanger typically consists of several parallel tubes that
are connected by manifolds. The length of the tubes and the number of
tubes in parallel depend on the refrigerant and on the operating conditions.
Figure 1.1 s@s pictures of parts of minichannel heat exchangers.

Figure 1.1: Pictures showing parts of minichannel heat exchangers. The distance
between two multiport tubes is typically around 1 cm.
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1.1.1 Micro- vs. minichannel

In the literature these heat exchangers are sometimes called microchannel
heat exchangers. The classification of the channel sizes that define whether
a channel is a macro-, mini- or a microchannel is ambiguous, and the term
microchannel is often used for channels of the same sizes as the channels
described above. Different criteria have been proposed in the literature to
classify the different types. Some are based on flow phenomena and others
on applications. Furthermore some researchers discuss all three kinds of
channels, while others only consider one transition between macro- and mi-
crochanrnels. Kandlhkar and Grande (2003) propose a threshold of 3 mm
between macro- and minichannels and 0.20 mm between mini- and mi-
crochannels. Kew and Cornwell (1997) define only one threshold based
on the confinement of a bubble in the channel. According to their definition
a channel is a microchannel, when the channel diameter is below a critical
value depending on fluid properties, given by

where o is surface tension, g is gravitational acceleration and p; and p,
are liquid and vapour densities. Figugie 1.2 from Thome (2006), compares
the transition thresholds defined by Kandlikar and Grande and Kew and
Cornwell for COs and water as a function of reduced pressures. It is seen,
that the threshold defined by Kew and Cornwell can differ by more than a
factor of two, even for the same fluid.

e

Kandlikar and Grande

1] \l\

i
|

!
-
;;/ }\‘\\coz
- Kewand Cornwell \ \

ATER

ra

threshold diameter {mm)

0 0.2 04 06 08
reduced pressure

Figure 1.2: Different thresholds between macro-, mini- and microchannels. Figure
JI:IU'IIL ThU'IILC (2006).

In the present study we follow the classification proposed by Kandlikar and
Grande (2003). According to their definition the channels typically used for
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the heat exchangers considered in the present study fall into the minichannel
category.

1.2 The maldistribution problem

One of the main challenges in minichannel heat exchangers is to ensure a
uniform refrigerant distribution. Especially for the evaporator the distribu-
tion of the flow into the parallel channels is a challenge (Kandiikar, 2007:
Kim et al., 2004), since the refrigerant is usually in a two-phase condition
at the inlet to the evaporator. The design of the distribution manifold plays
an important role in how the liquid and vapour distribute in the manifold.
Especially if the liquid is not uniformly distributed and some channels re-
ceive mainly vapour, the heat exchanger area is not utilised optimally, which
affects the evaporator capacity.

One way to illustrate the refrigerant distribution in minichannel evapora-
tors in practice, is to use infrared pictures of an evaporator that show the
distribution of the superheated area. Figure 1.3 fj Elbe! and Hrnjak
(2004) shows a minichannel evaporator with clearly uneven distribution of
the superheated area. Uneven superheated zones might result in capacity
reductions of the evaporator. If large superheat is found in some regions,
while liquid refrigerant exits the evaporator in other regions, mixing in the
manifold determines the evaporator outlet conditions. The liquid that is
evaporated by the mixing does not contribute optimally to the cooling ca-
pacity. Therefore reductions in the cooling capacity are expected if the
superheat is not distributed uniformly.

Figure 1.3: Unevenly distributed superheat in a minichannel evaporator. Figure
from Elbel und fi '/bjw;s, (/200 )).

Furthermore the distribution of the airflow may influence the evaporator
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performance. If the heat load is higher on some of the parallel channels
the refrigerant evaporates faster in these channels. The superheated regions
will thus be non-uniformly distributed in case of non-uniform airflow. Faster
evaporation in some of the channels also affects the pressure gradient in the
channels such that the refrigerant mass flow distribution might be affected
too by the airflow distribution.

1.2.1 Literature review

Maldistribution in heat exchangers has been a topic of interest for many
years. Mueller and Chiou (1988) discuss different types of maldistribution
and their causes for both single-phase and two-phase heat exchangers. They
categorise the main causes of maldistribution into four categories, being:

mechanical causes due to header design

self-induced maldistribution due to the heat transfer process itself

two-phase flow distribution; gas-liquid separation and two-phase flow
instabilities

fouling and/or corrosion

Causes of maldistribution are performance deteriorations and material dam-
age due to high thermal stresses and large temperature differences.

Kitto and Robertson (1989) point out that maldistribution is especially
critical n heat exchangers with two-phase flow inlet conditions, and that
there is a continued need for research in this area. Furthermore it is stated
that airflow maldistribution in air cooled heat exchangers can be a prob-
lem, especially if the non-uniform airflow leads to maldistribution of the
refrigerant.

The effect of airflow maldistribution on the evaporator performance has
also been considerec by Domanski (1991). This study presents a simulation
model, which is used to model a finned tube evaporator. The modelled
evaporator is exposed to different airflow distributions and the resulting re-
frigerant distribution into the different circuits is calculated by the model.
It is shown that non-uniform airflow distribution affects the refrigerant dis-
tribution. For increasing maldistribution of the airflow the evaporator ca-
pacity decreases, and this capacity reduction is associated with the uneven
refrigerant superheat at the outlet of the different circuits. The model is
verified against an experimeatal study by Chwalowski et al. (1989), which
also considers the effects of non-uniform airflow on the performance of an
evaporator coil.
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Kirby et al. (1998) performed experiments on the evaporator of a 5 kW
window air conditioner. The results show that the effects of airflow non-
uniformity are small under a wide range of working conditions. It is fur-
thermore found that no significant maldistribution of the refrigerant is in-
duced by the non-uniform airflow. It is concluded that effective circuiting
strategies are important in evaporator design in order to eliminate effects
of non-uniform airflow on the refrigerant distribution in finned tube evapo-
rators.

Payne and Domanski (2003) experimentally and numerically studied three
different R22 finned tube evaporators, each having three parallel circuits.
The three circuits were not interlaced, such that the air velocity flowing
across one circuit was not necessarily the same as across one of the other
circuits. The evaporator was placed in a system with a variable speed
compressor such that the refrigerant mass flow rate could be controlled.
Furthermore each circuit was connected to its own expansion device such
that the superheat out of the individual circuits could be controlled. It
is shown that capacity reductions due to airflow maldistribution could be
recovered within a few percent if the superheat out of each circuit was
controlled to be equal. The more non-uniform the airflow was, the larger
was the benefit of controlling the individual superheat.

Considering minichannel heat exchangers a number of studies have been
performed, where the majority focuses on the manifolds. Phase separation
in manifolds and the distribution of liquid and vapour depending on mani-
fold diameter, inlet quality, mass flow rate and heat load have been studied
using refrigerant R134a and COg in Vist and Pettersen (2004; 2003). The
results showed severe maldistribution of the liquid and vapour phases. The
manifolds were horizontally oriented. For upwards evaporating refrigerant
flow the liquid tended to flow into the tubes far away from the manifold
inlet, while for downwards evaporation the liquid distributed rauch easier
into the tubes close to the manifold inlet. Hwang et al. (2007) presented
a similar study using R410a as refrigerant and concluded that the liquid
distribution could be improved when locating the inlet to the manifold in
the middle of the manifold instead of at the end. However, a fully uniform

Hrnjak (2004) discusses a few solutions that could either help to avoid phase
separation or benefit from it by designing devices, which can distribute lig-
uid and vapour separately. It is however pointed out, the presented soluticns
are not directly suitable for minichannel heat exchangers. Webb et al. (2005)
studied the patent literature and found that many different solutions exist
that should help to provide a uniform distribution of liquid and vapour in
minichannel heat exchangers. These solutions include both installed objects
such as weirs, inserts or throttle plates and special distributor devices, which
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locally feed the fluid into the branch tubes. The shortcomings of most of
these solutions are that they were empirically designed for certain fluids and
operating conditions.

Another solution to avoid maldistribution due to phase separation is pro-
posed in Elbel and Hrnjak (2004). The study presents a system using flash
gas removal such that only liquid enters the evaporator, while the gas by-
passes the evaporator. The system was compared to a similar system using
direct expansion. Infrared pictures of the evaporator showed clearly more
uniformly distributed superheat for the system with flash gas removal. The
system performance was also better when using flash gas bypass.

Kulkarni et al. (2004) discuss maldistribution in minichannel heat exchang-
ers occurring due to pressure drop in the manifold. A simulation model
was used to investigate how refrigerant maldistribution occurring due to
pressure drop in the manifold affects the cooling capacity. If the pressure
drop in the manifold is large compared to the pressure drop in the tubes,
maldistribution of refrigerant will occur. It was concluded that if the mani-
fold pressure drop was limited to approximately 10% of the in tube pressure
drop, the capacity was reduced by less that 5%.

Recently, Kim et al. (2009a; 2009b) presented a numerical study of the
effects of void fraction maldistribution, feeder tube blockages and airflow
non-uniformity on the performance of a five circuit, finned tube evaporator
using R410A as refrigerant. The above mentioned non-uniformities were
imposed such that the evaporator was divided into two sections. Two and
three circuits thus worked under the same conditions, respectively. Signif-
icant reductions in cooling capacity and COP were found for airflow non-
uniformity and refrigerant maldistribution due to both maldistribution of
the inlet void fraction and feeder tube blockages. It was furthermore shown
that the losses in cooling capacity and COP could be mostly recovered by
controlling the individual superheat of the different passes.

As can be seen from the above presented literature, many different aspects
of the maldistribution phenomena have been studied. Most of these studies
have been performed on the basis of understanding the phenomena that
govern the refrigerant distribution. Since still not all aspects considering
maldistribution are fully understood, the basis for this thesis is precisely to
contribute to the understanding of these phenomena.
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1.3 Thesis statement

Non-uniform distribution of the liquid and vapour in the inlet manifold of
a minichannel evaporator as well as non-uniform airflow distribution affect
the performance of the evaporator in a refrigeration system. One solution
to eliminate the effects of maldistribution of the liquid or maldistribution of
the airflow is to increase the size of the heat exchanger. However, this is not
compatible with the goals of increasing compactness and decreasing refrig-
erant charge that are two of the main design issues in todays development
of refrigeration systems.

In order to design minichannel evaporators that are less vulnerable to mal-
distribution, we first of all need to understand the mechanisms that deter-
mine the effects of maldistribution. The objective of the present study is
to gain understanding of the effects of two different maldistribution phe-
nomena (i): Non-uniform distribution of the liquid and vapour in the inlet
manifold and (ii): Non-uniform airflow distribution. The following questions
are sought to be answered:

e How do the effects of non-uniform distribution of the liquid and vapour
in the inlet manifold compare to the effects of airflow non-uniformity?

e Which parameters are determining the performance reductions due to
maldistribution?

e Can we predict the impacts of a non-uniform distribution of liquid
and vapour and non-uniform airflow?

e Which measures can help reducing problems occurring due to maldis-
tribution of the liquid and vapour or the airflow?

1.3.1 Method

In order to answer the above questions, a numerical study is performed. A
test case is defined based on a real system and the influence of non-uniform
liquid and vapour distribution and non-uniform airflow on the evaporator
performance is investigated by numerical simulation. Taking the test case
evaporator as a reference, a sensitivity study is carried out in order to de-
termine which parameters are decisive for the effects of maldistribution.

1.3.2 General delimitations

In the present study the evaporator is tested under ’stand alone’ conditions,
and not as a part of a total refrigeration system. The test case parameters
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are chosen such that the inlet condition of the refrigerant is kept constant
and the outlet condition is fixed by a constant superheat. The total mass
flow rate of refrigerant on the other hand can vary as a response when
imposing non-uniform liquid and vapour distribution or non-uniform airflow.
In a real system with a compressor running at constant speed, a change in
both mass flow rate, suction pressure and evaporator inlet quality would be
expected as a response to the non-uniform liquid and vapour distribution
or non-uniform airflow.

Furthermore, the present study focuses on the evaporation process, and the
maldistribution occurring only due to pressure changes in the evaporator
itself. The manifold geometry as well as pressure drop in the manifold
are not considered, although these can also cause maldistribution of the
refrigerant.

Lastly, the study is based on the assumption of steady state. Any problems
related to dynamics are hence not taken into consideration.

1.4 Thesis outline

The thesis is organized as follows:

Chapter 2 describes the evaporator model, which is used for the numerical
studies in this thesis. The main assumptions on which the model is build
are discussed and the model equations are presented.

Chapter 3 presents the results that are obtained using a test case evaporator.
The evaporator is exposed to both non-uniform distribution of the liquid
and vapour in the manifold and non-uniform airflow and a combination of
the two. The effects of maldistribution on the distribution of the refrigerant
mass flow rate and on the cooling capacity are considered.

Chapter 4 presents a sensitivity study. By performing several parameter
variations it is investigated which parameters are important for the effects
of maldistribution. As part of the sensitivity study a modified version of
the model is considered, which accounts for moist air.

Chapter 5 summarizes the main conclusions and gives an outlook for further
work.






Chapter 2

The evaporator model

This chapter describes the evaporator model that is used to investigate the
effects of airflow non-uniformity and maldistribution of the inlet quality
on the evaporator performance. First the one-dimensional single channel
model is presented. Next the parallel channel model is considered. A test
evaporator is defined and the model is validated. At last two different
modelling tools are compared.

2.1 The one-dimensional channel model

In order to build the evaporator model, a discretized model of a single
minichannel tube is created. First, we consider the refrigerant flow inside
one port of the minichannel. Since there is only one main flow direction it is
assumed that the flow can be considered one-dimensional. Figuge 2.1 shows
a sketch of a channel where the flow is partly in two-phase and partly in
single phase condition.

Two-phase Single-phase

flow — =
f— RTINS 1____@

— — x=1
F———= N I I {

Figure 2.1: FEvaporator channel discretised into several control volumes of length
Az.

In order to model the flow in the channel two main assumptions are made.
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Firstly, only steady state flow is considered and secondly, the two-phase flow
is considered to be homogeneous. It is thus assumed that the liquid and
vapour phases are well mixed and travelling at the same velocity. Further-
more thermodynamic equilibrium between the two phases is assumed.

The assumption of homogeneous two-phase flow simplifies the general equa-
tions for two-phase flow significantly, and several studies have shown, that
this assumption is adequate for two-phase flow in minichannels. Revellin
et al. (2006) investigated void fractions of evaporating R134a in a 0.5 mm
channel, and found that the measured void fractions compared reasonably
well with homogeneous values. Thome (2007, chep.20) shows that mea-
sured void fraction data from studies by Triplett et al. (1999), Serizawa
et al. (2002) and Chung and Kawaj (2004) are well predicted by the homo-
geneous model.

In the following the governing equations ensuring conservation of mass, mo-
mentum and energy are considered. In order to solve the governing equa-
tions the finite volume method is applied. The channel is thus discretised
into a number of volumes and the equations are integrated over each volume.

When integrating and solving the equations, different conditions may apply
depending on whether the flow is in two-phase or single phase condition.
Knowing the inlet conditions of a control volume the volume is declared
a two-phase volume or a single phase volume. In the transition between
two-phase flow and single phase flow there is one control volume, for which
the flow is in two-phase condition at the inlet and in single-phase condition
at the outlet. This control volume is in the calculations considered as a
two-phase volume, receiving some special treatment, however.

2.1.1 Conservation of mass

Considering a small control volume of a channel, having a constant cross
sectional area, A, and a length Az, as shown in figure 2.2, tlh_&lmass balance
for a steady state flow yields

d

(pAu) — (ﬁAﬁ)—i—%(ﬁAﬁ)Az =0 (2.1)

In the limit of Az — 0 we obtain the differential mass conservation equation

d

—(pAu) =0, 2.2

= (pAm) (22)
where p is the homogeneous density and @ is the mean velocity of the flow.
Integration of the continuity equation over a finite volume of the length Az
merely tells that

mout - mim (23)
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where the subscripts ’in” and ’out’ denote the conditions at the inlet and
outlet boundaries of a control volume.

Figure 2.2: Control volume for the mass balance.

2.1.2 Conservation of momentum

In F@e 2.3 the forces acting on the fluid in a control volume of length Az
are shown. Momentum changes occur due to the acting of pressure forces,
wall friction and gravitational forces.

Figure 2.3: Forces acting on the control volume.

The momentum balance is obtained by applying Newton’s law of motion to
the control volume

/ i(mﬂ)alz = —/ @Az dA—/ Twlz dP—/pgsin@Az dA
Az dz A dz P A
4
dp 1 . d
5 = ATwP + pgsinf + Gdz (a), (2.4)

where 7, is the mean wall stress for the homogeneous flow acting on the
perimeter, P, and G is the total mass flux. The three terms on the right
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hand of equation (2.4) pidp are three contributions to the overall pressure
drop: a frictional, a gravitational and a contribution due to acceleration of
the flow. The total pressure drop can hence be expressed as a combination
of these three contributions

(2)-(0), ()2, e

where the three terms according to equation (2.4) s

<3§>M _ Gdilz (@) (2.6)
<fl§>gr = pgsinf (2.7)
(jﬁ)ﬁ _ %Twp. (2.8)

In the following each of these contributions is considered separately.

Pressure drop due to acceleration

Whenever liquid is evaporated, the flow accelerates due to the changes in
density. Applying the continuity equation, the acceleration term, equation
(2.6),|-e_-a,11 be rewritten as

/Az (Z]zg)ac dz = G? /Azddz m dz. (2.9)

Performing the integration yields

Apac = G? <_1 - _1> (2.10)
Pout Pin

For single-phase flow the density changes are very small, and in this case

the pressure drop due to acceleration is neglected in the calculations. For

two-phase flow the homogeneous mean density can be written in terms of

equilibrium quality and the single-phase vapour and liquid densities (Collier

and Thome, 1994, chap.2)

Pg Pl

Inserting this into equation (2.10)@1 collecting the terms, the pressure
drop due to acceleration yields

Apac = G2 (xout - xin) (Mg) s (212)
Pg P

where p; and py are considered constant within a control volume. These den-
sities are evaluated at the centre of the control volume, where the pressure
is found as the mean between the inlet and outlet pressures.

1 T l1—=z
- = + .

(2.11)

AS)
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Gravitational pressure drop

The gravitational contribution to the overall pressure drop is

d
/ <p> dz —/ pg sinfdz (2.13)
AZ dZ gr AZ

For single-phase flow this integral is straightforward, since it is assumed
that the single-phase density is constant over the volume, again evaluated
at the centre of the control volume.

For two-phase flow equa@@.ll) is inserted into equa'@@.li%)

1 \"!
/ (dp) dz = g sind <x+ a:> dz (2.14)
Az \dZ ) g Az \ Py Pl

Since x is a function of z, this integral can only be solved if the connection
between these two variables is known. Assuming constant heat flux over
the control volume, implies that the quality depends linearly on z and the
variation of x within a volume of length Az can be expressed as

Tout — Lin
T = T —_—2. 2.15
nt A (2.15)
Inserting this into equatien (2.14) and solving the integral leads to the
gravitational pressure drop over the control volume
1 11
inf A *+<*_*>xout
Apy = gEnT of In [ 2o 2 (2.16)
L L) (2o — o) Lo (L 1),
Pa Pl out n Pl pg P )M

Frictional pressure drop

Even with the simplifications of the homogeneous equilibrium model the
frictional pressure gradient cannot be integrated as easily as the two previ-
ously considered terms, since the wall shear stress is unknown.

For single-phase flow, the wall shear stress is commonly expressed in terms
of a friction factor, such that

=t (), )

where f is a dimensionless friction factor. Inserting this into equa‘fﬁ (2.8)

yields
dp 1 fP (pu’
=) = Z,P=1"1(5"). 2.1
(dz>fr A" A <2 (2.18)
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Integrating the frictional pressure gradient over a control volume of length
Az yields the frictional contribution to the pressure drop in this control
volume

fP (pu’
A = — | — | Az 2.1
Dfr A 2 z ( 9)

For laminar flow in a circular channel it can be analytically shown that
f = 16/Re (Fox and McDonald, 1998, chep.8), while for turbulent flow
an empirical correlation has to be applied. For turbulent flow the Blasuis
correlation for smooth tubes (Fox and McDonald, 1998, chap.8) is applied
to calculate the single-phase friction factor in this model

£ =0.0791 ( (2.20)

The Blasius correlation was developed for conventional channel sizes, how-
ever several studies have shown, that the correlation predicts well for single-
phase flow in minichannels too (Celata et al., 2009; Caney et al., 2007).

For two-phase flow many different types of correlations exist to model the
frictional pressure drop. For the present evaporator model, the Miiller-
Steinhagen and Heck (1986) correlation is chosen to model the trictional
pressure gradient. Reveliin et al. (2006) corapared a wide range of pressure
drop correlations, developed for both small channels and conventional chan-
nels, against experimental data of evaporating R134a in small channels. It
was found that the Miiller-Steinhagen and Heck (1986) correlation best pre-
dicted the data. For calculating frictional pressure drop of evaporating CO-
in minichannels, many different correlations have been proposed in the lit-
erature, where the Miiller-Steinhagen and Heck (1986) correlation is one of
them. In chapter 4 thetfensitivity of the results on the choice of correlation
is investigated.

Adding the three contributions gives us the total pressure drop over one
control volume

Ap = Apac+ Apg + Apg, (2.21)

where the three terms on the right hand side are given by equations (2.12)
(2.16 (2.19 order to perform the calculation the inlet state an
exit quality (or enthalpy) have to be known. The exit quality is an output
from the heat transfer calculations, which are considered in the following.

2.1.3 Conservation of energy

Figure 2.4 s a control volume for the heat transfer calculations. The
heat transfer to each of the ports in the minichannel is considered equal.
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mr ,Pins hin

Figure 2.4: Control volume for heat transfer calculations.

Applying the first law of thermodynamics to the refrigerant side of the
control volume, still assuming steady state flow and furthermore neglecting
changes in kinetic and potential energy, yields

Q = Ty (hout - hin) 5 (222)

@ is the total heat transfer rate to the volume, i.e. the cooling capacity of
the volume, and 1, is the total mass flow rate of refrigerant flowing in all
ports. Assuming @ to be known, this equation defines the refrigerant outlet
enthalpy, which is needed in the pressure drop calculations. Conversion be-
tween the outlet enthalpy and quality is done using the definition of quality,
such that

A= B (2.23)

r
where r is the latent heat of vaporization.

Another energy balance can be formulated for the airside of the evaporator,
where the air is considered to be dry

Q = Mg Cp,a (Ta,in - a,out) . (224)

Since the air outlet temperature is unknown, an additional equation is
needed in order to solve the equations. This equation is given by apply-
ing the effectiveness-NTU method (incropera and DeWitt, 2002, chap.11).
The heat transfer between the air and the refrigerant is calculated using a
heat exchanger effectiveness

Q = € Cnin (Ta,in - Tr,in) ) (225)
where Ch, is the minimum heat capacity rate, given by

Crmin = min{ (1, ¢pr), (Mg cpa)} - (2.26)
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Usually the airside heat capacity rate will be the smallest of the two. The
effectiveness, €, defined as the ratio of the actually transferred heat to the
maximum possible heat transfer rate, is a function of the heat capacity ratio
and the number of transfer units, NTU. The heat capacity ratio and the
NTU are defined as

A
Crat = Cmin/Cmax and NTU = v ) (227)

min

where UA is the overall heat transfer coefficient.

How the effectiveness relates to the heat capacity ratio and the number of
transfer units depends on the geometry and whether phase changes occur
or not. For an evaporator control volume with two phase flow, the capac-
ity ratio is close to zero and the effectiveness is defined as (Incropera and
DeWitt, 2002, chap.11)

e=1—exp(—NTU) (2.28)

For single-phase refrigerant the relation for cross flow and both fluids un-
mixed is applied (Incropera and DeWitt, 2002, chap.11)

e=1—exp [( 01 ) NTU?2 (exp (—Cray NTU*™®) — 1) (2.29)
rat

In order to calculate NTU the overall heat transfer coefficient, UA, must be
calculated. This is defined as

A B
UA  nohaAa | By A,

(2.30)

where the conduction resistance of the wall and potential fouling has been
neglected. The surface efficiency of the finned air side surface is calculated
using a fin efficiency for straight rectangular fins (Incrcpera and DeWitt,
2002, chap?2).

Local heat transfer coefficients

The air and refrigerant side local heat transfer coefficients are found from
empirical correlations. The air side heat transfer coefficient is calculated
from a correlation for louvred fins proposed by Kim and Builard {2002),
where

he = f (Uq, T,, geometry,T,,). (2.31)

However, h, is only a very weak function of the surface temperature, which
actually only enters for evaluating fluid properties at the film temperature.
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For a test evaporator outlined Eable 2.1 the air side heat transfer co-
efficient varies less than 0.5% when varying the surface temperature from
5-40°C. In the calculation of the air side heat transfer coefficient a constant
surface temperature is therefore assumed.

For two-phase flow the refrigerant side heat transfer coefficient is calculated
from a correlation proposed by Bertsch et al. (2009), which was developed for
boiling in small channels based on a large database of experimental results
using many different refrigerants. The correlation follows the basic form of
the classical Chen correlation for boiling in conventional channels (Chen,
1966), where the two-phase heat transfer coefficient has two contributions

htp = hng * S + heony * F) (2.32)

where S is a suppression factor accounting for the supression of the nucleate
boiling heat transfer coefficient at higher qualities, and F' is an enhancement
factor that is one for pure liquid and pure gas and otherwise greater than
one, accounting for the increased convective heat transfer in two-phase flow
compared to single-phase flow. Applying the Bertsch et al. '2009) correla-
tion, the heat transfer coefficient is a function of the following variables

htp = f (z,p, G, Dy, channel length,q”), (2.33)

where the pressure and quality are evaluated at the control volume centre,
found as the mean between the inlet and outlet conditions.

For single-phase flow the refrigerant side heat transfer coefficient is calcu-
lated applying the Gnieliaski (1976) correlation,

g (%) (Re—1000) Pr
Dn 14127 (g) <Pr2/3 —1)

hsp

where k is the thermal conductivity of the gas and with the friction factor,
f, calculated as

f = (0.7901n (Re) — 1.64) (2.37)

The transition between the two-phase heat transfer coefficient and the single-
phase heat transfer coefficient is not smooth, when the above equations are
applied. In fact, the heat transfer coefficient calculated from the two-phase
correlation gets lower than the single-phase heat transfer coefficient at high
qualities. In reality a smooth transition would be expected, and numeri-
cally a smooth transition is also preferable, therefore a transition function
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is applied when the quality comes close to 1. The heat transfer coefficient
is calculated as a weighted mean of the two-phase heat transfer coefficient
and the single-phase heat transfer coefficient at saturated conditions

hrp = (1 —W)hrpBertsch + W hsp z=1 (2.38)

1 z—0.9
where W = 3 (tanh( 003 >+1> (2.39)

For x > 0.98 the two-phase heat transfer coefficient, ATp Bertsch, 15 kept
constant at the value calculated for x = 0.98. This is done because the heat
transfer coefficient gets close to zero in this region, and the single-phase
heat transfer coefficient is the dominating term anyway, when calculating
hrp.

By solving these equations the outlet conditions of the refrigerant and air
side (where air side pressure drop is neglected) as well as the cooling capacity
of the control volume are found. The refrigerant outlet state of one volume
is then used as inlet state for the following control volume. The total cooling
capacity of the channels is found by summation of contributions from the
different volumes.

2.1.4 Handling the transition volume

If the refrigerant at the outlet of the channel is superheated there will be
one control volume, in which the refrigerant condition changes from two-
phase to single-phase. In general this volume is considered as a two-phase
volume, i.e. the equations for two-phase conditions are applied. However,
the refrigerant flow might be in single-phase condition at the centre, and is
for sure at the outlet, and this generates problems in the calculations.

In order to calculate the frictional pressure gradient zoy = 1 is used. It
is assumed that the error associated with this assumption is small. For
calculating the two other contributions, no special arrangements are made.
Since the quality is calculated solely based on the enthalpies, there is no
problem if x4yt is larger than one. Likewise the difference (zout — zin) is not
affected by the fact that x,y is larger than one.

Calculating the refrigerant side heat transfer coefficient does not give any
problems if x > 1, the value calculated from the correlation is calculated at
x = 0.98 in this case, as mentioned above. The only difference regarding the
heat transfer calculations for this volume is that the temperatures at the
outlet, and if necessary also at the centre, are evaluated from the enthalpy
and pressure, instead of just from the pressure.
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2.2 Modelling parallel channels

In order to model two minichannels in parallel, the single channel models
are connected through manifolds. Since the focus in this study is on the
evaporator channels, and not on the manifolds, these are modelled in a very
simple way. The two main assumptions made on the manifold level are:

e No pressure drop in the manifold.

e No heat transfer in the manifold.

The inlet manifold thus simply divides the mass flow rate, while the out-
let manifold mixes the two flows from the single channel models. Since
no pressure loss is assumed in the manifolds the pressure drop over each
minichannel has to be equal

Apl = Apg. (240)
This equation connects the channels together with conservation of mass
Mmf = 1M + M2, (2.41)

where the distribution of the mass flow rate in the different channels is
determined by the requirement of equal pressure drop over the channels.

The distribution of the liquid and vapour into the different channels is not
determined by the model, this has to be given as an input. However, an
energy balance over the manifold ensures that the total mass flow rates of
liquid and vapour are conserved such that

Mt Tmf = ™M1 T1 + Mo Ta. (2.42)

During investigation of non-uniform airflow, the quality at the inlet of both
channels is the same. When investigating the effects of a non-uniform dis-
tribution of the liquid and vapour, the quality into one of the channels is
decreased while the quality into the other channel is found from equation

—(242).
At the outlet manifold an energy balance is used to calculate the state out
of the evaporator after mixing of the two flows

Mnf hmf,out =1y h1 + Mg ho. (243)

Figure 2.5 shows an overview over the model inputs and outputs. It is seen
that the total mass flow rate is not given as an input to the model, instead
the total, mixed superheat out of the evaporator is given. In a refrigera-
tion system controlled by a thermostatic expansion valve the superheat will
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usually be the parameter that determines the mass flow rates of refrigerant
through the valve. Both the total mass flow rate and the distribution of
the mass flow rate are thus calculated from the model. The pressure drop
across any tube depends on the mass flow rate, inlet quality and heat load,
thus almost all model equations depend on each other. This is illustrated
in the model flowchart shown in ﬁguﬁﬁ. The flowchart shows the top
layer of the model, while the governing equations for each control volume
are solved in the box indicated as procedure HX _volume.

(a) Inputs

Sy L e 1)

Pin, Xin 1, T ATSh
Uy, T

(b) Outputs

Q
r'n1 . 1 hout1
O T 1 ey i
Mot pout, hout
s -,
Y
Q,

Figure 2.5: Schematic overview with (a) inputs and (b) outputs to the model.

2.3 Modelling tools

In order to solve the model equations, the model is implemented using two
different modelling tools. Both modelling tools are implemented in equation
solvers, and both tools are designed for solving models of thermodynamic
processes.

2.3.1 Engineering Equation Solver

Engineering Equation Solver (EES. 2007), is developed for numerically solv-
ing systems of algebraic equations, but it is also possible to solve differen-
tial equations. Using EES the model is written as mathematical equations



2.3 Modelling tools 23

Define geometry

Initialize:

- pressure and quality at inlet,
- airside T, p, velocity

- total mixed superheat out

i

{ Guess: Total mass flow rate J

N Guess: Distribution of mass flow rate J

3 3
Calc. airside heat transfer Calc. airside heat transfer
coefficient and fin coefficient and fin
efficiency for channel 1 efficiency for channel 2

For all volumes

Guess: states at next volume Guess: states at next volume
mid- and endpoint in channel 1 mid- and endpoint in channel 2

‘ CALL procedure ]

CALL procedure
HX_volume

HX_volume

Are
the two outlet
pressures

Calc. outlet superheat based on mass flow
rate distribution and outlet states.

superheat calc:

no

superheat
qive

yes

Figure 2.6: Flowchart of the model equations. The pressure drop and heat transfer
calculations are performed inside the procedure HX _volume.
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in a very free form where the equations may be arranged in according to
the user’s preferences. Pascal-like functions and procedures may be imple-
mented. For the numerical solution the equations are blocked, and each
block is solved using a Newton-Raphson method. Convergence of the solu-
tion is reached as soon as the relative residuals are smaller than a specified
value. Thermodynamic and thermophysical properties of a large number of
fluids can be found using built in functions that call equations of state.

2.3.2 WinDali

WinDali (Skovrup, 2005) is a modelling and simulation software that solves
systems of ordinary differential equations (ODE’s) or algebraic equations
(AE’s). The software comprises of two parts, a model editor, which is an
extended version of the Free Pascal Editor (Skovrup, 2003), and a simulation
program that reads the compiled model and solves the equations. All static
equations that are part of the iterations need to be formulated as residual
equations. The algebraic equations are solved using a modified Newton
iteration scheme. Otherwise, the software has the same main properties as
EES, i.e. functions with thermodynamic properties are a built-in part, and
it is possible to include procedures and functions.

2.4 The test evaporator

In order to investigate the influence of non-uniform airflow and inlet qual-
ities on the evaporator performance, a test case is defined. For simplicity
reasons the test case evaporator consists of only two minichannels in par-
allel. Although calculations are performed for only two minichannels, the
results could represent an evaporator with many more parallel channels,
where e.g. the velocity of the air is constant over each half but varying be-
tween the two halves. In that case the two channels represent a worst case
scenario considering non-uniform distribution of the airflow. Considering
non-uniform distribution of liquid and vapour in the inlet manifold the two
channels can be representative for more channels to some extend. However,
the distribution of liquid and vapour can vary significantly more if the evap-
orator has more than two channels, why in this case the investigation of two
channels does not necessarily represent a worst case.

The channels are oriented vertically with the refrigerant flowing in the up-
wards direction. The parameters chosen for the test case evaporator are
based on a real evaporator for a small air-conditioning system. The pa-
rameters describing the modelled evaporator geometry as well as the flow
parameters for the test case are summarized in table 2.1. ﬁeen from the
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table two different refrigerants, R134a and CO4 are applied. The real evap-
orator, on which the test case evaporator is based is working with R134a,
and in practice a COq evaporator would be designed differently. However,
using CO2 in the test evaporator provides interesting results, and in the
numerical experiment the practical problems are not present.

Evaporator geometry

Tube length 0.47 m
Number of ports in one tube 11
Cross section of one port 0.8x1.2mm
Flow depth 16 mm
Gap between two microchannels 8 mm
Fin pitch 727m™!
Fin thickness 0.13 mm
Tube width 1.2 mm
Louvre length 6.0 mm
Louvre pitch 1.0 mm
Louvre angle 20 deg
Airflow parameters

Air temperature 35°C
Air velocity 1.6 m/s
Refrigerant parameters

Refrigerants CO2, R134a
Evaporation temperature 7.4°C
Quality at manifold inlet 0.3
Total superheat 6 K

Table 2.1: Parameters defining the test case.

2.5 Model accuracy

2.5.1 Accuracy considering discretisation

In order to determine an adequate discretisation of the channel, solutions
are found for a single minichannel of the test evaporator with different
discretisations, using COs as refrigerant. Three variables are chosen to
calculate the errors connected to the discetisation: the cooling capacity of
the channel, the mass flow rate and the pressure drop. Solutions are found
using 12, 24, 47 and 94 volumes. Since we have no analytical solution for
comparison, the solutions are compared to a numerical solution found using
a even more fine-graded discretisation - using 188 control volumes. For each
of the solutions the three variables mentioned above are compared to the
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fine solution and the relative error is calculated as
Q - Qﬁne

fine

rel.error = (2.44)
for the cooling capacity, and likewise for the two other variables. Figure 2.7
shows the relative error of the three variables as a function of the number of
volumes on a logarithmic scale. It is seen that the relative error decreases
with decreasing volume size, which indicates that the solution converges.
For all further calculations a discretisation of the channel into 47 volumes
has been chosen, where the relative error due to discretization is in the order
of 0.01%.
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Figure 2.7: Relative error of the cooling capacity, the mass flow rate and the
pressure drop as a function of the number of volumes for discretisation of one
channel.

2.5.2 Accuracy considering relative residuals

For both modelling tools a stop criterion for the Newton-Raphson iterations
needs to be given. For both EES and WinDali this criterion is given by set-
ting the maximum allowable relative residual. The accuracy of the solution
increases with decreased residuals, but so does the solution time, therefore
a suitable stop criterion has to be found.

Using the test evaporator and solving the model for one minichannel tube
with COq as refrigerant solutions are found for different stopping criteria.
A relative error of the solution at a given stopping criterion is found by
comparing the solutions to a more accurate solution:

) , (2.45)

where y is a solution vector containing all static variables found by iteration,
and yacc is assumed to be the accurate solution. Since no analytical solution

Y — Yacc

yacc

Error = max (‘

—
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is available, y.cc is a numerical solution with a very small relative residual
requirement, R = 1078 is used for this solution.

In e 2.2 errors are summarized for the solution of the uniformly dis-
tributed case. For the Newton method quadratic convergence would be
expected, such that for each iteration step, the number of correct digits is
roughly doubled. This behavior is seen for the WinDali solutions. An ex-
tra iteration is performed when setting the maximum relative residual from
1073 to 10~4, while for the following solutions no extra iteration is needed
to fulfill the residual requirement. Using EES the behavior is different, here
the solution converges more slowly. A stop criterion of 10™* is chosen for
both modelling tools.

R 1073 10°% 10° 10°°
Error, EES 9.1e-3 2.7e-4 6.4e-5 6.8e-6
Error, WinDali 2.1e-3  3.9e-7 3.9e-7 3.9e-7

Table 2.2: Error for different stop criteria.

2.6 Model verification

The minichannel evaporator model is verified against results obtained using
the modelling software CoilDesigner {Jjiang et ai., 2006). This software is a
state-of-the-art modelling tool used for commercial heat exchanger design.
Since the software is not able to calculate refrigerant maldistribtution in
parallel channels, only the single channel model is considered. Again the
test case evaporator defined in seﬁn 2.1 is used.

In CoilDesigner a minichannel geometry is chosen and all geometry param-
eters are chosen to match the test case. For calculating the heat transfer
and pressure drop correlations need to be selected. On the air side and for
single-phase refrigerant, the same correlations are used for the CoilDesigner
model and the present model. For the two-phase heat transfer coefficient the
Bertsch et al. (2009) correlation is not available in CoilDesigner and neither
is the Miiiiier-Steinhagen and Fleck (1986) correlation for the frictional pres-
sure drop. Correlations presented by Jung and Radermacher (Jiang et al.,
2006) for both the heat transfer coefficient and the frictional pressure drop
are therefore applied in the CoilDesigner model.

The single channel model presented above is compared to the results given
by the CoilDesigner software and shows good agreement. In ‘Eaiﬂe 2.3 some
key parameters are summarized. The differences in the calculated cooling
capacities and mass flow rates are around 5% for COs and around 8% for
R134a. Since different correlations were used to achieve the results, these
differences are considered insignificant.
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COQ R134a

Model CoilDesigner | Model CoilDesigner
Heat transfer rate [W] | 141.7 149.1 136.6 148.1
Mass flow rate [g/s] 0.90 0.95 0.98 1.06

Table 2.3: Comparing key parameters calculated by the present model and the
simulation software CoilDesigner.

Figures 2.8 and 2.9 show the air outlet temperature and the refrigerant
temperature, as well as the pressure and refrigerant side heat transfer co-
efficient alongthe chammel. It is seen that the pressure development along
the channel is more or less the same for this model and the CoilDesinger
results. However, the refrigerant side heat transfer coefficient shows some
deviations. The correlation applied in the present model, accounts for dry-
out by suppressing the nucleate boiling at high qualities. This is not the
case in the CoilDesinger results, where the heat transfer coefficient stays
high until single-phase gas is reached. The different development of the re-
frigerant side heat transfer coefficient is also responsible for the differences
in the air outlet temperatures seen in figures 2.8(a) and 2.9(a), where the
air outlet temperature starts to increase, even though the refrigerant is still
in two-phase condition. We believe that the prese [Tt_jnof el is[Tmpre] in ac-
cordance with reality as it accounts for dryout. We find that the model is
verified.

(a) (b) (c)
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Figure 2.8: Comparing modelling results with COs as refrigerant to results ob-
tained using the simulation software CoilDesigner.

2.7 Comparison of the two modelling tools

The two modelling tools, EES and WinDali are compared by solving the
model with both of the tools. The geometry of the evaporator used for this
test is the same as the test evaporator presented in table 2.1. However, the
total superheat out of the evaporator is set to 0 K (saturated vapour) when
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Figure 2.9: Comparing modelling results with R134a as refrigerant to results
obtained using the simulation software CoilDesigner.

using COs as refrigerant. All other flow parameters are the same as for the
test evaporator. Furthermore, different correlationd—ade used to calculate
the two-phase refrigerant heat transfer coefficient than the one stated in
section 2.1. With R134a as refrigerant a correlation presented by Zhang
et al. (2004) was used, while when using COg2 as refrigerant a correlation
presented by Choi et al. (2007) was used. However. this does not have any

the two tools have been compared in Brix and Elmegaard (2009).

Figure 2.10 shows the local heat flux and the pressure along a single mi-
nichannel for R134a and COs. 1t is seen, that the solutions using EES
and WinDali do not totally coincide for neither of the refrigerants. These
dikerepancies occur because of differences in the thermophysical property
functions. However, the solutions are considered sufficiently identical to
compare the two tools.

When solving the parallel channel case, the most significant difference be-
tween the two modelling tools is the solution time. Applying a non-uniform
airflow distribution different solutions for two minichannels in parallel are
found, and figure 2.11 shows the time used for solutions. All calculations
were performed on the same personal computer, an Intel(R) Core(TM) 2
CPU, U7600@1.2 GHz and 2 GB of RAM. It was furthermore tested that
the solution timek were repeatable. At fiy = 1 the airflow is uniformly dis-
tributed and the solution to this case is used as initial guess for all other
solutions. For the equal distribution case WinDali solves the model 25 times
faster than EES for R134a and 40 times faster for COs. Changing the air-
flow distribution with increasing steps results in longer solution times. For
all other airflow distributions than uniform, WinDali solves the equations
more than 100 times faster than EES, in the order of 1-2 minutes, where
EES needs 2-3 hours.

When running the model both tools showed difficulties when performing
large parameter variations without adjusting the initial guesses, and no dif-
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Figure 2.10: Comparison of the local heat flux and pressure in the channel using

EES and WinDali as modelling tool.
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Figure 2.11: Time used to reach the solution when the solution of the uniform
distribution case (fu = 1) is used as guess values.
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ference between the two tools was found in this regard. Generally, WinDali
thus has some considerable advantages to EES, since it is much faster. How-
ever, on the implementation side EES has advantages. Implementation of
small models in EES is extremely easy and fast and it is also straightforward
to build up a larger model gradually, extending the model bit by bit. Using
WinDali the model structure is more locked.

When implementing the evaporator model discussed above, EES was used
for prototyping. For this purpose EES is an excellent tool. The final model
was then transferred to WinDali.
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2.8 Summary

In this chapter a description of the evaporator model is given. The main
assumptions are:

e The system is in steady state.
e The refrigerant flow is one-dimensional.

e The refrigerant flow is homogeneous and vapour and liquid are in
thermodynamic equilibrium.

e Heat conduction in the flow direction and between different tubes is
negligible.

e The air is dry.

e The manifolds are adiabatic and there is no pressure drop in the man-
ifolds.

Firstly, the model of a single minichannel is considered. The governing
equations are solved using the finite volume method. For calculation of
the frictional pressure drop and the local heat transfer coefficients empirical
correlations are applied and an overview of the chosen correlations is shown
in table 2.4. @rder to connect several single channels in parallel, continuity
and energy conservation equations are solved on the manifolds.

The final model is tested concerning accuracy in order to determine an ad-
equate discretisation and stopping criterion for the iterations. Furthermore
the model is verified against results obtained using the simulation software
CoilDesigner. At last two different modelling tools for solving the model
are compared.

Air side

Heat transfer coefficient Kim and Bullard (2002)
Two-phase region

Heat transfer coefficient Bertsch et al. (2009)

Frictional pressure drop Miiller-Stemhagen and Heck (1986)
single-phase region

Heat transfer coefficient Gnielinski (1976)

Frictional pressure drop Blasius (Fox and McDonald, 1998)

Table 2.4: Summary of correlations used to calculate heat transfer coefficients and
pressure drop.



Chapter 3

Distribution studies for two
channels in parallel

This chapter presents the main results found by modelling two channels in
parallel. First, the impact of the distribution of liquid and vapour in the
inlet manifold on the refrigerant distribution and cooling capacity is consid-
ered. Second, airflow non-uniformity is addressed, and at last a combination
of non-uniform airflow and non-uniform distribution of liquid and vapour is
considered. Parts of the results are also discussed mn Brix et al. '2009), Brix
and Elmegaard (2008) and Brix e al. (2010).

3.1 Distribution of liquid and vapour in the inlet
manifold

When entering the evaporator the mixture of liquid and vapour coming from
the expansion valve has to be distributed into the parallel minichannels of
the evaporator. A uniform distribution of especially the liquid is preferable,
since the heat exchanger area is not utilized ideally if some channels receive
only vapour. However, the distribution of liquid and vapour depends on the
geometry and the flow conditions in the manifold, and very often a uniform
distribution of the liquid cannot be achieved. For this reason it is interesting
to study how strongly a non-uniform distribution of the liquid and vapour
in the manifold affects the performance of the evaporator. In ﬁﬁe 3.1a
sketch of the two channels is shown.

As mentioned in the description of the model, the manifold is not modelled
in detail, and the distribution of liquid and vapour is thus simply given as
an input. In order to quantify the degree of maldistribution a distribution
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Figure 3.1: Sketch of the two channels.

parameter, f,, is defined as

Here x5 is the quality into channel 2. For increased maldistribution the
quality into channel 2 is decreased, while the manifold inlet quality, ¢, is
kept constant. For uniform distribution of the inlet quality f, = 1, while
for f, = 0 only liquid is fed into channel 2 and the remaining mixture of
liquid and vapour enters channel 1.

In figure 3.2 thedJocal UA-values and the local heat flux along the channels
is shown for 2 and R134a. The local UA-values depend on the air- and
refrigerant side areas and are calculated for each control volume. For each of
the three distributions of liquid and vapour imposed, f, =1, f, = 0.5 and
fz = 0, three curves are shown. Two curves show the local UA-values or
heat flux in each channel. The third, which is provided with markers, shows
the mean local value. The solid line with circular markers shows UA-values
or heat flux for a uniform distribution of liquid and vapour. In this case
there is no maldistribution and the three lines coincide.

As long as the refrigerant flow in the channels is not approaching dryout, the
local UA-values and the heat flux are relatively constant. When approaching
fully evaporated flow, the refrigerant side heat transfer coefficient begins to
decrease until it reaches the single-phase heat transfer coefficient. This
results in a decrease of the overall heat transfer coefficient. Meanwhile, the
temperature difference between the refrigerant and the air decreases as the
refrigerant is superheated, which results in the continued decrease of the
heat flux in the superheated zone that is seen in figures 3.2(m§.2(dﬁ::|
Additional graphs showing the refrigerant temperature, enthalpy;pressure

and heat transfer coefficients are shown in appendix A.2. ]
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Figure 3.2: Local UA-values and local heat fluz in the channels for (a+b) COs and
(c+d) R134a for different inlet quality distributions. The curves without markers
show the local values in each channel, while the curves provided with markers show
a local mean of the two channels.

Imposing non-uniform distribution of liquid and vapour corresponding to a
value of f, = 0.5 or f, = 0, does not change the heat flux significantly as
long as the refrigerant is in a two-phase condition. However, the refrigerant
flow in channel 1, which has a higher quality at the inlet, will reach dryout
earlier than in the uniform distributed case, while the refrigerant in channel
2 stays in two-phase condition further down the channel.

A comparison of the graphs for COo and R134a shows some significant
differences. For COs the total area of the evaporator containing two-phase
flow is more or less constant when imposing a non-uniform liquid and vapour
distribution. For R134a the refrigerant in channel 1, receiving less liquid,
evaporates very fast such that the area with two-phase flow decreases for
increased maldistribution of liquid and vapour. Consequently, the mean
heat flux is lower for increased maldistribution of the liquid and vapour
when using R134a and a capacity reduction is expected.

Another difference between the two refrigerants is the difference between
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the two-phase and the single-phase refrigerant side heat transfer coefficient.
This difference is smaller for CO2, which results in a smaller difference in
UA-values between two-phase and single-phase.

The different behaviour of CO9 and R134a seen in figure 3.2 cﬁe explained
by a different distribution of the mass flow rate into the two channels when
imposing a non-uniform distribution of the liquid and vapour. Figure 3.3
shows the mass flow rate in each of the channels as well as the total mass
flow rate as a function of f, for the two refrigerants.

For CO4 the mass flow rate in channel 1 increases and the mass flow rate in
channel 2 decreases for increased maldistribution of the liquid and vapour,
while the total mass flow rate stays more or less constant. For R134a the
total mass flow rate decreases in order to keep the superheat out of the evap-
orator at the specified value. The distribution of the mass flow rate is such
that channel 2 actually receives slightly more refrigerant than channel 1.

b
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Figure 3.3: Distribution of the mass flow rate into the two channels as a function
of the liquid and vapour distribution.

Now the question arises, how comes that the distribution of the mass flow
rate is so different for the two refrigerants? The answer lies in the different
development of the pressure gradient and hence pressure drop. Figure 3.4
shows the three contributions to the pressure gradient as well as the total
pressure gradient along a single channel for COy and R134a. Using R134a
the frictional contribution to the pressure gradient is clearly the most domi-
nant. For COsq, which has a higher density and lower viscosity, the frictional
contribution is much lower, while the gravitational contribution is consid-
erably higher than for R134a, especially in the part of the channel where
most of the refrigerant is in liquid condition.

In figure 3.5 the solid lines show the pressure drop in a single minichannel
as a function ﬁhe inlet quality for different mass flow rates. Furthermore
triangular and circular markers show the pressure drop that is calculated for
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Figure 3.5: Pressure drop in a single minichannel as a function of the inlet quality
for different mass flow rates. The triangular and circular markers show the pressure
drop that is calculated for different distributions of the liquid and vapour in channel
1 and 2 respectively.

different liquid distributions in channel 1 and 2, respectively. The markers
set at z;, = 0.3 coincide and show the case for uniform distribution of the
liquid and vapour. Moving away from this point shows the pressure drop
for decreasing f,. The solid lines show that for CO2 the pressure drop in
a single channel increases when decreasing the inlet quality. This is due
to the large gravitational pressure gradient at low qualities. For R134a
the pressure drop is more or less constant for low mass flow rates, while
at larger mass flow rates the pressure drop increases as the inlet quality is
increased, until at some point such a large part of the channel is containing
single-phase gas that pressure drop decreases again.

Considering the parallel channels, figure 3.5 shows that for CO9 the pressure
drop increases with increased maldistribution of liquid and vapour, while
it decreases for R134a. Furthermore, it shows that for COs the mass flow
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rate will increase in channel 1 and decrease in channel 2, as it was seen in
figure 3.3(a). Considering R134a, it is seen that the mass flow rate has to
decr m both channels and more in channel 1 than in channel 2 when
the pressure drop decreases.

Looking at the solid lines in figure 3.5, it is seen that for a given inlet quality,
only one mass flow rate corresponds t e value of the pressure drop. It
thus seems that the Ledinegg instability would not cause problems in this
case. Traditionally the Ledinegg instability is investigated by considering
the pressure drop as a function of the mass flux. Graphs, showing in the
traditional way that the Ledinegg instability is not a problem for the present
case, are shown in appendix A.3.

Figure 3.6 shows the cooling capaditybf each of the parallel channels and the
total coolinmpacity as a function of the liquid and vapour distribution. As
expected, the cooling capacity of the evaporator using CO4 does not change
significantly when imposing a non-uniform distribution of the liquid and
vapour. Using R134a the cooling capacity of the channel receiving mostly
gas decreases significantly, while the extra liquid in channel 2 only increases
the cooling capacity of this channel moderately, such that the total cooling
capacity decreases considerably.

(a) (b)
COo, R134a
300 300
E total g M
= >
2 200 5 200
IS ©
Q channel 2 =3 channel 2
8 R AAbbRRRD 8
channe o
é» 100 £ 100 hannel 1
g 8
S 3
0 0
0 02 04 . 06 0.8 1 0 02 04 . 06 0.8 1
X X

Figure 3.6: Cooling capacity as a function of the liquid and vapour distribution.

The superheat out of the individual channels is shown in figure 3.7, where
it is seen that for R134a, the refrigerant in channel 2 is not fully evap d
for fr < 0.8, while the superheat out of channel 1 is quickly increasing,
approaching the air temperature. The superheat from this channel is then
used to evaporate the leftover liquid from channel 2. Using COs the super-
heat changes only moderately, and the refrigerant is always fully evaporated
at the outlet of the channels.

Figure 3.8 compares the reduction of the mass flow rate, the cooling capacity
and the areﬁl‘f the evaporator that is in contact with two-phase flow (the
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Figure 3.7: Superheat out of the individual channels as a function of the liquid
and vapour distribution.

two-phase area) as a function of the liquid and vapour distribution. For
both refrigerants the curves showing the cooling capacity and the mass flow
rate coincide. It is furthermore noticed that the capacity decreases more or
less the same rate as the two-phase area. For R134a the two-phase area is
reduced by 22% at f, = 0.1, while the cooling capacity is reduced by 19%.
The cooling capacity is hence reduced a little less than the two-phase area.
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Figure 3.8: Comparison of the reduction in cooling capacity, mass flow rate and
two-phase area as a function of the liquid and vapour distribution. The curves for
cooling capacity and mass flow rate coincide.

To conclude on these investigations of the impact of liquid and vapour distri-
bution on the refrigerant mass flow rate distribution and on the capacity of
the evaporator, we have seen that using the conventional refrigerant R134a
the capacity of the evaporator decreases by up to around 20% due to non-
uniform distribution of the liquid and vapour in the inlet manifold. This
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decrease of the cooling capacity is close to, but a little smaller than the re-
duction of the two-phase area, and it is therefore believed that the decrease
in capacity is primarily a direct result of the decrease of the two-phase area.
Using the natural refrigerant COg the two-phase area does not decrease
with increased maldistribution of the liquid and vapour and neither does
the capacity of the evaporator.

3.2 Non-uniform airflow

Apart from the liquid distribution, also the distribution of the air velocity
on the outside of the channels influences the refrigerant distribution in the
parallel channels. Keeping the airflow rate constant and varying the ve-
locities over the different channels, changes the heat load on the channels,
which results in different pressure gradients inside the channel, and hence
influences the mass flow rate distribution and the capacity. A sketch of the
two channels is shown in figure 3.9. ]

Figure 3.9: Sketch of the two channels.

When investigating the impact of the airflow distribution on the cooling
capacity of the evaporator, the airflow is imposed such that each channel
receives a uniform air velocity. The total airflow rate is kept constant, while
the velocity on each channel is varied. The velocities are varied such that
the velocity increases for channel 1 and decreases for channel 2. A non-
dimensional parameter, fi7, which quantifies the degree of non-uniformity
of the airflow, is defined as:

U-
fo=—+2-,0<fu <1, (3.2)

Umean

where fiy = 1 for equal air velocities on both channels, while for fi; = 0 there
is no airflow at channel 2, and all air flows by channel 1. While performing
the investigations on the impact of the airflow distribution, the distribution
of liquid and vapour is considered to be uniform.
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In f@ 3.10 local UA-values and the local heat flux are shown along the
channel direction for three different airflow distributions.
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Figure 3.10: Local UA-values and local heat flux in the channel for (a+b) CO
and (c+d) R134a for different airflow distributions. The curves without markers
show the local values in each channel, while the curves with markers show a local
mean of the two channels.

For each of the three airflow distributions imposed, fy = 1, fy = 0.5 and
fu = 0.1, three curves are shown for each graph in 3.10. Two curves
show the local values in each channel and the third, which is provided with
markers shows the mean local values. The solid curve with circular markers
shows local values in the minichannels for a uniform airflow. In this case
there is no maldistribution and the three curves coincide.

For fy = 0.5 channel 1 is exposed to a higher air velocity than channel
2. In channel 1 the air side heat transfer coefficient will be higher than
for the uniform airflow case, which results in a higher local UA-value and
hence a higher heat flux. However, in this channel the refrigerant is fully
evaporated much earlier than in the uniform airflow case. In the part of the
channel containing single-phase gas, the local UA-values are considerably
lower. Regarding the heat flux, the temperature difference between the
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air and refrigerant decreases in this part of the channel, which results in
a decreasing heat flux. Channel 2, which receives the low air velocity has
lower UA-values than in the uniform airflow case, due to the lower air side
heat transfer coefficient. In this channel dryout is not reached before the
very end of the channel, and the UA-values and the heat flux are thus
relatively constant throughout this channel. Additional graphs showing the
refrigerant temperature, enthalpy, pressure and heat transfer coefficients in
the channel are shown in a@dix A2

From the dashed curve with square markers, showing the mean heat flux of
the two channels at fyy = 0.5, it is noted that as long as there is two-phase
flow in both channels the mean heat flux is only slightly lower than for the
uniform airflow case. However, for the part of the channel, where dryout
has been reached in channel 1 the mean heat flux is considerably lower. For
fu = 0.1, the same behaviour is seen as for fyy = 0.5, but it is even more
pronounced. In this case the mean heat flux is lower than in the uniform
airflow case also when there is two-phase refrigerant flow in both channels.
This indicates that as long as all channels contain two-phase refrigerant only
a severe non-uniformity of the airflow will impact the cooling capacity of
the evaporator.

This result is in good agreement with the results presented in Brix et al.
(2007), where the effect of airflow maldistribution on the cooling capacity
and COP of a refrigeration system with a liquid overfeed minichannel evap-
orator was investigated. In the model used for the study, the refrigerant side
contributions to the UA-values were neglected, and it was found that for
small degrees of maldistribution, corresponding to fir > 0.5, the reductions
of the cooling capacity were below 5%, while for fy = 0 the cooling capacity
was reduced by around 20%.

Figure 3.11 s the distribution of the mass flow rate in each of the two
channels as well as the total mass flow rate as a function of airflow distribu-
tion. For both refrigerants the total mass flow rate decreases with increasing
airflow non-uniformity. For R134a, the mass flow rate is more or less the
same into both of the channels. Why this is the case can easily be seen from
figure 3.12(b). The ﬁgum the pressure drop in a single minichannel
as a function of the air velocity for different mass flow rates. The triangular
and circular markers show the pressure drop that is calculated for different
airflow distributions in channel 1 and 2, respectively. It is seen that above
a certain air velocity, depending on the mass flow rate in the channel, the
pressure drop in the channel is independent of the air velocity on the out-
side. For a given pressure drop in the channel, the mass flow rate will thus
be the same, regardless the air velocity on the outside.

For COs on the other hand, the pressure drop in a single channel does
depend on the air velocity on the outside, as seen in figure 3.12(@&:@115;
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Figure 3.11: Distribution of the refrigerant mass flow rate as a function of the
airflow distribution.
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Figure 3.12: Pressure drop in a single minichannel as a function of the air velocity
for different mass flow rates. The triangular and circular markers show the pressure
drop that is calculated for different airflow distributions in channel 1 and channel
2, respectively.

this refrigerant the mass flow rate decreases only slightly in channel 1 and
much more in channel 2. Looking at the impact of the airflow distribution
on the cooling capacity for COs, shown in fi 3(a), it is seen that
the cooling capacity of channel 1 is slightly increa for fy decreasing to
0.65 and decreasing slightly for lower values of fi7, although the airside heat
transfer coefficient increases in this channel for increasing maldistribution.
Nevertheless, the decreasing mass flow rate and the increasing single-phase
zone prevents the cooling capacity to increase. In channel 2 the cooling
capacity decreases steadily as the air velocity on this channel is decreased.

Using R134a as refrigerant the cooling capacity of channel 1 is slightly in-
creasing for fi; decreasing to 0.8 and decreasing for lower values of f7, due
to the reduced mass flow rate. In channel 2 the cooling capacity decreases as
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Figure 3.13: Cooling capacity of the individual channels and the total cooling
capacity of the evaporator as a function of the airflow distribution.

for COg2. For small degrees of non-uniformity of the airflow, the total cooling
capacity is not affected much. However, for larger degrees of maldistributed
airflow, the cooling capacity of the evaporator decreases significantly. It is
furthermore worth noting, that in the extreme case (fyy = 0.1), the capacity
of the evaporator with R134a is reduced more than twice as much as the
evaporator with CO9 compared to the case with uniform airflow.

Looking at the superheat out of the individual channels, shown in figure
3.14 ~+g seen that the refrigerant out of channel 2 is not fully evaporated
if f < 0.85 for R134a and if fy < 0.75 for CO2. At the outlet of channel 1
the refrigerant temperature is stabilized a little below air temperature when
using COg, while it approaches the air temperature for R134a for increased
non-uniformity of the airflow.
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Figure 3.14: The superheat out of the individual channels as a function of the
airflow distribution.

Figure 3.15 [compares the reduction of the cooling capacity, the total mass
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flow rate and the area of the evaporator containing two phase flow. The
curves showing the cooling capacity and the mass flow rate coincide, and
these actually decrease faster than the two-phase area.

CO, R134a
100 g 100 4
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—=—Cooling capacity —=—Cooling capacity
20 ——Mass flow rate 20 ——Mass flow rate
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Figure 3.15: Comparison of the reductions in mass flow rate, cooling capacity
and the area of the evaporator containing two-phase flow.

Although the two distribution parameters fi; and f, cannot be compared
directly, it is interesting to compare the findings of the liquid and vapour
distribution and the distribution of the airflow. First of all, the capacity
was affected much more by the airflow distribution than by the distribution
of liquid and vapour in the extreme cases. Furthermore, it was found that
where the capacity decreased at the same rate as the two-phase area for
varying liquid and vapour distribution, the capacity decreased more than
twice as much as the two-phase area for varying airflow distribution.

3.3 Combining non-uniform distributions of liquid
and vapour and airflow

One thing is to vary the distribution of the liquid and vapour and the
airflow distribution only separately, but in a real system most likely both
of the considered sources of maldistribution will be present at the same
time. Therefore, an investigation of combined non-uniform distribution of
the liquid in the manifold and the airflow airflow is performed.

For this purpose the airflow distribution parameter, fy, is varied between
0 and 2, such that both of the channels are exposed to both increased and
decreased air velocities. Fi@ﬁ;ﬁiﬁ(a) and ﬁmﬂa) show the relative
total cooling capacity as a function of the airflo stribution for different
distributions of the liquid and vapour, for R134a and CO., respectively.
The capacity is set to 100% for uniform distribution of both the airflow and
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the liquid and vapour in the manifold. Furthermore the superheat out of

the individual channels is shown in figures wland ?&I

Considering the evaporator using R134a, it clearly seen that for a given
distribution of liquid and vapour an optimum airflow distribution exists
and vice versa. Having uniform airflow the optimum liquid and vapour
distribution is also uniform. However, for a non-uniform airflow distribution
an optimum capacity can be obtained at a certain, non-uniform distribution
of the liquid and vapour. As it could be expected it is desirable to have a
larger fraction of the liquid going into the channel, that is exposed to a
higher air velocity. The optimum cooling capacity is slightly decreasing
with increasing airflow non-uniformity, which means that most, but not
all of the capacity can be recovered by distributing the liquid and vapour
suitably.

Comparing graphs (a) alg (b) ilnrﬁlgure 3.16 Irc:1s| seen that the optimum
cooling capacity is attained in the region where the refrigerant is fully evap-
orated out of both channels, but where the superheat out of channel 2 is
lower than in channel 1. In practice it would probably be difficult to control
the system to reach the exact optimum. It could, however, be possible to
control the distribution of liquid such that the superheat out of the channels
is equal. At this point the capacity is still very close to the optimum, since
the curve is very flat in the region around the optimum.

Considering CO» as refrigerant, for which the distribution of liquid and
vapour has only minor influe n the capacity, the graphs look slightly
different, shown in figure 3.17. Also in this case an optimum cooling capac-
ity can be reached by a suitable distribution of liquid and vapour. However,
the optimum is not far from the curve having uniform liquid and vapour
distribution. For CO4 the largest airflow maldistribution that can be com-
pensated to the optimum by controlling the distribution of liquid and vapour
is fy = 1.1. At this point only liquid enters channel 2. For larger degrees
of airflow non-uniformity, the capacity decreases regardless the distribution
of liquid and vapour. For R134 this point of a maximum airflow distribu-
tion that can be compensated to the optimum capacity by controlling the
distribution of liquid and vapour is found at a considerably higher degree
of airflow non-uniformity up to fyy = 1.55.

Concluding on this, we see that in general the capacity reductions due to
airflow non-uniformity are smaller for COy than for R134a. However, for
R134a most of the capacity reduction can be recovered by suitably distribut-
ing the liquid and vapour in the inlet manifold. Controlling the individual
superheat to be equal, a distribution close to the optimum is attained. For
small degrees of non-uniform airflow capacity recovery is also possible for
COa2, while it is not possible to compensate for larger degrees of airflow
non-uniformity.
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Figure 3.16: (a) The cooling capacity for simultaneous variation of the airflow
and liquid distribution using R134a as refrigerant. At uniform distribution of both
liquid and vapour and airflow the capacity is 100%. (b) The superheat out of the

mdividual evaporator channels.
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Figure 3.17: (a) The cooling capacity for simultaneous variation of the airflow
distribution and distribution of liquid and vapour using COs as refrigerant. At
uniform distribution of both the liquid and vapour and the airflow the capacity is
100%. (b) The superheat out of the individual evaporator channels.
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As an example, having an airflow distribution corresponding to fyy = 1.6,
using R134a as refrigerant the cooling capacity is only 63% of the uniform
airflow capacity if the liquid and vapour phases are distributed uniformly.
By imposing the optimal liquid and vapour distribution the capacity can
be recovered to 92% of the uniform distribution capacity. Using COq the
maximum capacity that can be reached is 80% of the uniform distribution
capacity.

3.4 Verification of results

The most appropriate way to validate the results would be to compare the
simulation results to experimental results performed using a heat exchanger
corresponding to the test case evaporator. However, directly applicable test
results have not been possible to find in the literature. The results are
therefore compared to results obtained in similar studies.

Vist (2003) studied two-phase flow distribution in heat exchanger manifolds
experimentally. The manifolds studied were a typical manifolds used for mi-
nichannel heat exchangers. However, ten water cooled, ’single port’ tubes
having a diameter of 4mm were connected to the manifold. Two differ-
ent refrigerants, R134a and COs were studied. In order to investigate the
impact of different distribution patterns on the performance of the evap-
orator a simulation model was used. Both uniform and totally separated
distributions of the liquid and vapour were considered.

Contrary to the results presented in the present study, the mass flow rate
of refrigerant was kept constant in the simulations, while the evaporator
superheat varied for the different distributions of liquid and vapour. Com-
paring the two refrigerants, it was shown that the the capacity reductions
were in general around twice as large for R134a as for COs. For R134a the
largest capacity reductions were 35% and 18% for COs.

Although the test conditions were not quite the same, these results corre-
spond to the results presented in this study in that the evaporator using
R134a is more affected by maldistribution of the liquid and vapour than an
evaporator using COs.

Vestergeard (2009) presented results of a study of the impact of the liquid
and vapour distribution on the evaporator performance for a minichannel
heat exchanger. A transparent header permitted to study the distribution of
liquid and vapour in the manifold. The minichannels were oriented vertically
with upwards flow direction and R134a was used as refrigerant. The airflow
on the outside of the evaporator was uniform. In an initial case the liquid
and vapour phases were strongly maldistributed and the performance of the
evaporator was 78% of the theoretical capacity. In the present study, a
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capacity of 80% was predicted by the model if severe maldistribution of the
liquid and vapour phases is considered.

Payne and Domanski (2003) showed that by controlling the individual su-
perheat of each circuit in a three circuit finned tube evaporator, capacity
reductions due to a non-uniform airflow could be recovered within 2%. The
benefit of controlling the individual superheat increased with increasing mal-
distribution of the airflow.

Kim et al. (2009a) studied the impact of the distribution of liquid and
vapour and the distribution of the airflow on the evaporator of a 10.55
kW residential R410a heat pump. The evaporator was a five circuit finned
tube evaporator, where the circuits were equal three and two. The study
was performed by numerical modelling of the heat pump. Contrary to the
present study, where the saturation temperature at the evaporator inlet is
held constant, the saturation pressure in the evaporator varied with the
maldistribution. Considering the distribution of liquid and vapour, the
cooling capacity was reduced to 90%, when increasing the void fraction
into three of the circuits by 5%. This increase in void fraction corresponds
to fp = 0.53. In the present study the capacity is reduced to 93% when
fr = 0.53 and R134a is used as refrigerant. Considering a non-uniform
airflow with an airflow distribution corresponding to f;y = 0.57 the capacity
of the evaporator studied by Kim et al. (2009a) was 85% of the uniform
airflow capacity. For Rl134a our results show a capacity of 82% of the
uniform airflow capacity at this airflow distribtion. The study of Kim et al.
(2009a) furthermore shows, that no big differences were found if refrigerants
R134a or R22 are used in stead of R410a.
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3.5 Summary

In this chapter distribution studies with two parallel channels are presented.
First the impact of the liquid and vapour distribution in the inlet manifold
on the evaporator performance are investigated. The main findings are:

e The cooling capacity is not affected by a non-uniform distribution of
the liquid and vapour for COa.

e The cooling capacity decreases by up to 20% for R134a at extreme
maldistribution of the liquid and vapour.

e The difference between the two refrigerants occurs due to different
pressure drop characteristics.

e Decreases in the cooling capacity are almost equal to decreases in the
two-phase area. The cooling capacity is decreased a little less than
the two-phase area.

Next the impact of the airflow distribution on the evaporator performance
is considered. The main findings of this study are:

e The cooling capacity is strongly affected by airflow non-uniformity.

e Capacity reductions are more than twice as large for R134a than for
COa.

e Decreases in the cooling capacity are significantly larger than decreases
in the two-phase area.

Furthermore, combining the non-uniform airflow and non-uniform distribu-
tion of the liquid and vapour showed that:

e A non-uniform airflow distribution can be compensated by a suitable
distribution of the liquid and vapour in the inlet manifold.

o [f the superheat out of the individual channels is controlled to be
equal, the cooling capacity is close to the optimum.

e R134a has a higher potential for capacity recovery than COs.
At last, some of the results are compared to results presented in the lit-

erature, and it is found that the results are in good agreement with other
results.






Chapter 4

Sensitivity studies

In this chapter three aspects of sensitivity of the evaporator model are inves-
tigated. Firstly, this chapter investigates the sensitivity of the model with
respect to the correlations chosen when building the model. Next, the sensi-
tivity with respect to parameter changes is considered, and lastly the model
is modified such that it can simulate dehumidifying conditions. The aim of
the sensitivity study is to investigate which parameters most significantly
influence the capacity reductions due to non-uniform distribution of liquid
and vapour in the inlet manifold and non-uniform airflow distribution.

4.1 Significance of the choice of correlations

In the model empirical correlations are used to model frictional pressure
drop and heat transfer coefficients. These correlations are typically devel-
oped using a database of experimental data. The correlations are developed
to fit for certain ranges of flow parameters and geometries. However, even
when applied for fully matching conditions the uncertainties of the correla-
tions are high. Especially for two-phase flow correlations an uncertainty of
up to 30% has to be expected.

A large number of different correlations exist to model frictional pressure
drop and heat transfer coefficients, and it can be difficult to determine
which correlation is the best to model a specific case. In the literature
different recommendations that are based on comparison of experimental
data with different correlations can be found. However, it might be hard to
find experiments, that match well with the test case deﬁneﬁ section 2.4.

In order to tell whether the choice of correlation is significant regarding
the results obtained when using the model in the distribution studies, we
apply different correlations for the two-phase frictional pressure drop and
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the two-phase heat transfer coefficient. Since correlations for single-phase
flow usually have higher accuracy than correlations for two-phase flow, we
will focus on the correlations applied in the region with two-phase flow in
the present study.

The study is carried out using COs as refrigerant. This refrigerant is atyp-
ical in that its properties such as density and viscosity differ from most
conventional refrigerants and that the working pressure is very high. It is
therefore not evident that standard correlations give accurate results.

The test case evaporator presented in chapter 2 is ﬁed for the study, with
one difference though - the superheat is set to 0 K instead of the 6 K used
elsewhere. However, later in this chapter it is shown that the value of the
superheat does not influence the results significantly.

4.1.1 The pressure drop correlation

A review of the literature on advice for the choice of pressure drop cor-
relation suitable for evaporating CO9 in minichannels, shows different rec-
ommendations. Pettersen (2004) was one of the first to study flow boiling
of CO2 in small channels, and the Lombardi and Carsana (1992) correla-
tion was recommended to model frictional pressure drop. Park and Hrnjak
(2007) recommended tle Muller-Steinhagen and Heck (1986) correlation for
evaporating COs in a conventional channel. Thome and Ribatski (2005) also
showed good results for this correlation for COg in mini- and microchan-
nels. The Friedel (1979) correlation showed the best results in the study
by Thome and Ribatski (2005) and is also recommended by Park and Hrn-
jak (2009). However, Pamitran et al. (2008 did not find good results for
this correlation, and recommend instead a homogeneous model using an
expression for the two-phase viscosity proposed by Dukler et al. (1964).

The above mentioned recommendations are nearly all based on experimental
data covering only higher mass fluxes than the mass fluxes in the present
study. One exception is the study by Park and Hrnjak (2007) ‘n a con-
ventionally sized channel recommending the Muller-Steimnhagen and Heck
(1986) correlation. Therefore, tke Muller-Steinhagen and Heck (1936) cor-
relation was chosen in the baseline model. However, all of the mentioned
correlations were developed covering low mass fluxes. Since no evident su-
perior correlation could be found from the literature review, the three other
correlations are applied for comparison, in order to see whether the choice
of correlation is crucial for the modelling results.

Figures 4.1 4.2 s@f results obtained imposing non-uniform inlet qual-
ities and non-uniform airflow, respectively, using the following four correla-
tions for calculating the frictional pressure drop:
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e Miiller-Steinhagen and Fleck (1986)
e Lombardi and Carsana (1992)
e Prizdel (1979)

e Homogeneous flow with two-phase viscosity after Dukler et al. 11964)
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Figure 4.1: Selected parameters as a function of inlet quality distribution. COs
is used as refrigerant. Results are found using four different pressure drop correla-
tions.

From the figures it is seen that the distribution of mass flow rate and the
cooling capacities are insignificantly dependent on the choice of pressure
drop correlation. In 4.1( 4.2(d) it is seen that the total pres-
sure drop over the minicirarinel sho ignificant dependency on the choice
of correlation. Using the Lombardi and Carsana (1992) correlation the pres-
sure drop is found to be more than 60% higher than using the homogeneous
model. From this study we cannot know, which of the correlations predicts
the pressure drop most accurately, and in future work it would be interesting
to identify, which correlation gives the most correct results.

It could be argued, that the total pressure drop over the evaporator could
affect the results more significantly, if the whole refrigeration system was
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Figure 4.2: Selected parameters as a function of airflow distribution. COs is used
as refrigerant. Results are found using four different pressure drop correlations.

considered. The larger the pressure drop in the evaporator, the higher is
the load on the compressor. However, the total pressure in the CO5 system
is very high, and the pressure ratio over the compressor will not change
significantly, when using one correlation instead of the other. It would thus
be expected that the isentropic efficiency is not significantly affected by the
differences in pressure drop given by the different correlations. Furthermore,
the difference in the absolute pressure at the evaporator outlet is still small
considering the different correlations, such that it is expected that the inlet
density is not strongly affected by the choice of correlation, leading to a
mass flow rate that is more or less independent on the choice of correlation.

4.1.2 The heat transfer coefficient correlation

Considering two-phase heat transfer coefficients, the following correlations
have been tested:

e Bertsch et al. (2009)
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e Choi et al. (2007), with a smooth transition to the single phase heat
transfer coeflicient for x > 0.7

e A constant two-phase heat transfer coefficient.

In the baseline model the Bertsch et al. (2009) correlation was applied for
calculating the two-phase heat transfer coefficient. This correlation covers
a wide range of refrigerants, including CO5 and furthermore it covers mass
fluxes down to 20 kg m~2 s~! and vapour qualities from 0 to 1. The Choi
et al. (2007) correlation, which has been applied for comparison, was de-
veloped for COsg, but it does not cover the low mass fluxes used in this

numerical experiment, and furthermore it only applies for qualities below
0.7.

As seen in f@e 4.3 the calculated cooling capacity is almost independent
on the choice of correlation. The same applies for the other outputs, which
are shown in appe‘-ﬁi}f( A4
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Figure 4.3: Cooling capacity as a function of fy and f, calculated using different
correlation for two-phase heat transfer.

4.2 Significance of parameter variations

In order to investigate which parameters are determining the capacity reduc-
tions that occur as a result of non-uniform distribution of liquid and vapour
or non-uniform airflow, parameter variations are carried out using the test
case evaporator. In the following a number of different parameters are con-
sidered and varied one at a time. In each case, the total capacity of course
depends on the set of parameters chosen. However, we here focus on the
capacity reductions due to a non-uniform distribution of liquid and vapour
or a non-uniform airflow and not on the effect of the parameter changes on
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the total capacity. Therefore, for each parameter variations the capacity is
set to 100% when the liquid and vapour phases are distributed uniformly
and the airflow is distributed uniformly, and the capacity reductions are
investigated according to this reference.

4.2.1 Varying the channel orientation

Based on the conditions given in the test case, the pressure gradient in the
evaporator develops differently for CO4 than for the conventional refriger-
ant R134a. Due to the low viscosity and the high density of COs the ratio
between frictional and gravitational pressure drop contributions is very dif-
ferent from that of R134a for the tested conditions. This was illustrated in
figure 3.4, e 37. Eth these differences in mind, it is natural to study
the effects of the channel orientation.

Figure 4.4 s@vs the cooling capacity as a function of the distribution of
liquid and vapour for CO2 and R134a and for different channel orienta-
tions. For R134a the channel orientation does not affect the deterioration
curve of the cooling capacity, while this is different for CO,. Here a con-
siderably larger reduction of the cooling capacity is found in the horizontal
channel compared to the vertical channel. In the horizontal channel the
frictional pressure gradient is dominating the total pressure gradient, just
as in the case using R134a, and in this case the capacity reduction in the
CO4 evaporator corresponds more or less to the capacity reduction of the
R134a evaporator. Exactly the same is seen for non-uniform airflow, shown
in figure 4.5. @ large gravitational contribution to the pressure drop thus
seems to affect the distribution of the mass flow rate favourable, when im-
posing non-uniform airflow or non-uniform inlet qualities. Consequently, a
smaller capacity reduction is found for the vertical channels.
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Figure 4.4: Cooling capacity vs. inlet quality distribution for (a) COs and (b)
R134a.
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Figure 4.5: Cooling capacity vs. airflow distribution for (a) COy and (b) R134a.

4.2.2 Varying the outlet superheat

The superheat out of the test case evaporator is set to 6 K. Fi 4.6
shows the impact of a non-uniform distribution of liquid and vapour on
the cooling capacity for three different values of superheat: 0 K (saturated
vapour), 6 K and 12 K. It is seen that the reduction in capacity is not
significantly affected by changing the outlet superheat. We thus conclude
that the outlet superheat is not a significant parameter, considering the

effects of non-uniform distribution of liquid and vapour on the evaporator
performance.
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Figure 4.6: Impact of non-uniform distribution of liquid and vapour on the cooling

capacity for different values of the outlet superheat. For ATy, = 0 K saturated
vapour exits the evaporator.

Fiﬂ,‘e 4.7 shows the impact of non-uniform airflow on the cooling capacity
for the three values of superheat. It is seen that also for a non-uniform
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airflow the capacity reductions are not significantly affected by the variations
of the outlet superheat.
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Figure 4.7: Impact of non-uniform airflow on the cooling capacity for different
values of the outlet superheat. For ATy, = 0 K saturated vapour exits the evapora-
tor.

It has not been investigated how the capacity reductions would be affected
if the refrigerant was not fully evaporated at the outlet of the evaporator.
However, it would be expected that the capacity was reduced less when
decreasing the outlet quality, since a non-uniform distribution of liquid and
vapour or a non-uniform airflow up to some degree would not decrease the
two-phase area of the evaporator.

4.2.3 Varying the airflow rate

When changing the airflow rate first of all the air side heat transfer coef-
ficient is affected. The airflow rate is given by a mean air velocity, which
for the test case is 1.6 m/s. Ff@re 4.8 shows the impact of the distribution
of liquid and vapour on the evaporator capacity for three different mean
velocities of the airflow: 1.3 m/s, 1.6 m/s and 1.9 m/s. Decreasing the air
velocity to 1.3 m/s results in a reduction of the airside heat transfer coeffi-
cient by 10% compared to the test case. On the other hand the airside heat
transfer coefficient is increased by 9% when changing the mean air velocity
to 1.9 m/s. Fro ure 4.8 it is seen that the capacity reductions are not
significantly affected by changing the air velocity.

In figure 4.9 effect of a non-uniform airflow on the capacity is shown
for the three different air velocities. It is seen that for R134a, the capacity
reductions are not significantly affected by changing the mean air velocity.
For COs on the other hand, the capacity reductions at severely non-uniform
airflow are larger for increased mean air velocity.



4.2 Significance of parameter variations 61

(a) (b)
_.100 - _.100 RW-
> 80; €O, > 80
S 3
o 60 S 60
o o
2 40 —~U_=13 2 40 —~U_=13
S —~U =16 S U =16
o 20 a o 20 a
© —=U =19 © —=U, =19
0 z 0 Z
0 02 0.4f 06 08 1 0 02 0.4f 06 08 1
X X

Figure 4.8: Impact of non-uniform distribution of liquid and vapour on the evap-
orator capacity for different values of the mean air velocity.
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Figure 4.9: Impact of non-uniform airflow on the evaporator capacity for different
values of mean air velocity.
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Figure 4.10 s the area of the evaporator containing two-phase flow
for COy and R134a as a function of the airflow distribution for the three
different mean air velocities. It is seen that the two-phase area is not affected

>
&
—
o
S

= 100; CO, > 100/ R134a |

o 4 o

o 80 M o 80 ”/ﬂa—‘

(72} (2]

© ©

S 60 S 60

S S

£ 40 ~U,=13 Z 40 —~U,=13

£ —-U_ =16 £ —--U, =16

5 20 a 5 20 a

© +U :19 © +U =19

e 4 a e 4 a

< % 02 04 06 08 1 < 0o 02 04 06 08 1
fU fU

Figure 4.10: Impact of non-uniform airflow on the two-phase area for different
values of mean air velocity.

by changing the mean air velocity when using R134a as refrigerant, while
for COg2 the two-phase area is reduced slightly more for increasing mean air
velocity when imposing non-uniform airflow. However, just as the results
in chapter 3 showed, the decrease in capacity is larger than the decrease of
the two-phase area for increasing non-uniformity of the airflow.

The fact that COq is less affected by non-uniform airflow for lower airflow
rates can be explained from the differences in the distribution of the mass
flow rate and in the reduction rates of the mass flow rate. Figure 4.11
shows the pressure drop as a function of the air velocity on a single tube for
different refrigerant mass flow rates. The triangular and circular markers
indicate the pressure drop in channel 1 and 2, respectively, for varying fy
and for the three different airflow rates. It is seen that for R134a the pressure
drop in the two channels is independent of the air velocity on the individual
channel for the three cases. This results in an almost uniform distribution
of the refrigerant mass flow rate between the two channels regardless the
non-uniformity of the airflow for all cases.

For CO3 the pressure drop in a single channel decreases with increasing air
velocity (the black solid curves), which results in a non-uniform distribu-
tion of the mass flow rate when imposing a non-uniform distribution of the
airflow. This decrease of the pressure drop is steepest at low air velocities
and low refrigerant mass fluxes, changing to an almost flat curve for high
air velocities. Therefore, the distribution of the mass flow rate is different
for varying airflow rates.

Imposing a mean air velocity of 1.9 m/s results in a decrease of the mass
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Figure 4.11: The black curves show the pressure drop as a function of the air
velocity on a single tube for different refrigerant mass flow rates. The triangular
and circular markers indicate the pressure drop in channel 1 and 2, respectively,
for varying fu, and for the three different airflow rates.

flow rate in both channels when increasing non-uniformity of the airflow.
However, the reduction is larger in channel 2 than in channel 1. Imposing
an airflow rate corresponding to a mean air velocity of 1.3 m/s, also results
in a decrease of the mass flow rate in channel 2. However, the mass flow
rate of refrigerant in channel 1 decreases much less despite the decreasing
pressure drop, such that the reduction of the total mass flow rate is compa-
rably smaller at the lower airflow rate. The decrease in pressure drop with
increasing air velocity found especially at low air velocities is thus beneficial
for the mass flow rate distribution. The beneficial distribution results in
less excess liquid in channel 2, such that the total mass flow rate does not
need to decrease as much, in order to reach the specified superheat out of
the manifold. All in all this results in a smaller reduction of the cooling
capacity for the lower airflow rate.

4.2.4 Varying the manifold inlet quality

Changing the manifold inlet quality affects both the refrigerant side heat
transfer coefficients and the pressure gradients. When considering the dis-
tribution of liquid and vapour it also changes the potential for a non-uniform
distribution of liquid and vapour. If pure liquid enters the manifold there
is no possibility for a non-uniform distribution of liquid and vapour. Intu-
itively, it can be expected that a total separation of the two phases will affect
the evaporator performance increasingly when increasing the inlet quality.
Fi 4.12, showing the effect of non-uniform distribution of liquid and
vapour on the cooling capacity for different values of manifold inlet qual-
ity, supports this. Three different inlet qualities to the manifold have been
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tested: xr = 0.1, 2 = 0.3 and x,, = 0.5. It is seen that for both CO5 and
for R134a the capacity reductions due to non-uniform distribution of liquid
and vapour are largest in the case where .,y = 0.5. However, for x,s = 0.3
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Figure 4.12: Impact of non-uniform distribution of liquid and vapour on the
cooling capacity for different values of manifold inlet quality.

the capacity is unaffected by the distribution of liquid and vapour when us-
ing CO4, while the capacity decreases with increasing non-uniformity of the
liquid and vapour distribution for R134a. Considering the two-phase area
of the evaporator shown in figure 4.13,@ found that the two-phase area
decreases slightly more than the capacity in those cases, where a reduction
of the capacity is found. These results are thus also in agreement with the
results shown previously.
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Figure 4.13: Impact of non-uniform distribution of liquid and vapour on the
percentage of the refrigerant side evaporator area that is in contact with two-phase
refrigerant for different values of manifold inlet quality.

In order to understand why COs is unaffected by the distribution of liquid
and vapour for higher manifold inlet qualities than R134a, we first consider
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the connection between the pressure drop and inlet quality in a single chan-
nel for different mass flow rates, shown in 4.14. Considering g (a)
with CO9 and moving from f, = 1 to f, = 0.1 we see that for z,,f =01 and
Tme = 0.3 the mass flow increases in channel 1 and decreases in channel 2.
For x,¢ = 0.5 the mass flow rate in channel 1 stays almost constant, while
the mass flow rate in channel 2 decreases, such that the total mass flow rate
is decreased in this case. The fact that the curves showing the pressure drop
as a function of the inlet quality have a negative slope is again beneficial
for the distribution of the mass flow rate, and it is the large gravitational
pressure drop for the liquid that is responsible for this shape of the curves.
Considering R134a it is seen that the mass flow rate is almost constant in
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Figure 4.14: The black curves show the pressure drop as a function of the inlet
quality of a single tube for different refrigerant mass flow rates. The triangular and
circular markers indicate the pressure drop in channel 1 and 2, respectively, for
varying [z, and for the three different manifold inlet qualities.

both channels for z,,; = 0.1, while the mass flow rate decreases in both
channels for the two larger values of the inlet quality, resulting in a capacity
reduction.

It is interesting to see, at which manifold inlet quality the capacity starts to
decrease if almost full separation of the liquid and vapour phases is assumed.
Fi 4.15 shows the capacity of each of the channels and the total capacity
as@ﬁunction of the manifold inlet quality having a distribution of liquid
and vapour of f, = 0.1. The capacity is shown relative to the capacity that
would have been obtained at uniform distribution of liquid and vapour at
the given inlet quality. Furthermore, the superheat out of the individual
channels is shown as a function of the manifold inlet quality in g s (¢)
and (d). From the graphs it is seen that as long as the refj::::lant i annel
2 is fully evaporated at the outlet, which it is for manifold inlet qualities
of up to 0.3 for CO4 and 0.1 for R134a, the capacity is not affected by the
non-uniform distribution of the liquid and vapour.
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Figure 4.15: Graphs (a) and (b) show the capacity of each channel and the total
capacity as a function of the manifold inlet quality having a distribution of liquid
and vapour corresponding to f, = 0.1 for COs and R13ja, respectively. The capac-
ity is calculated relative to the capacity that would have been obtained for uniform
distribution of liquid and vapour at the given manifold inlet quality. Graphs (c)
and (d) show the corresponding superheat out of the individual channels.
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Figure 4.16: Impact of non-uniform airflow on the evaporator performance for

different values of manifold inlet quality.
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Considering the impact of non-uniform airflow on the cooling capacity for
different manifold inlet qualities, ﬁ@ 4.16 shows that the manifold inlet
quality affects the capacity reduction for COs much more than for R134a.
For CO, the capacity reductions due to non-uniform airflow are largest for
higher values of the manifold inlet quality. Comparing to the results ob-
tained above this is not surprising, since the contribution of the gravitational
pressure drop, which is responsible for the expedient mass flow rate distri-
bution, is largest at low inlet qualities. For R134a the capacity reductions
are not much affected by the manifold inlet quality. Actually, it is seen that
for airflow distributions not close to uniform and not close to the extreme,
the capacity reductions are lower for high manifold inlet quality.

4.2.5 Varying the temperature difference

The temperature difference that drives the heat transfer between the air
and the refrigerant may be changed by varying either the air inlet temper-
ature or the evaporation temperature. In order to investigate how changes
of these temperatures affect the capacity reductions, simulations are per-
formed changing the evaporation temperature at the inlet 7K up and down,
while keeping the air inlet temperature constant, and changing the air inlet
temperature 7K up and down, while keeping the evaporation temperature
at test case conditions. Fi 4.17 compares the impact of non-uniform
distribution of liquid and vapour on the cooling capacity for the test case
evaporator with the capacities found at the different air inlet temperatures
and evaporation temperatures. It is seen that a change in the temperature
difference does not impact the capacity reductions significantly.
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Figure 4.17: Impact of non-uniform distribution of liquid and vapour on the
cooling capacity for different air inlet temperatures and different evaporation tem-
peratures. The temperature is changed with reference to the test case.

F]ﬁ 4.18 shows the impact of a non-uniform airflow distribution on the
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cooling capacity for the different air inlet temperatures and evaporation
temperatures mentioned above. It is seen that if using R134a as refrigerant
the capacity reductions are not affected by the temperature changes. For
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Figure 4.18: Impact of non-uniform airflow distribution on the cooling capacity
for different air inlet temperatures and different evaporation temperatures. The
temperature is changed with reference to the test case.

COo, however, the capacity reduction at severe non-uniformity of the airflow
changes significantly when changing the temperature difference. Decreasing
the temperature difference between the inlet air and the refrigerant, results
in smaller capacity reductions, while increasing the temperature difference
leads to an increase of the capacity reductions at a given non-uniform air-
flow distribution. Furthermore, it is seen that the capacity reductions are
affected more by changing the evaporation temperature than by changing
the air temperature equivalently. However, to explain why this is the case,
we need to consider the changes of the mass flux that are a result of changing
the respective temperatures, while keeping all other parameters constant.
In table 4.1 the mass flux at uniform airflow distribution is shown for each
of the tenlpetatures used in the above simulations. The temperature dif-

T G

°C]  [kg/(m?)]

0.7 100

T, 7.4 85
14.4 69

28 109

Toin 35 85
42 62

Table 4.1: Mass flux in the evaporator channels using COsy at different tempera-
tures.
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ference between refrigerant and air is decreased by either increasing the
evaporation temperature or decreasing the air temperature. table 4.1
it is seen that a lower mass flux is needed to obtain the specified superheat
when increasing the evaporation temperature, while a higher mass flux of
refrigerant is needed when air temperature is decreased to 28°C. When in-
creasing the mass flux, the frictional pressure drop contribution increases
of the order ~ G?, while the gravitational contribution is independent of
the mass flux. When decreasing the temperature difference between air and
refrigerant, the frictional pressure gradient is hence much more dominating
in the case where the evaporation temperature is increased compared to
the case where the air temperature is lowered. Again the results indicate
that the ratio between the frictional and the gravitational pressure drop is
an important factor determining how much the capacity is affected by a
non-uniform airflow.

4.2.6 Varying the port dimension

Changing the port dimension affects the hydraulic diameter and the refrig-
erant mass flux. Since the refrigerant mass flux for the test case is already
in the low end of what would be expected in a real evaporator, the port
dimension are only varied to smaller ports, decreasing the port height and
port length each by 10% and 20%.

Fi 4.19 shows the capacity reductions due to non-uniform distribution
O\‘%id and vapour for three different port sizes. It is seen that for both re-
frigerants the capacity reductions at severe non-uniformity of the liquid and
and vapour distribution are slightly increased when decreasing the port di-
mension. Considering the impact of a non-uniform airflow, 4.20 shows
the reductions in capacity of the test case compared to the two other port
dimensions. For R134a the capacity reductions are not affected by changing
the port dimension, while for CO4 the capacity reductions at considerable
non-uniformity of the airflow are increased when using smaller channels.
These results relate well to the results presented above, since both the in-
crease in the mass flux and the decrease of the hydraulic diameter results
in an increase of the frictional pressure drop, while the gravitational contri-
bution remains unaffected.

4.2.7 Varying the channel length

F it«ﬂga 4.21@ 4.22 show the impact of non-uniform distribution of lig-
uid and vapour and non-uniform airflow on the cooling capacity for three
different channel length. Channels 10 cm longer and 10 cm shorter than
the test case evaporator are used in the simulations. Changing the channel
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Figure 4.19: Impact of non-uniform distribution of liquid and vapour on the
cooling capacity for different port dimensions.
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Figure 4.20: Impact of non-uniform airflow distribution on the cooling capacity
for different port dimensions.
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Figure 4.21: Impact of non-uniform distribution of liquid and vapour on the
cooling capacity for different channel length.
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Figure 4.22: Impact of non-uniform airflow distribution on the cooling capacity
for different channel length.

length mainly affects the mass flow rate needed to obtain the specified su-
perheat. For channels longer than the test case channels, the heat transfer
area is increased such that a higher mass flow rate can be evaporated and
vice versa. The effects of changing the channel length is seen to be very
similar to changing the port dimensions.

4.2.8 Manipulating the gravitational pressure gradient for
R134a

The results of the sensitivity study indicate that the gravitational pressure
drop is an important factor considering the magnitude of the capacity re-
ductions. All other parameters investigated only showed an impact on the
capacity reductions, if the specific parameter change also affected the signifi-
cance of the gravitational pressure drop contribution, which was the case for
several parameters when using COq as refrigerant. For R134a the gravita-
tional pressure drop contribution is very small compared to the contribution
of the frictional pressure drop, and for this refrigerant the reductions in ca-
pacity found when applying a non-uniform distribution of liquid and vapour
or a non-uniform airflow did not change for most of the parameter changes.
Therefore, it is interesting to investigate what would happen if the gravi-
tational pressure drop would be increased for this refrigerant. In practice
this is not possible, since the gravitational pressure gradient is determined
by the refrigerant properties, but theoretically it is an interesting experi-
ment. Fi 4.23 compares the capacity as a function of the distribution
of liquid and vapour (graph a) and as a function of the airflow distribution
(graph b) for the test case with the capacity found when multiplying the
gravitational pressure gradient by a factor of ten. The figure shows that
the cooling capacity is reduced significantly less for both non-uniform dis-
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tribution of liquid and vapour and non-uniform airflow in the case where
the gravitational pressure gradient has been increased artificially.
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Figure 4.23: Comparison of the cooling capacity of the test case with the cooling
capacity found multiplying the gravitational pressure gradient by a factor of ten.
The cooling capacity is shown as a function of the distribution of liquid and vapour
(a) and as a function of the airflow distribution (b).

Figure 4.24 s the mass flow rate in each channel as well as the total mass
flow rate as a function of the distribution of liquid and vapour (graph a) and
as a function of the airflow distribution (graph b). The figure compares the
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Figure 4.24: The mass flow rate, total and in each of the channels is shown as
a function of (a) distribution of liquid and vapour and (b) as a function of the
airflow distribution for test case conditions and for a manipulated case, where the
gravitational pressure gradient increased by a factor of ten.

test case results with the solutions found when the gravitational pressure
gradient is multiplied by a factor of ten. It is seen that the total mass flow
rate is reduced less in the case of the manipulated gravitational pressure
gradient, mainly because the mass flow rate in channel 1 is reduced less.
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Both for non-uniform distribution of liquid and vapour and for non-uniform
airflow the refrigerant in channel 1 is evaporated faster than in channel 2.
A larger mass flow rate in this channel, decreases the superheat out of this
channel and is therefore beneficial.

4.3 Significance of moist air

All previously presented results were obtained assuming dry air in the evap-
orator. In order to investigate the impact of moist air on the capacity re-
ductions, the model has to be modified such that the combined heat and
mass transfer is taken into account for those parts of the evaporator where
water condenses on the evaporator surface.

4.3.1 Model modifications

In order to solve the energy balance equations when moist air is cooled in
the evaporator it is necessary to determine whether the surface temperature
of the evaporator is below the dew point temperature of the air. Providing
the relative humidity of the air as an additional input to the model, the dew
point temperature of the incoming air can be calculated using the Antoine
equation (Danig and Holm, 1998)

B

Tgow = ———— — C —273.2 © 4.1
dew lnp%s A C 73.25 [ CL ( )

with
A =235771, B =-4042.9, C = —37.58,

where p, ¢ is the partial pressure of the water vapour at saturation (at the
given air temperature).

The surface temperature, however, is an output of the energy balance equa-
tions. In order to determine a surface temperature that can be used to
determine if there is condensation on the surface or not, the balance equa-
tions are solved assuming non-dehumidifying conditions. In this case there
will be no condensation of moisture and the model is very similar to the
dry air model presented in chapter 2. The only modification compared to
the model previously presentegﬁis the air side energy balance, which is now
calculated from

Q = ma Cl+w (Ta,in - Ta,out) ) (4'2)

where the mass flow rate, 1, is the mass flow rate of dry air and c¢j4,, is
the mixture ¢, of humid air calculated per unit mass of dry air

Cl4w = Cpa + W Cp oy, (4.3)
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where w is the humidity ratio. It is assumed that cjy, is constant in a
control volume.

The temperature of the dry surface is assumed to be constant for one control
volume and is calculated on the refrigerant side using

ery + T’r,in + Tr,out
hy- A, 2 ’

Tw,dry = (4.4)
It is assumed that the surface temperature on the refrigerant side equals the
surface temperature on the air side, which is in accordance with equation
(2.30 d to calculate UA-value of the evaporator, where any conduc-
tion resistance has been neglected. The main reason for calculating the
surface temperature on the refrigerant side is that the model showed to be
numerically more stable if it was calculated on this side.

If the calculated dry surface temperature is below the dew point temper-
ature, moisture will condense on the surface and this has to be included
in the equations. In this case the total heat transferred to the refrigerant
compounds of the sensible heat, which is energy transfer due to the tem-
perature different and the latent heat, which is energy transfer due mass
transfer. The energy balance of the humid air flow in a control volume
yields

Q = ma (iin - iout) . (45)

According to the definition of enthalpy of humid air this equations can be
written as

Q = Qsen + Qlat =1y [Cl+w (Ta,in - Ta,out) + 70 (win - wout)] 5 (46)

where the first term in the brackets on the right hand side is the specific
sensible heat and the second term is the specific latent heat.

The sensible heat transfer between the air and the heat exchanger surface
is calculated as

Qsen = ha Aa AT, (47)

where AT = Tj, mean — T1- In order to calculate the latent heat transfer rate
it is convenient to define a latent heat transfer coefficient, hj, (Knudsen,
2004) such that

Qlat = hlat Aa AT. (48)
The total heat transfer rate is hence given by

O = (ha + hiat) Aq AT = heoy Ag AT, (4.9)
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With the sensible and the latent heat transfer rate related to the same
temperature difference the ratio between the total heat transfer rate and
the sensible heat transfer rate is found as

* . Ad
Q _ htot _ Ai _ __Aw (4.10)
Qsen ha Al — Tko % — T ’
such that
Ai
htot = ha | 22— | . (4.11)
Aw —T0

The heat transfer rate in an air cooler working under dehumidifying con-
ditions can thus be calculated in the same way as the dry air cooler, just
replacing h, with hiot. However, in order to calculate the Ay the gradient,
C‘l% has to be known. Assuming the Lewis number to be one, it can be shown
that the process direction of air dehumidifying on a surface is linear, going
from the inlet state of the air towards the state of the air at the surface,
which is saturated air at the surface temperature (Knucsen, 2004). The
total heat transfer coefficient can thus be calculated as

htot = ha (“"‘”“’) : (4.12)

T T
It is assumed that the sensible heat transfer coefficient under wet conditions
is the same as under dry conditions. In reality the sensible heat transfer
coefficient will change slightly due to water film on the surface.

In the evaporator model, ht is used for calculating the overall heat trans-
fer coefficient, which is used for determining the NTU, if the dry surface
temperature of the control volume is below the dew point temperature.

4.3.2 Variation of the relative humidity

By varying the relative humidity the effective air side heat transfer coeffi-
cient is increased for the areas of the evaporator, which have a low surface
temperature. This leads to an improved heat transfer primarily in the areas
of the evaporator, where the refrigerant is in a two-phase state, while the
heat transfer is comparably smaller in areas where the refrigerant is super-
heated. If the relative humidity is 30%, the sensible air side heat transfer
coefficient is multiplied by around 1.3 in order to obtain the total air side
heat transfer coefficient. Setting the relative humidity to 60%, this factor is
around 2.3.

F I\-g-_&fg 4.25 shows the cooling capacity as a function of the liquid and vapour
distribution at the channel inlets for three different values of the air relative
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humidity: dry air, 30% and 60%. For all cases the cooling capacity is set
to 100% at uniform distribution of the liquid and vapour. It is seen that
for both refrigerants the reductions of the cooling capacity are not affected
much by changing the relative humidity of the air. However, a small increase
of the capacity reductions is found when increasing moisture content of the
air. The absolute cooling capacity of the evaporator is higher for increased
relative humidity, due to the latent heat transfer contribution, which is seen
in figure 4.26,@ the refrigerant mass flow rate increases correspondingly.
It is therefore likely that the changes in the capacity reductions for different
relative humidities are again mainly a result of changes in the dominance of
different pressure drop contributions.
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Figure 4.25: The cooling capacity as a function of the distribution of liquid and
vapour at the inlet for different values of the air relative humidity.
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Figure 4.26: The cooling capacity as a function of the distribution of liquid and
vapour at the inlet for different values of the air relative humidity.

Considering a non-uniform airflow distribution, figure 4.27 s that the
cooling capacity decreases slightly with increasing relative humidity for both
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refrigerants. When using R134a the model had numerical difficulties solving
for low values of fy. Therefore the curves for RH = 30% and RH = 60%
stop before the curve for dry air.
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Figure 4.27: The cooling capacity as a function of the airflow distribution at the
inlet for different values of the air relative humidity.

4.4 Discussion and summary

The results presented in this chapter indicate, that the development of the
pressure gradient in the channel is significant, considering the magnitude of
the capacity reductions due to non-uniform distribution of liquid and vapour
and non-uniform airflow. The study considering the choice of correlations
shows that amongst the tested correlations no significant differences in the
results considering capacity reductions can be found. However, considering
the correlations for the two-phase frictional pressure drop, the shape of the
curve showing the frictional pressure gradient along the channel is similar
for all correlations.

The sensitivity study regarding parameter changes and moist air shows
that parameter variations, which affect the gravitational pressure gradi-
ent impact most significantly on the capacity reductions. It is found that
a significant contribution of the gravitational pressure gradient to the to-
tal pressure gradient is beneficial, in that the capacity is less sensitive to
both non-uniform distribution of liquid and vapour and non-uniform air-
flow. However, changes of the gravitational pressure gradient simply lead
to a change in the total pressure gradient, and it is thus the shape of the
curve showing the total pressure gradient along the channel that is the im-
portant factor. Increasing the gravitational pressure gradient significantly,
primarily results in an increase of the total pressure gradient in the first
part of the channel, where most of the refrigerant is liquid. It is thus ex-
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pected that an increase of the total pressure gradient in the first part of
the channel, e.g. by varying the channel dimensions, would lead to similar
results.

In practice, it would probably be more realistic to change the channel dimen-
sions along the channel in order to change the course of the total pressure
gradient, than letting the gravitational pressure gradient be as dominating
as we did in these numerical experiments. In order to prevent maldistrib-
tuion of the refrigerant due to the pressure drop in the manifolds a certain
pressure drop is necessary. However, an increased pressure drop also means
a higher load on the compressor, so a trade-off has to be made.



Chapter 5

Conclusions

Using minichannel heat exchangers in refrigeration systems significantly re-
duces the refrigerant charge and increases compactness of the system. Both
of these issues are currently among the main targets within research and de-
velopment of refrigeration systems. Minichannel heat exchangers have been
successfully applied as condensers for a number of years. However, using
minichannel heat exchangers as evaporators still brings up challenges. One
of these challenges is refrigerant maldistribution and capacity reductions
due to a non-uniform heat load and a non-uniform distribution of the liquid
and vapour phases in the inlet manifold.

Evaporator model and test case

This thesis presents an evaporator model that is used to investigate the im-
pact of non-uniform airflow and non-uniform distribution of the liquid and
vapour phases in the inlet manifold on the refrigerant mass flow distribution
and on the cooling capacity of the evaporator. The model is built up by con-
necting one dimensional steady state models of multiport minichannel tubes
in order to model the parallel channels. The single multiport minichannel
model is successfully verified against commercial modelling software.

A test case evaporator consisting of two multiport minichannels in parallel
is defined, which is used for the distribution study. The test case evaporator
is based on a real evaporator, applied in an air-conditioning system using
R134a as refrigerant. However, two different refrigerants, R134a and CO-
are applied in the numerical experiments using the test case evaporator.

Two different distribution parameters, f, and fy are introduced. These pa-
rameters characterize the degree of non-uniformity of the liquid and vapour
distribution and the airflow distribution, by relating the conditions in one
of the channels to a mean condition. Both parameters hold values between
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0 and 1, where 1 is uniform distribution and 0 is extreme maldistribution.

Non-uniform distribution of liquid and vapour

Considering the evaporator performance when imposing non-uniform dis-
tribution of the liquid and vapour in the inlet manifold, we find that the
cooling capacity decreases by up to 20% at extreme maldistribution of the
liquid and vapour in the inlet manifold when using R134a as refrigerant.
On the other hand, the cooling capacity is not affected by the distribution
of liquid and vapour when using CO» in the test case evaporator. This dif-
ference in behaviour between the two refrigerants is ascribed to the different
pressure gradients along the channels for the two refrigerants. Using CO»
in the test evaporator leads to very large contributions of the gravitational
pressure drop contribution. In practice they may be unrealistically large
but still very interesting for this study. Comparing the capacity reductions
with reductions of the area covered by refrigerant in a two-phase condition
shows that the reductions in capacity and in two-phase area are close to
equal when imposing a non-uniform distribution of the liquid and vapour
in the inlet manifold. The reductions in capacity are slightly smaller than
the reduction of the two-phase area.

Non-uniform distribution of the airflow

Considering the impact of a non-uniform airflow distribution, the results
show that the cooling capacity is strongly affected by the airflow non-
uniformity for both refrigerants. However, the capacity reductions are more
than twice as large for R134a than for COs. Comparing the relative reduc-
tions of the capacity to the relative reductions of the two phase area it is
found that the decreases in the cooling capacity are significantly larger than
decreases in the two-phase area.

Considering the two-phase area once more, we see that the two-phase area
decreases at almost the same rate as the cooling capacity when imposing a
non-uniform distribution of liquid and vapour. On the other hand the ca-
pacity decreases much more than the two-phase area in case of non-uniform
airflow distribution. In a real system this could probably be used to identify
whether non-uniform airflow or a non-uniform distribution of the liquid and
vapour phases in the inlet manifold are causing capacity reductions.

Combined maldistribution

Combining non-uniform airflow and non-uniform distribution of liquid and
vapour showed that a non-uniform airflow distribution to some degree can
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be compensated by a suitable distribution of the liquid and vapour. It is
shown that an optimum distribution of liquid and vapour at a given non-
uniform airflow distribution can be obtained when the refrigerant out of
both channels is fully evaporated and the superheat out of the individual
channels is not exactly equal. However, if the system is controlled such
that the superheat out of the individual channels is equal, the capacity is
very close to the maximum. In reality this would probably be the easiest
control strategy in order to recover most of the cooling capacity lost due to
non-uniform airflow distribution.

Sensitivity study

A sensitivity study considering parameter changes shows that the course of
the pressure gradient in the channel is significant, considering the magnitude
of the capacity reductions due to non-uniform distribution of liquid and
vapour and non-uniform airflow. Parameter variations that affect the ratio
of the gravitational to the frictional pressure gradient, most significantly
impact the capacity reductions. Furthermore, it is shown that the capacity
is less sensitive to both non-uniform distribution of liquid and vapour and
non-uniform airflow if the gravitational pressure gradient gives a significant
contribution to the total pressure gradient. Presumably, the same benefits
would be obtained if the frictional pressure drop in the first part of the
channel was increased, which in practice may be a better solution than
accepting a dominant contribution of the gravitational pressure gradient.

5.1 Outlook

The results presented in this thesis are based on a numerical study of the
evaporator and therefore the most obvious issue for further work lies in a
validation of the results against experimental data. Using an experimental
set-up where both the airflow distribution and the distribution of liquid
and vapour can be controlled would be ideal. However, controlling the
distribution of liquid and vapour may be difficult in practice and a scenario,
where the airflow distribution is controlled, while the distribution of liquid
and vapour is either uniform or totally separated could be a solution to
create experimental data for validation.

Furthermore, it would be interesting to extend the model such that not only
two, but many parallel channels are considered. Considering the impact of
a non-uniform airflow distribution, it is expected that the results obtained
using two channels represent a worst case scenario. However, it would be
interesting to study the impact of the distribution of liquid and vapour for
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more than two parallel channels.

Another issue for further work would be to investigate the evaporator as
part of the total refrigeration system. If the evaporator is part of a system,
the saturation temperature at the evaporator inlet is not constant at differ-
ent degrees of non-uniformity, as it was in the present study. Instead the
volume flow out of the evaporator would be determined by the compressor.
Non-uniform airflow distribution and non-uniform distribution of liquid and
vapour would therefore not only impact the cooling capacity but also the
evaporation pressure. Together these changes in capacity and evaporation
pressure impact the system COP.

Non-uniform airflow and non-uniform distribution of liquid and vapour
could also impact the dynamics of a system. The model used in the present
study is a steady-state model, and the dynamics of the system has not been
considered. With an extended, dynamic model of the evaporator, the im-
pact of refrigerant maldistribution on the dynamics of the system could be
investigated.
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A.1 Influence of neglecting pressure drop due to
acceleration

When performing simulations using the evaporator model, the model turned
out to have problems converging if considerable non-uniform airflow are
imposed and refrigerant R134a was used. By neglecting the contribution to
the pressure drop due to acceleration of the flow, the number of equations
that need to be iterated could be reduced and the convergence problems
disappeared. Therefore, in the calculations considering variation of the
airflow distribution when using R134a this contribution to the pressure drop
has been neglected in the calculations. The graphs ri-zfigurqsl*tl and A.2
show that the overall results are not affected by neglecting this term.
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Figure A.1: Heat flux along the channel, calculated with and without including
the pressure drop due to acceleration.
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Figure A.2: The overall results are not affected by neglecting the pressure drop
due to acceleration.

A.2 Variable variations inside the channel

The following pages contain graphs showing different variables such as en-
thalpy, temperatures and heat transfer coefficients along the channel length
inside the test case evaporator. Figure A.3 s the variables using refrig-
erant R134a for three different distributions of the inlet qualities. Figure
A4 s the same using CO» as refrigerant. Figures A.5 ﬂf.()’ the
variables using refrigerants R134a and CO», respectively, for three different
airflow distributions.
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Figure A.3: Selected parameters shown along the channel length for three different
inlet quality distributions using R134a as refrigerant.
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Figure A.4: Selected parameters shown along the channel length for three different
inlet quality distributions using COs as refrigerant.
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Figure A.5: Selected parameters shown along the channel length for three different
airflow distributions using R134a as refrigerant.
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Figure A.6: Selected parameters shown along the channel length for three different
airflow distributions using COs as refrigerant.
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A.3 Mass flux vs. pressure drop

One of the instabilities that might occur in steady state flow evaporating in
parallel channels is the Ledinegg instability. The Ledinegg instability has
been extensively studied for more than fifty years and a review of studies
on the Ledinegg instability has been performed by Kakac and Bon (2008).
We will not go into great detail with this instability here, we will just ex-
plore whether the conditions for the instability to occur are present in the
evaporator tested in this study.

An illustration of the conditions that determine the Ledinegg instability
is shown in ﬁ@ A.7. The instability occurs if the slope of the internal
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Figure A.7: lllustration of Ledinegg instability. Figure jrom Kakac and Bon
(2008).

characteristic curve, i.e. the pressure drop versus the mass flow rate in a
given channel, is negative, and the external characteristic curve is less steep
than the internal characteristic curve, such that the two curves have several
intersections.

Usually the internal characteristic curve is shown for constant heat flux,
which especially makes sense considering boilers in power plant systems. In
an air cooled evaporator neither the heat flux nor the temperature is con-
stant. Fj A8 shows the internal characteristic curve for the evaporator
defined in the present study for different values of the inlet quality and for
the two refrigerants R134a and COs. Compared to the test case parameters
defined in ‘@ie 2.1 (@e 25) the mass flow rate is given as an input when
performing this study, such that the superheat out of the channel will vary.
It is seen that the slope of the characteristic is positive in all cases for both
refrigerants.

Fi A.9 shows the internal characteristic of an evaporator channel for
di]%nt air velocities. In this case the inlet quality is 0.3, as defined for the
test case. Also here the slopes are positive everywhere for all air velocities.
It can thus be concluded that the Ledinegg instability is not expected to be
a problem in the evaporator studied.
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Figure A.8: Pressure drop in a single channel of the test case evaporator is shown
as a function of the refrigerant mass flux for different inlet qualities and for refrig-
erants COy and R134a.
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Figure A.9: Pressure drop in a single channel of the test case evaporator is shown
as a function of the refrigerant mass flux for different air velocities and for refrig-
erants COy and R134a.
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A.4 Changing the correlations for the two-phase
heat transfer coefficent

Figures; A.10randy A.11 show that the results of the mass flow rate, super-
heat out of the individual channels and the pressure drop are insignificantly
dependent on the choice of correlation for the two-phase heat transfer cor-
relation.
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Figure A.10: Selected variables as a function of the gas-liquid distribution. Solu-
tions found using three different correlations for the two-phase heat transfer coeffi-
cient.
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1. Introduction The use of compact heat exchangers helps achieving this target.

Especially aluminum braced microchannel heat exchangers,
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reducing system sizes but also reduce the refrigerant charges
needed in order to obtain a given cooling capacity.

Due to the small channel sizes a design with many parallel
channels is required in order to keep the pressure drops at an
acceptable level. For evaporators, where the entering fluid is
usually in a two-phase state the use of many parallel channels
induces problems of maldistribution of the refrigerant. This
maldistribution of the refrigerant mass flow rates may appear
due to maldistribution of the two phases in the dividing
manifold or header, or due to maldistribution of the airflow or
air temperatures on the secondary side of the heat exchanger.

The impact of a non-uniform airflow on the heat exchanger
performances has been addressed in several studies. In
a study by Chwalowski et al. (1989) it was shown experimen-
tally that a capacity reduction of up to 30% could be found for
a fin and tube evaporator in an air-conditioning duct that was
exposed to a non-uniform airflow. However, it was not
investigated how much of the capacity degradation appeared
due to maldistribution of the airflow only, and how much
originated from the resulting maldistribution of the refrig-
erant. In a numerical study performed by Domanski (1991)
different airflow profiles were applied on a fin and tube
evaporator, and the results showed reductions of the cooling
capacity of up to 25%.

Choi et al. (2003) conducted experiments with R22 in a fin-
ned tube evaporator with 3 circuits to determine the capacity
reduction due to non-uniform distribution of the refrigerant
and airflow distribution. Results showed that for maldis-
tributed refrigerant flow the capacity degradation could be as
much as 30%, even when the superheat of the refrigerant was
controlled to compensate for the degradation. Moreover, the
study on a maldistributed airflow showed a maximum
capacity degradation of 8.7%.

Considering the liquid/gas distribution in the manifold,
several studies on two-phase flow distribution in manifolds or
headers have been carried out for both conventional and
microchannel evaporators. Vist and Pettersen (2004a) studied
a manifold with 10 parallel evaporator channels and R134a as
refrigerant experimentally. Both the liquid/gas distribution
and the heat load on the different channels were investigated
and a similar study was performed using CO, as refrigerant
(Vist and Pettersen, 2004b). Hwang et al. (2007) investigated
the distribution of the liquid phase in a manifold for a micro-
channel evaporator, considering different inlet locations.
However, these studies focus primarily on the distribution in
the header, and not on its effects on the heat exchanger
performance.

The objective of the present study is to investigate the
effects of maldistribution of refrigerants in parallel evaporator
channels on the heat exchanger performance by numerical
simulation. Both the maldistribution generated in the header,
i.e. the distribution of liquid and vapour into the different
channels, and the maldistribution of refrigerant occurring due
to unevenly distributed air velocities are considered.

2. Method

In order to model the evaporator, a discretized 1D-model of
a single microchannel tube is built using a finite volume

output
Pout: Qi»

m;, Xout,i or ATsup,i

Refrigerant

(
%
\ \
7
N\
7

iy

input

Pin, Min,total,

Xmanifold: Xi»
Uair’ Tair,in

Air

*

Channel i

Fig. 1 - Sketch of two channels in parallel with input and
output parameters to the model.

method. A microchannel tube is here defined as one tube
containing several flow ports for the refrigerant. On the air side
louvered fins are assumed on each side of the tube, but only
half of the fin length on each side is accounted to belong to the
specific channel. The other half belongs to the neighbouring
channel. In Fig. 1 a sketch of two microchannel tubes is shown.

Each channel is discretized into an optional number of
volumes, and each volumeis treated as a small heatexchanger.
For each volume the continuity equation, the momentum
equation and the energy equation are solved under the
assumption of steady state. No conduction is assumed
between the different volumes. The mathematical modelling
and solving of the final system of equations is performed using
Engineering Equation Solver, EES (2007). The software solves
the algebraic equations numerically using a Newton-Raphson
method. Therequired accuracy of the solution is reached when
the relative residuals are lower than 10°.

Table 1 - Summary of correlations used to calculate heat
transfer coefficients and pressure drop.

Air side

Heat transfer coefficient

Kim and Bullard (2002)

Two-phase region

Heat transfer coefficient Zhang et al. (2004)

+ smooth transition to single phase
Void fraction Homogeneous model

Gravitational pressure drop Homogeneous model
Accelerational pressure drop Homogeneous model

Frictional pressure drop Miiller-Steinhagen and Heck (1986)
Single-phase region

Heat transfer coefficient
Frictional pressure drop

Gnielinski (2002)
Blasius (2002)
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In order to calculate the frictional pressure drop and heat
transfer, coefficients validated correlations from the literature
are applied, depending on the flow conditions. Table 1
summarizes the correlations that have been chosen.

The correlations used for calculating the frictional pressure
drop for both two-phase and single-phase flow are correla-
tions developed for conventional channels, but are here
applied for microchannels. Revellin (2006) compared a wide
range of pressure drop correlations, developed for both small
channels and conventional channels, against experimental
data of evaporating R134a in small channels. It was found that
the (Miiller-Steinhagen and Heck, 1986) correlation best pre-
dicted the data. For single-phase pressure drop, Caney et al.
(2007) show that the conventional correlations predict pres-
sure drop in a mini-channel well.

As mentioned in Table 1 a correlation presented by Zhang
et al. (2004) is used to calculate the heat transfer coefficient on
the refrigerant side in the two-phase region. However, this
correlation is only valid for qualities <0.7, and does not take
dryout into account. Therefore, the heat transfer coefficient
for 0.7 <x<1 has to be found differently. This is done in
a relatively simple, purely mathematical way. A smooth
transition function, based on a tanh-function, is applied to
connect the value of the heat transfer coefficient calculated by
the Zhang et al. (2004) correlation and the single-phase heat
transfer coefficient that is obtained at dry conditions.

Fig. 2 shows the development of the heat transfer coeffi-
cient as a function of quality under the conditions specified in
the figure. Numerically this smooth transition between the
different heat transfer coefficients is an advantage, since the
equations are solved more stably when no large discontinu-
ities are present.

A sensitivity analysis shows that the choice of correlations
for calculation of the heat transfer coefficient only plays
a minor role on the final results as long as the general trend is
kept. For this reason it is assumed that the extended Zhang
correlation is a reasonable choice in the two-phase flow. For
single-phase heat transfer again a correlation developed for
conventional channels is used. Since the heat transfer in

single-phase flow is much lower than in the two-phase flow
area, it is assumed that the choice of correlation does not
affect the final results.

In order to investigate the influence of maldistribution of
refrigerant in several parallel channels, the single channel
models have to be connected. Although each microchannel
tube contains a number of small parallel channels, it is
assumed that there is no maldistribution of the refrigerant
between the different portsin one microchannel tube, such that
maldistribution can solely occur between the different tubes.

The different tubes are connected through, first of all,
conservation of the total mass flow rate:

N
min.total = Z mia (1)
i-1
where N is the total number of channels. Secondly, no pres-
sure drop is assumed in the inlet or outlet manifolds, such
that the total pressure drop over each tube has to be equal:

Api = Pin — Pout- (2)
Furthermore the manifolds are assumed to be adiabatic,

and therefore the gas and liquid phases are conserved in the
manifolds:

(3)

N
Min total Xin,total = Zmixi:
i=1
The pressure drop across any tube depends on the mass
flow rate, inlet quality and heat load, and since the inlet
quality is known and the heat load is calculated for each
channel, the final distribution of mass flow rate between the
channels is found.

3. Validation of the model

The microchannel evaporator model is validated against
results obtained using the modelling software CoilDesigner
(liang et al., 2006). A test case based on R134a evaporating in

4000 T
3500 .
3000 .
£ 2500 1 | R134a
&
|E 2000 b 1 |p=3.8bar
= G =95kg m?s’
£ 1500 | b D=1mm
h
—— Zhang Twall =11°C
1000 h .
trans q’ =6.0 kW m2
500 |- |-—k— hgp : : : |
, : : : %
0 i i i i
0 0.2 0.4 0.6 0.8 1

Fig. 2 - Development of the heat transfer coefficient in the two-phase region as a function of quality for the test conditions

shown to the right.
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Table 2 - Parameters defining the test case.

Evaporator geometry

Tube length 0.47 m
# of ports in one tube 11
Cross-section of one port 0.8 x 1.2 mm
Flow depth 16 mm
Distance between two microchannels 8 mm
Fin pitch 727 m~*
Flow parameters

Air temperature 35°C
Air velocity 1.6 m/s
Evaporation temperature 7.4°C
Quality at manifold inlet 0.3
Total superheat 6K

a microchannel tube is defined for validation and for the case
study presented in the following. The parameters defining the
heat exchanger geometry and the flow conditions are speci-
fied in Table 2.

In CoilDesigner a microchannel geometry is chosen and all
geometry parameters are chosen to match the test case. Also
correlations calculating the heat transfer and pressure drop
need to be chosen. On the air side and for single-phase
refrigerant, the same correlations are used for the CoilDe-
signer model and the present model. For two-phase heat
transfer and frictional pressure drop this option was not
available, therefore two different sets of available correlations
are chosen. One case uses correlations presented by Jung and
Radermacher (Jiang et al., 2006) for both the heat transfer
coefficient and the frictional pressure drop. The other case
uses a correlation presented by Shah (Jiang et al., 2006) for the
heat transfer coefficient, and the homogeneous model for
frictional pressure drop.

A model of one single channel is then compared to the
results given by the CoilDesigner software and showed good
agreement. In Table 3 some key parameters are summarized.

The best agreement is found between this model and the
CoilDesigner 1 case. For CoilDesigner 1, the Jung and Rader-
macher correlations are used for two-phase heat transfer and
pressure loss. Especially the pressure drop in the channel
agrees very well, whereas the homogeneous pressure model
predicts a considerably lower pressure drop. The overall heat

Table 3 - Key parameters calculated by the different
models. For CoilDesigner 1 the Jung and Radermacher

correlations were applied, while for CoilDesigner 2 the
Shah correlation and the homogeneous friction model
were used.

This  CoilDesigner CoilDesigner
model 1 2

Heat transfer 139.4 133.5 129.4
rate, W

Mass flow 1.00 0.951 0.921
rate, g/s

Total pressure 5000 4557 2493
drop, Pa

Avg. hyrp, Wm™2K* 2850 3250 2389

transfer rate for the channel differs by only 4% between this
model and the CoilDesigner 1 case, although there are
significant differences in how the two-phase heat transfer
coefficient is calculated. For both the Jung and Radermacher
correlation and the Shah correlation the two-phase heat
transfer coefficient is increasing or constant until the quality
approaches x =1, whereas the heat transfer coefficient used
here, starts to decrease at a quality around x = 0.7, where it is
assumed that dryout begins. Fig. 3 shows the temperatures of
the refrigerant and the air outlet as calculated by the three
models. It increases at a shorter distance from the inlet in
the present model compared to the other models due to the
decrease in the two-phase heat transfer coefficient. Otherwise
both the refrigerant temperature and the air outlet tempera-
ture agree for the three models. We believe that the present
model is more in accordance with reality as it accounts for
dryout. We find that the model is verified.

a 30 T T T T
—v— This model : : :
o5 | —O— CoilDesigner 1
—&— CoilDesigner 2

Tair [oc]

10 : - . : R

z [m]

b 14 ; ; ; ;

—v— This model

12 || —e— CoilDesigner 1 | : : ..'.‘“

—+&— CoilDesigner 2

Trefrigerant [OC]

0 i i i i
0 0.1 0.2 0.3 0.4
z [m]

Fig. 3 - Comparison of the refrigerant temperature and the
air outlet temperature along the channel. For CoilDesigner
1 the Jung and Radermacher correlations were applied,
while for CoilDesigner 2 the Shah correlation and the
homogeneous friction model were used.
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4, Results and discussion

Using the model a case study is performed with two channels
in parallel. The geometry and flow parameters were the same
as specified in Table 2. The two channels are vertically
oriented with the refrigerant flowing in the upwards direction.
Two different cases are investigated. First, maldistribution of
the inlet quality distribution into the two channels is consid-
ered, whereas the airflow is assumed to be uniformly
distributed. Second, a non-uniform airflow is imposed, while
the inlet quality is equal for both channels. For both cases the
total superheat of refrigerant out of the exit manifold is kept
constant as indicated in Table 2. The total mass flow rate of
refrigerant in the two channels can thus vary depending on
the distribution.

4.1.  Maldistribution of inlet quality

The evaporator is usually fed by a mixture of liquid and
vapour. How the two phases will distribute in the header
depends on many parameters such as the header geometry,
mass flow rates and refrigerant properties. The distribution of
the two phases does influence the inlet quality into the
different parallel channels. Since the flow in the header is not
modelled in detail in the evaporator model used for this study,
maldistribution of the inlet quality is studied by simply
varying the inlet quality to the different channels.

In the first case considered, the inlet quality to each of the
channels is varied, while the inlet quality to the header is kept
constant at x=0.3. The airflow is assumed to be uniformly
distributed. The two microchannel tubes are numbered
channel 1 and channel 2, and the inlet quality to the channels
is varied such that the quality into channel 1 is increased and
decreased in channel 2. Since the manifold is considered
adiabatic, Eq. (3) has to be fulfilled at all times.

0.25 T ! T !

f.=0.001

0.05} o—f,=05 E

—— =1

0 i i i i
0 0.1 0.2 0.3 0.4

z[m]

Fig. 4 - Local UA-values through the channel for three
different inlet quality distributions. The two lines showing
the UA-values in the case of equal distribution ( f, = 1)
coincide, while for the two other cases each line shows the
UA-value in one of the channels.

Table 4 - Mean UA-values for the two parallel channels
together.

fu=1 fu=05  f,=0.001

0.1741

Mean UA-value, WK* 0.1644 0.1501

A distribution parameter, fy, is defined in order to quantify
the distribution in a simple way:

X2

fe

= , 0<fi <1 (4)
Xmanifold
For equal distribution of the inlet quality fy =1, while for
fx=0o0nly liquid is fed into channel 2 and a remaining mixture
of liquid and gas goes into channel 1.

Fig. 4 shows the local UA-values, calculated along the
channel, for three different distributions of the inlet quality.
The local UA-values are calculated based on the local heat
transfer coefficients and neglecting the conduction resistance
in the channel wall:

111 -
UA A,  nhaAs

In the case of equal distribution, i.e. f,=1 the two lines
coincide. At the channel inlet the local UA-values are more or

a 1.1 T T T T
—¥— channel 1

channel 2 | 1

Mass Flow rate [g/s]

0 0.2 0.4 0.6 0.8 1
i [-]

b 30 T T T T

—k— channel 1
channel 2
—&— total

f [-]

Fig. 5 - Influence of inlet quality distribution on the mass
flow rate and on the outlet superheat.
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Fig. 6 — Influence of inlet quality distribution on the mass
flow rate and on the outlet superheat.

less the same, independent of the inlet quality distribution.
Following the flow in the channel, the UA-values stay
constant at this level until dryout starts, and this position
differs for the different inlet quality distributions. Shortly
before only single-phase flow remains in the channel a jump
in the curves can be seen. This jump occurs since the transi-
tion between the two-phase and single-phase heat transfer
coefficients is not completely smooth in the model.

Comparing the two maldistributed cases to the equally
distributed case, it is noticed that the beginning of dryout
happens much earlier in channel 1, while it is delayed
considerably less in channel 2. Integrating the UA-values of
the two connected channels divided by the channel length
gives a mean UA-value. In Table 4 these mean values are listed
for the three distributions of the inlet quality. As expected the
mean UA-value for the two channels together decreases with
increasing maldistribution. As a consequence the heat trans-
fer rate decreases for increased maldistribution of the inlet
quality.

The distribution of the refrigerant mass flow rate in the two
channels depends on the pressure gradients in the two
channels. Since the pressure gradients along the channels are
different, but the total pressure drop is the same for the two

f,=06
005 | o— f,=0.8 1
—— fy=1
0 0 oi.1 oi.z oi.s oi.4

z [m]

Fig. 7 - Local UA-values through the channel for different
distributions of the airflow. The inlet quality on the
refrigerant side is kept constant at x = 0.3 for all channels.

channels, the mass flow rate distributes according to these
requirements. Fig. 5 shows the distribution of the refrigerant
mass flow rate and the superheat out of each of the channels
as a function of f,. For increasing maldistribution of the inlet
quality, the total mass flow rate decreases in order to keep
a constant superheat. It is furthermore noticed that the mass
flow decreases more in channel 1, which is the channel with
a higher fraction of gas at the inlet. The superheat at the outlet
of channel 1, shown in the lower graph of Fig. 5, approaches
the air temperature for increased maldistribution, while not
all of the liquid evaporates in channel 2 at inlet quality
distributions of f, < 0.8.

The reduction in the total mass flow rate together with the
decreasing mean UA-value, results in a reduction of the
cooling capacity of the two channels, which is shown in Fig. 6.
Itis seen that the cooling capacity of channel 2, which receives
more and more liquid for increasing maldistribution, is more
or less constant. The cooling capacity of channel 1 on the
other hand decreases significantly. When only liquid enters
into channel 2 and the remaining mixture enters channel 1,
the total cooling capacity is reduced by 23%. This is thus the
upper limit of the influence of maldistribution for the present
case.

The upper graph in Fig. 6 shows the total pressure drop
over the two channels. It is seen that the pressure drop over
the evaporator channels decreases for increasing maldis-
tribution. Future studies will investigate how this affects the
total system performance.

Table 5 - Mean UA-values for the two parallel channels
together.

fu=1 fu=0.8 fu=06
0.1741 0.1690 0.1546

Mean UA-value, WK
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Fig. 8 - Influence of airflow maldistribution on the mass
flow rate and on the outlet superheat.

4.2.  Maldistribution of airflow

Maldistribution of the airflow also affects the distribution of
refrigerant in the parallel channels. In this second case
considered, the inlet quality is kept constant at 0.3 for both
channels, while the airflow distribution is varied. The total
volume flow rate of air is kept constant, and hence the mean
velocity of the airflow. For simplicity the maldistribution of
the airflow is imposed such that the air velocity is increased
over the whole channel 1 and decreased over channel 2.
Again, a maldistribution parameter is defined in order to
quantify the maldistribution:
fu= o2 0<fy <1, ©

Umean

where fy =1 for equal air velocities on both channels, while
fu=0 when there is no airflow on channel 2, and all airflows
by channel 1 only.

Fig. 7 shows the local UA-values along the two channels for
three different distributions of the airflow. In this case the
local UA-values at the channel inlet differ for the different
distributions, because the air side heat transfer coefficient
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Fig. 9 - Influence of airflow maldistribution on the mass
flow rate and on the outlet superheat.

depends on the air velocity. However, the increase of the UA-
value in the channel with the higher air velocity almost
corresponds to the decrease in the other channel. Also in this
case the position of the beginning dryout changes with the
distribution. Mean UA-values are shown in Table 5. It is seen
that the mean UA-value for the two channels decrease with
increased maldistribution of the airflow rate.

Due to the lower average overall heat transfer coefficient
for increased maldistribution, the total mass flow rate
decreases in order to keep a constant superheat. For small
degrees of maldistribution on the air side, i.e. fy > 0.9 only very
small changes in the total mass flow rate are found, which is
shown in Fig. 8. For more non-uniform airflows the mass flow
rate starts to decrease significantly. For a non-uniform
distribution with fy=0.6, the total mass flow rate on the
refrigerant side has decreased by almost 20%. It is noticeable
that the mass flow rate decreases equally in both channels. If
this is general or specific for the choice of geometry and flow
parameters needs to be investigated further. The lower graph
in Fig. 8 shows the superheat out of the two channels. For
fu <0.88 not all of the refrigerant evaporates in channel 2, and
a mixture of liquid and gas exits this channel.
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Fig. 9 shows the cooling capacity and total pressure drop as
a function of the maldistribution parameter. The cooling
capacity of channel 1 increases slightly for small degrees of
maldistribution on the air side, but starts to decrease for
fu<0.9. In channel 2 the cooling capacity decreases steadily
for increased maldistribution. As a result of this the total
cooling capacity is almost constant for 0.9 < fy <1 and then
decreases for decreasing fi;. When f; = 0.6, which corresponds
to an air velocity of 2.24 m/s on channel 1 and 0.96 m/s on
channel 2, the cooling capacity is decreased by 19%.

From the results it seems, that the maldistribution of the
airflow mainly influences the heat exchanger performance as
soon as one of the channels runs wet at the exit. For the case
shown here it happened at f; = 0.88.

5. Conclusions

A model of a microchannel evaporator was built in order to
numerically investigate the effects of refrigerant maldis-
tribution in the parallel channels on the heat exchanger
performance. The model was validated against an evaporator
modelled using the software CoilDesigner (Jiang et al., 2006).
Good agreement was found between the two models. A case
study for two channels in parallel was performed using a fixed
heat exchanger geometry. It was studied how both the mal-
distribution generated in the header due to the two-phase
flow distribution and the maldistribution that occurs due to an
uneven airflow distribution influences the heat exchanger
performance. It was shown that in both cases, the total cooling
capacity was reduced for increased maldistribution.
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The effects of airflow non-uniformity and uneven inlet qualities on the performance of
a minichannel evaporator with parallel channels, using CO, as refrigerant, are investigated
numerically. For this purpose a one-dimensional discretised steady-state model was
developed, applying well-known empirical correlations for calculating frictional pressure
drop and heat transfer coefficients. An investigation of different correlations for boiling
two-phase flow shows that the choice of correlation is insignificant regarding the overall
results. It is shown that non-uniform airflow leads to maldistribution of the refrigerant and
considerable capacity reduction of the evaporator. Uneven inlet qualities to the different
channels show only minor effects on the refrigerant distribution and evaporator capacity
as long as the channels are vertically oriented with CO, flowing upwards. For horizontal
channels capacity reductions are found for both non-uniform airflow and uneven inlet
qualities. For horizontal minichannels the results are very similar to those obtained using
R134a as refrigerant.
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1. Introduction heat exchangers are well suited for the high working
pressures of CO, and provide good heat transfer. Especially

Minichannel heat exchangers with extruded aluminium for systems, where compactness and low refrigerant

channels and folded, louvred fins are a popular choice charge are desired, minichannel heat exchangers are

for refrigeration systems using CO, as refrigerant. These favourable.
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Nomenclature

Roman

A area (m?)

f maldistribution parameter (-)

h heat transfer coefficient (W m~2 K1)
m mass flow rate (kg s ?)

P pressure (bar)

Q heat transfer rate (W)

T temperature (°C)

U air velocity (m s~

c
>

overall heat transfer coefficient (W K™7)

However, maldistribution of the refrigerant is a challenge
in this type of heat exchangers, especially for evaporators
where the entering fluid is usually in two-phase condition
(Kim et al., 2004; Kandlikar, 2007). The design of the distribu-
tion manifold plays an important role in how the gas and
liquid phases distribute, as shown by Vist and Pettersen (2004)
and Hwang et al. (2007). Furthermore, pressure drop in the
manifolds may induce maldistribution of the refrigerant
(Kulkarni et al., 2004). Another factor that may influence the
distribution of the refrigerant in the parallel channels is the
airflow distribution on the secondary side. Due to design
constraints a uniform airflow is rarely attained across the
evaporator. It is therefore interesting to study the effects of
a non-uniform airflow distribution and a non-uniform
gas—liquid distribution on the evaporator performance.

Several studies on conventional evaporators have shown
that maldistribution of the refrigerant may cause a severe
deterioration of the evaporator performance. In a study by
Chwalowski et al. (1989) it was shown experimentally that
a capacity reduction of up to 30% could be found for a finned
tube evaporator in an air-conditioning duct that was exposed
to a non-uniform airflow. It was not investigated how much of
the capacity reduction appeared due to maldistribution of the
airflow only, and how much originated from the resulting
maldistribution of the refrigerant. Choi et al. (2003) conducted
experiments with R22 in a finned tube evaporator with three
circuits to determine the capacity reduction due to maldis-
tribution of the refrigerant and airflow non-uniformity. Results
showed that for maldistributed refrigerant flow the capacity
reduction could be as much as 30%, while for the case of non-
uniform airflow with evenly distributed refrigerant a capacity
reduction of 6% was found. In a numerical study performed by
Domanski (1991) different airflow profiles were applied on
a three circuit finned tube evaporator. The gas—liquid distri-
bution to the different circuits was uniform, but the mass flow
rate into the circuits varied as a result of the non-uniform
airflow. In the study the saturation temperature at the evapo-
rator inlet and the outlet superheat were the same for all
velocity profiles applied. The results showed reductions of the
cooling capacity of up to 25% for non-uniform airflow profiles
compared the capacity obtained for uniform airflow. Recently,
Kim etal. (2009a,b) presented a numerical study of the effects of
void fraction maldistribution, feeder tube blockages and
airflow non-uniformity on the performance of a five circuit,
finned tube evaporator using R410A as refrigerant. The non-
uniformities were imposed such that the evaporator was

bl quality (-)

z channel length (m)

Greek

Mo surface efficiency

Subscripts

a air side

r refrigerant side

sup superheat

U maldistribution of air velocity
X maldistribution of inlet quality

divided into two sections. Two and three circuits thus worked
under the same conditions, respectively. Significant reduc-
tions in cooling capacity and COP were found for airflow non-
uniformity and refrigerant maldistribution due to both mal-
distribution of the inlet void fraction and feeder tube blockages.

Maldistribution caused by airflow non-uniformity and
non-uniform gas—liquid distribution in two parallel multiport
minichannel tubes have been studied numerically by Brix
et al. (2009) using R134a as refrigerant. Non-uniform airflow
or a non-uniform distribution of the gas and liquid at the inlet
were imposed and the effects on the evaporator performance
were studied. Initial results using CO, in a similar mini-
channel evaporator (Brix and Elmegaard, 2008) showed
different behaviour when using CO, as refrigerant instead of
R134a. A more detailed study of maldistribution of CO, in
minichannel evaporators is therefore interesting.

The objective of the present study is to investigate the
effects of maldistribution of CO, in parallel evaporator mini-
channels on the heat exchanger performance by numerical
simulation. Maldistribution of refrigerant occurring due to
a non-uniform airflow and maldistribution generated due to
phase separation in the manifold, i.e. the distribution of liquid
and vapour into the different channels, are considered.

2. Method

In order to model the evaporator, a discretised one-dimen-
sional model of a single minichannel tube is built using the
finite volume method. Each minichannel is discretized into an
optional number of volumes, and each volume is treated as
a small heat exchanger. For each volume the continuity
equation, the momentum equation and the energy equation
are solved under the following assumptions:

e The system is in steady state.

e The refrigerant flow is one-dimensional.

e The refrigerant flow is homogeneous and vapour and liquid
are in thermodynamic equilibrium.

e Heat conduction in the flow direction of one tube and
between different tubes is negligible.

e The air is dry.

The assumption of homogeneous flow, is applied only for
calculating the void fractions as well as the gravitational and
accelerational pressure gradients. The frictional pressure
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Table 1 — Summary of correlations used to calculate heat
transfer coefficients and pressure drop.

Air side

Heat transfer coefficient Kim and Bullard (2002)

Two-phase region
Heat transfer coefficient
Frictional pressure drop

Bertsch et al. (2009)
Miiller-Steinhagen
and Heck (1986)

Single-phase region
Heat transfer coefficient
Frictional pressure drop

Gnielinski (2002)
Blasius (2002)

gradients and the two-phase heat transfer coefficients are
calculated using empirical correlations, depending on the flow
conditions. Table 1 summarizes the correlations that are usedin
themodel. The sensitivity of the model considering the choice of
two-phase heat transfer and pressure drop correlations is
investigated in Section 3.3. It is noted that the correlations
applied for calculating single-phase heat transfer and pressure
drop are correlations developed for conventional channels, not
minichannels. However, several studies have shown that these
classical correlations perform well when applied to small
channels, both for pressure drop (Caney et al., 2007) and heat
transfer (Owhaib and Palm, 2004; Rosa et al., 2009).

On the air side of the evaporator louvred fins are connecting
two neighboring tubes. For the single tube model half of the fin
of each side is accounted to belong to the specific channel. The
surface efficiency of the air side heat transfer area is calculated
assuming fins with an adiabatic tip (Incropera and DeWitt,
2002). In order to solve the energy balance the e-NTU method
for across flow heat exchanger is applied.

In the physical evaporator the different channels are con-
nected through a dividing and a collecting manifold, i.e. the
inlet and outlet manifold. The flow distribution in the mani-
fold depends strongly on the design of the manifolds. Both
flow conditions and the internal geometry, such as the shape
of the inlet and the manufacturing details of connecting pipes

a
X1%ff}—{f %ﬁf%% AT
Pin, Xin U1,trair sup
] e N
1 P
U2, Tair
b Q,
n"]tot pout, hout
N
Q.

Fig. 1 — Schematic overview with (a) inputs and (b) outputs
to the model.

to the manifold determine whether gas—liquid separation
occurs and how the refrigerant will distribute between the
different parallel channels (Hrnjak, 2004).

In the present evaporator model the flow in the manifolds
is not considered in detail. The manifolds are assumed to be
adiabatic and furthermore pressure drop in the manifolds is
neglected. By neglecting the pressure drop in the manifold,
also the maldistribution of refrigerant induced by pressure
drop in the manifold is neglected. Depending on the manifold
geometry, this might not be negligible in a real evaporator.
This has to be kept in mind when considering the results.

The single channel models are hence simply connected
through conservation of the total mass flow rate, conservation
of energy within the manifolds and a requirement of equal
pressure drop over the channels.

The distribution of gas and liquid flowing into the different
channels has to be given as an input to the model. Further
inputs required by the model are: air velocity and tempera-
ture, the thermodynamic state of the refrigerant into the
dividing manifold, e.g. pressure and quality, and either the
mixed superheat out of the evaporator or the refrigerant mass
flow rate. An overview over the model and the inputs and
outputs is shown in Fig. 1.

A non-uniform airflow may be imposed by defining
different air velocities, and a non-equal distribution of the gas
and liquid in the manifold is imposed by giving different
qualities at the inlet of each channel.

The model was built and solved using the modelling and
simulation software Windali (Skovrup, 2005b). The software
solves the algebraic equations using a modified Newton iter-
ation scheme. Thermodynamic and thermophysical proper-
ties were calculated using RefEqns (Skovrup, 2005a). The
single channel model was validated using R134a as refrigerant
in Brix et al. (2009).

2.1. The test case

In order to investigate the influence of maldistribution of the
airflow and inlet qualities on the performance of a CO, evap-
orator, a test case is defined. For simplicity reasons the test
case evaporator consists of only two multiport minichannel
tubes in parallel. If nothing else is stated the channels are
oriented vertically with the refrigerant flowing in the upward

Table 2 — Parameters defining the test case.

Evaporator geometry

Tube length 0.47 m
Number of ports in one tube 11

Cross section of one port 0.8 x 1.2 mm
Flow depth 16 mm
Distance between two microchannels 8 mm

Fin pitch 727 m!

Flow parameters

Air temperature 35°C
Air velocity l6ms
Saturation temperature at evaporator inlet 7.4°C
Quality at manifold inlet 0.3
Total superheat 0.05 K

1
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direction. The parameters describing the modelled evaporator
are summarized in Table 2. The total refrigerant flow through
the evaporator channels is controlled by setting a constant
mixed superheat out of the evaporator. This would be the case
for refrigeration systems controlled by a thermostatic
expansion valve, and is therefore the most obvious choice in
the present case.

It should be noted that the evaporator in this study is
considered alone, and not as a part of a system. As seen from
Table 2, the saturation temperature at the evaporator inlet is
kept constant. This would not be the case in a system, where
load changes on the evaporator are responded by changing
the mass flow rate through the expansion device in order to
keep a constant superheat, while the volume flow into the
compressor is constant for a compressor running at constant
speed.

2.2. Definition of two maldistribution parameters

Two different sources of maldistribution are investigated, and
for this purpose two different maldistribution parameters are
defined. Firstly, maldistribution occurring due to non-uniform
airflow is considered. The airflow is imposed such that each
channel sees a constant air velocity. The total airflow rate is
kept constant, while the velocity on each channel is varied.
The two minichannel tubes are numbered channel 1 and
channel 2, and for simplicity the velocities are always varied
such that the velocity increases on channel 1 and decreases on
channel 2. A non-dimensional parameter, fi;, which quantifies
the degree of non-uniformity of the airflow, is defined as:

fo=2 0<fo<t, M

Umean

where fy = 1 for equal air velocities on both channels, while
fu = 0 for no airflow across channel 2, and all airflows across
channel 1.

Secondly, the maldistribution occurring due to non-equal
inlet qualities to the channels is considered. Manifold design
and flow conditions are determining how the gas and liquid
phases distribute in the manifold. In this study focus is on the
evaporation and not on the manifold, thus different inlet
qualities are specified. The inlet quality to the manifold is kept
constant, while the distribution of the two phases is varied.
The qualities are varied such that the inlet quality of channel 1
is increased, while it is decreased in channel 2, according to
the mass and energy balance in the manifold. Also for this
cause of maldistribution a parameter, f,, quantifying the
degree of non-uniformity of the qualities is defined:

X2

fx_

Xmanifold

For equal distribution of the inlet quality f, = 1, while for f, =0
only liquid is fed into channel 2 and a remaining mixture of
liquid and gas enters channel 1.

The two parameters f;; and fy are varied only separately. In
a real evaporator both the airflow and the inlet quality
distribution will of course contribute to the resulting maldis-
tribution of the refrigerant, but in order to gain a better
understanding, the two contributions are kept separate when
simulating the evaporator.

3. Results and discussion
3.1. Effects of non-uniform airflow

In Fig. 2 local overall heat transfer coefficients are shown along
the channel direction for three different airflow distributions.
Tlhe ovelrall healt transfer coefficients are calculated as:

UA ", nohAy ®)

where conduction resistance in the channel walls is neglec-
ted. The areas A, and A, correspond to the heat transfer area
on the refrigerant and air side of one volume in the discretised
channel, respectively. The local UA values thus give the
overall heat transfer coefficients of the small heat exchanger
volumes. This means that the local UA values found depend
on the discretisation.

For each of the three airflow distributions imposed, fy =1,
v = 0.5 and fy = 0.1, three curves are shown in Fig. 2. Two
curves show the local UA values in each channel and the third,
which is provided with markers shows the mean local UA
values. The solid line with circular markers shows local UA
values in the minichannels for a uniform airflow. In this case
there is no maldistribution of the refrigerant and the three
lines coincide. As long as the refrigerant flow in the channels
is not approaching dryout, the local UA values are relatively
constant. For fy = 1 dryout of the channel walls starts to occur
at around z = 0.35 m. This results in a decrease of the refrig-
erant side heat transfer coefficient, and hence in a decrease of
the local UA value. At the outlet of the channel (z = 0.47 m) the
refrigerant is fully evaporated and the refrigerant side heat
transfer coefficient is calculated for single-phase conditions.

For fi; = 0.5 channel 1 is exposed to a higher air velocity than
channel 2. In channel 1 the air side heat transfer coefficient will
be higher than for the uniform airflow case, which results in
a higher local UA value. However, in this channel single-phase
gas flow is reached much earlier, at around z = 0.32 m. In the last
part of the channel the local UA values are thus considerably
lower since thereis heat transfer to a single-phase gas. Channel 2,
which is exposed to the low air velocity has lower UA values than
in the uniform airflow case, due to the lower air side heat transfer
coefficient. In this channel dryout is not reached in the channel
length, and the UA values are therefore relatively constant

0.5
_fU=1
0.4 __-fU=0.5
- f =0.1
¢ 03 U
=3
< 0.2
-
0.1 00000000
0
0 0.1 0.2 0.3 0.4
z [m]

Fig. 2 — Local UA values in the channel for different airflow
distributions. The lines with markers show local mean
values of the two channels.
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CO, is used as refrigerant. For each channel results are

throughout the channel. From the dashed line with square
markers showing the mean local UA values of the two channels
at fy = 0.5, it is noted that as long as there is two-phase flow in
both channels the mean local UA value is only slightly lower than
for the uniform airflow case. However, for the part of the channel,
where dryout has been reached in channel 1 the mean local UA
values are considerable lower. From this a lower cooling capacity
would be expected for fi; = 0.5. For fi; = 0.1, the same behaviour is
seen as for fi; = 0.5, but it is even more pronounced.

Comparing the UA values gives an indication of the
magnitude of the capacity degradation. However, the mass
flow rate in the channels also has to be considered in order to
understand the effects of non-uniform airflow. Changing the
air velocity on the different channels, i.e. changing the heat
load on the channel affects the pressure gradients along the
channel. This may result in a maldistribution of the refrig-
erant mass flow rate, since the total pressure drop has to be
equal for both channels. Fig. 3 shows mass flow rate, cooling
capacity, outlet superheat and total pressure drop for both
channels as a function of the airflow distribution. The total
refrigerant mass flow rate decreases with increasing airflow
maldistribution to keep the constant mixed outlet superheat.
The refrigerant mass flow rate in channel 1, which receives
the high air velocity, decreases less than in channel 2. Intui-
tively, the opposite might be expected, since frictional pres-
sure drop is higher for gas flow than for liquid flow. However,
the evaporator geometry and test conditions chosen for this
numerical experiment are not typical, in that the channel
diameters are larger and the mass flow rate is lower than what
would typically be used in a CO, minichannel evaporator.
Therefore the low viscosity and high density of CO, results in
a very low frictional pressure gradient, while the gravitational
contribution to the pressure drop is significant, especially at

low qualities. The outlet superheat of channel 1 increases
considerably for increasing non-uniformity of the airflow and
approaches the air temperature, while the refrigerant at the
outlet of channel 2 is not fully evaporated. The superheat from
channel 1 is used to evaporate the liquid exiting channel 2.
This is not expedient from a performance point of view. As
can be seen the cooling capacity of the evaporator decreases
considerably for increasing non-uniformity of the airflow.

If the evaporator were part of a system, the graphs in Fig. 3
would look differently. For increasing maldistribution of the
airflow, and hence a decreasing overall heat transfer coeffi-
cient, the saturation temperature at the inlet of the evaporator
would decrease. The temperature difference between air and
refrigerant would thus increase, which increases the heat
transfer. Therefore it would be expected, that the capacity

0.5 :
—f =1
X
0.4} ---f=0.5
X
- f=0
 0.3f X
=
< 02
)
0.1}
0 L L L L
0 0.1 0.2 0.3 0.4
z [m]

Fig. 4 — Local UA values in the channel for different
distributions of the inlet qualities. The lines with markers
show local mean values of the two channels.
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reduction for an evaporator in a system would be smaller than
reductions found in this study. On the other hand the
decreasing saturation temperature would also induce
a decrease of the system coefficient of performance (COP).

Another conclusion can be drawn considering Fig. 2. In the
first part of the channel (z < 0.15 m), where the refrigerantis in
a two-phase condition in all channels, it is seen that the mean
local UA value decreases for increasing maldistribution.
Comparing the mean local UA values for f; = 1 and fy = 0.5 in
this region, only a small decrease is found. At severe airflow
non-uniformity, fiy = 0.1, however, the mean local UA value is
around 16% lower than for uniform flow. This indicates that
only a severe non-uniformity of the airflow would impact on
the cooling capacity of the evaporator if the refrigerant was in
a two-phase condition throughout all channels.

3.2. Effect of non-uniform gas—liquid distribution

Varying the gas—liquid distribution by imposing different inlet
qualities shows a different behaviour, as seen in Fig. 4. The figure

i 500 ——Bertsch
= ---Choi
> 400 - - const.
3
= 300
o
_g’ 200
3
3 100
0

0 02 04 06 038 1

shows the local UA values along the channel for three different
inlet quality distributions. Again three curves are shown for each
inlet distribution. Two curves show the local UA values in each
channel and the third, which is provided with markers, shows
the mean local UA values. For f, = 1 the same three coinciding
lines are shown as for fy = 1 in Fig. 2. In the first part of the
channel, before dryout occurs in any of the channels, the local
UA values are not affected by changing the inlet quality distri-
bution corresponding to a value of f, = 0.5 or f,, = 0. However, the
refrigerant flow in channel 1, which has a higher quality at the
inlet, will reach dryout before the outlet of the channel, while the
refrigerant in channel 2 is not fully evaporated at the outlet. The
local UA value in channel 1 decreases, when single-phase flow is
approached, while the local UA value stays higher in channel 2.
The curve of mean local UA value decreases as dryout is
approached in channel 1, but stays more or less constant after
that. This means that a total mean UA value for the cases of
fx = 0.5 and f, = 0 would actually not differ much from the
uniform case of equal inlet qualities to the channels. From this it
is expected that the inlet quality distribution does not influence
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Fig. 6 — Cooling capacity as a function of fy and f, calculated using different correlation for two-phase heat transfer.
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the cooling capacity significantly. Fig. 5 shows the refrigerant
mass flow rate, cooling capacity, outlet superheat and total
pressure drop for both channels as a function of the distribution
of the inlet qualities. The results show that the total cooling
capacity is not significantly affected by the change in inlet
quality distribution. Also the cooling capacity of each channel
does not change much, although the inlet quality to the channels
is changed significantly. The reason why this is possible is that
the mass flow rate into each channel varies. In channel 2, which
receives more liquid for increasing maldistribution, the mass
flow rate is reduced, while it increases in channel 1. Therefore,
even with significant maldistribution most of the liquid will be
evaporated at the channel outlet. The superheat out of channel 1
thatis used for evaporating the remainingliquid from channel 2,
is much lower than in the non-uniform airflow case. There is
hence no significant capacity loss for evaporating excess liquid
from channel 2, due to the favourable distribution of the mass
flow rate.

3.3. Significance of the choice of correlations

Figs. 3 and 5 show results obtained using four different
correlations for calculating the frictional pressure drop:

e Miiller-Steinhagen and Heck (1986)

e Lombardi and Carsana (1992)

e Friedel (1979)

e Homogeneous flow with two-phase viscosity after Dukler
et al. (1964)

A review of the literature on which pressure drop correlation
should be applied for evaporating CO, in minichannels shows
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different recommendations. Pettersen (2004) was one of the first
to study flow boiling of CO, in small channels, and the Lombardi
and Carsana (1992) correlation was recommended to model
frictional pressure drop. Park and Hrnjak (2007) recommended
the Miiller-Steinhagen and Heck (1986) correlation for evapo-
rating CO, in a conventional channel. Thome and Ribatski (2005)
also showed good results for this correlation for CO, in mini and
microchannels. The Friedel correlation showed the best results
in the study by Thome and Ribatski (2005) and is also recom-
mended by Park and Hrnjak (2009). However, Pamitran et al.
(2008) found no good results for this correlation, and recom-
mend instead a homogeneous model using an expression for
the two-phase viscosity proposed by Dukler et al. (1964).

The above mentioned recommendations are nearly all based
on experimental data covering only higher mass fluxes than the
mass fluxes in the present study. One exception is the study by
Park and Hrnjak (2007) in a conventionally sized channel rec-
ommending the Miiller-Steinhagen and Heck (1986) correlation.
Therefore, the Miiller-Steinhagen and Heck (1986) correlation
was chosen in the baseline model. However, all of the
mentioned correlations were developed covering low mass
fluxes. Since no evident superior correlation could be found
from the literature review, the three other correlations are
applied for comparison, in order to see whether the choice of
correlation is crucial for the modelling results. In Figs. 3d and 5d
it is seen that the total pressure drop over the minichannel
shows significant dependency on the choice of correlation.
Using the Lombardi and Carsana (1992) correlation the pressure
drop is found to be more than 60% higher than using the
homogeneous model. However, the distribution of mass flow
rate and the cooling capacities are insignificantly dependent on
the choice of pressure drop correlation.
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Fig. 8 — Cooling capacity vs. airflow distribution for (a) CO, and (b) R134a.
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It could be argued, that the total pressure drop over the
evaporator is relevant, if the whole refrigeration system was
considered. For augmenting pressure drop in the evaporator the
load on the compressor increases. However, the total pressure
in the CO, system is very high, and the pressure ratio over the
compressor will not change significantly, when using one
correlation instead of the other. It would thus be expected that
the isentropic efficiency is not significantly affected by the
differences in pressure drop given by the different correlations.
However, the compressor mass flow rate may also change due to
differences in the inlet density, which could affect the system
calculations. In future work it would be interesting to identify,
which correlation actually gives the most correct results.

Considering two-phase heat transfer coefficients, the
following correlations have been tested:

e Bertsch et al. (2009)

e Choi et al. (2007), with a smooth transition to the single-
phase heat transfer coefficient for x > 0.7

e A constant two-phase heat transfer coefficient.

In the baseline model the Bertsch et al. (2009) correlation
was applied for calculating the two-phase heat transfer coef-
ficient. This correlation covers a wide range of refrigerants,
including CO, and furthermore it covers mass fluxes down to
20 kg m 2 s~ ! and vapour qualities from O to 1. The Choi et al.
(2007) correlation, which has been applied for comparison,
was developed for CO,, but it does not cover the low mass
fluxes used in this numerical experiment, and furthermore it
only applies for qualities below 0.7.

As seen in Fig. 6 the calculated cooling capacity is almost
independent on the choice of correlation. The same applies
for the other outputs, which are not shown here.

3.4. Effects of the channel orientation

As mentioned, the evaporator used in this study is not typical
in its design. A typical evaporator is designed such that the
pressure drop in the channels is considerably higher than the
pressure drop calculated for this evaporator, involving higher
mass fluxes and/or smaller channels. From a system point of
view the high pressure drop is not beneficial. However, the
high pressure drop is necessary to ensure an equal mass flow
rate distribution in the parallel channels, when taking the
pressure drop in the manifolds into account and to avoid two-

phase instabilities. Imagining a manifold that is designed
specially to minimize the effects of manifold pressure drop on
the mass flow distribution, the high pressure drop would not
be necessary for CO,, which is not as exposed to two-phase
instabilities as conventional refrigerants, because the density
differences between liquid and gas are smaller.

Based on the conditions given in the test case, the pressure
gradients in the evaporator will develop differently for CO,
than for a conventional refrigerant. Due to the low viscosity
and the high density of CO, the ratio between frictional and
gravitational pressure drop contributions is very different
from that of a conventional refrigerant for the tested condi-
tions. This is illustrated in Fig. 7. The figure shows the
contributions to the pressure gradient along a minichannel
tube for the equal distribution case ( fy and fy = 1) for CO, and
R134a. With these differences in mind, it is natural to study
the effects of the channel orientation.

Fig. 8 shows the reduction of cooling capacity as a function of
airflow maldistribution, for CO, and R134a having different
channel orientations. When using R134a as refrigerant, the
channel orientation does not affect the deterioration curve of
the cooling capacity. This is different for CO,. In the horizontal
case, where no gravitational contribution enters into the pres-
sure drop, a considerably larger reduction of the cooling capacity
is found. In this case the frictional pressure gradient is domi-
nating, just as in the R134a case. In this case the capacity
reduction in the CO, evaporator corresponds more or less to the
capacity reduction of the R134a evaporator. Exactly the same is
seen for maldistribution of the inlet quality in Fig. 9. The large
gravitational contribution to the pressure drop leads to a more
expedient distribution of the mass flow rate when imposing
non-uniform airflow or non-equal inlet qualities. Consequently,
a smaller capacity reduction is found for the vertical channels.

4, Conclusions

A numerical model of a minichannel evaporator using CO, as
working fluid has been developed in order to study the effects
of airflow non-uniformity and uneven refrigerant inlet quali-
ties on the evaporator performance. Two parallel channels
were modelled and non-uniform airflow was imposed by
keeping a constant airflow rate, but varying the velocities on
each channel. Furthermore, the inlet qualities to each of the
channels were varied keeping a constant inlet quality to the
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manifold. The frictional pressure drop and heat transfer coef-
ficients were modelled using correlations from the literature. A
number of different correlations for both the two-phase fric-
tional pressure drop and the two-phase heat transfer coeffi-
cient were tested. It was shown that the results for cooling
capacity were not affected by the choice of the correlations.

Considering maldistribution, the results showed that
airflow non-uniformity induces a significant maldistribution of
the refrigerant and a considerable degradation of the cooling
capacity of the evaporator. However, as long as both channels
are containing two-phase refrigerant, only a severe non-
uniformity of the airflow would impact the cooling capacity. In
the case of unevenly distributed inlet qualities hardly any
effect on the evaporator capacity was found, as long as both
channels were oriented vertically with upward flow. However,
these results only considered two channels in parallel, and the
results for more channels may be different. Changing the
orientation of the channels to horizontal, gave rise to a refrig-
erant maldistribution and capacity degradation. Also for the
non-uniform airflow, the capacity degradation was increased
when changing the channel orientation from vertical to hori-
zontal. For the horizontal channels, where the gravitational
forces did not contribute to the pressure drop, the results were
very similar to results found for refrigerant R134a.
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ABSTRACT

A simulation model with heat transfer and pressure drop properties based on existing correlations was built to
investigate the influence of unevenly distributed air flows on a microchannel evaporator. On the refrigerant side
liquid overfeed is used in the evaporator and on the air side only dry air is considered to flow through the
evaporator. The simulation model was used to analyze the capacity degradation caused by the airflow non-
uniformity. It was found that the cooling capacity of the heat exchanger was decreased by 20% for extreme
maldistributions of the airflow. However, for not so severe airflow maldistributions, the degradation of the
overall heat transfer coefficient was limited. Finally, the evaporator model was built into a relatively simple
refrigeration system model in order to analyse influence of the airflow maldistribution on the total system
performance. It was found that the degradation of the COP was only 4% in the extreme case and negligible for
all air flow distributions that were not severely non-uniform.

INTRODUCTION

When dimensioning refrigeration systems it is normally assumed that the flows of the working fluids are evenly
distributed when the performance of the respective heat exchangers is calculated. Sometimes actual
measurements in a running system reveal performance degradation compared to the dimensioning data. It is very
complicated to measure possible uneven distribution of say air and refrigerant flow across an evaporator.
Therefore a simulation model that can tell the consequences of non-uniform flows would be helpful both in
design situations and in order to understand existing systems behaviour.

Previous studies of air cooled evaporators exposed to a non-uniform airflow have been carried out for different
types of heat exchangers and with various conclusions.

Chwalowski et al. (1989) performed experiments on the evaporator of an air conditioning system. The airflow
maldistribution was induced by tilting the heat exchanger relative to the main airflow direction. In the extreme
case, a capacity reduction of 30% was found relative to the case, where the airflow is perpendicular to the
evaporator inlet. Kirby et al. (1998) experimentally investigated the effect of airflow non-uniformity on the
performance of a 5.3 kW window air conditioner, and their results showed only very small degradations of the
performance, when a maldistribution of the airflow was generated by a disc, covering 16% of the face inlet area.
Choi et al. (2003) conducted an experimental investigation to determine the capacity degradation due to non-
uniform refrigerant and airflow distributions. The experiments were carried out on a R22 finned-tube evaporator.
Results showed that for mal-distributed refrigerant flow the capacity degradation could be as much as 30%, even
when the superheat of the refrigerant was controlled in order to compensate for the degradation. Moreover the
study on a mal-distributed airflow showed a maximum capacity degradation of 8.7%. Numerical investigations
of airflow maldistributions on finned tube evaporators have been performed by Aganda et al. (2000) and Chen et
al. (2004) and in both papers a maximum capacity degradation of more than 20% was found.
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In this paper we focus on a microchannel evaporator working in a CO, refrigeration system. Using a relatively
simple model to calculate the heat transfer properties of the evaporator, the impact of a non-uniform airflow
distribution on both the evaporator performance and on the total system performance is investigated. The
distribution of the inlet velocity is an input to the model. The following main assumptions have been made:
liquid overfeed is used in the evaporator and the air flow is dry, i.e. frost formation on the surfaces is not
included.

MODELLING THE EVAPORATOR

The modelled evaporator is a 280x240mm aluminium microchannel heat exchanger with louvered fins as shown
in figure 1. As mentioned liquid overfeed is used in the evaporator and since the pressure drop for CO, is small,
any temperature glide will be neglected, such that a constant surface temperature of the microchannel tubes can
be assumed. The fins are treated as perpendicular, rectangular fins with an adiabatic tip when calculating the fin
efficiency, as in Incropera (2002). An estimate of the temperature difference between the base and the adiabatic
symmetry point yields A7 =1 K, and we thus make the assumption that the total air side surface area has a
constant temperature and is equal to the evaporation temperature of the refrigerant.

The evaporator is modelled statically, which is reasonable since only dry air is considered through the evaporator
so that the otherwise important transient phenomena, frosting and defrosting, are not taken into account.

Micro-channel tubes

Louvered fins \
\g\ Louvre pitch

Figure 1: A small section of the heat exchanger.

The face inlet area is discretized into an optional number of rectangles, and each cell is treated as a small heat
exchanger. For each cell an inlet velocity is specified such that it is possible to apply non-uniform airflow
distribution to the heat exchanger model.

An overall heat transfer coefficient is calculated for each cell as shown in equation (1), where fouling has been
neglected. It is assumed that the conduction resistance, R,,, and the refrigerant side contributions are negligible.

1 1 R 1 1

—=——+R + ~
UA nyh,A, h.A,  nyh,A,

7 4

(M

In order to decide whether it is reasonable to neglect the refrigerant side contributions, an estimate of the
products 4,4, and nyh,A, is made. The airside contribution is calculated by the model, while the refrigerant side
heat transfer coefficient needs to be estimated. Based on experimental results from Pettersen (2004), who found
heat transfer coefficients for CO, in flat multiport microchannel tubes, an estimate of .= 10 kW/(m’K) seems
reasonable. Based on this the two contributions are:

; =54 and
noh, A, h, A

reor

~ 0.6
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Neglecting the refrigerant side contribution will thus result in a U4-value that is around 10% higher than the UA-
value calculated using both term. However, it will be assumed that the refrigerant side contributions can be
neglected.

Calculation of the air side convective heat transfer coefficient and of the pressure loss is based on a correlation
presented by Kim and Bullard (2002). Kim and Bullard (2002) base their correlation on an experimental study of
45 different multi-louvered fin and flat tube heat exchangers. The correlation giving the dimensionless Colburn
Jj-factor is developed from results for 100 < Re;, < 600. The Reynolds number, Re,,, is based on the louvre pitch
(shown in figure 1) in stead of the hydraulic diameter, which is usually used.

In order to validate the model, simulation results are compared to measurement results from a test stand, where
the evaporator is part of a CO, refrigeration system. The calculated cooling capacity was found 17% higher than
the measured, and the calculated air temperature out of the heat exchanger was found to be 1.0 K lower than the
measured temperature.

RESULTS

The influence of a mal-distributed airflow into the evaporator is investigated using the evaporator model. For
this purpose the evaporator is split vertically in two halves. The maldistribution is modelled by giving a different
inlet velocity for each of the two parts. A parameter, fy, defining the skewness of the airflow is then introduced.
This parameter takes a value between 0 and 1 and is defined as:

fU:_’ 2

where U, is the face inlet velocity of section 1, and U, is the mean face inlet velocity of the total face area, U,, =
(U, + Uy)/2, where U, < U,, < U,. For a uniform inlet distribution, f; = 1, while if section 1 is totally blocked,
but the same mean velocity over the total area is kept, fy = 0. The advantage of this very simple maldistribution
of the flow is that it is easy to quantify the degree of maldistribution.

Constant evaporation temperature
The evaporator model is run for two different cases: one, where the evaporation temperature is kept constant,
and another, where the refrigeration capacity is kept constant. Furthermore, the mean face velocity and the
parameter fy are given. The input for case 1 is:

Mean face velocity: 2 m/s

Surface temperature: -8 °C

Air inlet temperature: 2 °C

Air inlet pressure: 1.013 bar
Keeping the evaporation temperature constant while increasing the degree of maldistribution, i.e. decreasing the
parameter fy, results in a reduction of the total UA4-value, and thus in a reduction of the cooling capacity.
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Figure 2: Lefi: The cooling capacity, as a function of f. For fy = 1 the velocity is
uniformly distributed. Right: Relative reduction of the cooling capacity compared to
the uniform case.

In figure 2 the cooling capacity is shown as a function of fy, and it is seen that the reduction of the cooling
capacity is small for f;;> 0.8, but the reduction increases for stronger maldistributions. However, it must be noted,
that whenever f; < 0.35 the inlet velocity of section 1 gets lower than 0.7 m/s, which results in a Re;, lower than
100 and thus gets below the range, for which the correlation for 4, is developed.

Constant cooling capacity

The second simulation is made for constant cooling capacity. Also in this case the UA-value will decrease for
increasing maldistribution of the flow, and in order to be able to keep constant cooling capacity, the logarithmic
mean temperature difference will increase by decreasing the evaporation temperature. For case 1 a cooling
capacity of 1.148 kW was found for the uniform distributed flow, and in order to obtain the same surface
temperature for f;; = 1, the fixed cooling capacity is chosen to be 1.148 kW. All other input parameters are kept
the same as for case 1.

In figure 3 the evaporation temperature is shown as a function of f;. The nature of the development of the
surface temperature is very similar to the results seen in the previous section. For f;; > 0.8 hardly any influence is
seen, while for f;; < 0.3 the temperature decreases by more than 1 K.
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Figure 3: Evaporation temperature as a function of

: - Figure 4: The cooling capacity normalized by the
fy at constant cooling capacity.

maximum value, shown as a function of f; for
different mean velocities.

Varying mean velocity

For both cases considered above, the mean velocity is kept constant at U,, = 2 m/s. The influence of the mean
velocity has been investigated. For this purpose the simulations are repeated using different mean velocities. In
figure 4 the cooling capacities normalized by the maximum values are plotted as a function of f;; for different
mean velocities. From the figure it is seen that the cooling capacity decreases relatively more for higher mean
velocities. For the tested velocities the relative difference is very small, especially for the values of f; close to 1.
For f; > 0.5 hardly any difference can be seen for different mean face velocities. Again, it is noticeable to
mention that the heat transfer correlation was developed for 100 < Re;, < 600, which corresponds to a face inlet
velocity between 0.7 and 4.4 m/s. For U,, = 3 m/s the inlet velocity of section 2 thus already exceeds the range
for fy < 0.5 and for U,, = 1 m/s the inlet velocity of section 1 is lower than 0.7 m/s for f; < 0.3. However, the
tendency having a relatively larger reduction in the capacity for higher mean velocities is seen from the points in
the valid range.

Influence on the refrigeration system
A simple model of the refrigeration system outlined in figure 5 is built in order to investigate the influence of the
maldistribution on the total system. The previously investigated evaporator model is built into this system model,
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whereas the other components are modelled in a simple way by energy and mass balances. The investigation is
done in the same way as for the evaporator alone, by splitting the evaporator in two halves and introducing the
parameter f;. The total volume flow rate of air through the evaporator is again kept constant, corresponding to a
mean face inlet velocity of 1.65 m/s.

_6 ! I X
: . | —total system model
—Theiii 2|~ — —evaporator model |
Internal Heat *
_Exchanger
| ~]3 : 5 _ :
Expansion valve | i } 1 __ Ambient air .
By '- Evaporatdr - i - _‘l‘l b s s a b i Rk e e b e b 4 ke e
o 0 0.2 04 0.6 0.8 1
Compressor fU
Figure 5: Component outline of the modelled Figure 6: The evaporation temperature as a function
refrigeration system. of fi. The dashed line is found from the evaporator

model alone, with fixed cooling capacity.

For a specific compressor, the volume flow rate of refrigerant that can be circulated is fixed, depending on the
inlet and outlet states of the refrigerant and on the volumetric efficiency. The refrigerant mass flow rate is hence
calculated inside the compressor part of the model. This means that the cooling capacity is calculated outside the
evaporator, and thus the simulation most of all resembles case 2, where the cooling capacity is fixed. It is thus
expected that the evaporation temperature decreases for decreasing fy. In figure 6 the evaporation temperature is
shown as a function f;, and as expected the evaporation temperature decreases for decreasing f;. The figure also
shows the evaporation temperature found using only the evaporator part of the model, with constant cooling
capacity as input. It is seen that the temperature decrease for the total model is lower than the decrease calculated
using the evaporator model with fixed cooling capacity as input.
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Figure 7: Left: Relative reduction in cooling capacity depending on fy. Right: Relative reduction of the
coefficient of performance (COP), shown as a function of f.

The reason why the temperature decrease is lower for the system model is that as a result of the decreasing
evaporation temperature, also the suction pressure into the compressor decreases, this then results in a decrease
of the refrigerant density at the compressor inlet and hence in a reduced refrigerant mass flow rate. This again,
gives a reduced cooling capacity, so in this case actually both the evaporation temperature and the cooling
capacity will decrease for increasing maldistribution. In figure 7 the reduction in cooling capacity (left) and in
the coefficient of performance (right) is shown as functions of f;. It is seen that although a reduction in both
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cooling capacity and COP is found for maldistributed airflow into the evaporator, the reductions are small. For f;
> (.5 the reduction in cooling capacity is < 1% and the reduction in COP is < 0.75%.

DISCUSSION

The relatively simple models, used in order to analyse the evaporator performance and the general system
performance when the evaporator is exposed to a maldistributed air flow build on the assumption that the air side
properties are dominating the contribution to the overall heat transfer properties. However, this assumption
might be too crude.

As long as the assumption of evenly distributed refrigerant holds, and we know that we have liquid overfeed
inside the evaporator, the air side properties will indeed be dominating the total heat transfer. However, a
maldistribution of the air flow might induce dryout in some channels although the total evaporator outlet quality
is still less than one. This would change the situation considerably, since the heat transfer coefficient in a dry
channel is not necessarily much higher than the air side.

Also the pressure drop would rise significantly in the microchannel with a dryout and this again would reduce
the mass flow rate in this channel. Finally the maldistributed airflow could induce a maldistributed refrigerant
flow, which has not been taken into consideration in this work.

Furthermore, frost formation and defrosting, which has not been taken into account by the model, probably also
has an impact on the flow distributions and on the heat transfer properties. Including these effects would most
likely also change the results and conclusions.

It seems that the working conditions or assumptions play an important role on the results, and this is probably
also one of the reasons why so many different conclusions can be found in the literature.

CONCLUSION

In this paper the influence of a non-uniform airflow distribution on the performance of an evaporator and on the
total refrigeration system has been studied. For this purpose a simulation model of the evaporator, which focuses
on the airside, has been built. The model allows a non-uniform inlet airflow distribution as an input variable, so
it could be used to simulate the influence of a mal-distributed airflow on the heat transfer properties of the heat
exchanger. A general investigation was made by splitting the heat exchanger in two halves and letting the mean
velocity stay constant, while the velocity was increased in one half and simultaneously decreased in the other
half. It was found that for maldistributions, where the lower velocity is higher than 50% of the mean velocity, the
consequences on the capacity and on the evaporating temperature were small. In the extreme case, where one
half was totally blocked, the capacity degradation was around 20% in the case of a constant evaporating
temperature. In the case of constant cooling capacity, the evaporation temperature was decreased by 2 K for the
extreme case.

Furthermore the evaporator model was built into a relatively simple model of a total refrigeration system. The
simulation results show that the influences of a non-uniformly distributed inlet airflow on the cooling capacity
and the system coefficient of performance were limited. Comparing the simulation results with the results
obtained from the evaporator model alone, the maximum decrease of the evaporation temperature is even lower
for the total system than for the evaporator model, modelled with constant capacity. In return for this, the cooling
capacity is also reduced, but both the reduction of the cooling capacity and the reduction of the COP are very
small, with a maximum reduction of around 5% and 4%, respectively for extreme maldistributed airflow.

To conclude, the simulation results show that under the assumptions of liquid overfeed in the evaporator and dry
airflow though the heat exchanger the influence of a non-uniform airflow distribution on the system performance
is very small. However, for an evaporator with superheated sections and frost formation on the fins the results
would probably look different. An investigation of this is the subject for further work.

International Congress of Refrigeration 2007,Beijing
6



NOMENCLATURE

Roman Subscripts

A area (m?) a air side
fu distribution parameter ) evap evaporation
h convection heat transfer coefficient (W/(m’K)) i inlet

p pressure (bar) Lp louvre pitch
0 heat transfer rate kW) m mean

R conduction resistance (K/'W) r refrigerant side
Re Reynolds number ) w wall

T temperature °O)

UA overall heat transfer coefficient (W/K)

U face air velocity (m/s)

Greek

Mo Fin temperature effectiveness )
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ABSTRACT

The impact on the heat exchanger performaheeto maldistribution of evaporating €@ parallel channels is
investigated numerically. A 1D steady state simulatiadeh of a microchannel evaporator is built using corre-
lations from the literature to calculate frictional pressuopa@nd heat transfer coefficients. For two channels in
parallel two different cases of maldistribution are studigstly, the impact of a non-uniform air flow is con-
sidered, and secondly the impact of maldistribution of the two phases in the inlet manifold is investigated. The
results for both cases are compared to results obtaimagl R&34a as refrigerant, and it is found that the per-
formance of the evaporator using £© less affected by the maldistrimn than the evaporator using R134a as
refrigerant. For both cases studied, the impact of the maldistribution was very smalkfor CO

1. INTRODUCTION

Microchannel heat exchangers are a popchaice for refrigeration systems using £ refrigerant. One of the
reasons why these heat exchangers are especially attractive.feys2€ns is that the small channels can handle
the high working pressures of @@ery well. Furthermore microchannel heat exchangers are very compact,
which helps reducing system sizes and helps reducing fiigerant charge needed in order to obtain a given
cooling capacity. In order to keep pressure dropacaeptable levels, microchannel heat exchangers are de-
signed with many parallel channels.eTtefrigerant has to be distributado these parallel channels, and there
are many factors that play a role in how theigerant will be distributed during operation.

Especially for evaporators a uniform distribution of the gefrant is a challenge, since the refrigerant enters the
evaporator in two phase condition, and thus each of thghases has to be distributed equally in order to guar-
antee an even distribution of the total mass flow rate. désign of the distribution manifold or header plays an
important role in how the flow will be distributed. Fuetmore the distribution of the air flow on the secondary
side may influence the distribution okthefrigerant in the parallel channels.

Several studies have shown that the distribution ofefrggerant is important considering the performance of
the evaporator. In a study by Chwalowski et al. (198@as shown experimentally that a capacity reduction of
up to 30% could be found for a fin and tube evaporat@n air-conditioning duct that was exposed to a non-
uniform air flow. It was not investigated how muchtloé capacity degradation appedudue to maldistribution

of the air flow only, and how much originated from tlesulting maldistribution of the refrigerant. Choi et al.
(2003) conducted experiments with R22 in a finned tula@enator with 3 circuits to determine the capacity re-
duction due to non-uniform distribution of the refrigerand air flow distribution. Results showed that for
maldistributed refrigerant flow the capacity degradationld be as much as 30%, even when the superheat of
the refrigerant was controlled to compensate for theadiegion. Moreover, the study on a maldistributed air
flow showed a maximum capacity degradation of 8.7%.

Vist and Pettersen (2004a) studied a manifeith 10 parallel evaporator channels and,@® refrigerant ex-
perimentally. Both the liquid/gas distribution and the head on the different channels were investigated and a
similar study was performed using R134a as refrigerant (Vist and Pettersen, 2004b).

The objective of the present study is to investigate the effects of maldistribution,df @@rallel evaporator
channels on the heat exchanger performance by numerical simulation, and to compare the results to results ob-
tained for refrigerant R134a. Bothetimaldistribution of refrigerant occurring due to unevenly distributed air
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velocities and the maldistribution generated in the heagerthe distribution of liquid and vapour into the dif-
ferent channels are considered.

2. MODELLING THE EVAPORATOR

In order to model the evaporator, a discretized 1D-mofla single microchannel tube is built using a finite
volume method. Each volume is considered as a smallidudil heat exchanger. Conductive heat transfer be-
tween the different volumes is neglected. For each weltma continuity equation, the momentum balance and

the energy balance are applied. To calculate frictional pressure drop and heat transfer coefficients, different cor-
relations are applied depending on the flow conditions. The correlationsncas summarized in Table 1. The

heat transfer coefficient on the refrigerant side in the two-phase region is calculated by a correlation presented by
Choi et al. (2007) for qualities up to 0.7. For qualities between §.€ &, a smooth transition function between

the value of the heat transfer coefficientcat 0.7 and the single phase heat transfer coefficient is applied to
simulate dryout. The modelling and solving of the fiegstem of equations is performed using Engineering
Equation Solver, (EES, 2007).

Table 1: Summary of correlations used to calcutaia transfer coefficients and pressure drop.

Air side
Heat transfer coefficient Kim and Bullard (2002)
Two-phase region
Heat transfer coefficient Choi et al. (2007)

+ smooth transition to single phase
Void fraction Homogeneous model
Gravitational pressure drop Homogeneous model
Acceleration pressure drop Homogeneous model
Frictional pressure drop Millert&nhagen and Heck (1986)
Single phase refrigerant
Heat transfer coefficient Gnielinski (2002)
Frictional pressure drop Blasius (2002)

In order to investigate the influence of non-uniform anfland maldistributed inlejuality in parallel channels,
the single channel models have to be connected. It isnaslsuhat there is no maldistribution of the refrigerant
between the different ports in one microchannel tube, thathmaldistribution of the refrigerant is only consid-
ered between the different tubes.

A sketch of two channels in pardlis shown in Figure 1. Furthermoneput and output from the model are
shown. Three equations connect the two channels. The first equation ensures conservation of mass:

N
m[n,total = Z mi (1)
i=1
Pressure drops in the headers areaatgtl, such that the pressure drop @aah of the channels will be equal:
AP = Dy = Pou )

Furthermore the manifolds are assumed to be adiadraditherefore the gas and liquid phases are conserved in
the manifolds:

N
min,tolalxheader,in = z mi'xi

i=1 (3)
The pressure drop of each tube depends on the massafiewinlet quality and heat load, and since the inlet
quality is known and the heat load is calculated for eaahrad, the final distributionf mass flow rate between
the channels can be found.
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Figure 1. Two channels in pardllgith model input and output.
3. RESULTS

A model of two channels in parallel is used for a cady with a fixed heat exchanger geometry, working un-
der fixed flow conditions. The parameteehosen for the case study are sumredrin Table 2. The channels are
vertically oriented and C{s evaporating in upwards flow directiohwo different cases are considered: first, it

is studied how a non-uniformrédlow affects the refrigerant distribution and the cooling capacity of the evapora-
tor. Second, it is studied how maldistribution oé fiquid and gas phases in the manifold resulting in a non-
uniform inlet quality to the channels, affects the mass flatg distribution of the refrigerant and the heat ex-
changer capacity. As specified in Table 2, the total sepgris kept constant, so that the total mass flow rate
through the channels may change.

Table 2: Parameters defining the test case.
Evaporator geometry

Tube length 0.47 m
# of ports in one tube 11
Cross section of one port 0.8x1.2 mm
Flow depth 16 mm
Distance between two microchannels 8 mm
Fin pitch 727 mt
Flow parameters

Air temperature 35°C
Air velocity 1.6 m/s
Evaporation temperature 7.4°C
Quality at manifold inlet 0.3
Quiality at manifold outlet 1

Total superheat 0K

3.1 Maldistribution of the air flow rate

A non-uniform air flow over the channels affects the theatl on the channels, whielgain determines how fast
the refrigerant inside the channels evaporates. The pregsulient at a certain point in the tube depends on the
quality of the refrigerant, and in order to keep the stotad pressure drop over each of the two channels, the
mass flow rate will distribute accordingly. In this firsase, the inlet quality is assumed to be constant at
x = 0.3for both channels. Maldistribution ttie air flow is imposed such thide air velocity is increased on one
channel and decreased on the other channel, while thedbiade flow rate of air passing the evaporator is kept
constant. In order to quantify the degree of maldistigouin a simple way a distribution parameter is defined
as:
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fU: L ) o<fU<1’ 4)

mean

Where UneaniS the mean velocity over the twoarinels, which is kept constant, aliglis the air velocity over
channel 2, which is decreased for Emsed maldistribution. The paramegethus takes a value between 0 and
1, wheref; = 1 for a uniform air flow distribution, and = 0, when there is no air flow on channel 2 and all air
flows by channel 1. In this study simulations are run for Of < 1. The extreme case whegie= 0.6 corre-
sponds to a velocity of 2.24 m/s oracimel 1 and 0.96 m/s on channel 2.

Figure 2 shows the influence of non-uniform air flow oa thstribution of the refrigerant mass flow rate and on
the total pressure drop. The total refrigerant mass flesvisanot affected by small degrees of non-uniformity on
the air side, but fofy < 0.9 the total refrigerant mass flow decreases with up to 8% in the extreme case in order
to keep constant outlet conditions.

For small degrees of non-uniform air flow also the refagé stays almost equally distributed between the two
channels. For larger maldistribution on the air side als@ldistribution on the refrigerant side starts to occur.
Whereas the refrigerant mass flow rate stays almost edrstas slightly decreasing in channel 1, it decreases
more in channel 2. The channel with the higher leat thus gets more refrigerant mass flow rate.
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Figure 2: (a) Influence of non-uniform air flow on the mass flow rate in

the channels and (b) on the total pressure drop.

meanl]

Since frictional pressure drop is higher for gas than for liquid, it could intuitiveBxpected that the channel
with the high heat load and therefore faster evaporation would receive less mass flow rate of refrigerant. The
reason why this is not the case here, is bezdie low viscosity and high density of £@sults in a very low
frictional pressure gradient, while the contribution of gravitational pressure gradient is large compared to
conventional refrigerants. For the present case studyptitelution of the gravitational pressure drop actually
exceeds the frictional pressure drop contribution at loviitgga Graph b in Figure 2 shows that the total pres-
sure drop decreases for increasing maldistribution of thféoai. How this affects the performance of a full sys-
tem will be studied in future investigations.
In Figure 3 it is shown how the heat transfer is affectethéymaldistribution. It is @ that the total heat trans-
fer rate is constant for small degrees of maldistribugiper 0.9) and decreases slightly for larger maldistribution
of the air flow. In the most extreme case, the totaliog capacity is decreased by 10%. Although the air side
heat transfer coefficient increases wilte increased air velocity, the heegnsfer rate of channel 1 increases
only slightly, whereas it decreases considerably for channel 2.
The localUA-values are calculated based on the air and refrigerant side heat transfer coefficients, neglecting the
heat transfer resistance of the tube:

-1

UA:[L+ ! j ©

h r Ar 77»/' ha Aa

Looking at the localU4-values for three different distributions of the air flow, shown in graph b of Figure 3, it is
seen that the locdl4-value does increase for increased air velocity in channel 1. However, dryout is reached at
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much lower values of, and this is accompanied by a significant drotharefrigerant side heat transfer coeffi-
cient, which is also seaas a decrease of the lodal-value. For the other channel, in which the air velocity is
reduced, dryout occurs later tham tbe case of uniform air flow. GraphrcFigure 3 shows the mean lodak-
value for the two channels togethéiris seen that the total medi-value decreases with increasing maldis-
tribution of the air flow. This decrease occurs maidle to the changed dryout positions and not due to the
changes in the air side heat transfer coefficients alone.
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Figure 3: (a) Influence of non-uniform air flow on thmoting capacity. (b) The locélA-values in the channels
for different distributions of the air flow. (c) Theean local UA-value for the two channels together.

3.2 Maldistribution of the inlet quality

Apart from the air flow, also the distribution of theuid and gas phase in the distributing header influences on

the distribution of the refrigerant in the parallel chdsn€he refrigerant entering the distribution manifold is
usually partly evaporated, and in order to guarantee an equal distribution of the mass flow rate, the liquid and gas
phases have to be distributed evenly.

Since no detailed model of refrigerant flawthe manifold is considered in the model, the impact of the distribu-

tion of the gas and liquid phases on the cooling capaciudied by varying the inlet quality to the different
channels. The inlet quality to the manifold is kept constant=ad.3, while the inlet quality to the parallel chan-

nels is varied by letting more and more liquid go intarstel 2. The air flow distribution is uniform for this

study. Again a distribution parameter is defined in ptdejuantify the maldistribution in a simple manner:

f=—22 0<f <1, (6)

xmanifold,in

It is assumed that more and more liquid enters chaynehile more and more gas enters channel 1. The pa-
rameter takes a value between 0 and 1, wherd for uniform distribution of the inlet quality, ayfid= 0 when

only liquid enters channel 2 and the remaining mixturkgofd and gas enters channel 1. In Figure 4 the distri-
bution of the mass flow rate in the two channels @shfor increasing maldistribution of the inlet quality. It is
seen that the total mass flow rate stays more orclsstant, while the mass flow rate in channel 1 increases,
and decreases in channel 2 for increasing maldistribution of the inlet quality.

As mentioned above, the contribution of the gravitatipmessure drop is dominating the total pressure gradient
at low qualities. This is also the reason why the refrigemsass flow rate decreases in the channel, where the
inlet quality is decreased (channel Ejom graph b in Figure 4 it is seen that the total pressure drop increases
with increased maldistribution of the inlet quality.

Figure 5 shows how the heat transfer is affected éyrtaldistribution of the inlet quality. Although maldistribu-
tion of the refrigerant mass flow rate was found, graphaws that the total cooling capacity stays more or less
constant for increasing maldistribution of the inlet gqyalitooking at the two channels individually it is seen
that the heat transfer rate increaskghtly for channel 2 and decreaseglslly for channel 1, but these changes
are insignificant.
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Figure 4: (a) Influence of maldistributed inlet quality on the mass flow
rate in the channels and (b) on the total pressure drop.

Figure 5b shows the locél4-values for three different distributions thie inlet quality. As long as the refriger-
ant is in two-phase conditions, the heat transfer coefficagtgot affected by the maldistribution. However, the
dryout positions are affected. Average lotal-values of two connected channels are shown in Figure 5c. Here
it is seen, that while the overall heat transfer coefftaiatreases for increased maldistribution in some regions
the average locdl4-values actually increase with increasing maldistion in other regions. The total average
UA-value is thus almost constant, in spite of the maldistribution.
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Figure 5: (a) Influence of non-uniform inlet quality the cooling capacity. (bjhe local UA-values in the
channels for different distributions of the inlet qualitg). The mean local UA-value for the two channels to-
gether.

3.3 Comparison with results obtained for refrigerant R134a

Simulations similar to the ones presented above arerpextbusing R134a as the refrigerant (Brix et al., 2008).
Geometry and flow parameters are kept the same as for the simulations usifgoGf@ 6 shows the reduction

of the total mass flow rate and the reduction of the cooling capacity for increased maldistribution of the air flow.
For both refrigerants the reduction in cooling capacityesponds almost to the reduction of the cooling capac-
ity. The results obtained for R134a show a significantly larger reduction in maseaf®and cooling capacity

with increased maldistribution than the results for,CIhe reduction is a factor bMarger for R134a than for

CO..

Considering a maldistribution of é¢hinlet quality instead, even biggefffdiences between the two refrigerants

are found, which is shown in Figure 7. Whereas the results fersB@v no change in the total mass flow rate

with increased maldistribution of the inlet quality, the ltatass flow rate is decreased by more than 20% if only
liquid R134a enters channel 2 and the remaining refrigenaters channel 1. A similar picture is seen when
looking at the reduction in cooling capacity. Here a rédadn cooling capacity of 23% is found for R134a.
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Figure 6: Reduction in total mass flow rate and cooling capacity for in-
creased maldistribution of the air velocity, for refrigerants @l R134a.

There is more than one reason that can explain these differences between the different refrigerants. One of the
reasons, regarding the different pressure drop conwiimjthas already been mentioned above. For R134a the
frictional pressure gradient is clearly dominating the aa&bnal and the gravitational contributions, thus both
maldistribution of the air flow rate and maldistributiohthe inlet quality affects the distribution of the refriger-

ant mass flow rate differently. Another reason is that the heat transfer coefficient of single phéshigiter

than the heat transfer coefficient of single phase R134a.
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Figure 7: Reduction in total mass flow rate and cooling capacity for in-
creased maldistribution of the air velocity, for refrigerants @@l R134a.

4. DISCUSSION

The presented results based on two different case studiedisdiaive effects of maldistribution on the heat ex-
changer performance clearly dependgtanchoise of refrigerant. Also other factors, which have not been con-
sidered in this study could play an important role endignificance of the maldistribution. The type and geome-

try of the heat exchanger, temperatures and flowitond as well as the control strategy of the refrigeration
system. In this study the superheat out of the evaporator was controlled as in a direct expansion system. If a
flooded evaporator system or other control systems applied, preliminary studies show that performance
decrease should be expected. However, the exact figilfesary. In order to oldin a complete understanding

of maldistribution of airflow or inlet quality on evaposaiperformance, and the influence on overall system per-
formance, further studies are carried out.

5. CONCLUSION
A numerical study of C&flow in parallel evaporatazhannels has been perform@dlD steady state simulation
model was built, using correlations from the literature to calculate frictioaaspre drop and heat transfer coef-

ficients. A test heat exchanger was defl with two parallechannels, using CQas refrigerant and air on the
secondary side. For the test case the effects of a nonvaraioflow and the effects maldistribution of the inlet
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guality on the heat exchanger performance were studied. The results fare@Ofurthermore compared to re-

sults for a similar heat exchangernkiog with R134a as refrigerant. For a non-uniform airflow imposed, a re-
duction of the cooling capacity of up to 10% was foundweleer, the impact of the airflow maldistribution was
considerably larger, when R134a wa®d as refrigerant. For maldistributiohthe inlet quality the impact on

the cooling capacity was found to be diminishingly small fop G§&d as refrigerant, whereas a much larger im-
pact was found for R134a. It could be concluded that for the heat exchanger geometry and flow conditions cho-
sen in this study Cgas refrigerant was much less affected by maldigion of the airflow or inlet quality than

R134a.

NOMENCLATURE
Roman Subscripts
A area (M) a air side
fu distribution parameter ) evap evaporation
f distribution parameter ) f fin
h convection heat transfer coefficient (W) i channel i
m mass flow rate (kg/s) in into inlet manifold
p pressure (bar) out out of exit manifold
0 heat transfer rate (kW) r refrigerant side
T temperature (°C) sup superheat
UA overall heat transfer coefficient (WI/K) w wall
U face air velocity (m/s)
Greek
n Fin temperature effectiveness )
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ABSTRACT

In this paper a test case is solved using two different modelling tools, EenjigeEquation Solver
(EES) and WinDali, in order to compare the tools. The system of equatitredsds a static model
of an evaporator used for refrigeration. The evaporator consigtgmparallel channels, and it is
investigated how a non-uniform airflow influences the refrigerant massrfite distribution and
the total cooling capacity of the heat exchanger. It is shown that the gocdipacity decreases
significantly with increasing maldistribution of the airflow. Comparing the two simuldtiots it is
found that the solutions differ only slightly depending on which softwareségifor solving due to
differences in the thermophysical property functions. Consideringailaéien time, WinDali solves
the equations more than 100 times faster than EES.

Keywords: Evaporator, Maldistribution, Engineering Equation Solver, WinDali

NOMENCLATURE evant equations describing the system in the level of
h Enthalpy [kJ/kg] details desired are found. Next, the question arises:
fu Distribution parameter [-] Which tool will be suitable to help solving this set
m Mass flow rate [kg/s] of equations? Many different modelling tools exist,
P Pressure [bar] which are specifically minded for solving equations
0 Heat transfer rate [W] describing energy systems. Each tool has its advan-
R Relative residual tages, some tools are suitable for dynamic systems,
T Temperature‘C] while others have their strength in solving algebraic
U Velocity [m/s] equations describing a steady state solution. It is dif-
x Quality [-] ficult to find any guidelines in the literature of which
Subscipts tool to choose, mostly the choice is based on which
i channel i tool is previously used, and often in-house codes are
in inlet developed. In this paper a steady state model of an
out outlet evaporator is developed and solved as a test case us-
sup superheat ing two different modelling tools in order to com-

pare the two tools and point out advantages and dis-
advantages of these two tools. The tools applied are:
INTRODUCTION Engineering Equation Solver (EES) [1], and Win-
Modelling and simulation of energy systems is wi- Dali, [2].
dely used as an alternative to experimental investiga-
tions for both design and optimization of a system.
The general scheme is always the same, first the rel-The test case

“Corresponding author: Phone: +45 4525 4130 Fax: +45 Flow distribution of a fluid evaporating in parallel
4593 5215 E-mailb @rek. dt u. dk channels is interesting for applications of very dif-
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ferent scales. In a steam generator of a power plant

Evaporator geometry

water evaporates in many parallel channels along the Tube length Gi7m

boiler walls. On a much smaller scale the evaporator * Of POIts in one tube 1

in a refrigeration system may consist of many paral- Cross section of one port Ax1.2mm
O ) Flow depth 16mm

lel mini- or microchannels. Distance between two microchannels 8 mm

Within the field of refrigeration, especially alu-  Fin pitch 727t

minum braced microchannel evaporators, with chan-" Flow parameters

nel sizes in the 1 mm range have become very popu- Air temperature 35C

lar, since these heat exchangers both reduce the sys-Air velocity 1.6 m/s

tem sizes and reduce the refrigerant charge needed Evaporation temperature 4C

in order to obtain a given cooling capacity. Due to  Quality at manifold inlet 0.3

the small channel sizes a design with many paral- Total superheat (R134a) 6K

Total superheat (C£) 0K

lel channels is required in order to keep the pressure Quality at outlet (CQ) 1
drop at an acceptable level. However, parallel chan-
nels also induce the possibility of a maldistribution
of the evaporating fluid. Maldistribution of the mass

Table 1: Parameters defining the test case.

flow rate of refrigerant may occur due to different _ output
reasons, of which one could be an uneven heat load Refrigerant L Pout, Routiy Qi
on the channels. §§§ AL
As a test case for this study, the impact of a non- §§

uniform air velocity on the refrigerant mass flow §

distribution and on the cooling capacity of a mi- NS input
crochannel evaporator is investigated. In order to / 7 Pins Xins
keep the model relatively simple, only two, verti- ! LAJTSUPT
cal microchannel tubes in parallel are considered. A Air an e
microchannel tube is a flat tube with a number of

small, rectangular or circular channels or ports. Two

. . : Channel i
different refrigerants, R134a and GQare consid- annet!

ered, while air is flowing on the secondary side of Figure 1: Sketch of two channels in parallel with
the heat exchanger. In order to enhance the air sidgnput and output parameters to the model.

heat transfer, the parallel tubes are connected by lou-
vered fins. Figure 1 shows a sketch of the two chan-
nels, and table 1 summarizes the parameters, whichn
define the geometry of the test case evaporator as,
well as the flow conditions.

ite volume method. In the evaporator fins are con-
ecting two neighboring tubes. For the single tube
model half of the fin length is assumed to belong to
the channel on each side. Each microchannel tube is
discretized into an optional number of volumes, and
Besides showing a sketch of the geometry, figure 1 €ach volume is treated as gsr_nall heat_exchanger.
tFor each volume the continuity equation, the mo-

also shows the desired model inputs and outputs. | ) )
is assumed that the thermodynamic conditions at theMeNtum equation and the energy equation are solved

inlet, the total mixed outlet superheat and the airside Under the following assumptions:
velocity and temperature distribution are measure-
able and therefore used as input to the model. Out-
put are the total mass flow rate as well as the mass
flow rate distribution, the thermodynamic conditions
of the refrigerant at the outlet of each channel and
the cooling capacity of each tube.

In order to model the evaporator, a discretized model
of a single microchannel tube is built using a fi-

MODELLING THE EVAPORATOR

e The system is in steady state.
e The refrigerant flow is one-dimensional.

e The refrigerant flow is homogeneous and vapor
and liquid are in thermodynamic equilibrium.

e Axial heat conduction in the tube walls and be-
tween different tubes is negligible.
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e The airis dry.

The frictional pressure drop and heat transfer coeffi-

cients are calculated using correlations from the lit- [”;‘;g'sfgj;e and quaity atine,
erature, depending on the flow conditions. Table 2 e e o out
summarizes the correlations that have been chosen. P I
The different tubes are connected through, first of {{Guess: Toal mass fow e
all, conservation of the total mass flow rate: [ Guess: Distrbution of mass flow rate |
N Calc. airside heat transfer Calc. airside heat transfer
. . coefficient and fin coefficient and fin
Min total — m;, (1) efficiency for channel 1 efficiency for channel 2
= For all volumes
Whel’eN iS the '[O'[al number Of Channels. Secondly, Guess: states at next volume Guess: states at next volume
mid- and endpoint in channel 1 mid- and endpoint in channel 2

no pressure drop is assumed in the inlet or outlet
manifolds, such that the total pressure drop over
each tube has to be equal: HX_volume HX_volume

Ap; = pin — Pout- (2)

Since the total superheat out of the evaporator of-
ten is used as a control parameter in refrigeration
systems, this parameter is given as an input to the
model instead of the mass flow rate. Both the to- -
tal mass flow rate and the distribution of the mass the two outet
flow rate are thus calculated from the model. The el
pressure drop across any tube depends on the mass

flow rate, inlet quality and heat load, why almost all
model equations depend on each other. This isillus-
trated in the model flowchart shown in figure 2. The o
flowchart shows the top layer of the model, while
most of the calculations are performed in the box in-
dicated as procedure HX_volume. In this procedure
the pressure drop and energy balance is calculate
for each volume.

Calc. outlet superheat based on mass flow
rate distribution and outlet states.

superheat calc:

superheat

Finish

q:igure 2. Flowchart of the model equations. The
pressure drop and heat transfer calculations are per-
formed inside the procedure HX_volume.

MODELLING TOOLS

In order to solve the model equations, the model
is implemented using two different modelling tools.

Both modelling tools are implemented in equation

solvers, and both tools are designed for solving mod-may be arranged in according to the user’s prefer-
els of thermodynamic processes. ences. Pascal-like functions and procedures may be

implemented. For the numerical solution the equa-
tions are blocked, and each block is solved using a
Newton-Raphson method. Convergence of the so-
Engineering Equation Solver (EES) [1], is devel- lution is reached as soon as the relative residuals
oped for numerically solving systems of algebraic are smaller than a specified value. Thermophysical
equations, but it is also possible to solve differential properties of a large number of fluids can be found
equations. Using EES the model is written as mathe-using the built in thermodynamic functions that call
matical equation in a very free form where equations an equation of state in order to calculate the wanted
are implemented in arbitrary order. The equations properties.

Engineering Equation Solver
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Air side
Heat transfer coefficient Kim and Bullard [3]
Two-phase region
Heat transfer coefficient (R134a) Zhang et al. [4]
+ smooth transition to single phase
Heat transfer coefficient (Cp  Choi et al. [5]
+ smooth transition to single phase

Frictional pressure drop Muiller-Steinhagen and Heck [6]
Single phase region

Heat transfer coefficient Gnielinski [7]

Frictional pressure drop Blasius [8]

Table 2: Summary of correlations used to calculate heat transfer coetfieied pressure drop.

WinDali more accurate solution:
WinDali [2] is a modelling and simulation software Error= max(‘y—ym ) 7 (4)
that solves systems of ordinary differential equations Yace

(ODE's) or algebraic equations (AE’s). The soft-
ware comprises of two parts, a model editor, which
is a Free Pascal Editor, and a simulation program
that reads the compiled model and solves the equayailiaple, y,.. is a numerical solution with a very
thns. All static equations that are part of the |t'er- small relative residual requirement.

ations need to be formulated as residual equations,, tahje 3 errors are summarized for the solution
The algebraic equations are solved using a modi-
fied Newton iteration scheme, which includes con-

wherey is a solution vector containing all static vari-
ables found by iteration, ang,.. is assumed to be
the accurate solution. Since no analytical solution is

of the uniformly distributed case. For the Newton

] i method quadratic convergence would be expected,
vergence and divergence control [2]. Otherwise, thesuch that for each iteration step, the number of cor-

software ha_ls the same ma|r_1 propert|_es as EES’_ 1€rect digits is roughly doubled. This behavior is seen
functions with thermodynamic properties are a built- for the WinDali solutions. An extra iteration is per-

in pa_rt, and it is possible to include procedures andformed when setting the maximum relative residual
functions. from 10-3 to 104, while for the following solutions
no extra iteration is needed to fulfill the residual re-
guirement. Using EES the behavior is different, here
the solution converges more slow. A stop criterion
of 10~%is chosen for both modelling tools.

Accuracy of the solution

For both modelling tools a stop criterion for the
Newton-Raphsor_1 |ter§1t|o_ns qeeds t.o b_e given. For & 103 10% 105 10°

both EES and WinDali this criterion is given by set- Error. EES 9163 2764 64e5 68e-6
ting the maximum allowable relative residual. The  Error, WinDali 2.1e-3 3.9e-7 3.9e-7 3.9e-7
relative residual is defined as the relative difference

between the solutions of two successive iteration Table 3: Error for different stop criteria.
steps:
YK —ylk=D) . . . .
R= —i (3) Comparison of solutions obtained using EES
Y and WinDali

wherey* is the solution found for iteration num- The evaporator model is solved using both EES and
berk. The accuracy of the solution increases with WinDali. For the comparison of the solutions uni-
decreased residuals, but so does the solution timeform airflow is considered, there is hence no mal-
therefore a suitable stop criterion is found. distribution of the refrigerant in these cases. Two
A relative error of the solution at a given stopping different refrigerants, R134a and GCare applied
criterion is found by comparing the solutions to a using the test case parameters listed above. Figures
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3 and 4 show the local heat flux and the pressure 8000
along the channel for R134a and gQ@espectively.

It is seen, that the solutions using EES and Windali ~ "%%| 1
do not totally coincide for neither of the refrigerants. 6000 ]

The largest difference in the heat flux is 309 VW/m NE 50001
for R134a, which corresponds to 4.6%, while for %40007
CO; it is 68 W/n? or a little less than 1%. The dif- 2

ferences in the solution of the pressure are smaller, ‘iﬁ 3000y
< 0.1% for R134a and < 0.01% for GOThese dis- 2000}

crepancies occur because of differencies in the ther- ;0! _ _ WinDalil
mophysical property functions. However, the solu- . - - -EES
tions are considered sufficiently identical to compare 0 0.1 0.2 - 0.3 0.4

Z|m

the two tools.

42.3F

—— WinDali

8000 ‘ ‘ ‘ ‘ - - -EES

7000} 42.25¢
__ 6000}
C\IE '
< 5000 3 ]
s 9, 42.2\_________\
— o
% 4000(
T 3000( 1 4215}
T

2000+

1000+ : : —— WinDaliH 421 i i i i

- - -EES 0 0.1 0.2 0.3 0.4
0 : : : : z[m]
0 0.1 0.2 0.3 0.4
z [m] ) )
Figure 4: Comparison of the local heat flux and pres-
891 — WinDali| sure in the channel for refrigerant G@ith uniform
- - -EES distribution of the airflow.

3.85f
) airflow on the cooling capacity of the heat ex-
=2 38 changer. The airflow over the channels affects the

heat load on each, which again determines how fast
the refrigerant inside the channels evaporates. In or-
der to keep the same total pressure drop over each of
the channels, the mass flow rate will distribute ac-
37y 01 02 03 04 cordingly. In order to perform the investigation, a
z[m] simple airflow distribution is used, where the air ve-
locity is increased over one channel and decreased
Figure 3: Comparison of the local heat flux and pres- gyer the other, while the mean velocity is kept con-
sure in the channel for refrigerant R134a with uni- stant. In order to quantify the degree of maldistri-

3.75¢

form distribution of the airflow. bution in a simple way, a distribution parameter is
defined as:
U
fU:U , 0< fy<1, (5)
mean
RESULTS AND DISCUSSION whereUmeanis the mean velocity and; is the air ve-

The aim of modelling the parallel channel evapora- locity on channel 2, which is decreased for increased
tor was to investigate the impact of a non-uniform maldistribution. The parametgy thus takes a value
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between 0 and 1, wheyg = 1 for a uniform air flow
and fy = 0, when there is no airflow on channel 2 ol
and all air flows by channel 1.

Figure 5 shows how the mass flow rate and cooling
capacity are influenced by maldistribution of the air-
flow for refrigerant R134a for both modelling tools.
For an increasing maldistribution of the airflow. i.e.
decreasingy, the mass flow rate decreases in both
channels. In channel 1, where the air velocity is in- —o—channel 111
creased, the airside heat transfer coefficient will in- —©—channel 2
. .. . —e&— total

crease, which again increases the UA-value of this 9 ‘ ‘ ‘ ‘ :

. . 4 05 06 07 08 09 1
channel. In this channel the refrigerant therefore f,=U,U
evaporates faster. However, since the frictional pres- mean
sure gradient is higher for gas than liquid, the mass 300
flow rate of refrigerant has to decrease in order to
keep the pressure drop equal on both channels.

The lower graph in figure 5 shows how the cooling
capacity is affected by maldistribution of the airflow.
As it is expected, the cooling capacity decreases in
the channel 2, due to the lower air velocity. Since
the air side heat transfer coefficient does not change

Mass flow rate [g/s]

2501

200

-

a

o
T

Cooling capacity [W]

linearly, such that it increases less with higher air 50} o Chamne 1)
velocity than it decreases with lower air velocity, the —e—total
UA-value of the total evaporator will decrease with 84 05 06 07 08 o098 1
increased maldistribution of the airflow. A decrease f=Uz/Unean

in the UA-value results in a decreased cooling capac-

ity. Meanwhile, in order to keep the total mixed su- Figure 5: Influence of airflow maldistribution on the
perheat out of the evaporator constant the total masgnass flow rate and cooling capacity of the two chan-
flow rate decreases, as seen in the upper graph in gnels using R134a as refrigerant. The solid lines with
This decrease of the mass flow rate is responsiblemarkers shows the results obtained using WinDali,
for the decrease of the cooling capacity in channel and the dashed lines show the results using EES.
1, and hence for the decrease of the total cooling ca-

pacity.

The dashed lines in figure 5 show results obtainedof o, are quite different from R134a, the general
using EES, while the solid lines show WinDali re- pehavior is very similar, at least for this case. Also
sults. It is seen that EES consistently predicts afor CO, the mass flow rate decreases in both chan-
slightly lower mass flow rate and heat transfer rate, nels. The total cooling capacity stays almost con-
but the shape of the curves are the same. ffor. stant for 09 < f; < 1, but decreases for smaller val-
0.55 EES fails to converge. WinDali does the same yes of £,,. In channel 1, which recieves the higher

for fy < 0.525. Since both solvers fail to converge at 4j, velocity, the cooling capacity increases slightly
almost the same values, it can be assumed that thigni| fy = 0.7. However, for smaller values of,

limit is given by something in the system of equa- the cooling capacity of this channel decreases due to
tions rather than the solver. the reduced mass flow rate in the channel.

At the largest maldistribution modelled herg;, =  Again, the solid lines show the results obtained from
0.525, which corresponds to a velocity of 2.36 m/s \winDali, while the dashed lines show the EES re-
in channel 1 and 0.84 m/s in channel 2, the cooling sults. The results obtained from EES and WinDali
capacity is decreased by 27%. agree very well, only for very small values ¢

In figure 6 similar graphs are shown using £6s small discrepancies are seen. Also for Lkbth
refrigerant. Although the thermodynamic properties software fail to converge at some point. For Win-
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Dali, the solver cannot converge to a solution for
fu < 0.25, while EES fails to converge &y smaller
than 0.2.

CO2
2,
@
215+
2
©
3 1|
0
w0
=
0.5 T —o6—channel 1|
—e—channel 2
—&—total
0 i i i T
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300
2501
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> 200}
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S 100r
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Figure 6: Influence of airflow maldistribution on the

mass flow rate and cooling capacity of the two chan-

nels using CQ as refrigerant. The solid lines with

markers shows the results obtained using WinDali,

and the dashed lines show the results using EES.
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Figure 7: Comparison of the reduction of cooling
capacity due to maldistribution of the airflow for
R134a and C@using both EES and WinDali.

General experiences with the different tools

The most significant difference between the two mo-
delling tools when modelling the test case, is the so-
lution time. Figure 8 shows the time used for solu-
tions. All calculations were performed on the same
personal computer, an Intel(R) Core(TM) 2 CPU,
U7600@1.2 GHz and 2 GB of RAM. It was further-
more tested that the solution times were repeatable.
For all points shown in the figure the same initial
guesses - the solution of the uniformly distributed
case - were used. This means that for the points at
fu =1, the solution of the problem is used as initial
guess. In this case WinDali is 25 times faster than
EES for R134a and 40 times faster for c@hang-

ing the parametefy with increasing steps results in
longer solution times. In general, if not the solution
is used as initial guess, WinDali solves the equations
more than 100 times faster than EES.

It is furthermore interesting to know, how dependent

Figure 7 compares the reduction of the cooling ca- the solver is on accurate initial guesses when per-

pacities due to maldistribution of the airflow. For

R134a the percentwise reduction of the cooling ca-

forming parameter variations. The largest parameter
change (infy) where WinDali is still able to con-

pacity is independent of the modelling tool, despite verge isfy = 0.6 for R134a andy = 0.55 for CG,.
the differences that were seen in figure 5. For the For EES itis alsgfy = 0.6 when using R134a as re-
worst cases the reduction in cooling capacity for frigerant, while EES can go down ¥y = 0.2 when

R134a is more than 20%. For G@he cooling ca-
pacity is less affected by airflow maldistribution than
R134a. Atfy = 0.6, the cooling capacity down to
80% for R134a, while it is only down to 90% for

COo.
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using CQ. There is hence no unambiguous answer,
on which tools is most stable considering parameter
changes.

When running the model, WinDali thus has some

considerable advantages to EES, since it is much
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Figure 8: Time used to reach the solution when the
solution of the uniform distribution cas¢y(= 1) is
used as guess values.

faster. However, on the implementation side EES
has advantages. Implementation of small models in
EES is extremely easy and fast and it is also straight-
forward to build up a larger model gradually, extend-
ing the model bit by bit. Using WinDali the model
structure is more locked.

When implementing the evaporator model discussed
above, EES was used for prototyping. For this pur-
pose EES is an excellent tool. The final model was
then transferred to WinDali.

CONCLUSION

In this paper a model of two parallel evaporator
channels was built in order to investigate how non-
uniform airflow influences on the cooling capacity

of the evaporator. Furthermore the model was used
as a test case in order to compare and evaluate tW(fG]

different modelling tools: EES [1] and WinDali [2].
Two different refrigerants, R134a and g@ere
used in the evaporator, and it was shown, that the
cooling capacity decreased considerably with in-
creasing maldistribution of the airflow for both re-
frigerants. However, the cooling capacity of the
evaporator using refrigerant R134a was consider-
ably more affected by the airflow maldistribution
than the evaporator using G@s refrigerant.

It was furthermore found that the two modelling
tools do not give identical results since the func-
tions used for to calculate thermophysical data are
not identical. Especially for C&in the superheated

86

region significant discrepancies occur.

Comparing the two modelling tools showed that the
solutions agreed very well. Only small discrepan-
cies were found, which occured since the functions
used for calculating the thermophysical data were
not identical. Considering solution times WinDali
was in general more than 100 times faster than EES.
However, the implementation of a model in EES is
much more straightforward than WinDali.
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Modelling of refrigerant distribution in microchannel evaporators

Wiebke Brix,
Department of Mechanical Engineering, TechnicaMdrsity of Denmark, email: wb@mek.dtu.dk

Abstract
The effects of refrigerant distribution in paralelaporator channels on the heat exchanger penfmerare investi-
gated numerically. For this purpose a 1D steady stendel of refrigerant R134a evaporating in a oghannel tube
is built. A study of the refrigerant distributios ¢arried out for two channels in parallel. It®w&n that the cooling
capacity is reduced, both if the inlet quality reeuenly distributed and if the airflow on the odtsiof the channels
is not equally distributed.

Introduction

Microchannel evaporators are getting more and mopilar because these heat exchangers are very ef-
fective considering their volume. They help redgcgystem sizes and reducing the refrigerant charge
needed in order to obtain a given cooling capacity.

The use of channels with a small diameter has gheist advantages on the heat transfer. However, the
pressure drop in the heat exchanger would incrs@seficantly if traditional designs were used. Fhi
problem is solved by using many parallel chanrédtsvever, this introduces another problem, on which
we will focus in this work: maldistribution of tirefrigerant in the parallel channels.

Maldistribution of the refrigerant may result inawenly distributed superheated regions of an ewpQr
maybe even so much that the refrigerant in somereia is not fully evaporated, while in other chelsn
the superheat is so high that the heat transfextiemely low in the dry end of the channel. Thigym
lead to a reduced cooling capacity and system pe#ioce (COP).

Since the refrigerant flow is usually in a two-phatate at the inlet manifold, the distributiortlwe# liquid
and gas phase depends on the manifold design.iSbise of the reasons why maldistribution occurs.
Another reason for maldistribution of the refrigaraould be an uneven heat load on the air side.

A number of experimental studies have been perfdraretwo-phase refrigerant distribution in parallel
channels, both for conventional and microchannétst.and Pettersen conducted experiments on hetizon
tal manifolds with 10 parallel, vertical channelghmefrigerants R134a [1] and G(R]. Both the lig-
uid/gas distribution in the header as well as &t load on the different channels have been iigaet.
Hwang er al. [3] have investigated distribution of the liquid phasea manifold for a microchannel
evaporator. However, these studies focus primarilyhe distribution in the header and not on tlects

of the distribution on the heat exchanger perforcean

We here present a numerical study of the effectaallistribution of refrigerant into parallel mictoan-
nel tubes. Both the maldistribution generated atikader, i.e. the distribution of liquid and vapiniio
the different channels, and the maldistributiomeffigerant occurring due to unevenly distribut@dva-
locities are considered. The main objective is uardify effects of the maldistribution on the heat
changer performance.

Method

An evaporator model is built as a 1D steady staddehof the channels using a finite volume method.
Each channel is thus discretized into a numbephifraes. Each volume can hold either single phase fl

or two-phase flow. For each volume the continuiguation, the momentum equation and the energy



equation are applied. In order to calculate frizdilopressure drop and heat transfer coefficierfterdnt
correlations are applied depending on the flow @@rs. The correlations chosen are summarized in
Table 1.

Model
Air-side:
Heat transfer coefficient Kim and Bullard [4]
Two-phase:
Heat transfer coefficient Zhang et al. [5]

Smooth transition to single phase HT
Void fraction Homogenous
Frictional pressure drop Miller-Steinhagen and Heck [6]
Single phase:
Heat transfer coefficient Gnielinski [7]
Frictional pressure drop Fanning friction factor

Table 1: Summary of empirical correlations used to calculate heat transfer coeffi-
cients and frictional pressure drop.

General assumptions that have been made are: rdoy dhe airside, no pressure drop in the manifolds
and furthermore it is assumed that there is no istaloution of the refrigerant between the portsoné
multiport microchannel tube. The model handlesrthitiport channels such that pressure drop and heat
transfer coefficients are calculated for a singig,pwvhile the total heat transfer area of the ipalt tube

is considered when calculating the heat transferfoa the tube.

A sketch of the evaporator with model inputs antpots is shown output
in Figure 1. The single microchannel tube modets laked to- Pout, %
gether as parallel channels assuming that theypeedsop is equal M, Xoui O Al
for all tubes: Outlet' == ]
= % %
Bp; = Pin = Pow (1) ===
= ===
==
=
conservation of the total mass flow rate: = g =
N . Inlet =B
. . Refrigerant——— |
My toral = Zmi (2) " Airflow Channel i
=1 pin, min,total
l);headflr-,in, xi input
and conservation of the liquid and gas mass fldasran the - o

header: ]
Figure 1: Input and output of the model are

shown.

N

min,mtul'xheader,in = Z mixi
B 3)

Modelling results and discussion

A fixed heat exchanger geometry is chosen in am@erform investigations on two microchannel tubes
in parallel. The two channels are vertically orahtvith upwards flow direction, and each of therateds
has six ports with a dimension of 1.2x1.5 mm. R1B4ehosen as the refrigerant. The most important
input parameters are listed in Table 2.



Four different cases are studied: Two cases wiereffects of the inlet quality distribution arens-

ered and two cases where the effects of maldisétibairflow on the outside of the tubes are comsiile
In each of these groups, the effect of maldistidsuts investigated for constant mass flow rate em-

stant superheat.

Mean air velocity 2m/s

Air temperature 2°C
Refrigerant inlet pressure 2 bar (-10°C)
Refrigerant mass flow rate | 2 g/s
Channel length 1.2m

Inlet quality to manifold 0.2
Table 2: Input parameters.

Maldistribution of inlet quality

Usually a mixture of liquid and vapour is fed iritee evaporator. How the two phases will distribiate
the header depends on many parameters such agdderlgeometry, mass flow rates and refrigerant
properties. The distribution of the two phases dben influence on the distribution of the inlettjty to

the different parallel channels. Since we haveetaitbd model of the flow in the header, maldisttibn

of the inlet quality is studied by simply varyirfgetinlet quality to the different channels.

In this first case the inlet quality to each of tteannels is varied, while the inlet quality to treader is
kept constant at 0.2. The total mass flow rateefiigerant in the channels is also kept constagt gfs.
The airflow is assumed to be evenly distributede To tubes are numbered as channel 1 and channel 2
and the inlet quality to the channels is variedhstimt the quality into channel 1 is increased ded

creased in channel 2. Since the manifold is comsiladiabatic, equation (3) has to be fulfilledakt
times.

/I

Air
Figure 2: Sketch of the two microchannel tubes.
A distribution parametey,, is defined in order to quantify the distributiona simple way:

X2

[ =

'xheader,in

This parameter will take a value between 0 andot.gual distribution of the inlet quality= 1, while
whenf, = 0 only liquid is fed into channel 2 and a renvagnmixture of liquid and gas goes into channel
1.

In Figure 3 the influence of the inlet quality dretmass flow rates and superheat is shown. As tgec
the mass flow rate decreases in channel 1 wheiml#tequality into this channel is increased. le tight
graph it is seen that the superheat in channetréases and approaches the air temperature.
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Figure 3: Influence of inlet quality distribution on the mass flow rate and on the outlet superheat.

With increasing maldistribution of the inlet quglitn larger part of channel 1 will be dry, and tlaulsr-
ger part of the channel will have low heat transkéeanwhile, forf, < 0.8 the refrigerant in channel 2,
where we have a higher mass flow rate and lowet igphiality, not all of the refrigerant will evaptea
How this affects the total heat transfer rate @vahin Figure 4. In the figure it is seen that tb&l heat
transfer rate decreases slowly with increasing isiaddution of the inlet quality. For a small degref
maldistribution no reduction in heat transfer rigtéound, and when only liquid enters channel 2, libat
transfer rate of both channels together is redbgeti3%.
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Figure 4: Influence of inlet quality distribution on the heat transfer rate and total pressure drop.

In the right graph of Figure 4 the pressure droprdte two channels is shown. Interestingly thaltot
pressure drop decreases for increased maldistihud as a first thought it could look as if itni®re
favourable for the flow to be maldistributed. Howevas mentioned different mechanisms in the mani-
fold are responsible for the distribution of théetrguality, so nothing can really be concludedfrthis
graph alone.

In the second case considered, the total supeghkept constant atT,,, = 5.5K instead of the total mass
flow rate. In this case the total mass flow rateeduced with increasing maldistribution on thesirqual-
ity, as can be seen in Figure 5.
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Figure 5: Mass flow rate and superheat as a function of inlet quality distribution for constant suberheat.

Although the mass flow rate decreases in both adlanchannel 2 does again have a higher mass flow
rate than channel 1. From the right graph in Figyrnehich shows the superheat of the single charasl
well as the mixed superheat, it can be seen thaat #hough the total superheat is constant, thayesmt

in channel 2 does not fully evaporaté,at 0.6.

The decrease in total mass flow rate also influgnice cooling capacity of the channels, which mash

in Figure 6. The heat transfer rate from channisl 2most constant, where it in the previous caas w
slightly increased. Therefore also the total hemtdfer rate is decreased slightly more than irptiei-
ous case. Af. = 0.1 the heat transfer rate is reduced by 20%paped to the base case with equal inlet
quality distribution.
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Figure 6: Influence of inlet quality distribution on the heat
transfer load, when the mixed superheat is kept constant.

Finally, the two cases show that the distributidrihe inlet quality clearly does have an impacttba
heat exchanger capacity. It also shows that thingpoapacity in the case of constant mixed suprise
more affected than in the case of constant mass rihte. Often, the superheat out of the evapoiiator
used as a control parameter of the total refrigmratystem, and therefore this case is especiatigyest-

ing.

Airflow maldistribution

If the heat transfer coefficients are higher fomsochannels than others, e.g. due to a higherkcity
on these channels, evaporation will happen fasténdse channels. This affects the pressure gtaidien
the channels and because the total pressure deypativchannels is held constant, this also affduts



mass flow rate in the channels. Therefore a maidigton of the airflow can have an effect on thstrit
bution of refrigerant inside the channels.

In the next two cases considered, the inlet qualikept constant at 0.2 for both channels, anditilew
distribution is varied. The total volume flow ofras kept constant, and hence the mean velocithef
airflow. To keep it relatively simple, it is assudnthat when introducing a maldistribution of aivfloit
will happen such that the air velocity is increasgdr the whole channel 1 and decreased over channe
Again, a maldistribution parameter is defined idesrto quantify the maldistribution.

U,

Ju=

mean

This parameter will take a value between 0 andHerey;, = 1 for equal air velocities on both channels,
while f; = 0 when there is no airflow on channel 2, ancilpasses channel 1.

The same input parameters are used as in the peegases, and again the total mass flow rate is kep
constant for the first results. In Figure 7 theseffof airflow maldistribution on the refrigerantes flow
distribution is shown, as well as the superhedliénchannels. It is seen that as long as the neixduper-
heat is above zero, the refrigerant mass flow rateshot affected significantly. However, as sostite
evaporator runs wet, the mass flow rate decreasgwinnel 1 and increases in channel 2.

The fact that the mass flow rate will decreasehanmel 1, which gets the higher air velocity, dalya
influences the heat transfer rate, as can be se€igire 8. Channel 2 for which the heat transéeffc-
cient on the airside will be lower, thus furthermdmolds more refrigerant inside, so that relativatyre
refrigerant will see the lower overall heat transfeefficient. Atf, = 0.6, i.e. Y=2.8 m/s and b= 1.2
m/s the heat transfer rate is reduced by 11% cadgarthe uniform airflow case.

This reduction in cooling capacity cannot be disecompared to the previous case with varying inlet
quality directly, sincg, andf; are not comparable.
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Figure 7: Influence of airflow distribution on the distribution of refrigerant mass flow rate and superheat in the channels.
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Figure 8: Influence of airflow distribution on the heat transfer rate.

Next, the superheat is kept constant, agaixilat, = 5.5K. In Figure 9 it is seen that in this cdse mass
flow rate decreases significantly in both chanfeisncreasing airflow maldistribution. Interestlggthe
mass flow rate stays more or less equally disteithlietween the two channels. The reduction in heat
transfer rate is in this case mainly induced byrdukiction in total mass flow rate.

Figure 10 shows the heat transfer rate of the aflanand it is seen that the heat transfer ratedsced
almost equally for the two channels. The total hemtsfer rate is affected at relatively small tepan-
cies in the airflow velocities, and At= 0.6 a reduction of 23% on the capacity is fooothpared to a
case of uniform air flow. This is twice as muchrathe case of constant mass flow rate.

Although the heat transfer rates and mass flowsrst@w very similar behaviour in this case, thepeva
ration processes inside the channels are diffevdrich is seen from the right graph in Figure 9isTdan

be seen from the right graph in Figure 9, whichvehthe outlet superheat of the channels. The esapor
tion of the refrigerant in channel 1 with the highvelocity happens fast, which means that foraasing
airflow maldistribution a larger part of the chahiseoccupied by fully evaporated gas, resultindow
heat transfer coefficients in this part of the at@nOn the other hand, not the entire refrigeimmtvapo-
rated in channel 2, such that not the full potémtiahe high heat transfer coefficients during waation

is utilised. Whether it is a coincidence that thieves of mass flow rates and heat transfer ratésnf
each other that closely, needs to be investigatddture work, by considering different geometrydan
flow inputs.
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Figure 9: Influence of airflow distribution on refrigerant mass flow distribution and superheat.
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Figure 10: Influence of airflow distribution on heat transfer rate at constant superheat.

In reality it would probably be impossible to segtarthe effects of inlet quality distribution anidlaw
distribution. Most likely a combination of theseawill influence on the heat exchanger performance.
However, to get an image of the importance of tifferént mechanisms it makes sense to split the two
sources and investigate each maldistribution l&ffjtas it has been done here.

Conclusions

A model of a microchannel evaporator has been buitirder to numerically investigate the effects of
refrigerant maldistribution in the parallel charmeh the heat exchanger performance. A fixed heat e
changer geometry was chosen and results have baed for two channels in parallel. It was studied
how both the maldistribution generated in the hedde to the two-phase flow distribution and thddna
istribution that occurs due to an uneven airflowtrithution influences on the heat exchanger perform
ance. It was shown that in all cases consideredgatial cooling capacity was reduced for increanaftl-
istribution. The reductions in performance wergdauin the case of constant superheat at the mitthe
evaporator, than for constant refrigerant mass fiamte.
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ABSTRACT

Both non-uniform airflow and non-uniform distribution of the inlet quality affect the refrigerant
distribution in parallel evaporator channels. In this paper the impact of a non-uniform airflow and
non-uniform inlet quality distribution on the evaporator performance is investigated numerically.
The evaporator considered is an aluminium braced minichannel heat exchanger with parallel
channels. Both CO, and R134a are used as refrigerants. It is shown that capacity reductions due
to refrigerant maldistribution are smaller for CO, than for R134a. R134a on the other hand has a
larger potential for capacity recovery by controlling the superheat in the individual channels.

INTRODUCTION

In recent years compact refrigeration systems with
low refrigerant charges have become more and more
popular. For many applications, especially for mo-
bile or unitary applications compactness and weight
is an important design issue. Increasing compact-
ness is usually accompanied by material savings that
lead to cost reductions. Low refrigerant charges help
reducing the system weight, and are furthermore in-
teresting due to safety and legislative issues. One
solution in the design of compact, minimum charge
systems is to use aluminium braced minichannel
heat exchangers.

One of the main challenges in minichannel heat ex-
changers is to ensure a uniform refrigerant distribu-
tion. Especially for the evaporator the distribution
of the flow into the parallel channels is a challenge
[1, 2], since the refrigerant is usually in a two-phase
condition at the inlet to the evaporator. The design
of the distribution manifold plays an important role
in how the flow will be distributed. Furthermore the
distribution of the airflow on the outside may influ-
ence the distribution of the refrigerant in the parallel
channels.

Several studies have shown that the distribution
of the refrigerant is important considering the per-
formance of conventional, finned tube evaporators
[3, 4, 5]. The objective of the present study is to

investigate the effects of refrigerant maldistribution
in a minichannel evaporator on the heat exchanger
performance by numerical simulation. Both the
maldistribution of refrigerant occurring due to un-
evenly distributed air velocities and the maldistribu-
tion generated in the header, i.e. the distribution of
liquid and vapour into the different channels are con-
sidered.

MODELLING THE EVAPORATOR

In order to model the evaporator, a discretised one-
dimensional model of a single minichannel tube
is built using the finite volume method. Each
minichannel is discretized into an optional number
of volumes, and each volume is treated as a small
heat exchanger. For each volume the continuity
equation, the momentum equation and the energy
equation are solved under the assumption of steady
state. Furthermore the two-phase refrigerant flow is
assumed homogeneous, heat conduction

in the tube walls and between different tubes is ne-
glected and only dry air is considered.

The frictional pressure gradients and the two-phase
heat transfer coefficients are calculated using cor-
relations from the literature, depending on the flow
conditions. Table 1 summarizes the correlations that
are used in the model. In order to solve the energy
balance the e-NTU method for a cross flow heat ex-
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changer is applied.

Air side

Heat transfer coefficient Kim and Bullard [6]
Two-phase region

Heat transfer coefficient Bertsch [7]

Frictional pressure drop Miiller-Steinhagen and Heck [8]
Single phase region

Heat transfer coefficient Gnielinski [9]

Frictional pressure drop Blasius [10]

Table 1: Summary of correlations used to calculate heat
transfer coefficients and pressure drop.

In the physical evaporator the different channels are
connected through a dividing and a collecting mani-
fold, i.e. the inlet and outlet manifold. In the present
evaporator model the flow in the manifolds is not
considered in detail. The manifolds are assumed to
be adiabatic and pressure drop in the manifolds is
neglected. The single channel models are hence sim-
ply connected through conservation of mass and en-
ergy within the manifold and a requirement of equal
pressure drop over the channels.

The distribution of gas and liquid flowing into the
different channels has to be given as an input to the
model. An overview over the model and the inputs
and outputs is shown in figure 1. By imposing either
a non-uniform airflow or non-equal qualities at the
inlets of the parallel channels maldistribution of the
refrigerant may be induced.

(a) Inputs

- i _{JﬁT}:‘t _* }_‘}ﬂ“

(b) Outputs
Q _
. m_1 |__{ .F._%” erW1
Miot Pout, hout
e ety O
Q.

Figure 1: Schematic overview with (a) inputs and (b)
outputs to the model.

The model was built and solved using the modelling
and simulation software Windali [11], and the single

DANSKE
KOLEDAGE
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channel model was verified using R134a as refriger-
ant in Brix et al. [12].

The test case

In order to investigate the influence of non-uniform
airflow and non-uniform inlet qualities on the per-
formance of a mini-channel evaporator, a test case
is defined. For simplicity reasons the test case evap-
orator consists of only two minichannels in paral-
lel. The channels are oriented vertically with the
refrigerant flowing in the upwards direction. The
parameters describing the modelled evaporator are
summarized in table 2. The total refrigerant flow
through the evaporator channels is controlled by set-
ting a constant mixed superheat out of the evapora-
tor. This would be the case for refrigeration systems
controlled by a thermostatic expansion valve, and
is therefore the most obvious choice in the present
case. Two different refrigerants, R134a and CO,,
are used in the evaporator.

Evaporator geometry

Tube length 0.47m
Number of ports in one tube 11
Cross section of one port 0.8x1.2mm
Flow depth I6mm
Distance between two microchannels 8 mm
Fin pitch 727m™!
Flow parameters

Air temperature 35°C
Air velocity 1.6 m/s
Evaporation temperature 7.4°C
Quality at manifold inlet 0.3
Total superheat 6K

Table 2: Parameters defining the test case.

RESULTS
Non-uniform gas/liquid distribution

When entering the evaporator the mixture of liquid
and gas coming from the expansion valve has to
be distributed into the parallel minichannels of the
evaporator. A uniform distribution of especially the
liquid is preferable, since the heat exchanger area
is not utilized ideally if some channels receive only
gas.

As mentioned, the manifold is not modelled in de-
tail, and the liquid distribution is thus simply given
as an input. In order to quantify the degree of mal-
distribution a distribution parameter, f., is defined

NORDENS STORSTE KOLEKONFERENCE
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0< fi < 1. (1

Here x» is the quality into channel 2. For increased
maldistribution the quality into channel 2 is de-
creased, while the manifold inlet quality, xs is kept
constant. For equal distribution of the inlet quality
fe =1, while for f, = 0 only liquid is fed into chan-
nel 2 and the remaining mixture of liquid and gas
enters channel 1.

In figure 2 the local heat flux along the channels is
shown for CO, and R134a. For each of the three
liquid distributions imposed, f, =1, fr = 0.5 and
fv = 0, three curves are shown. Two curves show
the heat flux in each channel. The third, which is
provided with markers, shows the mean local heat
flux. The solid line with circular markers shows the
heat flux for a uniform liquid distribution. In this
case there is no maldistribution of the refrigerant and
the three lines coincide.

(a)
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Figure 2: Local heat flux in the channel for CO, and
R134a for different inlet quality distributions. The curves
without markers show the local values in each channel,
while the curves equipped with markers show a local
mean of the two channels.

As long as the refrigerant flow in the channels is not
approaching dryout, the local heat flux is constant.
When approaching fully evaporated flow, the refrig-
erant side heat transfer coefficient begins to decrease
until it reaches the single phase heat transfer coeffi-
cient. This results in a decrease of the overall heat
transfer coefficient, and thus the heat flux. When all
liquid is evaporated the temperature difference be-
tween the refrigerant and the air decreases, which
results in the continued decrease of the heat flux in
the superheated zone.

Imposing liquid maldistribution corresponding to a
value of f, = 0.5 or f, = 0, does not change the heat
flux significantly as long as the refrigerant is in a
two-phase condition. However, the refrigerant flow
in channel 1, which has a higher quality at the in-
let, will reach dryout earlier than in the evenly dis-
tributed case, while the refrigerant in channel 2 stays
in two-phase condition further down the channel.

A comparison of the graphs for CO; and R134a
shows some significant differences. For CO; the to-
tal area of the evaporator containing two-phase flow
is more or less constant when imposing liquid mal-
distribution. For R134a the refrigerant in channel 1,
receiving less liquid, evaporates very fast such that
the area with two-phase flow decreases for increased
liquid maldistribution. Consequently, the mean heat
flux is lower for increased maldistribution of the lig-
uid, when using R134a, and a capacity reduction is
expected.

The different behaviour of CO, and R134a seen in
figure 2 can be explained by a different distribution
of the mass flow rate into the two channels when
imposing liquid maldistribution. Figure 3 shows the
mass flow rate in each of the channels as well as the
total mass flow rate as a function of f, for the two
refrigerants.

For CO, the mass flow rate in channel 1 increases
and the mass flow rate in channel 2 decreases for in-
creased liquid maldistribution, while the total mass
flow rate stays more or less constant. For R134a the
total mass flow rate decreases in order to keep the su-
perheat out of the evaporator at the specified value.
The distribution of the mass flow rate is such that
channel 2 actually receives slightly more refrigerant
than channel 1.

The reason for the different mass flow distribution
of the two refrigerants can be explained by the domi-
nance of different contributions to the pressure drop.
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Figure 3: Distribution of the mass flow rate into the two
channels as a function of the liquid distribution.

For R134a the frictional contribution to the pressure
drop is clearly the most dominant, while the gravi-
tational contribution is almost negligible. CO; has
a higher density and a lower viscosity, and therefore
the gravitational contribution to the pressure drop is
significant, while the frictional contribution is much
smaller than for R134a.

Figure 4 shows the cooling capacity of each of the
parallel channels and the total cooling capacity as a
function of the liquid distribution. As expected, the
cooling capacity of the evaporator using CO, does
not change significantly when imposing a nonuni-
form liquid distribution. Using R134a the cooling
capacity of the channel receiving mostly gas de-
creases significantly, while the extra liquid in chan-
nel 2 only increases the cooling capacity of this
channel moderately, such that the total cooling ca-
pacity decreases considerably.

(a) CO, (b) R134a
=300 — 300
=3 total =3 M
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'g 200 'g 200
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0 02 04 06 08 1 0 02 04 06 08 1

Figure 4: Cooling capacity as a function of the liquid
distribution.

Figure 5 compares the reduction of the mass flow
rate, the cooling capacity and the area of the evapo-
rator that is in contact with two-phase flow (the two-
phase area) as a function of the liquid distribution.
For both refrigerants the curves showing the cooling
capacity and the mass flow rate coincide. It is fur-
thermore noticed that the capacity decreases at the

0 02 D,4f0.5 0g 1 0 0.2 0.4TD.6 08 1

X X

Figure 5: Comparison of the reduction in cooling capac-
ity, mass flow rate and two-phase area as a function of
the liquid distribution. The curves for cooling capacity
and mass flow rate coincide.

Non-uniform airflow

Apart from the liquid distribution, also the distribu-
tion of the air velocity on the outside of the channels
influence the refrigerant distribution in the parallel
channels. Keeping the air flow rate constant and
varying the velocities over the different channels,
changes the heat load on the channels, which re-
sults in different pressure gradients inside the chan-
nel, and hence influences the mass flow rate distri-
bution and the capacity.

When investigating the impact of the airflow distri-
bution on the cooling capacity of the evaporator, the
airflow is imposed such that each channel receives a
constant air velocity. The total airflow rate is kept
constant, while the velocity on each channel is var-
ied. The velocities are varied such that the velocity
increases for channel 1 and decreases for channel 2.
A non-dimensional parameter, fy;, which quantifies
the degree of non-uniformity of the airflow, is de-
fined as:

U>
fuo=7,0<fy <1, (2)

Umean

where fi; = 1 for equal air velocities on both chan-
nels, while for fi; = 0 there is no airflow on channel
2, and all air passes by channel 1. While performing
the investigations on the impact of the airflow distri-
bution, the liquid distribution is considered uniform.
In figure 6 the local heat flux is shown along the
channel direction for three different airflow distri-
butions.

For each of the three airflow distributions imposed,
fu =1, fu =0.5 and fy = 0.1, three curves are
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Figure 6: Local heat flux in the channel for CO; and
R134a for different airflow distributions. The curves
without markers show the local values in each channel,
while the curves with markers show a local mean of the
two channels.

shown for each graph in figure 6. Two curves show
the local values in each channel and the third, which
is provided with markers shows the mean local heat
flux. The solid curve with circular markers shows
local values in the minichannels for a uniform air-
flow. In this case there is no maldistribution of the
refrigerant and the three curves coincide.

For fi; = 0.5 channel 1 receives a higher air veloc-
ity than channel 2. In channel | the air side heat
transfer coefficient will be higher than for the uni-
form airflow case, which results in a higher heat
flux. However, in this channel the refrigerant is fully
evaporated much earlier than in the uniform airflow
case. In the part of the channel containing single
phase gas, the overall heat transfer coefficient is con-
siderably lower, which results in a lower heat flux.
As the temperature difference between the air and
refrigerant decreases in the superheated part of the
channel, the heat flux continues to decrease. Chan-

nel 2, which receives the low air velocity has lower
heat flux than in the uniform airflow case, due to the
lower air side heat transfer coefficient. In this chan-
nel dryout is not reached before the very end of the
channel, and the heat flux is thus relatively constant
throughout this channel.

From the dashed curve with square markers showing
the mean heat flux of the two channels at f; = 0.5,
it is noted that as long as there is two-phase flow
in both channels the mean heat flux is only slightly
lower than for the uniform airflow case. However,
for the part of the channel, where dryout has been
reached in channel 1 the mean heat flux is consid-
erably lower. For fy = 0.1, the same behaviour is
seen as for fiy = 0.5, but it is even more pronounced.
In this case the mean heat flux is lower than in the
uniform airflow case also when there is two-phase
refrigerant flow in both channels. This indicates that
as long as all channels are wet inside only a severe
non-uniformity of the airflow will impact the cool-
ing capacity of the evaporator.

Figure 7 shows the distribution of the mass flow rate
in each of the two channels as well as the total mass
flow rate as a function of airflow distribution. For
both refrigerants the total mass flow rate decreases
with increasing airflow non-uniformity.

(a) CO, (b) R134a

ra
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Figure 7: Distribution of the refrigerant mass flow rate
as a function of the airflow distribution.

Looking at the impact of the airflow distribution on
the cooling capacity for CO;, shown in figure 8(a),
it is seen that the cooling capacity of channel 1 is
slightly increasing for f; decreasing to 0.65 and de-
creasing slightly for lower values of fi;, although the
airside heat transfer coefficient increases for increas-
ing air velocity on this channel. Nevertheless, the re-
duced mass flow rate and the increasing single phase
zone prevents the cooling capacity to increase. In
channel 2 the cooling capacity decreases steadily as
the air velocity on this channel is decreased.
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Figure 8: Cooling capacity of the individual channels
and the total cooling capacity of the evaporator as a func-
tion of the airflow distribution.

Using R134a as refrigerant the cooling capacity of
channel 1 is slightly increasing for fi; decreasing
to 0.8 and decreasing for lower values of fy, due
to the reduced mass flow rate. In channel 2 the
cooling capacity decreases as for CO;. For small
degrees of non-uniformity of the airflow, the total
cooling capacity is not affected much. However, for
larger degrees of maldistributed airflow, the cooling
capacity of the evaporator decreases significantly.
It is furthermore worth noting, that in the extreme
case (fyy = 0.1), the capacity of the evaporator with
R134a is reduced more than twice as much as the
evaporator with CO, compared to the case with uni-
form airflow.

Figure 9 compares the reduction of the cooling ca-
pacity, the total mass flow rate and the area of the
evaporator containing two phase flow. The curves
showing the cooling capacity and the mass flow rate
coincide, and these actually decrease faster than the
two-phase area.

(a) CO; (b) R134a
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Figure 9: Comparison of the reductions in mass flow
rate, cooling capacity and the area of the evaporator con-
taining two-phase flow.

Although the two distribution parameters fy and f,
cannot be compared directly, it is interesting to com-
pare the findings of the liquid distribution and the
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distribution of the airflow. First of all, the capac-
ity was affected much more by the airflow distribu-
tion than by the liquid distribution in the extreme
cases. Furthermore, it was found that where the ca-
pacity decreased at the same rate as the two-phase
area for varying liquid distribution, the capacity de-
creased more than twice as much as the two-phase
area for varying airflow distribution.

Combining non-uniform liquid distribution
and non-uniform airflow

One thing is to vary the liquid distribution and the
airflow distribution only separately, but in a real sys-
tem most likely both of the sources of a maldistri-
bution of the refrigerant will be present at the same
time. Therefore, an investigation of combined non-
uniform distribution of the liquid in the manifold and
the airflow is performed.

(a)

100f =0
—. 80 fx=0.2
=z f=04
£ =06
@ g x
2 40 “ more air more air i|---f=08
o on ch.1 onch.2

—f =
x

20}

(b)

AT, (K]

Figure 10: (a) The cooling capacity for simultaneous
variation of the airflow and liquid distribution using
R134a as refrigerant. At uniform distribution of both lig-
uid and airflow the capacity is 100%. (b) The superheat
out of the individual evaporator channels.

For this purpose the airflow distribution parameter,
fu, is varied between 0 and 2, such that both of
the channels are exposed to both increased and de-
creased air velocities. Figures 10(a) and 11(a) show
the relative total cooling capacity as a function of the
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Figure 11: (a) The cooling capacity for simultaneous
variation of the airflow and liquid distribution using CO;
as refrigerant. At uniform distribution of both liquid and
airflow the capacity is 100%. (b) The superheat out of the
individual evaporator channels.

airflow distribution for different liquid distributions,
for R134a and COa,, respectively. The capacity is set
to 100% for uniform distribution of both the airflow
and the liquid in the manifold. Furthermore the su-
perheat out of the individual channels is shown in
figures 10(b) and 11(b).

Considering the evaporator using R134a, it clearly
seen that for a given liquid distribution an optimum
airflow distribution exists and vice versa. For each
curve the optimum cooling capacity is marked with
a diamond shaped marker in the figure. Having uni-
form airflow the optimum liquid distribution is also
uniform. However, for a non-uniform airflow dis-
tribution an optimum capacity can be obtained at a
certain, non-uniform, liquid distribution. As it could
be expected it is desirable to have a larger fraction
of the liquid going into the channel, that is exposed
to a higher air velocity. The optimum cooling ca-
pacity is slightly decreasing with increasing airflow
non-uniformity, which means that most, but not all
of the capacity can be recovered by distributing the
liquid suitably.

Comparing graphs (a) and (b) in figure 10 it is seen
that the optimum cooling capacity is attained in the

region where the refrigerant is fully evaporated out
of both channels, but where the superheat out of
channel 2 is lower than in channel 1. In practice
it would probably be difficult to control the system
to reach the exact optimum. It could, however, be
possible to control the liquid distribution such that
the superheat out of the channels is equal. At this
point the capacity is still very close to the optimum,
since the curve is very flat in the region around the
optimum.

Considering CO; as refrigerant, for which the lig-
uid distribution has only minor influence on the ca-
pacity, the graphs look slightly different, shown in
figure 11. Also in this case an optimum cooling
capacity can be reached by a suitable liquid distri-
bution. However, the optimum is not far from the
curve having uniform liquid distribution. For CO,
the largest airflow maldistribution that can be com-
pensated to the optimum by controlling liquid dis-
tribution is fiy = 1.1. At this point only liquid en-
ters channel 2. For larger degrees of airflow non-
uniformity, the capacity decreases regardless the lig-
uid distribution. For R134 this point of a maximum
airflow distribution that can be compensated to the
optimum capacity by controlling the liquid distribu-
tion is found at a considerably higher degree of air-
flow non-uniformity up to fyy = 1.55.

CONCLUSION

Distribution studies with two parallel channels were
presented. First the impact of the liquid distribution
in the inlet manifold on the evaporator performance
were investigated. We could conclude that the cool-
ing capacity was not affected by the liquid distribu-
tion when using CO» as refrigerant, but decreased
by up to 20% for R134a at extreme maldistribution
of the liquid. The decreases in the cooling capacity
were equal to decreases in the two-phase area.

Next the impact of the airflow distribution on the
evaporator performance was considered. We found
that the cooling capacity is strongly affected by air-
flow non-uniformity and that the capacity reductions
were more than twice as large for R134a than for
COs. In this case the decreases in the cooling capac-
ity are larger than decreases in the two-phase area.
Furthermore, combining the non-uniform airflow
and liquid distribution showed that a non-uniform
airflow distribution could be compensated by a suit-
able liquid distribution. When controlling the super-
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heat out of the individual channels to be equal, the
optimum capacity is almost reached. Comparing the
two refrigerants showed that R134a had a higher po-
tential for capacity recovery than CO,.
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