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ABSTRACT

In recent years, a continuous research effort has transformed the conventional tilting-pad journal bearing into
a mechatronic machine element. The addition of electromechanical elements provides the possibility of generating
controllable forces over the rotor as a function of a suitable control signal. Such forces can be applied in order
to perform parameter identification procedures in-situ, which enables evaluation of the mechanical condition of
the machine in a non-invasive way. The usage of a controllable bearing as a calibrated shaker requires obtaining
the bearing specific frequency dependent calibration function, i.e. the transfer function between control signal and
force over the rotor. This work presents a theoretical model of the calibration function for a tilting-pad journal
bearing with active lubrication. The bearing generates controllable forces by injecting pressurized oil directly into
the bearing clearance. The injected flow is controlled by means of a servovalve. The theoretical model includes the
dynamics of the hydraulic system using a lumped parameter approach, which is coupled with the bearing oil film
using a modified form of the Reynolds equation. The oil film model is formulated considering an elastothermohydro-

dynamic lubrication regime. New contributions to the mathematical modeling are presented, such as the inclusion
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of the dynamics of the hydraulic pipelines, and the obtention of the bearing calibration function by means of har-
monic analysis of a linearized form of the controllable bearing constitutive equations. The mathematical model
is used to study the relevance and effects of different parameters on the calibration function, aiming at providing
general guidelines for the active bearing design. Finally, experimental results regarding the calibration function
and the usage of the studied bearing as a calibrated shaker provide insight into the possibilities of application of

this technology.

Nomenclature

ALB Actively lubricated bearing

Ap Pipeline cross section area

A System matrix for Reynolds equation discretized solution
b Pad modal coordinates vector

B Equivalent bulk modulus oil flow

C(®) Bearing calibration function, frequency domain
co= \/E Speed of sound

cp Pipeline linearized damping coefficient

Darp Linearized global damping matrix

dinj Pad injection nozzle diameter

Oi Linearized i-variable

&v  Servovalve damping ratio

Fuerive (0)  Bearing active forces, frequency domain
F. Pipeline oil flow external forces

FRF (@) Frequency response function

f.; External force over the journal

f, Pressure field resultant force over the journal

f, Pressure field resultant force over the bearing pad
g(%,2) Pad orifice shape function

Yp, Pipeline i-th acoustic modal flow

H; Pipeline i-th acoustic normal mode

h(%,2) Oil film thickness

K,, Servovalve flow pressure coefficient

K, Bearing pad stiffness matrix

Kizp Linearized global stiffness matrix

Lp Pipeline length

linj Pad injection nozzle length
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M, Journal mass matrix

M, Bearing pad mass matrix

Myp Linearized global mass matrix
u  Oil viscosity

pp Pressure pipeline, time domain
p(%£,2,t) Oil film pressure field

pinj Pressure injection nozzle

p Discretized oil film pressure field
Pinj Injection pressure vector

qv Servovalve flow

gy Servovalve leakage flow

qx, Servovalve spool driven flow, time domain
gp Flow pipeline, time domain

qp Injection flow vector

R Journal Radius

Ry Servovalve flow voltage coefficient
rp Pipeline cross section radius

p Oil density

Sy Pipeline sources/sinks

s Global system state vector

S*

Global system state vector in static equilibrium

U (w) Servovalve control signal, frequency domain

uy  Servovalve control signal, time domain

Vinj (£,2,1) Injection flow velocity profile

V  Pad modal matrix

W,Q System matrix for Reynolds equation solution, Hagen-Pouiseuille injection flow
X,9,z Oil film curvilinear reference frame

xy  Servovalve spool position, time domain

xp Pipeline longitudinal position

x, Journal center position vector

Y (®) Journal vertical displacement, frequency domain
Q  Journal rotational speed

oy Servovalve cut-off frequency

o Frequency

op, Pipeline i-th acoustic natural frequency
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1 Introduction

The challenges related to the design and operation of turbomachinery for industrial applications, such as energy extrac-
tion and conversion, are steadily increasing. Current trends demand for increased efficiency, availability and adaptability of
these machines. In this context, bearing design is of the uttermost importance, since it is crucial to determine the dynamic
behavior of the machine as a whole.

Tilting-pad journal bearings (TPJB) are commonly used in turbomachinery, due to its improved stability characteristics when
compared to other fluid film bearings alternatives [1,2]. Although a versatile design, its static, thermal and dynamic proper-
ties are “fixed” at the design stage. Consequently, its traditional configuration does not give room for adapting to different
operational scenarios. The need for including these characteristics into the TPJB design opened a new research front, aimed
at transforming it into a mechatronic machine element, through the combination of mechanical and electronic components.
Over time, a number of authors have worked theoretically and experimentally with this objective in mind, following differ-
ent strategies. The first ideas were presented by Ulbrich and Althaus in 1989 [3]. They theoretically analyzed the usage of
piezoelectric actuators to adjust the bearing clearance, in order to control the bearing characteristics. Another approach was
implemented theoretically and experimentally by Santos [4,5], considering the installation of hydraulic chambers in the back
of the pads and a servovalve to dynamically regulate the pressure within the chambers. Regarding the design of controllers
for mechatronic tilting-pad bearings, some theoretical studies have been carried out by Deckler et al. [6] and Wu and De
Queiroz [7], considering the usage of linear actuators in the back of the pad and also rotational actuators, acting directly over
the tilting angle of the pad. Wu and De Queiroz investigated some of their ideas experimentally, by building and testing a
tilting-pad bearing design featuring controllable pushers in the back of the pads [8].

A different strategy to achieve a mechatronic TPJB design was firstly introduced in 1994 by Santos [4]. The actively lu-
bricated bearing (ALB) design features a modified pad geometry, that includes a nozzle located across the pad in the radial
direction. Pressurized oil is injected directly into the bearing clearance through these nozzles. The injected oil flow can be
modified by means of a servovalve, which is controlled by an electric signal generated in a processing unit. As a result, the
oil film pressure field is altered, with the resulting modification of the bearing properties.

The validity of the ALB concept has been proven experimentally in a number of studies. The modification of the static and
thermal properties of the TPJB as a result of the oil injection was shown in [9]. Its ability to modify the TPJB dynamic
coefficients was studied in [10]. In [11], it was applied as the actuator of a control loop, aimed at controlling the vibrations
of a rigid rotor setup. Similar results, but concerning the control of vibrations of a flexible rotor, were presented in [12].
The ALB is capable of generating controllable forces over the rotor, as a function of an input signal. This concept was tested
experimentally in [12, 13], proving that it is possible to generate forces in a wide frequency range. This feature provides
the possibility of using it as a calibrated shaker for performing parameter identification in turbomachinery. Since the ALB
can be included as a permanent component of the machine, such test can be performed in a non invasive way, without the
need of mounting external actuators or sensors. By obtaining modal parameters in situ, it could be possible to validate the
mathematical simulation tools available for the machine, or to detect faulty conditions.

This field of application demands for a characterization of the ALB calibration function, meaning the relationship between
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input signal and active force over the rotor. Since a parameter identification procedure is usually performed in frequency
domain, the calibration function must be obtained as a function of the input signal frequency. In [13], the calibrated forces
generated by the ALB were determined using a purely experimental approach, as a function of frequency and Sommerfeld
number (i.e. bearing static load and journal rotational speed). Although the results arising from this method were satisfac-
tory, it is also desirable to be able to predict this calibration function by theoretical means, in order to study the effect of
different design parameters over the ALB calibrated forces. This approach requires a mathematical model that represents in
a reduced manner the interaction between the physical domains existing within the ALB, i.e. hydraulics, oil film and bearing
pad dynamics.

The current theoretical model for the ALB corresponds to an elastothermohydrodynamic formulation, that includes the oil
injection effect in a simplified way [14—17]. In this article, this model is used as the framework for developing a method to
obtain the ALB calibration function by theoretical means. The main original contributions correspond to the inclusion of
pipeline dynamics effects into the theoretical model, and the obtainment of the calibration function by means of harmonic
analysis of a linearized version of the ALB governing equations. Furthermore, experimental results regarding the ALB cali-
bration function and the usage of the studied bearing as a calibrated shaker provide insight into the possibilities of application

of this technology.

2 Experimental Setup
2.1 The ALB Test Rig

The ALB test rig at the Technical University of Denmark (DTU) has already been extensively used in [9, 13, 18] to
investigate the static and dynamic behavior of this specific controllable bearing design. The reader should refer to the cited
references for a complete presentation of the experimental setup.
The setup consists of a test bearing, a rigid rotor mounted in a tilting frame, and a hydraulic system, see Fig. 1. The driving
unit is composed of an electric motor and a belt transmission. The parameters for the test rig are stated in Table 1. The
tilting frame is pivoted in one end, allowing for vertical displacements of the rigid rotor attached to it, but fixing it in the
horizontal direction. It also constrains the pitching movement of the rotor. Hence, the rotor position can be described using a
single degree of freedom. The test bearing consists of two tilting pads located above and below the rotor, supporting it in the
vertical direction. The most important component within the tilting pads design are the nozzles, see Fig. 2, aimed at injecting
pressurized oil into the bearing clearance. The pressurized oil flow towards the injection nozzle is controlled by means of a
single servovalve. Each of the two servovalve ports is connected to a nozzle via a steel pipe. By feeding an appropiate input
signal into the servovalve, the oil flow towards each injection nozzle is altered, modifying the oil film pressure field. This

entails a modification of the resultant forces over the rotor, rendering the bearing controllable.

2.2 Configurations
Two different configurations are used for obtaining the experimental results included in this study, as shown in Fig. 3.

In both cases, the input signal fed into the servovalve corresponds to a chirp signal of known amplitude. Consequently, it is
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possible to study the system behavior in a certain frequency range.

The first configuration enables one to determine experimentally the active forces over the rotor generated by the ALB. It
considers fixing the tilting frame in a certain position, by means of an adjustment bolt located at the frame free end. This
system enables to fix the vertical rotor position to a certain eccentricity. A load cell is associated with the adjustment bolt,
and its measured force can be directly related to the resulting forces over the rotor, if no relevant dynamics from the tilting
frame take place within the analyzed frequency range, i.e. the tilting frame behaves as a rigid body.

The second configuration enables one to obtain the frequency response function of the system when no restriction to its
movement is applied, i.e. the adjustment bolt is not present. The displacement of the tilting frame free end is measured via
a displacement probe, and can be directly related to the rotor vertical displacement. The system is excited using the forces
generated by an electromagnetic shaker, or by the ALB injection system. This setup enables to study the feasibility of using
the ALB for obtaining the system frequency response function, by using the results given by the electromagnetic shaker as

benchmark.

3 Mathematical Modeling

The ALB calibration function C () is the relationship between the servovalve input signal U (®) and the resultant force

over the rotor Fyve (®), as a function of the input signal frequency . It can be stated as:

Factive (0))

@)= ")

ey

In general, C (o), U (o), F (®) are complex magnitudes. This function can be obtained through purely experimental means,
using the available experimental setup, as it was reported in [13]. However, it is relevant to obtain a mathematical model that
enables accurate prediction of the ALB calibration function for a given set of design parameters.

The mathematical model for the ALB has been presented in a number of publications [14—17]. Its current formulation
corresponds to an elastothermohydrodynamic lubrication regime, that includes the effect of the hydraulic system and oil
injection in a simplified manner. For the sake of briefness, the model shall not be presented in full detail here, and the reader

should refer to the cited literature for a complete presentation. In short, its main features are:

1. The oil film pressure field is modeled using a modified version of the Reynolds equation for incompressible laminar
flow. It includes an extra term related to the oil injection that renders the bearing controllable. Further details can be
found in [4, 14], and in the following sections of this paper.

2. The thermal model considers both the oil film and the pads as domains for the analysis, due to the heat transfer process
taking place between them. The oil film energy equation and Fourier law for pad heat conduction are consequently
solved in a coupled manner. The effect of the oil injection is included in the oil film energy equation considering

convection and diffusion effects. Further information is available in [15,17,19, 20].

Downloaded From: http://vibrationacoustics.asmedigitalcollection.asme.org/ on 09/01/2014 Terms of Use: http://asme.org/terms



3. The pad and pivot flexibility are included using a pseudo modal reduction scheme, as initially proposed in [21]. The
displacements of the pad solid domain are modeled as a linear combination of predefined mode shapes, associated with
modal coordinates. The mode shapes represent the pad rigid body motions and elastic deformations. For further details,
please refer to [16,21,22].

4. The numerical solution of the partial differential equations for oil film pressure field, thermal model and pad flexibility
model is obtained using the finite element method. The weak form is obtained using the Bubnov-Galerkin method, ex-
cept for the oil film energy equation, where a streamlined upwind Petrov-Galerkin formulation is implemented. Further

details can be found in [23,24].

Based on the previous research effort, this article expands the mathematical model and introduces two original contri-

butions:

1. Inclusion of the dynamics related to the pipelines connecting the servovalve ports with the injection nozzles, in order to
assess their effect on the ALB calibration function.
2. Calculation of the frequency dependent ALB calibration function, by means of harmonic analysis of a linearized form

of the ALB governing equations.

For the sake of clarity, the mathematical presentation given here represents the ALB test rig presented previously (two
pads, rotor with one degree of freedom, one servovalve and two pipelines). However, the procedure is general enough to
be expanded to an ALB with a “free” rotor configuration, and different number of pads and servovalves. For any given
case, the system contains one servovalve for each pair of pads. The presentation is focused on detailing the mathematical
representation of the hydraulic system, the approach followed to couple it with the oil film pressure field model, and the

linearization procedure of the resulting non linear system of equations.

3.1 Modeling the Hydraulic System: the Servovalve

For modeling the ALB, it is necessary to describe the pressurized oil flow reaching the injection nozzle in each one of
the tilting pads, as a function of the control signal uy = Ue'®. The flow is controlled by means of a servovalve, modeled
following the approach stated in [4, 14].
The servovalve flow gy can be linearized around an operational point defined by the centered position of its spool xj, = 0.
Considering that the flow is a function of the spool position xy and the load pressure py, a first order Taylor expansion

yields [25]:

qv = CI?/ + Gxy +qupL :forx; =0 2)

In Eqn. (2) three terms can be distinguished: the leakage flow gy, observed when the spool is centered, the flow dependent

on the spool position gy, , and the flow dependent on the load pressure K, pr, linearized using the coefficient K.

Downloaded From: http://vibrationacoustics.asmedigitalcollection.asme.org/ on 09/01/2014 Terms of Use: http://asme.org/terms



The spool position is controlled via the servovalve control signal uy, yielding a modification of the spool position dependent

flow gy, . This relationship can be modeled [26-28] using a second order ordinary differential equation:

Gy + 250 OV Gy, + OF Gy, = O Ryuy 3)

The coefficients &y ,wy and Ry introduced in Eqn. (3) are properties of each servovalve, and they characterize the frequency

dependency of the resulting servovalve flow gy with respect to the input signal uy .

3.2 Modeling the Hydraulic System: The Pipelines

The relevance of including the pipeline dynamic effects for modeling the behavior of hydraulic systems is well under-
stood, hence a significant amount of literature is available on the subject [29-32]. For applications where a constant flow
is imposed, the pipeline has relevant effects considering the system head losses. However, for cases where the input flow
is modified harmonically with high frequencies, such as in the ALB hydraulic system, the dynamic effects related to their
acoustic modes can significantly modify the resulting output flow. Therefore, the pipeline dynamics can have a significant
effect on the ALB calibration function.

As with any other dynamic system, the inclusion of the pipeline dynamics into the mathematical model depends on the
presence of resonance areas (in this case, acoustic resonances) in the frequency range of interest. The pipeline design param-
eters and the characteristics of the fluid, specially the amount of entrained air, can significantly reduce the acoustic natural
frequencies [25, 33], bringing them into the ALB operational frequency range. Hence, the effort to include this effect into
the mathematical model is justified.

The approach presented here is based on the method presented in [32]. Refering to Fig.4, the pipeline is considered as a one
dimensional domain, and the magnitudes to be studied are the flow gp and the pressure pp along the longitudinal position
xp. For the analyzed domain, one dimensional continuity and Navier-Stokes equations can be applied, yielding the following

system of equations:

Ipr , PG Iar _ PG
ot Ap Bxp Ap a
aCIP APan_Fext

ot Faxp N P

“

In Eqn. (4), the continuity equation is stated considering the variation of the flow rate gp along the pipeline due to com-
pressibility effects and the presence of sources or sinks S,. The Navier-Stokes equation accounts for the variation of the

linear momentum of the flow due to the pressure gradient and the externally applied forces Fe,,, such as the ones arising from
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viscous effects. The boundary conditions are:

gp (xp=0,t) = qv
(5)
pp (xp = Lp,t) = pinj

The boundary conditions stated in Eqn. (5) represent the servovalve flow gy in the pipe entry point xp = 0, and the pressure
in the injection nozzle p;,j, located in the pipe exit xp = Lp. The system of equations is then solved analytically using the
separation of variables method [32]. This method entails obtaining the pipeline flow gp (xp,) as a superposition of modal
flows yp, (¢) corresponding to the acoustic normal modes H; (xp), associated with the acoustic natural frequencies wp,. Hence,

one obtains:

ap (pot) = Y Hi () ¥ (1)
i—=1

i=

2i—1
op, = Z= 10
2L ©)
op,
H; (xp) = sin (P’XP>
co
. ) 2co0p, 2Ap i
Yp, +cpYp, + w%’iYPi = d qv — mej (*U’H
Lp pLp

The evaluation of Eqn. (6) for xp = Lp and a finite number of modes provides the means for calculating the injected oil
flow into the bearing clearance gp (xp = Lp,t). Truncating the solution to a finite number of modes comes with the risk of
obtaining a solution that violates mass conservation in the system. Hence, higher modes must be included in the solution,
even though they do not contribute to the system dynamics in terms of resonance areas in the studied frequency range.

Related to the equivalent damping coefficient for the pipeline dynamic analysis cp, it is assumed that the pipeline losses can

be modeled using the Hagen-Pouiseuille equation. Hence, the damping coefficient is given by [32]:

8
cr=—5 (M
Prp

3.3 Linking the Hydraulic System and the Oil Film Pressure Field

In order to include the effect of the injected oil flow over the oil film pressure field, the method outlined in [4, 14] is
applied. The oil film pressure field p(£,2) is analyzed using a curvilinear reference frame £,9,Z where the £ coordinate
is aligned in the circumferential direction, and the Z coordinate is aligned in the axial direction, see Fig.5. Given that the

injection nozzle has a diameter dj,; and length /;,;, it is assumed that the injection flow can be described as a Hagen-
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Pouiseuille fully developed laminar flow. Hence, the injection velocity profile is given by [4, 14]:

Vi ()27 A,,l‘) 1 (Pinj (t> 4 (&2,”) g ()27?) ®)

Where the g (£,2) function is defined as:

inj

d? o,
=2 — (R—%inj)" — (2—2Zinj)~ , over the nozzle
&)

g(®,2) =0, over the pad surface

g(%,2)

The integration of the velocity profile given in Eqn. (8) over the injection nozzle surface S;,; provides the injection flow.

Such injection flow is equal to the pipeline flow modeled in the previous section:

CIP(XPZLPJ)Z/ Vinj (£,2,1)dS (10)

inj
To complete the link between the hydraulic system and the oil film pressure field, the injection velocity profile described in

Eqn. (8) is implemented as a boundary condition for the oil film velocity field in the radial direction [4, 14]. Keeping the rest

of the simplifying assumptions used for obtaining the Reynolds equation, the following is obtained:

d (Kap\ d [Wp oh  _oh
% (,uB)?) + 872 (/.18?) = 6QR£+ 125 + 12vi,,j (11)

Introducing the definition of v;,; given by Eqn. (8), the modified Reynolds equation can be stated as:

o (K ap o (i ap B oh oh (p—pmj)
& <,Lla)’6\> +872 (,Uaf> 769‘R7)€+12§+3g ,uinjlinj (12)
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3.4 Linearization of the Constitutive Equations: ALB Calibration Function

In summary, if only the first pipeline modal flow is included, the ALB hydraulic system is modeled by:

qvy = qv + Gxy — Kpg (Pinjy — Pinj)

qvg = qt/ —Gxy +Kpq (pinjA - pinjB)

Gry + 28y OV Gy, + O gy, = OFRyuy (13)
2com 2A
.. . 2 owp P .
W = p— ..

4p, +cprqp, + ®pgp, 7 qv, oLy Pinjs

. . 2cop 2Ap

gps +cpqpg + (O%CIPB = ——qvg — —Dinjs

Lp pLp

And for the oil film pressure field, the governing equations are:

ap, = 1 (pinjA PA) S
A Smj 4;uin] linj
1 P

qPB _ (pm];g PB) gdS
Sinj 4;uin] linj

(14)
QROh  oh  (pA—DPinjs)

7 g ot g 4,L1i,,jlinj

QROh  oh  (pB—Ppinjy)
2 of ot g 4,Llinjlinj

In Eqn. (13,14), the index A and B denotes the variables related to the bottom and top pad respectively. It can be observed
that a positive value of the servovalve control signal uy provides pressurized flow towards pad A, whereas a negative value
redirects it towards pad B. The pipeline dynamics have been truncated to the first modal flow to ease the mathematical
presentation of the coupled model, although for the actual calculations a higher number of modes is considered.

Applying FEM [16,22,23] to Eqn. (14) yields the discretized set of equations:

[A (%, D) {P} + [W]{pin;} = {r (x,b,%:,b)}

WI" {p} + Q] {Pin;} = {ap}

15)

In Eqn. (15), p;, = {Pinja, p,-njB}T and qp = {gp,, ‘IPB}T. The matrices W and Q correspond to the FEM discretization of

the integral that defines the Hagen-Pouiseuille flow in the injection nozzle, see Eqn. (10). It can be seen that the system
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matrix A and the source term r related to the Reynolds equation solution are a function of the rotor position Xx,, and the pad
displacements reduced to the modal coordinates b, that define the oil film thickness function 4. Considering a rigid rotor,

and arranging the pad mode shapes vectors in a modal matrix V, their dynamics can be modeled by [16,22,23]:

M| {%,} = {f: (p)} + {fex }
[VI" M) [V] {b} +[V]" [K;] [V] {b} =[V]" {£;(p)}

(16)

The coupled solution of Eqn. (13,15,16) defines the behavior of the ALB system. This non-linear system of equations can be
integrated in time domain to determine the forces over the rotor f, (p), as a function of the servovalve input signal uy. Hence,
it becomes possible to predict the ALB active forces, at the expense of considerable calculation time, due to the small time
steps necessary to ensure accuracy in the numerical integration procedure.

Alternatively, by linearizing the system of equations given by Eqn. (13,15,16) it becomes feasible to perform a harmonic
analysis instead. As a result, the ALB calibration function is directly obtained in the frequency domain, with a significant
reduction of the calculation time. The linearization of the system is not only desirable from the point of view of the numerical
implementation. The usage of the ALB as calibrated shaker for parameter identification requires that system perturbations are
kept small, hence the linearized approach is also justified considering the experimental implementation of the identification
procedure.

The modeling of the hydraulic system, Eqn. (13), corresponds to a lumped parameter approach, hence its governing equations
are already of linear nature. Consequently, the main effort has to be focused on obtaining a linearized form of Eqn. (15,16).
The method is based on the one presented in [16,22,23], with the modifications necessary for the application at hand. The

system of non-linear equations can be rewritten as:

I := [A (%, D) {p} + [W]{p;u;} — {r (x,b,%,,b) }
I := [W]" {p} + Q] {Pinj} —{ap}
5= M {%,} — {£; ()} — {fexr }

I := [V]" [M,] [V] {b} +[V]" [K,] [V] {b} - [V]" {£; (p)}

7)

Let s be the state of the system defined by its variables s = {p, p;, 2D Xr, dp, Qy, Gy M. A first order Taylor expansion of the

governing equations IT; yields:

I0; (s) = IT; (") + Ji (s — s™)

s (18)
I =_ 3. =L S 5 5
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Where s* is the state corresponding to the static equilibrium of the system, and Jyy; is the jacobian of each one of the IT;
functions. For any state s of the system, Eqn. (15,16) must hold. This condition is equivalent to keep I1; = O for any state.

Hence, Eqn. (18) reduces to:

JH,'(S—S*) ZJH[SSZO (19)

Eqn. (19) provides the formulation for obtaining an equivalent linearized system. The rotor is fixed in the experimental setup
for obtaining the calibration function, yielding 8x, = 0. Consequently, the rotor degrees of freedom are omitted from the

linearized response of the system Js, and the linearized system is defined as follows:

[A"]{3p} + [W]{8p;,;} + [B] {8b} + [C] {8b} =0 (20)
[W]" {8p} + [Q] {8pi;} — {895} =0 @
[VI" (M) [V] {8} + [V]" [K,] [V] {8b} —{E} =0 (22)
8qv, — 8qxy + Kpg (8pinj, — Spinjz) =0 (23)
0qvy +8qxy — Kpg (8pinj, — Opinjz) =0 (24)
8Gp, +cpdqp, +wpdqp, — ZCE’%&M + iATiSpm =0 (25)
8jipy + cp8qp, + Wpdqp, — ZCLO%SCIVB + FZ)ATiSP'm s =0 (26)
8y + 26y 0y 8¢, + 07 8¢y, = @F Ry duy (27)

In Eqn. (20), A* is the system matrix associated to the Reynolds equation, calculated for the static equilibrium position.

Following the procedure presented in [16,22,23], the B, C and E terms are calculated as:

] = %p - a;;} (28)
of,

{E}y =V {g}T{Sp}

In Eqn. (28) p* is the pressure field for the static equilibrium position.
The initial non-linear system of equations has been reduced to a linearized system in which the interdependence between the
different components of the ALB can be noted. The linearized oil film pressure field dp becomes a function of both the pad

dynamics, represented by the terms containing the modal coordinates &b, and the hydraulic system dynamics, represented by
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the injection nozzles flow 8qp, as it can be seen in Eqn. (20,21). Conversely, the pad dynamic response is a function of the
linearized pressure field, see Eqn. (22). The hydraulic system is linked with the oil film domain through the injection flows
term 8qp in Eqn. (21,25,26), which are a function of the servovalve flows 8qy, in Eqn. (23,24), and of the pressure developed
within the bearing clearance. The servovalve flow is a function of the control signal duy . Hence, the whole system dynamic
response becomes a function of the electrical signal fed into the system.

The linearized system can be rearranged as follows:

[Marp] {88} + [Darp] {88} + [Karp] {8} = {0farp}
{SS} = {Spv 8pinj7 6b7 8an 6qV? &va }T (29)

{8far8} = {0,0,0,0,0,5uy } 7

Applying an excitation to the system defined by Eqn. (29) in the form of a harmonic input signal to the servovalve duy =
Ue'® and keeping the linearity assumption for the dynamic behavior of the coupled system, i.e. 8s = Se'®, it is possible
to solve for its stationary response. Hence, the complex valued amplitude S of the harmonic stationary response of the
coupled system is obtained. The fact that the response amplitude is complex valued reflects the phase lag existing between
the response of the servovalve, pipelines and pads, with respect to the servovalve control signal, due to the dynamics of these
components.

Finally, the integration of the perturbed pressure field 8p over the rotor surface yields the real and imaginary part of the active
force Fueive, as a function of the excitation frequency ®. Therefore, the frequency dependent ALB calibration function is

obtained.

4 ALB calibration function: theoretical and experimental results

In this section, results regarding the prediction of the ALB calibration function are presented, obtained using the math-
ematical model defined in the previous section.
The bearing simulated here corresponds to the ALB test rig setup presented previously in Table 1. The finite element mesh
used for the analysis is depicted in Fig.6. Only half of the pad is discretized to take advantage of the axial simmetry of the
setup. The “solid” domain (pads) is discretized using tridimensional second order twenty node serendipity finite elements.
The “fluid” domain (oil film) is discretized using bidimensional second order eight node quadrilateral elements, correspond-
ing to one face of the “solid” serendipity elements. Mesh density is beyond the values required for convergence, according
to the analysis presented in [23,24].
The ALB static and thermal equilibrium state is determined using the Newton-Raphson method, as explained in [9, 17].
Then, the ALB calibration function is calculated by the method described in this article. The pad modal reduction scheme is
implemented considering the three pad modes depicted in Fig. 7. Regarding pipeline dynamics a total of 50 acoustic modes

are considered, in order to ensure mass conservation within acceptable tolerance in the hydraulic domain.
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4.1 Validation of the Linearized Analysis

The first step is to validate the linearization procedure of the ALB governing equations. For doing this, the results
delivered by the non-linear set of equations, see Eqn.(13,15,16), are considered as the benchmark. The procedure is to apply
an excitation chirp function as the input signal for the servovalve uy in the non-linear system, integrate in time the response
of the system, and then use the time domain results to obtain the transfer function between input signal and resulting force
over the rotor. The rotor is fixed, hence it does not present displacements for this analysis. Those results are compared
against the ones obtained using the linearized form of the ALB governing equations, as exposed previously.
Fig. 8 depicts such comparison, for a certain set of operational parameters. The comparison has been performed for different
set of parameters, yielding similar results. It can be seen that the results obtained using the two methods match almost

identically, which validates the linearization approach presented before.

4.2 Effect of System Dynamics over the ALB Calibration Function

From the theoretical analysis presented before, it becomes clear that the coupling between the dynamics of the hydraulic
system, the fluid film and bearing pads determine the overall behavior of the ALB calibration function. As a result of these
dynamic effects, the active forces over the rotor will exhibit frequency dependency in both its magnitude and phase lag,
relative to the servovalve control signal. The focus is set now to study the contribution of each specific element into the
overall ALB dynamic response as an actuator.
The servovalve dynamic response is portrayed in Fig. 9. It can be seen that this component provides the first contribution
regarding phase lag and frequency dependency of the ALB response with respect to the input signal uy. Physically, the
servovalve dynamics are related to the coupling between its fluid, solid and electromechanic domains. Their effect over the
resulting flow is represented in a reduced manner using a second order differential equation, as shown before in Eqn. (3).
Once the oil is injected into the bearing clearance, the pressure field is perturbed and the resulting force over the rotor is
modified. Such modification is also affected by the dynamic response of the pads to this excitation, as it was shown before
in the theoretical analysis. The pad response can be decomposed in terms of its tilting motion, elastic deformations and pivot
deflection, if a modal decomposition approach is established.
The effect of the pad dynamics over the ALB calibration function is analyzed in Fig.10. It can be seen that in general terms
the calibration function follows the trend of the servovalve response regarding frequency dependency and phase lag effect,
shown before in Fig. 9. The deviations from the servovalve response are related to the contribution from the pad and pivot
dynamics. Regarding the effect of including different pad modes for the analysis, it can be seen that the results obtained
for a rigid pad (tilting mode only), compliant pad (tilting and bending mode), and compliant pad with high pivot stiffness
exhibit similar behavior between each other. The phase lag effect relative to the servovalve response obtained in such cases
is negligible. A reduction of the pivot stiffness entails higher contribution from the pad dynamics into the overall response,
specially in terms of a significant phase lag of the ALB active force with respect to the servovalve response.
Up to this point, no significant contribution from the pipeline dynamics can be observed in the system response. For obtaining

the results presented so far, it has been assumed that the oil presents its nominal compressibility, i.e. there is not entrained
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air within it. Any real hydraulic system presents a certain fraction of air entrained within the hydraulic fluid, which increases
the effective compressibility of the fluid, therefore lowering the acoustic natural frequencies [25].

The influence of the air fraction within the oil over the ALB calibration function is portrayed in Fig.11. Only the pad rigid
tilting motion is considered for the analysis, in order to isolate the contribution from the pipeline dynamics. It can be seen that
an increase of the air percentage in the fluid brings the pipelines acoustic dynamics into the frequency range of application

for the ALB, with the consequent modification of the injected flow and the resulting active forces.

4.3 Effect of Bearing Operational Conditions

The modification of the operational conditions of the bearing, namely rotor eccentricity and rotational speed, entails a
modification of the ALB calibration function. Two effects come into play in such case. Firstly, when the hydrodynamic
pressure is increased, due to higher eccentricity or rotational speed, a reduction of the injected oil flow is obtained. Secondly,
a modification of rotor eccentricity or rotational speed entails that the oil film equivalent stiffness and damping are modified,
with the consequent alteration of the pad dynamic response. Considering the theoretical model presented before, both of
these effects will influence the ALB calibration function.
Fig.12 illustrates the influence of the bearing operational conditions over the calibration function. Only the tilting mode was
included for the analysis, and the dynamics from the pipelines do not affect the results in the analyzed frequency range, since
the acoustic natural frequencies lie outside the analyzed frequency range. It can be seen that for operational conditions where
the hydrodynamic pressure is increased (higher eccentricity and rotational speed) a reduction of the magnitude of the active
forces is obtained, while no significant change in the phase response is observed. These results are related to the change of
pad dynamic response and injected flow, as stated before.
For this analysis, the pivot deformation effect was not included. It is known that the stiffness of the pivot is a function of the
applied load over the pad [34], which is dependent of the hydrodynamic pressure. Consequently, when modifying the rotor
eccentricity and rotational speed, the pad pivot mode response will be modified, due to the change in its equivalent stiffness,

with the consequences already depicted in Fig. 10.

5 ALB Acting as Calibrated Shaker: Experimental Results

Up to this point, this study has proved by theoretical means the feasibility of using the ALB to generate active forces
in a wide frequency range. Consequently, the ALB could be applied as a calibrated shaker to obtain a frequency response
function and to perform modal parameter identification. This possibility is explored by experimental means in the current
section.
A first step to this end is to obtain the ALB calibration function by experimental means. The ALB test rig can be setup as
depicted in in Fig. 3, see configuration 1. Fig. 13 depicts the results obtained for a certain set of operational conditions. The
obtained calibration function proves the feasibility of generating active forces in a wide frequency range using the ALB. It
can be observed that one obtains measurable forces up to 200 Hz. Secondly, it becomes clear that the active forces present

a phase lag relative to the servovalve response, due to the dynamics of the pipelines and bearing pads. Thirdly, the active
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forces are modified depending on the bearing operational conditions.
To explore the use of the ALB as a calibrated shaker, the test rig is set up as shown in Fig. 3, see configuration 2. If a
parameter identification procedure is performed using frequency domain analysis, the obtention of the frequency response

function (FRF) of the system is the first step. For a one degree of freedom system, this function is defined as:

FRF (®) = —— (30)

Considering the ALB test rig, ¥ (®) corresponds to the vertical displacements of the rotor, and F (®) to the force used to
excite the system. When an electromagnetic shaker is used, this force is directly measured using a piezoelectric load cell. If
the ALB is used as the excitation source, the measurable quantities are the vertical displacement of the rotor and the electric
signal fed into the servovalve U (w). Consequently, to obtain the system FRF the previously obtained calibration function

C (®) must be introduced in the following manner:

Y () U(w  Y(o)
U (('0) . Factive (CO) N U ((D)

FRF (®) = o) (31)

Consequently, it is possible to obtain the system FRF using the electromagnetic shaker and following Eqn. (30), or the ALB
if the relationship stated in Eqn. (31) is used. Fig. 14 and Fig. 15 depict the comparison between the two approaches. The
results obtained using the shaker are considered as the benchmark. A chirp signal is used as input for the shaker and for the
servovalve. The results are obtained for different supply pressures of the ALB hydraulic system and different amplitudes of
the chirp signal fed into the servovalve.

In general, it can be seen that good agreement is obtained between the two methods, if care is taken in properly selecting
the test parameters, i.e. amplitude of the input signal for the servovalve and supply pressure for the hydraulic system. If the
values selected for these parameters entail a reduction of the pressurized flow reaching the pad injection nozzle (low signal
amplitude and/or low supply pressure), then the amplitude of the active forces is reduced, with the consequent reduction of
resulting rotor displacements and FRF coherence, as it can be seen in Fig. 14. Hence, the FRF obtained using the ALB
deviates from the benchmark one.

If the pressurized flow is increased, by raising the supply pressure and/or amplitude of the input signal, the FRF coherence
improves and the overall results resemble the benchmark ones in a better way, as it can be observed in Fig. 14 and Fig. 15.
However, an upper limit for the increase in such parameters can be inferred from the results in Fig. 15. It can be seen that
the system response is increased in the low frequency range, and decreased around the resonance area. This is equivalent
to state that the equivalent stiffness and damping characteristics of the bearing have been modified due to the oil injection.
Since the oil film flow pattern defines the dynamic properties of the bearing, care must be taken in keeping the perturbations

due to the injection process to a minimum, to avoid modifying the original system dynamics when performing the parameter
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identification procedure via ALB.

6 Conclusions and Future Aspects

This article has studied the feasibility of applying the tilting-pad journal bearing featuring the active lubrication (ALB)
system as a calibrated actuator, in order to excite system dynamics in a wide frequency range. The investigation has been
carried out by theoretical and experimental means. Theoretically, a mathematical multiphysics model has been formulated,
which includes the dynamics of the tilting-pad bearing and associated hydraulic system. Such model has been reduced to
a linearized form to obtain the calibration function of the controllable bearing as a function of the input signal frequency.
Experimentally, the available ALB test rig has been used to characterize the calibration function of the studied bearing, as
well as to gain insights about its application as a shaker for parameter identification purposes in turbomachinery.

The main conclusions arising from the study are listed as follows:

1. The theoretical model has enabled to determine the influence of the dynamics of the components of the ALB over
the calibration function, i.e. the frequency dependent relationship between input signal and applied force over the
rotor. It has been shown that the calibration function follows the trend of the servovalve response regarding frequency
dependence and phase lag relative to the input signal, with deviations arising from the dynamics of pads and pipelines.

2. Regarding the effect of pad dynamics over the calibration function, the results show that the pivot stiffness effect and
the resulting rigid body motion of the pad in the radial direction, can have a strong influence over the ALB calibration
function, both in terms of magnitude and phase lag effect with respect to the input signal.

3. The pipeline dynamics can affect significantly the ALB calibration function, depending on the amount of air entrained
in the oil flow. Higher percentage of entrained air entails higher resulting compressibility of the flow, with the resultant
reduction of the acoustic natural frequencies of the pipeline. This entails an increase of the ALB active forces around
the acoustic resonance, as well as an additional phase lag effect contribution to the global ALB calibration function.

4. The bearing operational conditions (i.e. hydrodynamic pressure developed in the oil film) modify the injected oil flow
and the pad dynamic response, with the resulting modification of the ALB calibration function.

5. The experimental results regarding the ALB calibration function confirm the theoretical results, in terms of the ability
of the system to generate forces in a wide frequency range, as well as regarding the phase lag effect existing between
input signal and resulting force over the rotor.

6. The feasibility of using the active forces generated by the ALB to excite system dynamics has been proved experimen-
tally, yielding good comparison with the benchmarking method. The usage of the ALB as a calibrated shaker demands
for a careful selection of the hydraulic system parameters, i.e. supply pressure and amplitude of the input signal. The
lower boundary for these parameters is dictated by the need of obtaining good coherence in the studied system FRF,
entailing that a sufficient magnitude of the ALB active forces must be achieved. The upper boundary is determined by
the need to keep the perturbation of the oil film flow pattern due to the injection process to a minimum, in order to keep

the original system dynamics unaltered.
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7. Future investigations will be focused on applying the ALB as a calibrated shaker in a experimental setup that resembles
in a closer way an industrial application, i.e. a flexible rotor mounted on a tilting-pad journal bearing that features the
active lubrication system. Furthermore, additional theoretical studies are underway to study the validity of the lumped
parameter approach for modeling the hydraulic system, and the simplificatory assumptions to link the oil injection

system with the bearing oil film.
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Table 1. Dimensions, oil properties and parameters of the test rig
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LIST OF FIGURE CAPTIONS
Fig 1. Test rig for the tilting-pad bearing with active lubrication: the arrangement consists of a rigid rotor supported
vertically by two tilting pads (1). The rotor is attached to a tilting frame (2), pivoted in one end. An hydraulic system
consisting of a servovalve and pipelines (3) controls the pressurized oil flow towards the injection nozzle on each pad.
Fig 2. Tilting pads installed in the ALB test rig: the arrows show the position of the injection nozzles that render the
bearing controllable
Fig 3. Schematics of the two configurations used for obtaining the experimental results presented in this study.
Fig 4. Schematics depicting the nomenclature used for analyzing the ALB hydraulic system.
Fig 5. Schematics depicting the nomenclature used for analyzing the ALB oil film pressure field.
Fig 6. Finite element mesh used for discretizing the oil film “fluid” domain (left) and pads “solid” domain (right)
Fig 7. Pad modes used for the modal reduction scheme: tilting motion (left), bending deformation (center), and pivot
deformation (right)
Fig 8. Validation of the linearized analysis for obtaining the ALB calibration function C(®): comparison between
results obtained by time integration of the non-linear system, and by the harmonic analysis of the equivalent linearized
system.
Fig 9. The servovalve response function, amplitude and phase lag of its response with respect to the input signal.
Fig 10. Effect of pad dynamics over the ALB calibration function, in amplitude and phase lag: comparison of results
when including tilting mode (T), bending mode (B), and pivot deformation for a pivot stiffness of 10° [N /m] (Piv1) and
108 [N /m] (Piv2). Results obtained for rotor eccentricity 0.6 and rotational speed 3000 rpm. The servovalve response
(SV) is given as reference.
Fig 11. Effect of pipeline dynamics over the ALB calibration function, in amplitude and phase lag: comparison of results
for different fractions of air entrained within the oil flow. Results obtained for rotor eccentricity 0.6 and rotational speed
3000 rpm. The servovalve response (SV) is given as reference.
Fig 12.Effect of bearing operational conditions over the ALB calibration function, in amplitude and phase lag: compari-
son of results for different rotor eccentricities and rotational speeds. The servovalve response (SV) is given as reference.
Fig 13. Experimentally obtained ALB calibration function, in amplitude and phase lag. The servovalve spool response
(SV) is given as reference.
Fig 14. Experimentally obtained FRF, comparison between results obtained using an electromagnetic shaker and the
ALB as the excitation source, with two different amplitudes of the input chirp signal. The supply pressure for the ALB
hydraulic system is 2 Mpa, rotor static loading is 400 N and rotational speed is 3000 rpm.
Fig 15. Experimentally obtained FRF, comparison between results obtained using an electromagnetic shaker and the
ALB as the excitation source, with two different amplitudes of the input chirp signal. The supply pressure for the ALB

hydraulic system is 8 Mpa, rotor static loading is 400 N and rotational speed is 3000 rpm.)
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Table 1. Dimensions, oil properties and parameters of the test rig

Pad inner radius 49.923 mm
Journal radius 49.692 mm
Bearing axial length 100 mm
Assembly radial clearance 0.115 mm
Preload 0.5
Number of pads 2
Pad arc 69 degrees
Offset 0.5
Load Angle on pad
Pad thickness 12 mm
Injection nozzle radius 3 mm
Injection pipeline length 1m
Injection nozzle length 10 mm
Oil type ISO VG22
Pad material Brass
Pivot insert material Steel
Pivot design Rocker
Servovalve cut-off frequency oy 166 Hz
Servovalve leakage flow g, 2e-6 m> /s

Servovalve flow pressure coeff. K, 1.13e-12 m>/(sPa)
Servovalve flow voltage coeff. Ry 33.4e-6 m>/(sV)
Servovalve damping ratio &y 0.6085
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Fig. 1. Fig1.eps
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Fig. 2. Fig2.eps
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Fig. 6. Fig6.eps
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Fig. 7. Fig7.eps
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Clalibration Funetion €' (w)

200
BB 158
<
S 100¢.20aq
% g _{l_g_@_g{;_g‘ﬁeﬂe-—e-
E a0 e
‘f-ﬁ
50 100 150 200
Frequency |Hz|
z 200 . . .
gc —— Linear, Harmonic Analysis
S 150 o Non-linear, Time Integration
=N - -
= 100 9,9’9"@/0/6’ ;
i ] e
2 50 Q/VQ,R
50 100 150 200
Frequency [Hz]
Fig. 8. Fig8.eps

Downloaded From: http://vibrationacoustics.asmedigitalcollection.asme.org/ on 09/01/2014 Terms of Use: http://asme.org/terms



Scervovalve response function: Input Signal - Flow
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Clalibration Function €' (w)
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Clalibration Function €' (w)
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Calibration Function C (w)
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FRF Shaker vs ALB
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